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SUMMARY  

Air-coupled heat exchangers are widely employed in a variety of engineering 

applications, including power generation, electronics cooling, air-conditioning, 

refrigeration, and the automotive and chemical process industries. Air has poor transport 

properties, resulting in low air-side heat transfer coefficients and large heat exchanger 

surface areas. The air side typically presents that governing thermal resistance; therefore, 

there is a significant need to develop strategies to enhance air-side heat transfer while 

minimizing parasitic power requirements. This study investigates the enhancement of air-

side heat transfer using auto-fluttering reeds between the air-side fins. 

A review of the literature on the enhancement of air-coupled crossflow heat 

exchangers under different flow conditions is conducted. Aeroelastically fluttering thin 

reeds installed inside the fin channels of crossflow air-coupled heat exchangers passively 

oscillate as the air flows through the heat exchanger, generating vortical structures that 

disrupt the thermal boundary layer and improve mixing. Heat transfer enhancement and 

pressure drop penalties due to the use of such auto-fluttering reeds are investigated in 

representative heat exchanger geometries. Experiments are conducted in a temperature- 

and humidity- controlled wind tunnel facility to measure the air-side Nusselt number and 

friction factor with and without reed-enhancement over a wide range of channel Reynolds 

numbers under uniform and maldistributed air flow conditions. Heat transfer is enhanced 

by a factor of up to 1.6 with a maximum friction factor penalty of 3.2 under uniform flow 

conditions. Air flow maldistribution marginally increased bare channel heat transfer but 

did not significantly affect reed-enhanced heat transfer compared to uniform flow 



 xxii  

conditions. The effect of reed thickness is studied to gain insights on the effect of reed 

flutter dynamics on the Nusselt number and friction factor. Based on these experimental 

results, models are developed to predict heat transfer and pressure drop for reed-enhanced 

heat exchangers under different air flow conditions. Fluttering reed heat transfer and 

pressure drop characteristics are compared with those of other common passive 

enhancement techniques at the component- and system- level. Insights from these 

experiments and analyses will guide the future development of more compact air-coupled 

heat exchangers using fluttering reeds. 
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CHAPTER 1. INTRODUCTION  

Air-coupled heat exchangers are widely employed in a variety of engineering 

applications, including power generation, electronics cooling, air-conditioning, 

refrigeration, and the automotive and chemical process industries. Due to the poor transport 

properties of air, large heat exchanger surface areas are required, resulting in increased 

system footprint and higher initial capital costs compared to liquid-coupled heat 

exchangers (Mukherjee, 2007). However, air is often the only available heat sink, and air 

coupling offers several benefits. For example, installation is simpler because liquid piping 

and pumping systems are not required. Since ambient air is freely available, only a fan is 

required to force the air over the external finned tube surfaces, allowing air-coupled heat 

exchangers to operate in locations independent of an available water source. In addition, 

compared to water-cooled heat exchangers that require chemical pretreatment to mitigate 

corrosion and scale formation, air-cooled heat exchangers typically have a lower operation 

and maintenance cost since air-side fouling is a much less significant concern (Hewitt et 

al., 1994; Kroger, 2004a; Serth and Lestina, 2014b). 

The main disadvantage of using air for heat rejection is the low air-side heat transfer 

coefficient. In air-coupled heat exchangers, the air side usually presents the governing 

thermal resistance. Air-side heat transfer coefficients are less than ρππ 7 Í  +  at 

economically feasible velocities ρπ Í Ó  (Hewitt et al., 1994) while the typical single-

phase liquid and two-phase heat transfer coefficients can be over two and three orders of 

magnitude larger as shown in Table 1.1 (Bergman et al., 2011). Therefore, there is a 

significant need to develop strategies to enhance air-side heat transfer while minimizing 
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parasitic power requirements. Active and passive enhancement methods have been studied 

to increase air-side heat transfer in crossflow heat exchangers. Active enhancement 

methods require an external source to drive the enhancement while passive methods do 

not. 

 

Commonly studied active enhancement methods include the use of 

electrodynamics, mechanical aids, surface vibrations, and fluid vibration (Jadhav et al., 

2016). Passive enhancement methods include modifying the heat exchanger tube cross-

section, the use of different fin geometries, and the use of vortex generators (Roshko, 1961; 

Sparrow and Kang, 1985; Biswas et al., 1994; Torii et al., 2002; Wang et al., 2002; 

Bahaidarah et al., 2005; Shi et al., 2006; Ibrahim and Gomaa, 2009; Tang et al., 2009b; 

Mangrulkar et al., 2019). One novel air-side passive enhancement technique is the use of 

aeroelastically fluttering thin reeds. Fluttering reeds installed inside the fin channels of air-

coupled heat exchangers passively oscillate as air flows through the heat exchanger, 

generating vortical structures that disrupt the thermal boundary layer and improve mixing 

in the streamwise direction. Preliminary experimental and numerical results indicate that 

Table 1.1: Typical Heat Transfer Coefficient Values (Bergman et al., 2011) 

Process Convective Heat Transfer Coefficient 

ἥ ἵ  ἕ  

Single-Phase (Gas) 100-20,000 

Single-Phase (Liquid) 25-250 

Two-Phase (Boiling or Condensation) 2500-100,000 
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aeroelastically fluttering reeds can increase heat transfer without a significant pressure drop 

penalty (Herrault et al., 2012; Shoele and Mittal, 2014; Hidalgo et al., 2015; Gallegos and 

Sharma, 2017, 2019; Mahvi et al., 2021; Jha et al., 2022).  While the dynamics of flag or 

reed flutter have been studied in the literature, the application of aeroelastically fluttering 

reeds for heat transfer enhancement has not been widely explored. Therefore, the objective 

of this study is to measure and understand heat transfer enhancement and pressure drop 

due to the use of fluttering reeds in representative heat exchanger geometries that can reject 

over 10 kW of heat. The results of this study will lead to a better understanding of this 

enhancement technique and will lead to the development of predictive heat exchanger 

models under uniform and nonuniform air flow conditions. 

This dissertation is organized into the following chapters: 

¶ Chapter 2 presents a comprehensive review of the literature related to heat transfer 

enhancement and the effects of air flow maldistribution on heat exchanger 

performance. 

¶ Chapter 3 describes the wind tunnel facility and air-coupled heat exchanger test 

section and presents baseline and reed-enhanced heat transfer and pressure drop 

measurements for uniform air flow over a range of operating conditions 

representative of industrial applications. 

¶ Chapter 4 investigates the effects of air flow maldistribution on fluttering reed 

performance and presents baseline and reed-enhanced heat transfer and pressure 

drop measurements under nonuniform air flow conditions. 
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¶ Chapter 5 presents design tools to predict heat exchanger performance with and 

without fluttering reeds under uniform and nonuniform air flow conditions. 

¶ Chapter 6 evaluates and compares fluttering reed performance with other common 

passive enhancement techniques at the component- and system- level. 

¶ Chapter 7 summarizes the conclusions of this study and provides 

recommendations for future work. 
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CHAPTER 2. LITERATURE REVIEW  

2.1 Introduction  

This chapter presents a review of the literature on air-side heat transfer enhancement 

techniques and the effects of air flow maldistribution on heat exchanger performance. 

2.2 Single-Phase Forced Convection 

Heat transfer enhancement can be divided into two categories, passive techniques that 

do not use external actuation, and active techniques that use an external power source to 

produce the desired increase in heat transfer. While the increase in heat transfer can vary 

significantly depending on the enhancement method, it is always associated with a pressure 

drop penalty. In internal and external viscous flow, the formation of the thermal and 

momentum boundary layers dictates the heat transfer and frictional pressure drop 

characteristics of the fluid. In laminar internal flow, commonly encountered in heat 

exchanger geometries, the thermal boundary layers grow with channel length until the 

developing boundary layers merge, resulting in the invariant fully developed flow 

condition. In the entrance region, the developing boundary layers are thin leading to higher 

local heat transfer coefficients that decrease as a function of length in the streamwise 

direction, asymptotically approaching the constant fully developed geometry dependent 

heat transfer coefficient. In turbulent flow, the fluid flow is highly irregular, and mixing 

occurs within the boundary layer, resulting in significantly higher heat transfer coefficients 

compared to those in laminar flow. In transitional flow, a combination of laminar and 

turbulent flow behavior is observed. Within the past 50 years, several experimental and 
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numerical studies have been conducted to characterize the single-phase Nu and f for 

different geometries and flow conditions.  

Transition from laminar to turbulent flow for different geometries is dependent on the 

Re. Hot-wire anemometry experiments conducted by Wygnanski and Champagne (1973) 

for flow in a smooth pipe and direct numerical simulations of Sandham and Kleiser (1992) 

and Takeishi et al. (2015) for flow in a plain channel at Re = 5000 and flow in rectangular 

channels with aspect ratios ranging from 0.11 to 1.0 for φυπὙὩ ρυππ indicated that 

transition to turbulence occurs through the evolution of turbulent spots in the wall boundary 

layers. These turbulent spots advect along the channel streamwise direction either 

generating more turbulent spots due to flow instabilities or disappearing due to viscous 

effects. When ὙὩ  is exceeded for a specific channel geometry, the formation of turbulent 

spots exceeds the dissipation rate. While it is widely accepted that for a circular pipe the 

onset of transition from laminar flow to turbulent flow occurs at Re ~2300 (Reynolds, 1883; 

Bergman et al., 2011), this onset of transition can be delayed by other important factors 

such as the inlet flow velocity profile, the turbulence intensity, the entrance geometry, wall 

roughness, and entrance length (Pfenninger, 1961; Draad et al., 1998; Grossmann, 2000; 

Minkowycz et al., 2009; Zanoun et al., 2009). 

 Pfenninger (1961) experimentally investigated the effect of external disturbances 

on the transition from laminar to turbulent flow of air flow in a tube. The experimental 

facility had 12 damping screens and a long gradual contraction cone upstream of the test 

section to reduce the turbulence intensity. Transition experiments were conducted in a 

variety of different tube lengths and diameters, and it was observed that laminar flow can 

be delayed up to Re > ρπ. Draad et al. (1998) similarly investigated the effect of external 



 7 

disturbances on flow transition. Experiments were conducted with water flowing in a 

smooth wall Plexiglass circular pipe. The experimental facility contained various screens 

and honeycomb flow straighteners in the upstream settling chamber and a gradual 

contraction, reducing the inlet turbulence intensity for the base case. It was observed that 

minimizing the flow disturbances delayed the onset of turbulence up to Re ~φ ρπ. 

Transition was systematically investigated as a function of different flow conditions by 

introducing turbulence to the upstream flow using a disturbance mechanism containing two 

oscillating syringes that move in opposite directions with respect to each other such that 

when one syringe injects fluid the other syringe extracts fluid preventing pressure 

perturbations that may interfere with the pressure drop measurements. The syringes were 

driven through an eccentric cam mounted on a wheel driven by an electric motor. It was 

observed that ὙὩ  was inversely proportional to the turbulence intensity, where larger Re 

were required to transition from laminar to turbulent flow with lower levels of perturbation. 

Minkowycz et al. (2009) developed a numerical model to investigate the effects of the inlet 

velocity profile and turbulence intensity on flow transition in parallel-plate channels. Flat 

and parabolic velocity profiles with turbulence intensities of 1% and 5% at the inlet were 

simulated. The model results indicated that only the flat velocity profile case with a 

turbulence intensity of 5% exhibited the expected trend, with the onset of transition 

occurring around Re ~3000, while the other simulated cases exhibited a more delayed 

transition that occurred abruptly at Re ~10,000. The model results indicated that higher 

ὙὩ  are required for flow with a low inlet turbulence intensity.  

 Tam and Ghajar (1997), Tam et al. (2013), and Meyer and Olivier (2014) 

experimentally investigated the effect of entrance geometry on laminar-to-turbulent 
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transition in a horizontal tube with square-edged, reentrant, and bell-mouth inlets. It was 

observed that with a smooth entrance configuration, transition from laminar to turbulent 

flow was delayed between υρππὙὩ χπππ. Similarly, Hartnett et al. (1962) 

experimentally and analytically investigated air flow through rectangular channels of 

different aspect ratios and inlet geometries. The results indicated that for rectangular 

channels with aspect ratios of 1.0, 0.33, 0.20, and 0.10, with an abrupt entrance, transition 

occurred between ςςππὙὩ ςυππ while with a smooth entrance, transition occurred 

between ςςππὙὩ χπππ.    

 Zanoun et al. (2009) and Zanoun and Egbers (2016) experimentally investigated 

flow transition and development in circular and rectangular ducts. Hot-wire anemometry 

and laser-Doppler anemometry were used to measure local velocity fluctuations at different 

positions in the streamwise direction to identify ὙὩ  and the critical transition length, the 

downstream distance where laminar-to-turbulent transition begins for different inlet flow 

conditions. Laminar behavior was observed up to Re =  ρȢψ ρπ and Re = ς ρπ in the 

entire length of the circular and rectangular channel, respectively. ὙὩ was observed to be 

dependent on the measurement location. For example, at x/D = 46.8, the ὙὩ  was 

σͯȢω ρπ while at x/D = 156, ὙὩ  was ͯ ςȢς ρπ. The measurements showed that 

larger critical lengths, (x/D > 100) are required at ὙὩ ς ρπ. This suggests that for 

flow in the entrance region, even if ὙὩ  is exceeded, it is possible for the flow to remain 

laminar if the channel length is not long enough. 

While increasing the fluid velocity can increase Re, thus increasing heat transfer 

when transition to turbulence occurs, at times, the increased parasitic load makes increasing 
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the velocity infeasible for some engineering systems. One common purpose of heat transfer 

enhancement techniques is to accelerate the transition from laminar to turbulent flow at 

lower Re, increasing the convective heat transfer coefficient and minimizing the 

uncertainty associated with transitional flow.  

2.3 Heat Transfer Enhancement 

2.3.1 Active Heat Transfer Enhancement 

Heat transfer enhancement can be classified into active and passive enhancement 

techniques. While this study focuses on investigating the heat transfer and pressure drop 

characteristics of a novel passive enhancement technique, some background on active 

enhancement is also presented. Active heat transfer enhancement methods require an 

external source to enable the enhancement mechanisms. While the added power source is 

a drawback in some applications, the potential heat duty gains or heat exchanger size 

reduction may outweigh the additional power requirement. One particular advantage of 

active enhancement is that the actuation and control of the technique can be varied in real-

time responding to the system load requirements and ambient conditions (Jacobi and Shah, 

1995). This indicates that active methods could improve transient system performance 

when paired with an appropriate control strategy. Some common active methods include 

the use of electric or acoustic fields, mechanical aids, surface vibrations, fluid vibrations, 

and jets or sprays (Jacobi and Shah, 1995; Jadhav et al., 2016).  

Electrohydrodynamics (EHD) is a technique that converts electrical energy into fluid 

kinetic energy. By applying a high-voltage, low-current direct-current (DC) or alternating-

current (AC) signal between a charged electrode and a grounded electrode, an electric field 
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that can alter the motion of a dielectric fluid (Hughes and Garimella, 2024) is created. The 

induced volumetric electric force is shown in Equation 2.1: 

 
Ὂᴆ ήὉᴆ

ρ
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Ὁ ᴆɳ‭

ρ
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where Ὁᴆ is the electric field, ‭ is the fluid permittivity, and ή is the free electron charge 

density (Laohalertdecha et al., 2007; Hughes and Garimella, 2024). The first term in 

Equation 2.1 ήὉᴆ, known as the electrophoretic force, is generally the most dominant 

force that acts on single-phase flows, acting on the free charges within the fluid and 

inducing fluid motion. In two-phase flow, due to the differences in the liquid and vapor 

permittivity, other forces become prevalent, causing a non-uniform electric field that is also 

a function of the electrode and surface geometry as shown in Figure 2.1, the representative 

EHD equipotential lines. 

 

Fernández and Poulter (1987) applied electrohydrodynamics to an annular cross-

section oil heater. Flow visualization experiments were conducted with transformer oil as 

 

Figure 2.1: Representative electrohydrodynamics (EHD) equipotential lines 

(Hughes and Garimella, 2024). 



 11 

the working fluid and small polystyrene beads as tracers with a 30 kV electrode located 

between the inner electrode and the outer tube. It was observed that EHD forces induced 

complex secondary flow in the main fluid stream, resulting in a radial flow pattern as the 

electrostatic field is imposed, as shown in Figure 2.2. Heat transfer experiments were 

conducted using Shell Diala Oil B. It was observed that the induced radial secondary flow 

obstructed the thermal boundary layer, resulting in a heat transfer increase of 500% over 

fully developed laminar flow conditions with a maximum pressure drop penalty of 300%. 

   

 Wangnipparnto et al. (2002) and Wangnipparnto et al. (2003) experimentally and 

numerically investigated air-side heat transfer in a thermosyphon heat exchanger with and 

without the presence of EHD. Flow visualization and heat transfer experiments were 

conducted and indicated that the effect of the electric field on the air-side heat transfer 

coefficient over the tube bundle was insignificant for E<15.5 kV. For E values of 17.5 kV, 

 

Figure 2.2: (a) Streak photograph of secondary flow pattern and (b) radial 

velocity distribution (Fernandez and Poulter, 1987). 
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the heat transfer coefficient was increased by 15% at Re = 58. As Re was increased to 230, 

enhancement decreased to 10%. These observations were confirmed by flow visualization 

experiments using smoke. The visual effect of the electric field on the air stream is shown 

in Figure 2.3. For E<15.5 kV, there were insignificant changes; however, at a voltage of 

16 kV, mixing occurred in the flow behind the tubes, thus increasing heat transfer.  

 

Several investigations on the effect of EHD on boiling and condensation are 

discussed in Hughes and Garimella (2024). Ogata and Yabe (1993a), Ogata and Yabe 

(1993b), and Kweon and Kim (2000) investigated the effect of EHD on pool boiling on 

smooth surfaces and observed that EHD delayed the onset of nucleate boiling (ONB) and 

increased the critical heat flux (CHF) as the electric field strength is increased. Ogata and 

Yabe (1993b) conducted pool boiling experiments on R11 and an R11-ethanol (2% ethanol 

by weight) mixture with and without EHD and observed that the presence of the electric 

 

Figure 2.3: Effect of electric field on air stream for Re = 213 for voltages of (a) 0 

kV, (b) 9 kV, (c) 15 kV, and (d) 16 kV (Wangnipparnto et al., 2002). 
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field enhanced heat transfer by a factor of 8.5. Bryan and Seyed-Yagoobi (1997) studied 

EHD-enhanced flow boiling of R134a. The EHD forces attract the liquid refrigerant to the 

electrode in the center of the tube while forcing bubbles toward the tube wall, thinning and 

destabilizing the liquid layer, enhancing heat transfer by a factor of 5 at low qualities (~0.1). 

At higher qualities (>0.5), the EHD force can thin the liquid layer to the point of removing 

it, reducing heat transfer by a factor of 2. Nangle-Smith and Cotton (2019) found large 

discrepancies in reported data for similar fluids and geometries and concluded that the 

behavior of EHD for convective boiling is unpredictable. This is possibly due to differences 

in the electrode geometry and the applicability of EHD for different two-phase flow 

regimes. Cooper (1986), Yabe et al. (1987), and (Yamashita et al., 1991) investigated the 

effect of EHD on film condensation while Singh et al. (1997) and Gidwani et al. (2002) 

investigated the effect of EHD on convective condensation. They found that heat transfer 

was enhanced between 1.1 to 8.3 times the baseline case. While EHD enhancement results 

appear promising, as the results are reliant on the electrode and surface geometry, strength 

of the electric field, and fluid properties, more studies are required to further develop the 

technology for use in industrial applications. 

Pulsatile flow or fluid oscillation is another method used to disturb the boundary 

layer. Pulsating flow significantly affected the laminar boundary layer, making it more 

effective at enhancing heat transfer for laminar flows (Mousa et al., 2021). Khosravi-

Bizhaem et al. (2019) reported heat transfer enhancement of 19% and an average pressure 

drop penalty between 3%-7% for pulsating flow of water through helically coiled tube 

geometries, noting higher augmentation at lower Re. Jin et al. (2007) and Jafari et al. (2013) 

investigated the heat transfer characteristics of pulsating flow in channels with triangular 
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grooves and corrugations, respectively. The experiments of Jin et al. (2007) for ςχπ

ὙὩ ωρπ yielded  heat transfer enhancement by a maximum of 350% at Re = 270. Jafari 

et al. (2013) applied the Lattice Boltzmann Method (LBM) for Re of 50, 100, and 150 with 

Pr = 3.1 and found that the heat transfer rate increased linearly with the amplitude of the 

oscillating velocity, with the maximum enhancement observed at higher Re. Akdag et al. 

(2014) numerically investigated the heat transfer characteristics of !Ì/ -water based 

nanofluids in wavy mini-channels under pulsating flow conditions. The simulations varied 

the nanofluid volume fraction, pulsating frequency, and amplitude with channel walls at a 

constant temperature and simultaneously developing flow. They found that heat transfer 

increased significantly with the nanoparticle volume fraction and the pulsation amplitude. 

An additional benefit of the pulsating flow is that aside from enhancing heat transfer, it 

also prevents sedimentation of nanoparticles in the base fluid. 

 Active methods have considerable potential for enhancing heat transfer. However, 

the complexity and added cost of implementing the external power supply is still a major 

barrier when compared to passive heat transfer enhancement techniques. Although a 

benefit of active methods can be on demand control responding to the system load 

requirements and ambient conditions by varying the strength of the enhancement, more 

studies are required to better understand the enhancement mechanisms and large-scale 

application for heat exchanger geometries. 

2.3.2 Passive Heat Transfer Enhancement  

Passive heat transfer enhancement methods are more widely used than active methods 

because passive methods are oftentimes more economical and can be more easily employed 
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in existing heat exchangers (Alam and Kim, 2018). Passive methods involve altering the 

fluid flow pattern by incorporating changes in the flow geometry to disturb the thermal 

boundary layer to increase heat transfer without the use of an external power supply. 

Examples include modifying the heat exchanger tube cross-section, artificial roughness, 

extended surfaces, insertion of swirl devices, winglets, and other vortex generators 

(Sheikholeslami et al., 2015; Alam and Kim, 2018; Mangrulkar et al., 2019; Mousa et al., 

2021; Sadeghianjahromi and Wang, 2021). While in crossflow air-coupled heat 

exchangers, the circular tube is the most common, several research studies have been 

conducted on flow over more streamlined tube geometries and tube arrangements. 

Terukazu et al. (1984) experimentally investigated flow and heat transfer around elliptical 

cylinders. The angle of attack of the elliptical cylinder was varied from πЈ to ωπЈ for 

ψπππὙὩ χωπππ. For all cases, the measured Nu was greater than the circular cylinder 

Nu of the same circumference possibly due to a reduced ὙὩ . The maximum average Nu 

was measured when the angle of attack was between φπЈ-ωπЈ while the minimum was 

measured when the angle of attack was between πЈ-σπЈ. Other studies experimentally and 

numerically investigated elliptical, oval, and flat tube banks for the in-line and staggered 

arrangement and found that without altering the angle of attack, circular tubes exhibited 

better heat transfer; however, the more streamlined tubes had a lower pressure drop due to 

the smaller wake region behind the tube (Merker and Hanke, 1986; Bahaidarah et al., 2005; 

Ibrahim and Gomaa, 2009; Toolthaisong and Kasayapanand, 2013). Merker and Hanke 

(1986) measured heat transfer and pressure drop for staggered tube banks with different 

transverse and longitudinal pitches for circular and oval-shaped tubes. The oval tubes 

reduced the frontal area compared to circular tubes, resulting in an increased ratio of 
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thermal power per unit temperature to pumping power as a function of mass flow rate 

compared to the circular tube banks due to the reduced pumping power. Bahaidarah et al. 

(2005) and Ibrahim and Gomaa (2009) numerically modeled heat transfer in crossflow over 

a bank of flat tubes and elliptical tubes, respectively. Both studies indicated that the more 

aerodynamic flat tubes and elliptical tubes had less drag than circular tubes. Ibrahim and 

Gomaa (2009) also investigated the effect of varying the angle of attack as shown in Figure 

2.4, the modeled velocity field for the φπЈ and ωπЈ cases, and compared the numerical 

results with experimental measurements. Their results were similar to the findings of 

Terukazu et al. (1984): as the angle of attack increased from πЈ to ωπЈ, Nu also increased 

due to the increased blockage. With an axis ratio equal to 0.5 and an angle of attack of ωπЈ, 

the average Nu increased by 30.5% compared to the πЈ case. With an angle of attack of φπЈ 

and ωπЈ, the elliptical tube Nu was larger than the circular tube by 17 and 19%, respectively. 

Toolthaisong and Kasayapanand (2013) investigated the air-side heat transfer and pressure 

drop characteristics of crossflow heat exchangers with different staggered flat tube 

arrangements on nineteen crossflow heat exchangers with four different flat tube aspect 

ratios and six angles of attack ranging from πЈ to ρυπЈ. Increasing the tube angle of attack 

from πЈ to ωπЈ increased heat transfer and the pressure drop. For a tube with an aspect ratio 

of 0.18, with an angle of attack of ωπЈ, the heat transfer rate was enhanced by a maximum 

factor of 2.4 while the pressure drop penalty was 17.8 times larger than the πЈ case. 
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The use of extended surfaces is the most conventional enhancement method, as they 

increase the heat transfer surface area and can also increase the heat transfer coefficients, 

thus decreasing the air-side thermal resistance. Some commonly used fin types are wavy, 

louvered, and perforated fins. These surfaces can disrupt the thermal boundary layer and 

increase mixing within the air stream while also increasing the air-side pressure drop. 

Karabacak and Yakar (2011), Ahmadi Nadooshan et al. (2018), and Lee et al. (2019) 

investigated heat transfer performance in perforated circular and spiral finned tubes. 

Experimental and numerical results indicated that with a total of six circular perforations 

on each fin, the weight was reduced while heat transfer was enhanced  by a maximum of 

12% compared to non-perforated fins. Elyyan and Tafti (2009) conducted a computational 

study of dimpled fins with and without rectangular perforations using Direct and Large 

Eddy Simulations. The fin geometry considered by them combined the heat transfer 

enhancement properties of surface roughness with interrupted surfaces. The introduction 

 

Figure 2.4: Elliptical tube velocity field for angles of attack of 60º and 90º for Re 

= 17000 (Ibrahim and Gomaa, 2009). 
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of the perforations increased heat transfer by ρς-υπϷ while increasing the friction factor 

by a maximum of φπϷ compared to the non-perforated dimpled-fin case.  

Wavy fins are widely used in air conditioning and refrigeration applications. The 

wavy fins increase mixing and lengthen the air flow path compared to plain fins. Wavy fins 

typically increase the convective heat transfer coefficient by υπ-χπϷ compared to plain 

fins while increasing the friction factor by 100-140% (Goldstein and Sparrow, 1977; Jang 

and Chen, 1997; Kim et al., 1997; Wang et al., 1997; Wang et al., 1999a; Tao et al., 2007a; 

Tao et al., 2007b; Saha et al., 2019). Wang et al. (1999a) and Wang et al. (1999b) indicated 

that the wave angle had the most significant effect on heat transfer and pressure drop 

characteristics of wavy fin heat exchangers. Increasing the wave angle increased both heat 

transfer and pressure drop under dry and wet conditions with the pressure drop increase 

being more pronounced. 

Interrupted surfaces reinitiate boundary layers periodically and increase mixing at 

the cost of an increased pressure drop penalty. The most commonly used interrupted 

surface in industrial applications are louvered fins, which typically provide higher heat 

transfer coefficients compared to plain and wavy fins, with an even larger pressure drop 

penalty and increased likelihood of clogging due to fouling (Shah and Sekulic, 2003). 

Davenport (1980) and Achaichia and Cowell (1988) conducted visualization experiments 

on flat-tube louvered fins using smoke and conjectured that at low Re, the developing 

boundary layers on the louvers become sufficiently thick, blocking the gaps between 

louvers and causing the air to flow in line with the duct while at higher Re, the air flow 

becomes  redirected, in line with the louver angle as shown in Figure 2.5. Webb and 

Trauger (1991) and Kajino and Hiramatsu (1987) also conducted flow visualization 
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experiments on louvered fins using a dye injection technique to demonstrate that the 

louvers redirect the fluid and that flow separation occurs on the back side of the inlet louver. 

In addition, boundary layers form on the upper and lower surfaces of the following louvers 

with a wake forming downstream of each interruption. The study of Webb and Trauger 

(1991) also indicated that in addition to Re, the fin pitch significantly affected whether the 

flow would be duct directed or louver directed. For example, with a larger fin pitch, there 

would be a greater relative resistance for the fluid to flow between the louvers resulting in 

duct directed flow while with a smaller fin pitch, the more desirable louver directed flow 

can be achieved. 

 

Studies have been conducted on the heat transfer and pressure drop characteristics of 

different louvered fin heat exchanger geometries (Wang et al., 2000; Leu et al., 2001; Kim 

and Bullard, 2002; Xia et al., 2006; Ļarija et al., 2014). It was observed that the louver 

angle significantly affected performance, with f consistently increasing while the heat 

transfer coefficient increased to a maximum value before slightly decreasing as the louver 

 

Figure 2.5: Different flow directions in louvered fins (Achaichia and Cowell, 

1988). 
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angle increases. Increasing the louver pitch and the louver width also increased the heat 

transfer coefficient and f. 

Similar to louvered fins, slit fins periodically reinitiate boundary layers and increase 

mixing, passively enhancing heat transfer without redirecting the flow due to the louver 

angle (Sadeghianjahromi and Wang, 2021). Slit fins have been reported to enhance heat 

transfer by 40-86% while increasing f by 36-118% compared to plain fins (Wang et al., 

1999c; Cheng et al., 2004; Kim and Kim, 2015). Decreasing the fin pitch increased heat 

transfer; however, increasing the number of tube rows causes heat transfer performance to 

deteriorate (Wang et al., 1999c; Du and Wang, 2000; Kim and Kim, 2015). 

 Garimella et al. (1997) compared the performance of flat-tube multi-louvered fin 

heat exchangers with conventional round-tube heat exchangers with flat, wavy, louvered, 

and annular fins for absorption space-conditioning systems. The effects of design variables 

such as header arrangement, fin density, and core depth were investigated, and the results 

show that the use of flat-tube multi-louvered fin geometries can significantly reduce the 

overall mass and size of heat exchangers under equivalent heat duty and pressure drop 

constraints. Bustamante et al. (2016) and Lin et al. (2020) investigated the application of 

A-frame air-cooled steam condensers to reduce water consumption in power plant cooling 

towers. Schematics of an air-cooled condenser assembly, unit cell, and an individual finned 

tube are shown in Figure 2.6.  
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Both studies modeled a representative air-cooled condenser coupled to a steam power 

plant. Bustamante et al. (2016) compared the air-cooled power plant thermal efficiency to 

that of a wet-cooled system and identified the conditions required to achieve cooling-tower 

based performance with ambient air. They found that wet-cooling systems can generate 

φͯϷ more power than dry-cooled systems, yielding a higher net plant efficiency of 

ρͯȢυϷ, but at the expense of considerable water consumption.  

 The use of multi-louvered, ribbed, and slit fins was investigated to improve the dry-

cooled plant efficiency to approach that of wet-cooled plants; however, they found that 

there was no enhancement technology that could be used to achieve near-water-cooled 

power plant performance. Lin et al. (2020)  conducted parametric studies on smooth, wavy, 

and louvered fins to determine the impact of condenser fin geometry on the overall thermal 

plant efficiency. While the use of wavy and louvered fins increases air-side heat transfer, 

the pressure drop penalty due to louvered and wavy fins resulted in a higher fan power, 

thus yielding lower thermal powerplant efficiencies compared to the optimized plain fin 

 

Figure 2.6: Schematics of (a) a full air-cooled condenser system, (b) unit cell, and 

(c) an individual flat tube (Lin et al., 2020). 
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case that increased the baseline efficiency by ρȢρτϷ. Kang et al. (1994) conducted an 

experimental study on heat transfer and pressure drop characteristics of plate fin-and-tube 

heat exchangers investigating plain, slit, smooth wavy, and corrugated wavy fins. The test 

core had three staggered tubes in the crossflow direction and measurements were made in 

the range συπὙὩ ρυφππ. Slit fins exhibited the highest air-side Nu and f while plain 

fins exhibited the lowest Nu and f compared to wavy fins. While the smooth and corrugated 

wavy fins had similar heat transfer performance, the corrugated wavy fin had a slightly 

higher Nu at lower f penalty compared to the smooth wavy fin. Yun and Lee (1999) 

experimentally investigated the effect of different slit fin and louver fin geometries on fin-

and-tube heat exchanger performance for air velocities ranging from 0.5 to 1.5 Í Ó . The 

interrupted surface fins increased the heat transfer coefficient and the pressure drop 

compared to the plain fin case. The heat transfer and pressure drop characteristics of 

different slit fin and louvered fin geometries were similar with small deviations. Yan and 

Sheen (2000) similarly compared the heat transfer and f characteristics of fin-and-tube heat 

exchangers with plain, wavy, and louvered fin surfaces on 36 staggered tube heat 

exchangers with different fin and tube pitches and rows. At the same Re, the louvered fin 

geometry had the largest heat transfer coefficient and pressure drop; however, at equivalent 

fan power, the louvered fin had the highest heat transfer coefficient compared to the wavy 

and plain fin heat exchangers, indicating that the louvered fin geometry may perform better 

under the same operating conditions. 

Another widely studied passive enhancement technique is the use of vortex generators 

or winglets. Vortex generators alter the direction of the fluid and are designed to generate 

secondary flows to increase the turbulence intensity of the flow at a minimal pressure drop 
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penalty. Vortex generators can be externally mounted or punched out of heat exchanger fin 

surfaces and the generated vortices promote mixing between the hot air near the solid 

surface and the cold air further away from the solid surfaces (Jacobi and Shah, 1995; 

Sadeghianjahromi and Wang, 2021). Common vortex generator geometries include 

rectangular, trapezoidal, and delta winglets, although several studies have been conducted 

on alternative geometries and orientations (Torii et al., 2002; Zhou and Ye, 2012) as shown 

in Figure 2.7.  

 

Winglets of different geometries have shown enhancement ranging from ρπ-φψȢψϷ with 

pressure drop penalties ranging from ψ-ρςρȢτϷ (Fiebig et al., 1993; Torii et al., 2002; Jain 

et al., 2003; Tiwari et al., 2003; Leu et al., 2004; Joardar and Jacobi, 2008; Chu et al., 2009; 

Sarangi and Mishra, 2017). Fiebig et al. (1993) measured local heat transfer on fins with 

 

Figure 2.7: Different vortex generator (a) geometries (Zhou and Ye, 2012) and 

(b) configurations on the plain fin surface of a tube-bank showing the common 

flow down (left) and common flow up (right) arrangement (Torii et al., 2002). 
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delta winglet vortex generators on round tube fin-and-tube heat exchangers using liquid 

crystal thermography for φππὙὩ ςχππ for the in-line and staggered tube 

arrangement. For ὙὩ ρςππ the inline and staggered tube arrangements have a similar 

average Nu with vortex generators; however, for ὙὩ ρςππ, the vortex generators 

enhanced heat transfer more for the in-line tube arrangement than the staggered tube 

arrangement. At Re = 2600, the in-line Nu was 10% greater than that for the staggered case. 

Overall, for the in-line arrangement, the vortex generators increased Nu by a maximum of 

60% with a f penalty of 45% while for the staggered arrangement, the Nu was increased by 

a maximum of 9% with a f penalty of 3%. Torii et al. (2002) also investigated fin-tube heat 

exchangers with delta winglet vortex generators. While delta winglets are usually mounted 

in the ñcommon flow downò configuration, the ñcommon flow upò configuration shown in 

Figure 2.7b, was proposed, as the constricted passages could cause the fluid to accelerate 

and delay downstream separation, narrowing the wake and suppressing vortex shedding to 

reduce drag. Heat transfer and pressure drop characteristics for the in-line and staggered 

tube arrangement for συπὙὩ ςτππ were measured with up flow delta winglets. For 

both the in-line and staggered tube arrangements, the up flow vortex generators enhanced 

heat transfer while reducing f. The heat transfer enhancement and f reduction both 

decreased as a function of Re. For the staggered tube arrangement, the heat transfer 

enhancement ranged from 30% to 10% while the f reduction ranged from 55% to 34% as 

Re increased from 350 to 2100.  For the inline tube arrangement, the heat transfer 

enhancement ranged from 20% to 10% while f reduction ranged from 15% to 8% for the 

same Re range. Tiwari et al. (2003) modeled the effect of multiple delta winglets on oval 

tube crossflow heat exchangers and noted that at Re = 1000, the average Nu was enhanced 
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by 45.58% with one winglet pair and 68.66% with two winglet pairs. Leu et al. (2004) 

modeled block shaped vortex generators mounted behind the tubes of a fin-and-tube heat 

exchanger for 400 < Re < 3000 for span angles of σπЈ, τυЈ, and φπЈ and found that as the 

span angle increased, the strength of the longitudinal vortex intensified, increasing the heat 

transfer coefficient and f. As Re increases, the baseline Nu becomes more turbulent, 

reducing the effect of the generated vortices, decreasing heat transfer enhancement while 

increasing pressure drop penalty due to the blockages created by the winglets. Joardar and 

Jacobi (2008) experimentally investigated air-side heat transfer enhancement with 

common flow up delta winglet vortex generators in an in-line fin-and-tube evaporator with 

plain fins. For the air-side Re ranged 220 to 960, they found that the air-side heat transfer 

coefficient increased from 16.5% to 44% with an increase in the pressure drop less than 

12% for one row of winglets placed at the leading tube. With three rows of winglets placed 

at alternating tubes, the heat transfer coefficient increased from 29.9% to 68.8% while the 

pressure drop penalty increased from 26% to 87.5% over the Re range. Three rows of 

winglets yield better heat transfer performance with higher pressure drop penalties 

compared to one row because with one row of winglets at the leading tube, the generated 

vortices diminish in the air flow direction.  However, the presence of additional winglets 

at alternating tube rows generate vortices with each passing tube row. Allison and Dally 

(2007) compared the performance of flat tube heat exchangers with plain fins and delta 

winglets against louvered fins without winglets for φυπὙὩ ρσφπ. In the flow up 

configuration, the vortex generator Nu was 87% of the louvered fin Nu with 54% of the 

pressure drop. Tang et al. (2009a) experimentally investigated the effect of plain, slit, and 

plain with flow up delta winglets on the air-side heat transfer and f of fin-and-tube heat 
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exchangers for τπππὙὩ ρππππ. Slit fins had the highest heat transfer and pressure 

drop compared to plain fins and plain fins with winglets. These studies indicate that while 

fins with interrupted surfaces such as louvered and slit fins exhibit higher heat transfer 

compared to vortex generators, the reduced pressure drop penalty of vortex generators may 

yield potential benefits for different applications. 

2.3.3 Aeroelastically Fluttering Reeds 

One novel air-side heat transfer enhancement technique is the use of aeroelastically 

fluttering thin reeds. Inserting flexible flags or reeds inside heat exchanger channels can be 

an alternative technique to conventional vortex generators where actively or passively, 

flow-induced motion of the reed creates turbulence, increasing heat transfer (Gallegos and 

Sharma, 2017). This technique has been demonstrated to lead to heat transfer enhancement 

without a significant pressure drop penalty (Herrault et al., 2012; Mahvi et al., 2021). 

Additionally, it can be used as a relatively inexpensive retrofit to increase performance of 

pre-existing heat exchangers and is scalable due to the flexibility of modifying the reed 

material properties, geometry, and channel dimensions for different operating conditions.  

Flag flutter is a complicated fluid and structural mechanics phenomenon that occurs 

when the transverse pressure difference across a flexible body results in lateral deflections 

(Schouveiler and Eloy, 2012). While the flag oscillations are attributed to the deflection 

caused by a pressure difference (Argentina and Mahadevan, 2005), there is debate over the 

origin of the pressure difference at the onset of flutter. According to the numerical study of 

Connell and Yue (2007), there are three oscillation mode flow regimes associated with flag 

flutter: fixed-point stability, limit-cycle flapping, and chaotic flapping. Fixed-point 
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stability occurs when the flag is aligned with the flow direction, limit -cycle flapping occurs 

when the flag oscillates sinusoidally at a single frequency, and chaotic flapping occurs 

when irregular multi-amplitude, multi-frequency oscillations occur. Transition between the 

three regimes is observed as the flow velocity is increased with the onset of limit-cycle 

flapping occurring at velocities beyond the critical flutter velocity, the minimum velocity 

where the reed begins to oscillate. The critical flutter velocity is a widely studied parameter 

due to its hysteretic behavior. For example, several studies have observed that as the flow 

velocity increases, at a critical velocity, there is onset of flutter; however, as the flow 

velocity is gradually reduced, the reed returns to the stable fixed-point stability state at a 

velocity lower than the previously observed critical velocity (Tang and PaēÌdoussis, 2007; 

Eloy et al., 2008; Eloy et al., 2012). Computational results (Connell and Yue, 2007; Alben 

and Shelley, 2008; Eloy et al., 2012) indicate a difference of 2.5-5% between the upper and 

lower critical velocity, while experimental results showed a difference of up to 20% (Eloy 

et al., 2012). Tang and PaēÌdoussis (2007) and Eloy et al. (2008) attributed this hysteresis 

to inherent curvature or defects in the reed geometry that make the reed stiffer at rest, 

requiring higher velocities to initiate flutter. On the other hand, when the reed is already 

fluttering, the defects are no longer significant and there is greater inertia to remain in 

motion, resulting in a lower critical velocity. 

Several studies have investigated the flutter dynamics of a flag or reed immersed in a 

fluid. Shelley et al. (2005) conducted a 2D potential flow analysis and experimentally 

investigated the spontaneous oscillations of a heavy flag composed of a Mylar sheet with 

long vertical copper strips in flowing water while Argentina and Mahadevan (2005) 

conducted a numerical analysis to explain the onset of fluid flow-induced flutter. The 
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Strouhal number (Ὓὸ) defined as a function of the reed oscillation frequency Ὢ , reed 

length ὒ , and air velocity, shown in Equation 2.2, represents the ratio of the fluid flow 

oscillations due to inertial forces to the convective acceleration. Ὓὸ is oftentimes used to 

describe oscillating flow mechanisms; therefore, it is an important parameter used to 

describe periodic reed motion. 

 
Ὓὸ

Ὢ ὒ

ὠ
 (2.2) 

The studies indicate that the reed oscillation frequency, used to determine the Ὓὸ, and the 

reduced critical velocity Ὗᶻ , the dimensionless critical flutter velocity shown in 

Equation 2.3, are both dependent on the reed mass ratio (ὓᶻ), defined as the ratio of the 

mass of the reed to the mass of the fluid shown in Equation 2.4. Here, ”ȟὸȟὒȟ and Ὄ are 

the reed density, thickness, length, and height. In the expression of the reduced velocity, 

the variable Ὧ is the flexural rigidity, or the reed resistance to bending, defined as the 

product of the material Youngôs modulus, and the geometry dependent second moment of 

inertia as shown in Equation 2.5. These expressions indicate that the material properties 

and geometry of the reed significantly impact the flutter dynamics. 

 

Ὗᶻ ὠ
” Ὄὒ

Ὧ
 (2.3) 

  
ὓᶻ

”ὸ

” ὒ
 (2.4) 

 Ὧ ὉὍ (2.5) 
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Several studies similarly identified the reed mass ratio and the reduced velocity as two 

dimensionless parameters that significantly influence the flapping dynamics of flexible 

bodies (Huang, 1995; Watanabe et al., 2002a; Zhao et al., 2012; Shoele and Mittal, 2016; 

Jha and Glezer, 2018; Jha et al., 2022). Generally, it is observed that denser reed geometries 

with higher mass ratios require higher critical flutter velocities than reed geometries with 

lower mass ratios because a heavier reed would require a greater force to initiate flutter. 

The reed length significantly affects the flutter dynamics because increasing the reed length 

decreases the mass ratio and destabilizes the reed more, resulting in the onset of flutter at 

lower velocities. 

Many experimental investigations have focused on the unconfined flutter dynamics of 

paper, aluminum, stainless steel, copper, brass, Mylar, Dacron, silk, polyester, 

polypropylene, and polyethylene reeds in wind tunnels, water tunnels, or soap films 

(Gallegos and Sharma, 2017). Watanabe et al. (2002b) investigated paper flutter in a wind 

tunnel to identify the primary factors that affect flutter speed. The sheet flutter amplitude 

exhibited some degree of hysteresis when increasing and decreasing wind speed. Flutter 

frequency increased with increasing wind speed and the mass ratio was found to be a 

primary factor that influenced sheet flutter. Zhao et al. (2012) and Gibbs et al. (2014) 

investigated the dynamics of cantilevered flexible polypropylene carbonate (PPC), 

polyethylene terephthalate (PET), brass, stainless steel, and aluminum films and sheets 

subject to axial air flow. The air velocity was systematically increased and beyond a 

material and geometry dependent critical velocity, the system loses stability, and limit-

cycle oscillations occur. As expected, the metal plates exhibited higher critical flow 

velocities and frequencies compared to the plastic films. The experimental observations 
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agreed reasonably well with theoretical calculations, and the critical flow velocity 

converged to a nearly constant value when the plate or film length is sufficiently long. Pang 

et al. (2010) investigated flutter instability of rectangle and trapezoid Mylar flags. 

Compared to the rectangle geometry, the trapezoid flag geometry had both a higher and a 

lower critical velocity depending on the second moment of inertia of the geometry. For 

example, trapezoid shapes with larger second moments of inertia exhibited larger critical 

velocities compared to the rectangle geometry while trapezoid shapes with lower second 

moments of inertia exhibited lower critical velocities. Zhang et al. (2000) and Jia et al. 

(2015) investigated the passive oscillation of flexible filament in a flowing soap film. 

Experimental results confirmed the existence of the fixed-point stability and limit-cycle 

flapping oscillation mode flow regimes defined in the numerical study of Connell and Yue 

(2007) as shown in Figure 2.8. 
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Doaré et al. (2011a) and Doaré et al. (2011b) investigated flag flutter of a cantilevered 

elastic plate confined within a channel. Experiments were conducted on Mylar sheets in a 

wind tunnel varying the sheet aspect ratio and the spanwise clearance distance between the 

fluttering sheet and the channel wall. Decreasing the spanwise clearance decreased the 

critical flutter velocity when the edges of the flag enter the wall boundary layer due to the 

blockage effect and flow acceleration at the flagôs spanwise edge. These experimental 

observations agreed well with numerical results. Tetlow and Lucey (2009) and Shoele and 

Mittal (2016) numerically investigated the fluttering motion of thin flexible plates confined 

within a channel. In these 2D studies, confinement in the cross-streamwise (flutter 

 

Figure 2.8: (a) Fixed-point stability and (b) limit -cycle flapping oscillation flow 

regime for flexible filament in a flowing soap film (Zhang et al., 2000). 
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amplitude) dimension is investigated instead of confinement in the spanwise dimension. 

The confinement of the channel had a destabilizing effect on the flexible plate. In addition, 

as the clearance distance between the flag and the channel is decreased, the critical flutter 

velocity decreases while the oscillation frequency marginally increases, indicating that the 

degree of confinement and placement of the flag within the channel can influence flutter 

dynamics.   

While several studies have focused on the physics of flutter, only a handful have 

investigated the use of fluttering flags or reeds as alternative vortex generators to enhance 

heat transfer (Gallegos and Sharma, 2017). Fluttering reeds installed inside the fin channels 

of air-coupled heat exchangers passively oscillate as the air flows through the heat 

exchanger, generating vortical structures on the reed tip as shown in Figure 2.9. The 

vortical structures propagate down the length of the air-stream inside the channel, 

improving the heat transfer by disrupting the wall boundary layer and improving mixing 

(Shoele and Mittal, 2014; Mahvi et al., 2021).  
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The potential for fluttering reeds to enhance heat transfer without a significant increase in 

the pressure drop has been investigated for a single reed and an array of reeds (Hidalgo et 

al., 2010; Herrault et al., 2012; Shoele and Mittal, 2014; Hidalgo et al., 2015; Crittenden et 

al., 2017; Gallegos and Sharma, 2017, 2019; Mahvi et al., 2021; Jha et al., 2022). Hidalgo 

et al. (2010) investigated heat transfer enhancement within a mm-scale rectangular channel 

at low air-side Re using an actively driven piezoelectric vibrating reed. Particle image 

velocimetry (PIV) measurements show that the turbulent kinetic energy with the actively 

driven reed is significantly enhanced relative to the base case. Local and average air-side 

 

Figure 2.9: (a) Schematic of reed installation and representative fluttering 

motion (Mahvi et al., 2021) and (b) Modeled fluttering reed vorticity (lines) and 

temperature contours (colors) at different Re (Shoele and Mittal, 2014). 
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heat transfer coefficients are measured, and heat transfer enhancement ranged from 1.58 to 

2.11 for 2200 < Re < 5100 with the maximum enhancement observed at Re ~4400. For Re 

> 4400 the measured enhancement decreased. Herrault et al. (2012) measured local and 

average air-side heat transfer and pressure drop for a passively oscillating reed within a 

single rectangular channel. At Re ~2600, a maximum local heat transfer enhancement of 

2.5 at the channel exit was calculated corresponding to an average enhancement of 60% 

over the entire 30-mm long channel. At Re ~6000, the self-oscillating reed increased the 

channel pressure drop by over a factor of 2.0. Hidalgo and Glezer (2015) extended the 

study of Herrault et al. (2012) to measure heat transfer and pressure drop for 25- and 38-

ʈÍ thick rectangular reeds in a single channel and in a 23-channel fin array. The single-

channel experiment spanned ςπππὙὩ υρππ while the fin array experiment spanned 

ςπππὙὩ τπππ. At Re = 5100, the maximum pressure drop penalty in the single 

channel was ~2.75 and ~2.13 for the 25 and 38-ʈÍ thick reeds respectively, while heat 

transfer was enhanced by 43% at Re = 2000 and a maximum of 88% at Re = 5100.  The 

23-channel fin array had similar heat transfer enhancement compared to the single-channel. 

Crittenden et al. (2017) investigated the effect of reed length and height on Nu and f in a 

14-channel fin array. Each fin channel had a height, width, and depth of 25.4 mm, 2.5 mm, 

and 165 mm. 12.7-ʈÍ thick rectangular Polyester reeds were studied with length 

dimensions between συ ὒ ρψυ mm and 15 mm and 22 mm height dimensions. Heat 

transfer enhancement and f penalty increase as a function of reed length with the 185-mm 

long reed exhibiting heat transfer enhancement of 1.30 and 1.34 with a f penalty of 2.81 

and 3.55 relative to the base flow at Re = 750 and Re = 1500, respectively. Decreasing reed 

width from 22 mm to 15 mm marginally decreased Nu by ~10% while f decreased by ~40%. 
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Numerical simulations of Shoele and Mittal (2014) investigated flow-induced fluttering 

motion of a flexible reed inside a heated channel. The effects of reed material properties, 

Re, and channel confinement were studied. The reed-enhanced thermal performance was 

found to be more dependent on reed inertia than its bending stiffness. Gallegos and Sharma 

(2019) found that with flag vortex generators in a single rectangular channel, Nu 

enhancement increased from 1.34 to 1.62, while f penalty increased from 1.39 to 3.56 times 

bare channel levels for τπππὙὩ υππππ. Jha et al. (2022) experimentally investigated 

fluttering reed enhanced heat transfer in a single rectangular channel as well as a 14-

channel fin array. At Re = χπππ, Nu was enhanced by up to 145% compared to the plain 

channel baseline case. Heat transfer was enhanced over base levels by 1.35 and 1.40 at Re 

= 1500, by 1.38 and 1.60 at Re = 3000, and 1.40 and 1.85 at Re = 4500, in the fin array and 

single-channel, respectively. The fin array consistently exhibited lower fluttering reed-

enhanced heat transfer compared to the single-channel case. Mahvi et al. (2021) 

experimentally evaluated the use of fluttering reeds in air-cooled condensers for power 

generation. Nu was enhanced by 19-29%, while f increased by 35-38% compared to 

baseline values for φππὙὩ ρχππ, conditions characteristic of power plant air-cooled 

condensers. An air-cooled power plant model was developed, and the condenser geometry 

was optimized to determine the maximum plant efficiency with and without reed 

enhancement. The baseline dry-cooled power plant efficiency was σςȢυυϷ without reeds 

and σςȢωυϷ with reeds, while the optimized plant efficiency was σσȢωσϷ without reeds 

and σσȢψτϷ with reeds. While the optimized reed-enhanced condenser geometry had a 

slightly lower efficiency than the optimized plain fin geometry, the optimized reed-
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enhanced condenser had a lower surface area yielding potential economic benefits. A 

summary of heat transfer enhancement with fluttering reeds is presented in Table 2.1. 
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Table 2.1: Summary of fluttering reed heat transfer enhancement literature 

Source Experiment 

Geometry 

Reed Geometry Parameters Results 

Hidalgo et 

al. (2010) 

Single Channel 

¶ Ὄ ςυ ÍÍ 

¶ ὡ ςχȢτ ÍÍ 

¶ ὒ φπ ÍÍ 

 

¶ Piezoelectric 

¶ Ὄ ςυ ÍÍ 

¶ ὒ ρω ÍÍ 

¶ ὸ πȢρ ÍÍ 

¶ ςςππὙὩ
υρππ 

¶ Actively driven 

¶ ρȢυψ

ςȢρρ 
¶ Re ~4400 

maximum 

enhancement 

¶ Re > 4400 

enhancement 

decreases 

 

Herrault et 

al. (2012) 

Single Channel 

Heat Transfer 

¶ Ὄ ςȢυ ÍÍ 

¶ ὡ ρπ ÍÍ 

¶ ὒ σπ ÍÍ 

Pressure Drop 

¶ Ὄ ςȢυ ÍÍ 

¶ ὡ ρπ ÍÍ 

¶ ὒ ρψφ ÍÍ 

 

¶ Polymer 

¶ ψ ὒ
ρυ ÍÍ 

¶ πȢπυ ὸ
πȢρπ ÍÍ 

Heat Transfer 

¶ Re ~2600 

Pressure Drop 

¶ ςπππὙὩ
ρππππ 

¶ Maximum local 

ςͯȢυ 

¶ Average 

ρȢφ 
¶ Pressure drop 

penalty ~2.0 

Shoele and 

Mittal 

(2014) 

Single Channel 

¶ Assume ὡḻὌ 

¶ πȢςυ ς 

 ¶ υπ ὙὩ
ψππ 

¶ ὖὶ ρ 
¶ ρπȢ

ὓᶻ ρπȢ 

¶ σ Ὗz ρψ 

¶ Numerical 

simulations 

¶ 2D model 

¶  more 

dependent on ὓ  z

than Ὗz  

 

Hidalgo 

and Glezer 

(2015) 

Single Channel 

¶ Ὄ ςȢυ ÍÍ 

¶ ὡ ρπ ÍÍ 

¶ φς ὒ
ρψφ ÍÍ 

23-Channel Fin Array 

¶ Ὄ ςȢυ ÍÍ 

¶ ὡ ρπ ÍÍ 

¶ ὒ υρ ÍÍ 

¶ Polyester 

¶ Ὄ ω ÍÍ 

¶ ὒ ςτȢτ ÍÍ 

¶ πȢπςυὸ
πȢπσψ ÍÍ 

Single Channel 

¶ ςπππὙὩ
υρππ 

23-Channel Fin 

Array 

¶ ςπππὙὩ
τπππ 

¶ Re =5100, ɝὖ 

penalty ~2.75, ὸ
πȢπςυ ÍÍ and 

~2.13, ὸ
πȢπσψ ÍÍ 

¶ Re = 2000, 

ρͯȢτσ 

¶ Re = 5100, 

ρͯȢψψ 

¶ Similar  in 

fin array 

 

Crittenden 

et al. 

(2017) 

Single Channel 

¶ Ὄ ςυ ÍÍ 

¶ ὡ ςυ ÍÍ 

¶ ὒ ςυτ ÍÍ 

14-Channel Fin Array 

¶ Ὄ ςȢυ ÍÍ 

¶ ὡ ςυȢτ ÍÍ 

¶ ὒ ρφυ ÍÍ 

 

¶ Polyester 

¶ Ὄ
ρυ ÍÍȟςς ÍÍ 

¶ συ ὒ
ρψυ ÍÍ 

¶ ὸ πȢπρσ ÍÍ 

¶ χυπὙὩ
ρυππ 

¶  and  

increase as ὒ  

increases 

¶ L = 185 mm, Re = 

750, 

ρȢσπ, ςȢψρ 

¶ L = 185 mm, Re = 

1500, 

ρȢστ, σȢυυ 
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2.4 Heat Exchanger Maldistribution 

Common assumptions in air-coupled heat exchanger design are that the inlet air flow 

and temperature distribution are uniform and steady. These assumptions may be unrealistic 

under real operating conditions due to air flow nonuniformity. Experimental and analytical 

studies indicate that air flow maldistribution can increase or decrease heat transfer 

Table 2.1: Summary of fluttering reed heat transfer enhancement literature 

(continued) 

Source Experiment 

Geometry 

Reed Geometry Parameters Results 

Gallegos 

and 

Sharma 

(2019) 

Single Channel 

¶ Aspect ratio: 

πȢς ‌ ρȢπ 
¶ ὒ ρȢρυ Í 

¶ Ὄ πȢρς ÍÍ ¶ τπππὙὩ
υππππ 

¶ ὓᶻ

πȢςυȟπȢτς 

¶ ρȢστ

ρȢφς 

¶ ρȢσω

σȢυφ 
 

Mahvi et 

al. (2021) 

Heat Exchanger 

Fin Channel 

¶ Ὄ ςȢυτ ÍÍ 

¶ ὡ ςυȢτ ÍÍ 

¶ ὒ ρωρ ÍÍ 

 

¶ Polyethylene 

terephthalate 

(PET) 

¶ Ὄ ρωȢρ ÍÍ 

¶ ὒ ρπρȢφ ÍÍ 

¶ ὸ πȢπρσ ÍÍ 

 

¶ φππὙὩ
ρχππ 

¶ ρȢρω

ρȢςω 

¶ ρȢσυ

ρȢσψ 
¶ Power plant model 

developed 

 

Jha et al. 

(2022) 

Single Channel 

¶ Ὄ υ ÍÍ 

¶ ὡ ςυ ÍÍ 

¶ ὒ ςυτ ÍÍ 

14-Channel Fin Array 

¶ Ὄ ςȢυ ÍÍ 

¶ ὡ ςυ ÍÍ 

¶ ὒ ρφυ ÍÍ 

 

Single Channel 

¶ Mylar 

¶ Ὄ ςς ÍÍ 

¶ ὒ υπ ÍÍ 

πȢπσψὸ
πȢρςσ ÍÍ 

14-Channel Fin 

Array 

¶ Mylar 

¶ Ὄ ςȢυ ÍÍ 

¶ ὒ υπ ÍÍ 

¶ ὸ πȢπυ ÍÍ 

 

Single Channel 

¶ ςπππὙὩ
ρςπππ 

¶ Ὓὸͯ πȢυ 
14-Channel Fin 

Array 

¶ χυπὙὩ
υπππ 

¶ Ὓὸͯ πȢχυ 

Single Channel 

¶ Re = 7000, 

ςȢτυ 

¶ Re = 1500, 

ρȢτπ 

¶ Re = 3000, 

ρȢφπ 

¶ Re = 4500, 

ρȢψυ 

14-Channel Fin Array 

¶ Re = 1500, 

ρȢσυ 

¶ Re = 3000, 

ρȢσψ 

¶ Re = 4500, 

ρȢτπ 
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depending on the heat exchanger geometry, header configuration, orientation, and velocity 

profile. The effect of inclination angle on the air-side performance of a multi-louvered fin 

flat tube heat exchanger was experimentally investigated by  Kim et al. (2001) and Kim et 

al. (2009). Experiments on dry and wet heat exchanger surfaces for the πЈȟσπЈȟτυЈȟ and 

φπЈ inclination angles for ρππὙὩ σππ indicate that under dry conditions, the 

inclination angle does not significantly affect the air-side heat transfer coefficient when 

ȿ—ȿ τυЈ; however, when — φπЈ, the heat transfer coefficient decreased. Under wet 

conditions, the inclination angle decreased the air-side heat transfer coefficient for — πЈ 

and increased for — πЈ by a maximum of 19% due to the direction of condensate 

drainage. Chang et al. (1994) investigated the effect of inclination on a wavy-finned 

circular tube heat exchanger. The experimental results indicate that both the air-side heat 

transfer coefficient and pressure drop decrease as the inclination angle increases. T'Joen et 

al. (2006) measured the impact of nonuniform air flow on fin-and-tube heat exchanger 

performance while Song et al. (2012) investigated the effect of nonuniform air flow on 

multi-circuit evaporator performance using experimental and computational methods. Both 

studies found that maldistribution significantly decreased heat exchanger capacity with the 

overall heat transfer coefficient of the fin-and-tube heat exchanger decreasing by ψȢςϷ for 

a linear velocity profile and the multi-circuit evaporator heat duty decreasing by χȢχψϷ. 

Kennedy et al. (2013) investigated the effect of inclination on a plain-finned circular tube 

air-coupled heat exchanger, while Timoney and Foley (1994) investigated the effect of air 

flow maldistribution on a plain finned tube evaporator. With a σπЈ inclination angle, the 

measured heat duty increased by ρχυ 7, while with an upstream perforated plate 

obstruction, the measured evaporator heat duty increased by ψσ 7 compared to the uniform 
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air flow case, enhancing heat transfer by ͯ πȢυϷ and ͯ τȢυϷ, respectively. While the two 

experimental studies concluded that heat transfer was enhanced with air flow 

maldistribution, the measurement uncertainty was not reported, and these minor 

enhancements could be well within the experimental uncertainty range. Boman et al. 

(2022) investigated the effect of air flow maldistribution on the heat transfer of polymeric 

air-coupled pillow plate heat exchangers. A model was developed to capture the effect of 

channel width variability on air flow maldistribution and heat transfer. The results indicate 

that as the coefficient of variation, the ratio of the standard deviation to the mean plate 

spacing is increased, the overall heat transfer coefficient can decrease by υπϷ for channel 

widths of ρȢπ ÍÍ and less. Experiments were conducted with five prototype polymeric 

pillow-plate heat exchangers and the absolute average deviation between the model 

predictions and experimental measurements was ρρȢσϷ. Mao et al. (2013) studied the 

effect of air flow maldistribution on multi-louvered fin and tube condensers uisng a 

segmented finite volume model. For all four different air flow patterns considered, the rate 

of heat transfer degraded relative to the uniform air flow case with a maximum degradation 

of 6%. Yaïci et al. (2014) investigated the effect of air flow maldistribution through the 

development of a 3D plain finned circular tube CFD model, and concluded that heat 

transfer could be enhanced or decreased, depending on the header and tube arrangement. 

A summary of the effects of air flow maldistribution is presented in Table 2.2. 
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Table 2.2: Summary of air flow maldistribution literature  

Source Study Type Heat Exchanger 

Geometry 

Heat Transfer 

Performance 

Inclination Angle 

Chang et al. (1994) Experimental Wavy-fin circular tube Performance Ȣ 

 

Kim et al., (2001) and 

(2009) 

Experimental Multi -louvered fin flat 

tube 

— πЈ: Performance ᴻ 

(19%) 

— πЈ: Performance Ȣ 

 

Kennedy et al. (2013) Experimental Plain-fin circular tube Performance ᴻ 

 

Nonuniform Air Flow  

Timoney and Foley 

(1994) 

Experimental Plain-fin circular tube 

evaporator 

Performance ᴻ 

 

Song et al. (2012) Numerical Multi -circuit fin tube 

evaporator 
Performance Ȣ 

 

Mao et al. (2013) Numerical Multi -louvered fin and 

tube condensers 

Performance Ȣ 

 

Yaïci et al. (2014) Numerical Plain-fin circular tube Performance ᴻ   Ȣ

 

TôJoen et al. (2016) Experimental Plain-fin circular tube Performance Ȣ 

 

Boman et al. (2022) Numerical Polymeric pillow plate Performance Ȣ 
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2.5 Research Needs and Scope of Present Work 

The above discussion shows that there is a need for passive heat transfer 

enhancement techniques to improve the performance of air-coupled heat exchangers. 

While the use of fluttering flags or reeds as vortex generators appears promising as a 

passive enhancement technique, more experimental studies are required to further develop 

the technology for implementation in heat exchangers. While experiments have 

characterized the fluttering reed heat transfer and pressure drop characteristics in a single 

channel and a small array of channels, more experimental studies are required to 

demonstrate the enhancement technique in scalable heat exchanger geometries containing 

multitudes of reeds under uniform and nonuniform air flow conditions. 

2.6 Research Objectives 

The present study investigates air-side heat transfer enhancement in a crossflow heat 

exchanger with fluttering reeds under uniform and nonuniform air flow conditions. This is 

accomplished through the following tasks: 

¶ Heat transfer and pressure drop experiments with and without reed enhancement 

over a wide range of air-side channel Re. 

¶ Air flow maldistribution experiments with and without reed enhancement over a 

wide range of air-side channel Re and maldistribution conditions. 

¶ Development of semi-empirical correlations and heat exchanger models for 

baseline and reed-enhanced heat transfer and pressure drop under uniform and 

nonuniform air flow conditions. 
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¶ Development of design guidelines for the implementation of heat transfer 

enhancement techniques. 
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CHAPTER 3. HEAT TRANSFER AND PRESSURE DROP 

UNDER UNIFORM AIR FLOW  

Experiments are conducted on an air-coupled heat exchanger to investigate air-side Nu 

and f with and without fluttering reeds. An experimental facility is constructed in which 

heat is transferred from a heated water loop to the air through a crossflow air-coupled heat 

exchanger. Heat duty and pressure drop are measured over a wide range of industry 

relevant experimental conditions in a temperature- and humidity- controlled wind tunnel 

facility. Two different sets of reed geometries are investigated. 

3.1 Experimental Approach 

A stainless-steel plate-fin air-coupled heat exchanger is designed and manufactured 

to study the enhancement due to the fluttering reeds. The heat exchanger is representative 

of industrial-scale geometries that allow for large quantities of reeds to be mounted on the 

air side of the heat exchanger to demonstrate the applicability of this technique over a range 

of air flow conditions. The crossflow plate-fin heat exchanger shown in Figure 3.1 is 

custom fabricated with an air-side fin spacing tolerance of 0.38 mm to accommodate the 

mounting and testing of the reeds. This brazed heat exchanger core has a height, width, and 

depth of 0.3556 m, 0.5791 m, and 0.2032 m, respectively.  The exchanger core includes 19 

rectangular tubes with an outer height and width of 187.3 mm and 7.938 mm, respectively, 

and a wall thickness of 0.8128 mm as shown in Figure 3.1. Each rectangular tube contains 

a set of 59, 0.381-mm thick internal plain rectangular ribs with a pitch of 3.175 mm that 

divide the tube into 60 channels that span the core height dimension providing additional 
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structural support and heat transfer area. The internal ribs have a height of 7.938 mm and 

a spacing of 2.794 mm, resulting in a channel aspect ratio of 0.35 and a hydraulic diameter 

of 4.133 mm.  Twenty sets of fins with a pitch of 4.379 mm are interspersed between these 

tubes, which results in 72, 0.381 mm thick fins and 73 channels per layer. The stainless-

steel plain rectangular fins on the air side have a height of ρωȢπυ ÍÍ and a fin spacing of 

3.998 mm, resulting in a channel aspect ratio of πȢςρ and a hydraulic diameter of 6.609 

mm. The internal header of the heat exchanger connects the rectangular tubes in series in 

a vertical, serpentine-parallel flow configuration such that the single-phase coupling fluid 

is equally distributed between the 60 ribbed channels of each tube flowing through 19 

passes between the top and bottom header, rejecting heat to the air stream flowing in 

crossflow before exiting the heat exchanger. A standard size 4.7625 mm radius, half round 

bullnose spanning the core height dimension is mounted on the upstream face of each 
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rectangular tube as shown in the enlarged image of Figure 3.1c. The bullnose serves two 

purposes: providing a more streamlined geometry for the air to flow over, potentially 

reducing the pressure drop, and securing the reeds in place post installation. Table 3.1 lists 

the relevant air-side and tube-side dimensions of the experimental crossflow heat 

exchanger.  

 

Figure 3.1: Photographs of (a) heat exchanger core including the (b) internal 

tube-side features and (c) experimental air-coupled heat exchanger. 
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The crossflow heat exchanger is installed in a temperature- and humidity- 

controlled wind tunnel. The wind tunnel facility has a variable speed fan that can reach a 

maximum volumetric flow rate of ͯσȢσπτ Í Ó , and chilled water and steam coils to 

pre-condition the air flowing through the heat exchanger test section. Water is selected as 

the single-phase coupling fluid. The heated water loop shown in Figure 3.2 is designed to 

Table 3.1: Heat Exchanger Geometry Summary 

Heat Exchanger Geometry 

Type Plate-fin Crossflow Air-coupled Heat Exchanger 

Material Stainless-Steel 304 

Header Type Serpentine-parallel 

Fin Type Plain Rectangular 

Number of Plates 40 

Plate Thickness 0.81 mm 

Core: Height, Width, Depth 0.3556 m, 0.5791 m, 0.2032 m 

 Tube-side Air -side 

Number of Tubes/Fin Columns 19 20 

Fin Pitch 3.175 mm 4.379 mm 

Fin Spacing 2.794 mm 3.998 mm 

Fin Height 7.938 mm 19.05 mm 

Fin Thickness 0.381 mm 0.381 mm 

Hydraulic Diameter 4.133 mm 6.609 mm 

Channel Aspect Ratio 0.35 0.21 
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reject over ρπ Ë7 of heat and is coupled to the wind tunnel facility to study the heat transfer 

and pressure drop in the air-coupled heat exchanger with and without the fluttering reeds. 

 

To reduce air flow maldistribution for the uniform air flow experiments, the ρ Í ρ Í 

facility cross-section is gradually reduced through a 0.76-m long converging section 

between two flow straighteners to reduce the wind tunnel flow area to the heat exchanger 

test section face area. Downstream of the reducing section and flow straighteners is a 0.41-

m long straight rectangular duct section to allow for instrumentation to be installed 

upstream of the heat exchanger. A schematic of the wind tunnel facility, heated water loop, 

and a picture of the ductwork assembly are shown in Figure 3.3. 

 

Figure 3.2: Heated water loop. 
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A Coriolis mass flow meter (Micro Motion CMF025, uncertainty πȢρϷ of 

reading) is installed in the heated water loop and eight calibrated high accuracy four-wire 

platinum RTDs with uncertainties of πȢρςᴈ are installed into instrumentation ports of the 

heat exchanger top and bottom headers to measure the water temperature through the 

header passes. On the air-side, 12 calibrated T-type thermocouples with an uncertainty of 

 

Figure 3.3: (a) Temperature and humidity-controlled wind tunnel, (b) ductwork 

assembly, and (c) heated water loop. 
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πȢςυᴈ are installed in a τ σ grid upstream and downstream of the air-coupled heat 

exchanger to measure the inlet and outlet air temperatures across the entire heat exchanger 

face area as shown in Figure 3.4. 

 

The air-side velocity is measured using an Ebtron flow grid (Ebtron GTx116e-P+, 

uncertainty σϷ of reading) installed upstream of the reducing section and with a Dwyer 

low range differential pressure transmitter (Dwyer 607-1, uncertainty πȢυϷ of full scale, 

φςȢςρ 0Á) connected to an averaging flow sensor (Dwyer PAFS-1006) installed πȢςυτ Í 

upstream of the heat exchanger test section. In addition, a Dwyer low range differential 

pressure transmitter (Dwyer 607-3, uncertainty πȢυϷ of full scale, ςτψȢψτ 0Á) connected 

 

Figure 3.4: Air -coupled heat exchanger with water-side temperature 

instrumentation and air-side inlet thermocouple grid. 
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to a pair of averaging flow sensors (Dwyer PAFs-1010) is installed upstream and 

downstream of the heat exchanger test section to measure the air-side pressure drop 

averaged across the width dimension of the heat exchanger as shown in Figure 3.5. The 

air-side barometric pressure is measured using an Omega pressure transducer (Omega 

PX02K1-26A5T, uncertainty πȢςυϷ of full scale, ρπψ Ë0Á ) while the relative humidity 

is measured using a Johnson Controls humidity sensor (Johnson Controls HE-67P2-

0N00P, uncertainty ςȢπϷ of reading) to calculate the air-side thermophysical properties. 

 

Table 3.2 lists the instruments used and their associated uncertainties. 

 

Figure 3.5: (a) Upstream vertically oriented velocity flow averaging sensor and 

(b) horizontally oriented differential pressure flow averaging sensor. 
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Table 3.2: Instrumentation and Uncertainty Information  

Measurement 

Type 

Manufacturer  Model Uncertainty 

Water-side Instrumentation 

Flow Rate Micro Motion CMF025K319NQBUEZZZ πȢρϷ of 

reading 

Temperature 

(RTD) 

Omega 

Engineering, 

Inc. 

P-M-A-1/4-3-1/2-PS-12 πȢρςᴈ 

Pressure Omega 

Engineering, 

Inc. 

PGM-63L-100PSI/7BAR ρȢφϷ of full 

scale, 700 kPa 

Air -side Instrumentation 

Velocity Ebtron GTx116e-P+ σϷ of 

reading 

Temperature 

(TC) 

Omega 

Engineering, 

Inc. 

TT-T-30-SLE πȢςυᴈ 

Pressure Omega 

Engineering, 

Inc. 

PX02K1-26A5T πȢςυϷ of full 

scale, ρπψ Ë0Á 

Differential 

Pressure 

(Velocity) 

Dwyer 

Instruments, Inc. 

607-1 πȢυϷ of full 

scale, φςȢςρ 0Á 

Differential 

Pressure (ɝὖ ) 

Dwyer 

Instruments, Inc. 

607-3 πȢυϷ of full 

scale, 

ςτψȢψτ 0Á 

Relative 

Humidity 

Johnson 

Controls 

HE-67P2-0N00P ςȢπϷ of 

reading 
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Heat transfer from the water to the air is determined using the measured water-side 

mass flow rate, the inlet and outlet temperatures, and the average specific heat as shown in 

Equation 3.1. 

 ὗ ά ὅӶȟ Ὕ ȟ Ὕ ȟ  (3.1) 

The air-side heat transfer coefficient is determined using the Effectiveness-NTU approach. 

The number of transfer units, NTU, is determined as a function of the heat exchanger 

effectiveness, Ὁ, and the thermal capacity rate ratio, ὅ, using Equation 3.2, the 

effectiveness relationship for a heat exchanger in crossflow with both fluid streams 

unmixed (Bergman et al., 2011). 

 
Ὁ

ὗ

ὗ
ρ Ὡὼὴ

ρ

ὅ
ὔὝὟȢ ὩὼὴὅὔὝὟȢ ρ  (3.2) 

From the NTU calculated in this manner, the air-side heat transfer coefficient, Ὤ , is 

determined using a thermal resistance network including the water-side convective 

resistance, the conduction resistance, and the air-side convective resistance as shown in 

Equation 3.3. The variable – is the fin efficiency, and the water-side heat transfer 

coefficient is calculated using the rectangular channel, laminar, fully developed heat 

transfer correlation (Shah and London, 1978b) for the uniform heat flux boundary 

condition. An uncertainty of 25% is assigned to the calculated water-side heat transfer 

coefficient. 

 Ὑ
ρ

ὅ ὔὝὟ
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Ὤ ὃ – ὃ
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Ὧ ὃ
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Ὤ ὃ – ὃ
 (3.3) 
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To determine the air-side frictional pressure drop inside the heat exchanger fin 

channels, the pressure drops due to acceleration and the estimated minor losses are 

subtracted from the total measured pressure drop (Equations 3.4-3.7). 

 ɝὖ ɝὖ ɝὖ ɝὖ ɝὖ  (3.4) 

  
ɝὖ ὑ

”ὠ ȟ

ς
 (3.5) 
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ς
 (3.6) 

 
ɝὖ Ὃ

ρ

”

ρ

”
 (3.7) 

The inlet flow contraction minor loss coefficient is estimated using the recommendations 

of Kays (1950) and Meyer and Kröger (2001) (Equations 3.8-3.10), while the outlet flow 

expansion minor loss coefficient is estimated using the Borda-Carnot equation (Equation 

3.11) (Çengel and Cimbala, 2018). The variable „ is the jet contraction-area ratio and the 

variable ὑ  is the dimensionless momentum velocity distribution coefficient, equal to 1.2 

for parallel plates. The uncertainties in the heat duty, air-side heat transfer coefficient, and 

friction factor are determined using the propagation of errors approach of Taylor and 

Kuyatt (1994). Appendix A presents detailed calculations for a sample data point. 

 
„
ὃ

ὃ
 (3.8) 
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 ʎ πȢφρττυρχπȢπτυφφτωσ„ πȢσσφφυρ„ πȢτπψςχτσ„

ςȢφχςπτρ„ υȢωφσρφω„ σȢυυψωττ„  

(3.9) 

 
+

ρ ς„ „ ςὑ ρ

„
 (3.10) 

 ὑ ρ „  (3.11) 

Experiments are first conducted to measure the baseline unenhanced heat transfer and 

pressure drop characteristics. On the water side, the inlet temperature is maintained at φπᴈ 

with a mass flow rate of πȢρυ ËÇ Ó , yielding a laminar Re of ~855. On the air side, the 

inlet temperature was varied from ρπᴈ to σπᴈ in increments of five degrees for ψππ

ὙὩ φπππ. Following the baseline experiments, a set of 1440, υπȢψ-mm long, ρυȢω-mm 

wide, and πȢπςυ-mm thick rectangular Mylar reeds are manually installed in the fin 

channels in pairs of two as shown in Figure 3.6. Each fluttering reed pair is fastened to a 

thin rectangular stainless-steel support post with glue. The reeds are then inserted into each 

of the rectangular fin channels, held in place by mounting structures installed on each tube 

of the upstream face of the heat exchanger with the assembly shown in Figure 3.7. The 

installed reeds with the support posts block 0.52% of the total heat exchanger free flow 

area, presenting an insignificant channel blockage compared to the baseline bare channel 

case.  
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Figure 3.6: Reed pair being installed in heat exchanger fin channels. 

 

Figure 3.7: Schematic of reed mounting structures and photograph of mounting 

assembly installed on each of the tubes of the upstream face of the heat 

exchanger. 
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The reed installation structures are comprised of three parts, an adapter plate, a reed 

holder, and a half round bullnose. The adapter plate is mounted to each tube using four 

rounded long holes that provide an additional degree of freedom to ensure that the reeds 

are aligned in the center of each fin channel along the channel height dimension. The reed 

holder is installed on the top of each adapter plate and contains equally spaced slits that 

hold the thin rectangular stainless-steel support posts of each reed pair in place. On top of 

each reed holder, a 4.74 mm radius half round bullnose is mounted, securing the installed 

reeds, and providing a more streamlined geometry for the inlet air to flow over. The reed 

mounting structures are present for both the baseline and reed-enhanced experiments to 

decouple the effect of the half round bullnoses when comparing the reed-enhanced heat 

transfer and pressure drop performance to the bare channel performance. With 1440 Mylar 

reeds carefully installed, the heat transfer and pressure drop are measured for this enhanced 

geometry spanning ρςππὙὩ στππ. 

3.2 Results and Discussion 

3.2.1 Uncertainty Analysis 

Uncertainty analyses were conducted to propagate the uncertainty of the air-side 

Nu and f measurements with and without reed enhancement. The systematic uncertainties 

of the sensors used in the experiments are included in Table 3.2. Random uncertainty 

associated with the unpredictability of the measurement process was mitigated by 

averaging the data for any point for 5-minute intervals at a sample rate of 60 Hz. Data 

points were repeated a minimum of three times during testing to ensure low variation in 

the results.  
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For the baseline experiments, the propagated uncertainty of the heat duty ranged 

between 0.97% and 3.26% of the measured value, while for the reed-enhanced 

experiments, the propagated uncertainty of the heat duty ranged between 0.96% and 2.17% 

of the measured value. For the baseline Nu, the propagated uncertainty ranged between 

4.75% and 7.96% of the measured value, while for the reed-enhanced Nu, the propagated 

uncertainty ranged between 4.79% and 7.85% of the measured value. For the baseline f, 

the propagated uncertainty ranged between 6.40% and 10.05% of the measured value while 

for the reed-enhanced f, the propagated uncertainty ranged between 6.56% and 9.17% of 

the measured value. 

3.2.2 Energy Balance 

The validity of the measured data points is first established through a steady-state 

energy balance on the test section as shown in Equation 3.12. 

 ὗ ά ὅӶȟ Ὕ ȟ Ὕ ȟ ά ὅӶȟ Ὕ ȟ Ὕ ȟ  (3.12) 

Air -side and water-side heat duties are calculated from the measured temperature 

differences and flow rates of the respective fluid streams. Figure 3.8 shows a comparison 

of the air-side and water-side heat transfer rates for the baseline case and the reed-enhanced 

case over different conditions. The heat duty ranges from τȢρρ Ë7 to ρρȢρρ Ë7 as the air-

side flow rate increases. The air-side and water-side heat duties are within υϷ of each 

other, with the baseline case having a mean absolute percentage error (MAPE) of ςȢπυϷ, 

and the reed-enhanced case having a MAPE of ρȢφωϷ. The average absolute deviation 

(AAD) of the baseline and reed-enhanced energy balance are πȢπφχπ Ë7 and πȢπφχρ Ë7, 
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respectively. The slightly better agreement between the air-side and water-side measured 

heat duties for the reed-enhanced case is because the reed enhanced experiment spanned a 

smaller Re range (ρςππὙὩ στππ) compared to the baseline experiment Re range 

(ψππὙὩ φπππ). As Re increases, the uncertainty in the air velocity measurement also 

increases. This, in addition to the systematic uncertainty associated with re-sealing the heat 

exchanger to the upstream ductwork each time the heat exchanger is re-installed in the 

wind tunnel facility, contributes to the slightly larger differences between the air-side and 

water-side rates of heat transfer for the baseline experiments. 

The propagated air-side heat duty uncertainty is larger than the water-side heat duty 

uncertainty due to the differences in instrumentation accuracy. Also, as the air-side heat 

duty measurement is more likely to be affected by maldistribution, the water-side 

measurements are used as the basis for the test section heat transfer rate that is used to 

obtain the air-side heat transfer coefficient. 
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3.2.3 Baseline Results 

In Figure 3.9, the measured pressure drop for the baseline case without reeds is 

shown as a function of Re for different air inlet temperatures. 

 

Figure 3.8: Heat exchanger energy balance for baseline and reed enhanced 

experiments. 
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In Figure 3.10, the baseline air-side ὔό  is shown as a function of the air-side channel 

Re. As the air-side Re varies from ψςτὙὩ υφφφ, the air-side ὔό  increases from 

τȢχφ to 12.71 corresponding to heat transfer coefficients of ρψȢυτ 7 Í  +  and 

τυȢυπ 7 Í  + , respectively, at channel velocities of ςȢρς Í Ó  and ρςȢχσ Í Ó . The 

air-side thermal resistance accounts for more than 88% of the total thermal resistance over 

the tested conditions, ensuring the accuracy of the heat transfer coefficient deduced from 

the overall UA. 

 

Figure 3.9: Baseline air-side pressure drop as a function of Re for different inlet 

temperatures. 
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Baseline ὔό  are compared with the predictions of laminar developing flow fully 

developed flow correlations for uniform wall temperature and uniform heat flux boundary 

conditions. For ὙὩ ρςππ, Nu agrees reasonably well with the fully developed 

rectangular channel correlation of Shah and Bhatti (1987) with an MAPE of 6.59%. For 

ὙὩ ρςππ, Nu agrees reasonably well with the laminar component of the simultaneously 

developing flow correlation for rectangular channels developed by Garimella et al. (2001) 

with a MAPE of 14.47%. The data on heat transfer for simultaneously developing flow 

with a uniform wall temperature boundary condition from Wibulswas (1966) also agreed 

reasonably well with the present Nu data, with a MAPE of 11.11% and 11.17%, 

respectively. The differences between the measured and predicted values can be attributed 

to the fact that the correlations are for the uniform wall temperature and uniform heat flux 

boundary conditions, while the boundary conditions encountered in the heat exchanger are 

neither.  
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The frictional pressure drop inside the fin channel is calculated from the total 

measured pressure drop across the heat exchanger using Equation 3.4. Over the tested 

conditions, the frictional pressure drop accounted for greater than 77% of the total 

measured air-side pressure drop. The Darcy f is calculated from this frictional pressure drop 

using Equation 3.13. 

 

Figure 3.10: Baseline air-side Nuavg as a function of Re for different inlet 

temperatures. 
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(3.13) 

The baseline f as a function of the air-side Re is compared with laminar developing and 

laminar fully developed correlations in Figure 3.11. The baseline f decreases from πȢρφφ 

to πȢπςω as Re increases over the tested range, in a near-linear fashion on log-log scales, 

lending credence to the hypothesis that the flow is in the laminar region. The results were 

compared with the predictions of the fully developed rectangular channel correlation from 

Bhatti and Shah (1987), the laminar hydrodynamically developing correlation of Du Plessis 

and Collins (1992), and the simultaneously developing correlation of Muzychka and 

Yovanovich (2004). The measured f agreed reasonably well with the laminar 

hydrodynamically developing correlation of Du Plessis and Collins (1992) with an MAPE 

of 12.32%. The slight disagreement between measured and predicted values can be 

attributed to the uncertainty in the empirically determined contraction and expansion minor 

loss coefficients used to isolate frictional pressure drop from the measured pressure drop. 
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The Colburn j factor defined by Equation 3.14 is plotted alongside the Darcy f in 

Figure 3.12. The slopes of the Colburn j factor and f are roughly parallel as a function of 

Re confirming the heat and momentum analogy. 

 
Ὦ

ὔό

ὙὩὖὶȾ
 (3.14) 

 

Figure 3.11: Baseline air-side f as a function of Re for different inlet 

temperatures. 
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For a rectangular channel, the critical Re for the transition from laminar flow can 

be approximated as a function of the rectangular channel aspect ratio (Equation 3.15) 

(Chang et al., 2012).   

 ὙὩ ςφψωρ ρȢυρυ‌ πȢςσχ‌ τȢσσφ‌ χȢυφσ‌ υȢσσς‌ ρȢτπω‌  (3.15) 

For a fin channel aspect ratio of πȢςρ, this expression yields ὙὩ ρωσφ. However, 

although the maximum air-side Re was measured to be 5666, the flow was deemed to be 

 

Figure 3.12: Baseline Colburn j factor and Darcy f as a function of Re for 

different inlet temperatures. 
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laminar and in the entrance region. This is because an appreciable slope change indicating 

transition from laminar to turbulent flow was not observed for Nu and f over the tested Re 

range. Transition from laminar to turbulent flow is usually associated with larger Nu values 

and a more significant slope change.  

While transition from laminar to turbulent flow in a channel or pipe occurs at 

ὙὩ ςπππ, the turbulence intensity, the geometry of the entrance, wall roughness, and 

entrance length are other important factors that can influence and possibly delay flow 

transition (Pfenninger, 1961; Draad et al., 1998; Grossmann, 2000; Zanoun et al., 2009). 

For example, Hartnett et al. (1962) indicated that for a rectangular channel with an aspect 

ratio of πȢςπ, ὙὩ  can be as high as 7000 while Meyer and Olivier (2014) and Tam and 

Ghajar (1997) similarly observed delayed flow transition between υρππὙὩ χπππ 

for flow in a round tube with a smooth entrance configuration. In this study, the lack of, or 

more gradual, transition can potentially be explained by the channel entrance length, the 

smooth channel entrance created by the mounted half round bullnoses, and the low 

turbulence intensity of the wind tunnel facility due to the three upstream flow straighteners. 

In wind tunnels, the turbulence intensity can range from πȢπςϷ up to ρυϷ, with most 

aeronautical wind tunnels having turbulence intensities less than ρϷ (Lyles et al., 1971; 

Blessmann, 1982; ItǾ et al., 1992; Balendra et al., 2002; Nader et al., 2006; Chamorro and 

Porté-Agel, 2009; Carbó Molina et al., 2019).  

Various studies have concluded that ὙὩ  is inversely proportional to the turbulence 

intensity, where fluid flow with low levels of perturbations at the inlet require larger Re for 

transition to occur (Draad et al., 1998; Grossmann, 2000; Zanoun et al., 2009). 



 68 

Additionally, for flow in the entrance region, the critical transition length, defined as the 

downstream distance where laminar to turbulent transition begins, must be considered. 

While the critical transition length is not clearly defined in the literature (Zanoun et al., 

2009; Hasan and Demirpolat, 2018), experiments conducted by Zanoun and Egbers (2016) 

indicate that larger critical lengths, (x/D > 100) are required at Re < 20,000. This suggests 

that for developing flow in the entrance region, it is possible for laminar flow to exist 

beyond ὙὩ  if the channel is not long enough to trigger turbulence.      

In the entrance region, the developing boundary layers are thin, leading to higher 

local heat transfer coefficients that decrease as a function of length in the streamwise 

direction, approaching the constant fully developed Nu of ~4.74 for a 0.21 aspect ratio 

rectangular channel with the uniform wall temperature boundary condition. This 

asymptotic trend is shown in Figure 3.9, the baseline ὔό  as a function of the 

dimensionless channel length. The dimensionless channel length ᾀᶻ , also known as the 

inverse Graetz number, is shown in Equation 3.16.  

 
ᾀᶻ Ὃᾀ

ὒ

ὈὙὩὖὶ
 (3.16) 
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For internal laminar flow of air, the hydrodynamic and thermal entrance length are 

approximately equal because the Prandtl number is ~1. When the channel dimensionless 

length is less than 0.03, Nu asymptotically decreases, suggesting that the flow is 

developing, with the entrance length exceeding the πȢςπσς Í channel length. When the 

dimensionless length is greater than 0.03, Nu approaches a constant value of ~5, suggesting 

 

Figure 3.13: Baseline air-side Nuavg as a function of the channel dimensionless 

length. 
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that the flow is approaching the fully developed case within this range, agreeing reasonably 

well with the developing flow data presented by Shah and London (1978b). 

To confirm this hypothesis that the flow is in the entrance region, a simple 

computational fluid dynamics (CFD) model is developed to simulate the air flow through 

one rectangular fin channel. The fluid flow simulations are performed using commercial 

CFD software, ANSYS FLUENT (ANSYS, 2021). Meshing is performed using the 

meshing tool in the ANSYS Workbench platform. The three-dimensional model geometry 

and the model mesh are shown in Figure 3.14. The grid size for the freestream fluid domain 

is ςȢππ ÍÍ and a wall grid is implemented near the channel boundaries to resolve the 

viscous sublayer. The wall mesh, also shown in Figure 3.14, has a total of 20 layers and a 

growth rate of 1.2. The steady state three-dimensional continuity and momentum equations 

are solved using the viscous laminar model. The SIMPLE algorithm is used to achieve 

pressure-velocity coupling, and a second-order upwind scheme is used to discretize the 

convective terms of the governing equations. 
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At the channel inlet, the velocity of the air is specified. The no-slip boundary condition is 

set at the solid walls of the channel and the pressure outlet boundary condition is specified 

at the outlet of the rectangular channel. Simulations are run for four different inlet channel 

velocities spanning ςȢρπφ Í Ó  to ψȢτψω Í Ó  corresponding to channel Re ranging from 

850 to 3600. The model is deemed to be converged when the residuals for velocity and 

continuity are less than ρ ρπ . The predicted horizontal and vertical centerline air 

velocity profiles at the channel midway point (0.1066 m) and exit (0.2032 m) are shown as 

a function of position for the four different inlet velocities in Figure 3.15. The laminar fully 

developed velocity profile for the rectangular channel at each inlet velocity is calculated 

and plotted on the same axis for comparison using the analytical solution of Shah and 

London (1978b). The CFD model results confirm the hypothesis that the air flow is 

 

Figure 3.14: Modeled single rectangular channel geometry including mesh and 

wall grid.  
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developing within the channel over the tested Re range. The hydrodynamic entrance length 

is defined as the length required for the maximum channel velocity to reach ~99% of that 

for the fully developed velocity profile (Shah and London, 1978a). 

 

With an inlet velocity of ςȢρπφ Í Ó , the model predicted a maximum channel velocity 

of σȢςτ Í Ó  and σȢσχ Í Ó  at channel lengths of ρπρȢφ ÍÍ and ςπσȢς ÍÍ, 

respectively, equaling ~89% and ~93% of σȢφσ Í Ó , the maximum fully developed 

channel velocity. While the predicted velocity profile indicates that the 203.2 mm length 

channel is within the entrance length, the developing velocity profile appeared to be nearly 

fully developed within the channel, explaining why the measured ὔό  is approximately 

equal to the fully developed Nu at Re < 1200 ᾀᶻ πȢπσ in Figure 3.10 and Figure 3.13. 

As the inlet velocity increases, the entrance length also increases, resulting in greater 

 

Figure 3.15: Modeled (a) horizontal channel centerline velocity profile and (b) 

vertical channel centerline velocity profile as a function of position at channel 

lengths of 101.6 mm and 203.2 mm for different inlet velocities. Centerline 

laminar fully developed velocity profile (Shah and London, 1978a) for the 

different inlet velocities is also shown for comparison. 
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differences between the simulated and fully developed velocity profiles due to the 

formation of thinner boundary layers found in the entrance region. With an inlet velocity 

of τȢςτσ Í Ó , the model predicted a maximum channel velocity of φȢρυ Í Ó  and 

φȢτχ Í Ó  at channel lengths of ρπρȢφ ÍÍ and ςπσȢς ÍÍ respectively, equaling ~84% 

and ~88% of χȢσς Í Ó , the maximum fully developed channel velocity. Similarly, with 

inlet velocities of φȢσφχ Í Ó  and ψȢτψω Í Ó , the maximum predicted velocity at the 

channel exit is equal to ~85% and ~83% of the respective maximum fully developed 

channel velocities. 

3.2.4 Reed Enhancement Results 

A set of 1440, υπȢψ-mm long, ρυȢω-mm wide, πȢπςυ-mm thick rectangular Mylar reeds 

was installed in the heat exchanger fin channels. Over the tested conditions, the heat 

transfer enhancement, defined as ὔό  with the addition of reeds divided by ὔό  

without reeds, ranged from 1.2 to 1.6 as shown in Figure 3.16a, corresponding to reed-

enhanced heat transfer coefficients of ςφȢςφ 7 Í  +  and τωȢτυ 7 Í  +  at ὙὩ

ρςππ and ὙὩ στππ, respectively. Similarly, the f penalty, defined as f with reeds divided 

by f without reeds, ranged from 1.5 to 3.0 as shown in Figure 3.16b. The heat transfer 

enhancement graph plateaus as Re increases, while the f penalty increases approximately 

linearly as the air-side channel Re increases. The fluttering reeds generate vortical 

structures that propagate down the length of the airstream inside the heat exchanger fin 

channels, improving mixing and disrupting the thermal boundary layer. As the baseline 

heat transfer increases and transitions to turbulence at Re ~ρπ, the heat transfer 

enhancement will decrease, gradually approaching a value of one as observed in single 
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channel experiments of Jha (2021). This is expected because when the baseline flow is 

already fully turbulent, the reed motion will not significantly alter the already unsteady and 

chaotic flow and will instead incur a f penalty due to the channel blockage without 

substantially improving heat transfer. The experiments were repeated incrementally 

increasing and decreasing Re to investigate hysteresis due to the hysteretic behavior of the 

onset of flutter. Over the tested range, hysteresis was not observed, suggesting that the 

minimum channel velocity exceeded the critical flutter velocity for the onset of flutter. 

 

At Re > 2700, a small amount of reed deterioration was observed due to fatigue; 

therefore, the heat transfer enhancement and f penalty are divided into Low Range and High 

Range Data regions in the above figures. However, as the deterioration was minor 

compared to the original reed length, the measured High Range Data presented in Figure 

3.16 still followed the expected trend. The baseline and reed-enhanced air-side, water-side, 

 

Figure 3.16: (a) Heat transfer enhancement and (b) friction factor penalty as a 

function of channel Reynolds number for the 0.025-mm thick Mylar reeds. 
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and conduction thermal resistance values are shown in Figure 3.17 for an air-side Re of 

1200 and 3400. As previously discussed, the air-side presents the maximum resistance to 

heat transfer, indicating the need for enhancement. On the water side, the mass flow rate is 

maintained at πȢρυ ËÇ Ó , yielding a heat transfer coefficient of χͯσπ 7 Í  + .  At Re 

= 1200, the baseline air-side thermal resistance accounts for 94.0% of the total resistance 

with a heat transfer coefficient of ςπȢσς 7 Í  +  and an effective internal to external 

surface area ratio ὃ ȟ ) of 0.466, accounting for the respective air-side and water-

side fin efficiencies. With the fluttering reeds, the total thermal resistance decreases from 

τȢυςρπ to σȢφψρπ + 7  with the air-side thermal resistance now accounting 

for 92.7% of the total resistance with Ὤ ςφȢςφ 7 Í  +  and ὃ ȟ πȢτψτ. 

At Re = 3400, the baseline air-side thermal resistance accounts for 91.5% of the total 

resistance with Ὤ σπȢσψ 7 Í  +  and ὃ ȟ πȢτωφ.  With the fluttering 

reeds, the total thermal resistance decreases from σȢπςρπ  to ςȢσφρπ + 7  with 

the air-side thermal resistance now accounting for 88.6% of the total resistance with Ὤ

τψȢπω 7 Í  +  and ὃ ȟ πȢυτσ. 
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Additional experiments are conducted with a set of 1440, υπȢψ-mm long, ρυȢω-mm 

wide, πȢπρσ-mm thick rectangular Mylar reeds. With an air inlet temperature of ρυᴈ, the 

heat transfer enhancement ranges from 1.3 to 1.6 for ρςππὙὩ ςχυπ. Similarly, the f 

penalty ranged from 1.7 to 3.2. Data points matching the nominal Strouhal number for 

these cases Ὓὸͯ ρȢσ from single-channel and nine-channel fin array experiments for 

Mylar and Polyester reeds in πȢςπ aspect ratio rectangular channels (Jha, 2021) are 

 

Figure 3.17: Baseline and reed-enhanced thermal resistance values for Re = 1200 

and Re = 3400. 
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included for comparison as shown in Figure 3.18. The heat transfer with reeds measured 

in this study agrees well with the benchtop nine-channel fin array data at Re = 1500; 

however, at Re = 3000, the present data agree more with the single-channel data. 

 

Figure 3.19 shows the comparison between the heat transfer enhancement and the 

f penalty for the tested πȢπρσ-mm and πȢπςυ-mm thick Mylar reeds with an air-side inlet 

temperature of ρυᴈ. Heat transfer enhancement for the two different reed thicknesses was 

similar, with a MAPE of 3.12% and an AAD of 0.046. Based on these results, it appears 

 

Figure 3.18: Heat Transfer enhancement and f penalty as a function of Re for the 

50.8-mm long, 15.9-mm wide, 0.013-mm thick Mylar reeds. Present study, and 

single-channel, and nine-channel fin array data (Jha, 2021). 
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that heat transfer with a υπȢψ-mm long Mylar reed may not depend appreciably on its 

thickness if the critical velocity for the reed to flutter is met. The f penalty for the πȢπρσ-

mm thick reed was larger than the corresponding value for the πȢπςυ-mm thick reed by an 

average of σςϷ over the compared Re range, which may be attributed to the increased 

flutter frequency of the thinner reed as shown in Figure 3.20, the fluttering reed Ὓὸ as a 

function of Re measured in a 24-channel fin array experiment by project collaborators 

(Crittenden, 2023). The 0.013-mm thick reeds had a higher oscillation frequency, yielding 

ρȢπ Ὓὸ ρȢτ, while the 0.025-mm thick reeds had a lower oscillation frequency, 

yielding πȢφ Ὓὸ πȢω.  

 

 

Figure 3.19: (a) Heat transfer enhancement and (b) f penalty as a function of Re 

for the 50.8-mm long, 0.013-mm and 0.025-mm thick Mylar reeds. 
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Within the Re range considered in this study, heat transfer enhancement due to the 

fluttering reed motion is independent of oscillation frequency because the reed motion 

causes the transition from laminar to turbulent flow, and the irregular turbulent fluctuations 

within the channel dominate over the periodic vortical structures that are generated due to 

the sinusoidal reed motion. The reed-enhanced f on the other hand, is dependent on Ὓὸ 

 

Figure 3.20: StL as a function of Re for the 0.013-mm and 0.025-mm thick Mylar 

reeds (Crittenden, 2023). 
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because the reeds act as a physical blockage within the channel, increasing the resistance 

for air flow as flutter frequency increases. 

 

Figure 3.21 shows the 0.025-mm and 0.013-mm thick reed-enhanced Colburn j factor 

and Darcy f as a function of Re alongside the baseline values. While the baseline j and f 

values appear roughly parallel as a function of Re confirming the heat and momentum 

analogy, the slopes of the reed-enhanced j and f values are not parallel because f is 

dependent on Ὓὸ while j is not. The reed-enhanced f has a smaller slope than the j factor 

 

Figure 3.21: Baseline and reed-enhanced Colburn j factor and Darcy f as a 

function of Re for the 0.013-mm and 0.025-mm thick Mylar reeds. 
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as Re increases due to the 0.013-mm and 0.025-mm thick reed Ὓὸ respectively 

approaching constant values of ~1.30 and ~0.87 for Re > 1500 and Re > 2500 as shown in 

Figure 3.20. 

Reed deterioration due to fatigue was observed for both the πȢπρσ-mm thick and the 

πȢπςυ-mm thick reeds for Re > 2700. The deterioration in the thinner reed was more severe 

and was possibly accelerated due to the increased flutter frequency. The πȢπςυ-mm thick 

reeds deteriorated less than the πȢπρσ-mm thick reeds after more extensive testing as shown 

in Figure 3.22, suggesting that increasing the additional thickness increases durability. 

While increasing the thickness may extend the reed lifetime and reduce the f penalty, the 

tradeoff is that the thicker reed will require a larger critical air velocity to start fluttering as 

indicated from benchtop fin array experiments conducted in a 24-channel fin array. Reed 

geometry could be optimized to increase durability and decrease the pressure drop penalty 

for an air-coupled heat exchanger operating within a specified Re range. 
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3.3 Alternative Reed Geometry 

For Re > 2700, it is observed that the corners of the 0.025-mm thick rectangular 

Mylar reeds start to deteriorate. It is possible that the corners of the reed tip deteriorate 

first, potentially due to oscillation mode transition from the sinusoidal, single-frequency 

limit cycle flapping regime to the irregular, multi-frequency, multi-amplitude chaotic 

flapping regime as the channel velocity increases (Connell and Yue, 2007). In the chaotic 

flapping regime, torsion and violent snapping, or a rapid acceleration of the reed tip can 

occur as observed by Connell and Yue (2007). This chaotic and rapid bending of the reed 

can lead to material failure at the corners, which may then lead to further deterioration 

propagating through the remaining reed length, accelerated due to the asymmetric 

geometry and resulting in the broken reeds shown in Figure 3.22a. 

 

Figure 3.22: Deteriorated (a) 0.013-mm thick and (b) 0.025-mm thick rectangular 

Mylar reeds. 
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As it is believed that the reed deterioration starts at the corners, two alternative reed 

geometries are investigated as a method to potentially delay the onset of deterioration at 

Re > 2700. The proposed alternative geometries are made of Mylar and have a length of 

50.8 mm and a thickness of 0.025 mm like the original tested reed geometry. The two 

alternative geometries are presented in Figure 3.23 alongside the original rectangular 

geometry for comparison. Variation 1 retains the same width of 15.9 mm like the original 

geometry; however, the ends of the reed are semi-circular with a radius of 7.95 mm. A 

potential benefit of this geometry is that the rounded end eliminates the previously 

observed reed failure point by eliminating the corners. Variation 2 is a rectangular 

geometry similar to the original reed; however, the width is reduced from 15.9 mm to 14.0 

mm. A potential benefit of this geometry is that decreasing the width may reduce or delay 

the torsional motion and violent snapping that is often observed in the chaotic flapping 

regime.           
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 Forty eight of the original 0.025-mm thick rectangular Mylar reeds are removed 

from the heat exchanger fin channels and 24 of the 14.0-mm wide rectangular reeds and 24 

of the semi-circular ended reeds are manually installed in the open channels in pairs of two 

to investigate whether the proposed geometry exhibits increased durability compared to the 

original 0.025-mm thick rectangular geometry. As only 48 out of the 1440 installed reeds 

have been replaced, it is expected that the newly installed reeds will not significantly affect 

the heat transfer and pressure drop of the reed enhanced heat exchanger compared to the 

previously measured values. Therefore, these experiments are intended only to inspect 

whether deterioration is observed in the potential alternative reed geometries for Re > 3400.  

 

Figure 3.23: Original 50.8-mm long, 15.9-mm wide, 0.025-mm thick rectangular 

Mylar reed compared to two potential alternative reed geometries. 
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Experiments are initially conducted with an inlet air temperature of ςπᴈ spanning 

ρςππὙὩ στππ. Deterioration of the alternative reed geometry is not observed in the 

heat exchanger fin channels within this range; therefore, additional tests are conducted 

extending up to Re = 3600. Deterioration occurred at the ends of the removed sample of 

the alternative geometry reeds as shown in Figure 3.24. The semi-circular tipped reeds 

appeared to start deteriorating from the curved tip while the 14.0-mm wide rectangular 

reeds appeared to start deteriorating from the corners similarly to the originally tested 15.9-

mm wide rectangular reed, likely due to the continuous snapping of the reed in the chaotic 

flapping flow regime. With these observations, it is unclear if the modified geometry 

delayed the onset of deterioration. 

     

 

Figure 3.24: Deteriorated (a) rounded end 15.9-mm wide and the (b) rectangular 

14.0-mm wide Mylar reeds. 
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While altering the reed shape may yield potential benefits, the experiments with the 

rounded tip and the reduced width reed are inconclusive as the experiment did not account 

for the effects of fatigue due to continuous cycling over time. The original 1440, υπȢψ-mm 

long, ρυȢω-mm wide, πȢπςυ-mm thick rectangular Mylar reeds were tested for ~600 hours 

while the 48 alternative geometry reeds were tested for ~10 hours although at a higher Re. 

As it is believed that the transition from the limit-cycle flapping to the chaotic flapping 

regime significantly accelerates reed deterioration, it is desirable to avoid oscillation mode 

transition for a range of specific operating conditions. Further studies are required to 

investigate different reed geometries and identify the critical flutter velocity required for 

onset of the limit cycle flapping oscillation mode as well as the critical velocity for the 

transition to the chaotic flapping oscillation mode for different reed geometries.  

3.4 Conclusions 

Thin film Mylar fluttering reeds are investigated as a mechanism to enhance air-side 

heat transfer in an air-coupled heat exchanger. Air-side heat transfer and pressure drop in 

a crossflow plate-fin heat exchanger are measured over a range of air inlet temperatures 

and flow rates spanning ψππὙὩ φπππ without the reeds and ρςππὙὩ στππ 

with the reeds installed in the heat exchanger fin channels. Over the tested conditions, the 

πȢπςυ-mm thick reeds enhanced the air-side heat transfer by a factor of 1.2 and 1.6 and 

increased the f penalty by a factor of 1.7 and 3.2 at an air-side Re of 1200 and 3400, 

respectively. Decreasing the reed thickness from πȢπςυ ÍÍ to πȢπρσ ÍÍ yielded similar 

heat transfer while increasing the f penalty by an average of σςϷ due to the increased 

oscillation frequency spanning ρςππὙὩ ςχυπ. Thus, heat transfer enhancement may 
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be similar if the air velocity is greater than the reed geometry dependent critical flutter 

velocity, and it may be possible to reduce the pressure drop penalty through geometric 

optimization.  

While both sets of reed enhancement experiments demonstrate heat transfer 

enhancement, reed deterioration due to fatigue was observed for both the πȢπρσ-mm thick 

and the πȢπςυ-mm thick reeds for Re > 2700. Alternative reed geometries were investigated 

to potentially delay the onset of reed deterioration at Re > 2700. It is believed that as the 

Re increases, oscillation mode transition to the chaotic flapping regime significantly 

accelerates reed deterioration. Further studies are required to identify the critical velocity 

for the transition to the chaotic flapping oscillation mode for different reed geometries to 

identify the optimal reed geometry for a specific operating range. 
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CHAPTER 4. HEAT TRANSFER AND PRESSURE DROP 

UNDER MALDISTRIBUTED AIR FLOW CONDITIONS  

In air-coupled heat exchanger design, it is commonly assumed that the inlet air flow 

and temperature distribution are both uniform and steady. While this is convenient for 

model development, under real operating conditions present in industrial applications, 

these assumptions may be unrealistic due to air flow nonuniformity. Experimental and 

analytical studies have been conducted to investigate the effect of air flow nonuniformity 

on heat exchanger performance. The findings indicate that air flow maldistribution can 

increase or decrease heat transfer depending on the heat exchanger geometry, header 

configuration, orientation, and velocity profile. In this study, the experimental facility is 

modified with a manually operated parallel blade damper installed upstream of the heat 

exchanger test section. This facility modification enables the inlet air velocity profile to be 

systematically altered by varying the pitch of the blades in set increments to modify the 

degree of maldistribution. Experiments are conducted to measure the air-side Nu and f with 

and without reed enhancement for the πЈ uniform air flow case up to the τπЈ angled case 

in ρπЈ increments to characterize the reed-enhanced heat transfer and pressure drop under 

nonuniform air flow conditions. 

4.1 Experimental Approach 

The experimental facility described in the previous chapter is modified to enable 

simulation of nonuniform air flow conditions and measure the resulting heat transfer and 

pressure drop. A manually operated parallel blade damper is installed after the third flow 
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straightener upstream of the heat exchanger test section as shown in Figure 4.1. The damper 

assembly has two airfoil shaped blades connected to an extended shaft and crank arm with 

a mounted quadrant. This allows for the pitch of the parallel blades to be manually set so 

that the air flow angle can be increased in set increments, varying the degree of air flow 

maldistribution.  

In addition, with the air flow being biased upwards as the blade pitch increases, the 

Dwyer low range differential pressure transmitter (Dwyer 607-3, uncertainty πȢυϷ of 

full scale, ςτψȢψτ 0Á) is now connected to a pair of vertically mounted averaging flow 

sensors (Dwyer PAFs-1006) installed upstream and downstream of the heat exchanger test 

section to measure the air-side pressure drop averaged across the 0.3556-m height 

dimension. Previously for the uniform air flow experiments, the averaging flow sensors 

(Dwyer PAFs-1010) used to measure the pressure drop were mounted horizontally to 

measure the average velocity across the 0.5791 m heat exchanger width dimension. This 

change is made because under the angled flow conditions, the horizontally mounted sensors 

may measure a local pressure drop instead of the average value across the heat exchanger. 
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 Using the methods previously discussed in Chapter 3, the air-side heat transfer 

coefficient is determined using the Effectiveness-NTU approach.  The rate of heat transfer 

is measured using the water-side mass flow rate, the inlet and outlet temperatures, and the 

average specific heat. Using the effectiveness relationship for a heat exchanger in crossflow 

with both fluid streams unmixed (Bergman et al., 2011), and calculating the water-side 

convective resistance and the conduction resistance, the air-side thermal resistance and heat 

transfer coefficient can be deduced. 

 To determine the air-side frictional pressure drop inside the heat exchanger fin 

channels to calculate the baseline and reed-enhanced f under maldistributed flow 

conditions, the pressure drop due to acceleration and the estimated minor losses due to the 

 

Figure 4.1: (a) Manually operated damper and (b) modified maldistribution heat 

exchanger test section. 
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angled inlet air flow, inlet contraction, and outlet expansion are subtracted from the total 

measured pressure drop using Equation 4.1. 

 ɝὖ ɝὖ ɝὖȟ ɝὖȟ ɝὖ ɝὖ  (4.1) 

The minor loss coefficient due to the angled inlet air flow ὑȟ, is estimated using the 

expression proposed by Mohandes et al. (1984) (Equation 4.2) with — defined as the semi-

apex angle of a V-styled heat exchanger array. 

 
ὑȟ ὑ ὑ Ј ςὑȢ

ρ

ÓÉÎ—
ρ

ρ

ÓÉÎ—
ρ (4.2) 

The contraction minor loss coefficient is estimated using the recommendations of Kays 

(1950) and Meyer and Kröger (2001) while the outlet flow expansion minor loss coefficient 

is estimated using the Borda-Carnot equation (Çengel and Cimbala, 2018) as discussed 

previously in Chapter 3.  

Baseline and enhancement experiments are conducted to characterize the heat 

transfer and pressure drop characteristics with the manually operated damper blade pitch, 

‰, varied from πЈ (normal air flow case) to τπЈ in increments of ρπЈ (Equation 4.3) to 

determine the effect of air flow maldistribution on the heat transfer and pressure drop. 

 ‰ ωπ— (4.3) 

On the water side, the inlet temperature is maintained at φπᴈ with a mass flow rate of 

πȢρυ ËÇ Ó , yielding a laminar water-side channel Re of ~855. On the air side, the 

temperature at the heat exchanger inlet is maintained at ςπᴈ. For the baseline experiments, 
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the air-side volumetric flow rate ranged from πȢςσυ Í Ó  to πȢωττ Í Ó  

corresponding to ψυπὙὩ σφππ under uniform air flow conditions. After the baseline 

Nu and pressure drop are measured for the five different angles, a set of 1440, υπȢψ-mm 

long, ρυȢω-mm wide, and πȢπςυ-mm thick rectangular Mylar reeds is manually installed in 

the fin channels in pairs of two and the experiments are repeated. For the reed enhanced 

experiments, the tested air-side volumetric flow rate ranged from πȢςσυ Í Ó  to 

πȢφφρ Í Ó  corresponding to ψυπὙὩ ςυππ under uniform air flow conditions to 

minimize the risk of reed deterioration in the fin channels that have an increased local 

channel velocity due to the angled air flow. 

4.2 Results and Discussion 

Heat transfer enhancement and f penalty are reported and discussed for both the 

baseline and reed-enhanced case under maldistributed air flow conditions. For the baseline 

results, the maldistributed Nu and f are compared to the normal (πЈ air flow case with heat 

transfer enhancement and f penalty defined as ὔό and Ὢ under maldistributed air flow 

conditions divided by the respective value under uniform πЈ air flow conditions 

.ÕȾ.Õȟ ÁÎÄ ὪȾὪȟ  to quantify the effects of air flow maldistribution on bare-

channel heat exchanger performance. 

For the reed-enhanced results, the maldistributed Nu and f with fluttering reeds are 

compared to the respective bare-channel Nu and f under the same air flow conditions with 

heat transfer enhancement and f penalty defined as ὔό  and Ὢ  under maldistributed 

air flow conditions divided by the respective ὔό and Ὢ under the same maldistributed air 
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flow conditions .Õ Ⱦ.Õ ÁÎÄ Ὢ ȾὪ  to quantify the effects of air flow 

maldistribution on reed performance.  

4.2.1 Experimental Baseline Results 

Figure 4.2 shows the baseline heat duty and the air-side ὔό  as a function of Re 

for the different air flow damper blade angles. As Re increases from 850 to 3600, the heat 

duty approximately increases from υ Ë7 to ωȢυ Ë7 while ὔό  approximately increases 

from υ to ρπ.  

 

For the ρπЈ case, both the heat duty and Nu remain equal to the respective normal (πЈ air 

flow case within measurement uncertainty over the entire Re range. This could be because 

the ρπЈ damper blade angle did not significantly alter the velocity profile compared to the 

uniformly distributed air flow case. As the air flow angle is increased beyond ρπЈ, heat 

 

Figure 4.2: Baseline (a) heat duty and (b) air-side Nuavg as a function of Re for 

different air flow damper blade angles. 
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transfer enhancement is observed compared to the πЈ uniform air flow case. The magnitude 

of the enhancement increases as a function of Re. For the ςπЈ case, for ὙὩ ςπππ, Nu is 

enhanced by an average of 5.79% with a maximum of 7.97%. Finally, for the σπЈ and τπЈ 

case, for ὙὩ ρφππ Nu is enhanced by an average of 9.79% and 13.96% with a maximum 

of 14.59% and 18.24%, respectively. 

 

 

Figure 4.3: Baseline heat transfer enhancement as a function of Re for the (a) 10º, 

(b) 20º, (c) 30º, and (d) 40º air flow damper blade angle cases. 
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Figure 4.3 shows the heat transfer enhancement, defined as ὔό  under 

maldistributed inlet air flow conditions divided by ὔό  under uniform air flow 

conditions as a function of Re for the different air flow damper blade angles. The 

propagated error indicates that enhancement outside of measurement uncertainty is 

observed for ὙὩ ςυππ and ὙὩ ςπππ for the respective σπЈ and τπЈ air flow damper 

blade angle cases. 

Air flow maldistribution can increase or decrease heat transfer depending on the 

heat exchanger header configuration, orientation, and inlet velocity profile. In this 

investigation, it is observed that the air-side heat transfer is enhanced as the air flow angle 

is increased from πЈ to τπЈ. It is predicted that increasing the pitch of the damper blades 

directs the air flow upwards resulting in local regions of increased channel velocities near 

the top of the heat exchanger face area and local regions of decreased channel velocities 

near the bottom of the heat exchanger face area. If the enhancement due to the increased 

Re in the upper channels is greater than that of the reduction due to the decreased Re in the 

lower channels, it is possible to enhance the air-side ὔό  compared to the uniformly 

distributed air flow case. The observed heat transfer enhancement may be explained by the 

trends observed in the uniform air flow baseline Nu plot for the same crossflow heat 

exchanger without the installed damper assembly. The Nu data shown in Figure 3.10 span 

a larger Re range than the experiments conducted in this present study and are plotted 

alongside rectangular channel laminar developing flow correlations and laminar fully 

developed flow correlations for uniform wall temperature and uniform heat flux boundary 

conditions available from the literature (Wibulswas, 1966; Shah and London, 1978b; Shah 

and Bhatti, 1987; Garimella et al., 2001). As shown in the graph, Nu increases in a near-



 96 

linear fashion as a function of Re on a log-log scale. However, at Re ~3000, there is a slight 

slope increase and when Re < 1200, the present data agree well with the laminar fully 

developed uniform wall temperature correlation of Shah and Bhatti (1987), approaching a 

constant value of 4.74. With the reduced velocity channels constrained by the constant fully 

developed Nu and the Nu in the increased velocity channels potentially increasing at a 

greater rate as a function of Re, it is possible for heat transfer to be enhanced. 

The baseline pressure drop and f as a function of Re for the different air flow damper 

blade angles are shown in Figure 4.4. As Re increases from 850 to 3600, the average 

pressure drop approximately increases from ρτ 0Á to ρσς 0Á while the average f 

approximately decreases from πȢρχω to πȢπτυ. 

 

As the air flow angle increases, the average pressure drop across the heat exchanger and f 

also increase compared to the πЈ case. For the ρπЈ case, f increases by an average of 8.12% 

 

Figure 4.4: Baseline (a) air-side average pressure drop and (b) air-side f as a 

function of Re for different air flow damper blade angles. 
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compared to the uniform air flow, πЈ case, over the entire tested Re range. For the ςπЈ case, 

f increases by an average of 8.29% while for the σπЈ and τπЈ cases, f increases by 9.54% 

and 10.79% respectively.  

The average pressure drop increases as a function of the air flow angle. This 

increase in the measured air-side pressure drop is partially explained by the increased inlet 

air flow loss coefficient that increases as a function of the air flow angle relative to the heat 

exchanger orientation. 

Figure 4.5 shows the f penalty, defined as the average air-side f under maldistributed 

air flow conditions divided by the average air-side f under uniform air flow conditions as a 

function of Re for the different air flow damper blade angles. The propagated uncertainty 

indicates that an increased f penalty outside of measurement uncertainty is not observed 

for the ρπЈ case over the tested Re range, while for air flow angles greater than ρπЈ, an 

increased f penalty outside of measurement uncertainty is observed for Re > 3200 for the 

ςπЈ case and for Re > 3000 and Re > 2300 for the σπЈ and τπЈ angled cases, respectively. 



 98 

 

4.3 Experimental Reed Enhancement Results 

Figure 4.6 shows the reed-enhanced heat duty and ὔό  as a function of Re for the 

different air flow damper blade angles. As Re increases from 850 to 2500, the reed-

enhanced heat duty approximately increases from υȢυ Ë7 to ωȢυ Ë7 while ὔό  

approximately increases from υȢχ to ρρȢφ. Over the tested conditions, varying the air flow 

angle did not appear to significantly affect the reed-enhanced heat duty and the ὔό . As 

 

Figure 4.5: Baseline f penalty as a function of Re for the (a) 10º, (b) 20º, (c) 30º, 

and (d) 40º air flow damper blade angle cases. 
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the air flow angle increases, both the heat duty and the measured Nu remain approximately 

equal to the normal (πЈ air flow case within measurement uncertainty. 

 

As observed in the uniform air flow experiments, the fluttering reed motion causes the 

transition from laminar to turbulent flow. The data for the 0.013-mm and the 0.025-mm 

thick Mylar reeds under uniform flow conditions suggest that when the critical flutter 

velocity is exceeded, in the limit-cycle flapping regime (Connell and Yue, 2007), the 

irregular turbulent fluctuations within the channel dominate over the periodic vortical 

structures generated due to the sinusoidal reed motion resulting in Nu being independent 

of the frequency dependent Strouhal number while being dependent on Re. Under uniform 

air flow conditions, the reed-enhanced Nu increases in a near-linear fashion as a function 

of Re on log-log scales. Without a significant slope change in the Nu graph as a function 

of Re, it is possible that the decreased convective heat transfer in the locally reduced 

 

Figure 4.6: Reed-enhanced (a) heat duty and (b) air-side Nuavg as a function of Re 

for different air flow damper blade angles. 
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velocity channels is balanced by the enhanced heat transfer in the locally increased velocity 

channels, resulting in similar average heat transfer under uniform and maldistributed air 

flow conditions if the reduced local channel velocities still exceed the material and 

geometry dependent critical flutter velocity (Shelley et al., 2005; Connell and Yue, 2007; 

Jha et al., 2022) of the 50.8-mm long, 15.9-mm wide, 0.025-mm thick Mylar reeds over 

the entire tested Re range.  

The reed-enhanced pressure drop and f as a function of Re for the different air flow 

damper blade angles are shown in Figure 4.7. As Re increases from 850 to 2500, the 

average pressure drop approximately increases from ρωȢωψ 0Á to ρσπȢρψ 0Á while the 

average f approximately decreases from πȢςτ to πȢρτ. 

 

As the air flow angle increases, the reed-enhanced average pressure drop across the heat 

exchanger and f increase compared to the πЈ case. For the ρπЈ case, f increases by an 

 

Figure 4.7: Reed-enhanced (a) pressure drop and (b) air-side f as a function of Re 

for different air flow damper blade angles. 
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average of 6.46% compared to the uniform air flow, πЈ case, over the entire tested Re range. 

For the ςπЈ case, f increases by an average of 9.20% while for the σπЈ and τπЈ cases, f 

increases by 9.61% and 9.94% respectively. Similar to the baseline case, the increase in 

the measured air-side pressure drop is partially explained by the increased inlet air flow 

loss coefficient that increases as a function of the air flow angle relative to the heat 

exchanger orientation. 

These experimental results indicate that under the tested conditions, air flow 

maldistribution did not significantly affect the reed-enhanced heat transfer compared to the 

uniform air flow case if the channel velocity exceeded the reed material and geometry 

dependent critical flutter velocity. It is expected that if this velocity is not exceeded in the 

reduced velocity channels, the reeds will  not flutter potentially resulting in a reduction in 

heat transfer compared to the uniform air flow case. Although the measured reed-enhanced 

heat duty and Nu indicate that the heat transfer was not affected compared to the uniform 

air flow case, the pressure drop and f increased under non-uniform air flow conditions, 

similar to the baseline pressure drop.  

 The heat transfer enhancement and f penalty comparing the reed-enhanced Nu and 

f to the respective baseline value under the same air flow conditions are shown in Figure 

4.8. The measured heat transfer enhancement for the σπЈ and τπЈ cases decrease compared 

to the uniform air flow heat transfer enhancement as a function of Re because the baseline 

heat transfer increased slightly as a function of air flow angle while the reed-enhanced Nu 

remained approximately the same as a function of the air flow angle. The uniform air flow 

heat transfer enhancement increased from ~1.20 to ~1.60 while the σπЈ and τπЈ heat 

transfer enhancement increased from ~1.20 to ~1.45 and the ρπЈ and ςπЈ enhancement 
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increased from ~1.20 to ~1.70 as Re increased from 850 to 2500. While there are some 

variations in the measured heat transfer enhancement under different maldistribution 

conditions, resulting in a slight increase in heat transfer in the ρπЈ and ςπЈ air flow cases, 

all of the measurements fell within the measurement uncertainty of the uniform air flow 

case. 

 The f penalty increases from ~1.30 to ~2.25 as Re increases from 850 to 2500. 

Similar to the heat transfer enhancement measurements, there is a slight variation in the 

measured f penalty, although the magnitude of the variation falls within the measurement 

uncertainty for all of the different air flow angles because both the baseline and reed-

enhanced pressure drop are affected by the increased inlet flow loss coefficient that 

increases as a function of the air flow angle relative to the heat exchanger orientation.  

 

 

 

Figure 4.8: (a) Heat transfer enhancement and (b) f penalty as a function of Re 

for the different air flow angles. 
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4.4 Conclusions  

Air flow maldistribution can affect the heat transfer and pressure drop of air-coupled 

heat exchangers. In this study, the heat transfer and pressure drop of an experimental 

crossflow plate-fin heat exchanger with and without reed-enhancement is investigated 

under maldistributed air flow conditions. The inlet air velocity profile is systematically 

altered by varying the pitch of a manually operated parallel blade damper assembly located 

upstream of the heat exchanger test section. Experiments are conducted spanning ψυπ

ὙὩ σφππ without the reeds and ψυπὙὩ ςυππ with the reeds installed in the heat 

exchanger fin channels for the πЈ uniform air flow case up to the τπЈ angled case in ρπЈ 

increments. Over the tested conditions, the experiments indicate that heat transfer is 

enhanced for the baseline case without reeds as the air flow angle is increased greater than 

ρπЈ. For the τπЈ angle case, the Nu is enhanced by a maximum of 18.24% compared to the 

uniform air flow case. Varying the air flow angle did not appear to significantly affect reed-

enhanced air-side heat transfer under the tested flow conditions; however, the pressure drop 

across the heat exchanger increased for both the baseline and the reed-enhanced heat 

exchanger as the air flow angle was increased.  

The heat transfer enhancement and f penalty comparing the reed-enhanced Nu and f to 

the respective baseline value under the same air flow conditions are measured to identify 

the effect of maldistribution on reed performance. Over the tested conditions, heat transfer 

enhancement ranged from ~1.20 to ~1.70 while the f penalty ranged from ~1.30 to ~2.25. 

While there are some variations in the measured heat transfer enhancement under different 

maldistribution conditions, resulting in a slight increase in heat transfer in the ρπЈ and ςπЈ 

air flow cases, all of the heat transfer enhancement and f penalty measurements fell within 
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the measurement uncertainty of the πЈ uniform air flow case indicating that air flow 

maldistribution did not significantly affect the fluttering reed performance.  
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CHAPTER 5. HEAT TRANSFER AND PRESSURE DROP 

MODEL DEVELOPMENT  

Based on the data collected in this study, design tools to predict heat exchanger 

performance with and without fluttering reeds under uniform and nonuniform air flow 

conditions are developed. To achieve this, correlations to predict Nu and the f as a function 

of the relevant dimensionless parameters are developed. The proposed baseline and 

enhanced expressions assume the form of appropriate correlations available in the literature 

and are adjusted with empirical parameters to match the data.   

Additionally, to model the heat transfer and pressure drop of an air-coupled heat 

exchanger with and without reed enhancement under nonuniform air flow conditions, 

information about the local velocity profile is required. Further modifications are made to 

the existing experiment facility to measure the air velocity in different locations across the 

heat exchanger face area. These experimental results are compared with the results of a 

simple 2D CFD model to confirm the experimental trends. A segmented crossflow heat 

exchanger model is developed in which each tube is divided into three control volumes in 

the longitudinal direction allowing for the heat duty, temperature, and pressure drop to be 

determined within each segment accounting for the different local inlet air velocity. The 

previously developed uniform flow baseline and enhanced Nu and f correlations are used 

to model the air-side heat transfer coefficient and pressure drop. The heat exchanger model 

results are compared with the data presented in Chapter 4. 
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5.1 Correlation Development 

Semi-empirical correlations are developed for the πȢπρσ-mm and πȢπςυ-mm thick reed 

Strouhal number and the reed-enhanced Nu and f as a function of the relevant 

dimensionless parameters. The Ὓὸ is a function of the reed oscillation frequency Ὢ , 

reed length ὒ , and air velocity, as shown in Equation 5.1, and represents the ratio of the 

fluid flow oscillations due to inertial forces to the convective acceleration. 

 
Ὓὸ

Ὢ ὒ

ὠ
 (5.1) 

As Ὓὸ describes oscillating flow mechanisms, it is an important parameter to describe the 

periodic reed motion and its effect on heat transfer and pressure drop. The proposed Ὓὸ 

expression is a function of two dimensionless parameters, the reed mass ratio ὓᶻ  and the 

reduced velocity Ὗᶻ, two commonly used parameters to describe the flapping motion of 

flexible bodies (Huang, 1995; Watanabe et al., 2002a; Argentina and Mahadevan, 2005; 

Shelley et al., 2005; Jha and Glezer, 2018; Jha et al., 2022) (Equations 5.2 and 5.3). Here, 

”ȟὸȟὒȟ and Ὄ are the reed density, thickness, length, and height.   

 
ὓᶻ

”ὸ

” ὒ
 (5.2) 

 

Ὗᶻ ὠ
” Ὄὒ

Ὧ
 (5.3) 
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The variable Ὧ is the flexural rigidity, the reed resistance to bending (Equation 5.4), 

defined as the product of the reed material Youngôs modulus, and the second moment of 

inertia (Equation 5.5). 

 Ὧ ὉὍ (5.4) 

 
Ὅ
Ὄὸ

ρς
 (5.5) 

The Mylar Youngôs modulus and density are Ὁ υ '0Á and ” ρσχπ ËÇ Í , 

respectively, and the Strouhal number expression assumes the same mathematical form as 

the correlation developed by Jha (2021) through single channel and fin array reed 

enhancement experiments as shown in Equation 5.6. 

 
Ὓὸ ὃ

ὓᶻ

Ὗz
 (5.6) 

The proposed reed-enhanced Nu expression presented in Equation 5.7 accounts for 

the baseline bare-channel convective mechanism-based ὔό, and the enhancement 

ὔόȾὔό, due to the vortical structures generated by the periodic reed oscillation. 

 
ὔό ὔό ρ

ὔό

ὔό
 (5.7) 

ὔό is a function of the air-side channel Re, Pr, and fin channel geometry. The proposed 

ὔό term assumes the form of the laminar rectangular channel simultaneously developing 

flow correlation of Garimella et al. (2001) presented in Equation 5.8. ὔό  in the equation 
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is calculated using the laminar fully developed uniform wall temperature correlation of 

Shah and Bhatti (1987) because it was shown to agree well with ὔό data for Re < 1200 

(Figure 3.10). 

 

ὔό ὔό
ὃὈȾὒὙὩὖὶ

ρ ὄ ὈȾὒὙὩὖὶ

Ⱦ

 (5.8) 

The proposed ὔό  term due to the fluttering of the reed, is shown in Equation 5.9. 

 

ὔό

ừ
Ử
Ừ

Ử
ứ ὃ

ὙὩὖὶὈ

ὒ
ȟ ὙὩ ρφχπ

ὃὙὩὖὶ ρ
Ὀ

ὒ

Ⱦ

 ȟ ὙὩ ρφχπ

 (5.9) 

The data presented in Figure 3.19a suggest that if the freestream air velocity exceeds the 

critical velocity required for reed flutter, the heat transfer enhancement is similar for the 

πȢπρσ-mm and πȢπςυ-mm thick rectangular Mylar reeds. While the critical velocity is 

dependent on the reed mass ratio (Shelley et al., 2005; Connell and Yue, 2007; Jha et al., 

2022), which is a function of the reed thickness and length, the enhancement results 

indicate that the critical velocity was exceeded over the entire tested flow rate range. Thus, 

within the Re range considered here, the heat transfer enhancement due to the fluttering 

reed motion is independent of the oscillation frequency. This may be because the reed 

motion causes the transition from laminar to turbulent flow, and the irregular turbulent 

fluctuations within the flow dominate over the periodic vortical structures that are 

generated due to the sinusoidal reed motion. With this in mind, the ὔό  term is also defined 



 109 

solely as a function of Re, Pr, and channel geometry instead of the frequency dependent 

Ὓὸ.  

The ὔό  term assumes a power law relationship taking the form of the widely used 

Sieder and Tate (1936) laminar simultaneously developing flow ὙὩ ρφχπ, and 

turbulent flow ὙὩ ρφχπ correlations presented in Equation 5.9. The factor 

ρ
Ⱦ

 is included when Re is greater than 1670 to account for the entrance effects 

for short length passages ρπ ὒȾὈ φπ (Serth and Lestina, 2014a). 

An expression similar to Equation 5.7 is proposed to model the reed-enhanced f as 

a function of relevant dimensionless parameters (Equation 5.10). Like the proposed ὔό  

correlation, the Ὢ  equation is a function of the baseline, bare-channel convective 

component Ὢ, and the enhanced, periodic component ὪȾὪ. 

 
Ὢ Ὢ ρ

Ὢ

Ὢ
 (5.10) 

Ὢ assumes the general form of the Du Plessis and Collins (1992) correlation, defined as a 

function of Re, channel geometry, and fully developed f (Equation 5.11). Figure 3.19b 

showed that the πȢπρσ-mm thick reed had a greater f penalty than the πȢπςυ-mm thick reed. 

This indicates that Ὢ  is dependent on the reed flutter frequency. This may be because 

the reed acts as a physical blockage within the rectangular fin channel and the higher the 

flutter frequency is, the greater the resistance is for the air to flow through the channel, 

resulting in a higher pressure drop. To account for this frequency dependence, the Ὢ term 

is defined as a function of the reed Ὓὸ and the mass ratio as shown in Equation 5.12.  
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Ὢ
τ

ὙὩ

ở

ờὃ
Ὢ

τ
ὙὩ

Ȣ

ở

ờ
ὄσȢττ

ὒ
ὈὙὩỢ

Ỡ

Ȣ

Ợ

Ỡ

Ȣ

 (5.11) 

 Ὢ ὃὓᶻὛὸ (5.12) 

Parameters ὃ, ὄ, and ὅ in the Ὓὸ, ὔό , and Ὢ  expressions are found using 

a nonlinear optimization formulation developed with the Interior Point Optimizer (IPOPT) 

solver in Pyomo (Hart et al., 2011; Hart et al., 2017).  

The Ὓὸ correlation is presented in Equation 5.13 and plotted in Figure 5.1 as a 

function of the mass ratio divided by the reduced velocity ὓᶻȾὟᶻ . Ὓὸ values measured 

by collaborators in the ςτ-channel fin array experiment (Crittenden, 2023) are also plotted 

for comparison. The experimental results indicate that the thinner, πȢπρσ-mm thick reed 

had a greater flutter frequency resulting in a larger nominal Ὓὸ than the πȢπςυ-mm thick 

reed. The proposed expression matches the experimental measurements with a root mean 

squared (RMS) error of πȢπυω and an ὶ value of πȢωτσ. 

 
3Ô πȢςχω

ὓᶻ

Ὗz

Ȣ

 (5.13) 
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The expression for ὔό, is shown in Equation 5.14, and has an RMS error of 

πȢςςφχ with respect to the data and an ὶ value of πȢωψχ. 

 

ὔό ὔό
πȢςρχὈȾὒὙὩὖὶ

ρ πȢσψφὈȾὒὙὩὖὶ
Ȣ

Ⱦ

 (5.14) 

 

Figure 5.1: Measured StL for the 0.013-mm and 0.025-mm thick Mylar reeds 

(Crittenden, 2023) and proposed correlation as a function of the mass ratio, 

reduced velocity quotient. 
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The ὔό correlation and the baseline data without the reeds are shown as a function of Re 

in Figure 5.2, along with a comparison of measured and predicted ὔό values. This 

correlation predicts the air-side Nu within ρπϷ of the data with a MAPE of ςȢυπϷ. 

 

 The Ὢ correlation is shown in Equation 5.15, where Ὢ  is the fully developed Darcy 

friction factor correlation from Bhatti and Shah (1987), and plotted in Figure 5.3. 

 

Ὢ
τ

ὙὩ

ở

ờρȢψρτ
Ὢ

τ
ὙὩ

Ȣ

ở

ờ
πȢφσςσȢττ

ὒ
ὈὙὩỢ

Ỡ

Ȣ

Ợ

Ỡ

Ȣ

 (5.15) 

This expression has an RMS error of πȢππςτ and an ὶ value of πȢωωυ compared to the 

data, and agrees within ρπϷ of the data with a MAPE of ςȢσψϷ. 

 

Figure 5.2: (a) Baseline Nu correlation plotted with the measured bare channel 

Nu as a function of Re. (b) Baseline Nu parity plot.  
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The ὔό  and Ὢ terms are shown in Equations 5.16 and 5.17, respectively, and the 

resulting overall reed-enhanced values and correlations plotted in Figure 5.4 and Figure 

5.5. 

 

ὔό

ừ
Ử
Ừ

Ử
ứ πȢππρφ

ὙὩὖὶὈ

ὒ

Ȣ

ȟ ὙὩ ρφχπ

πȢπςωὙὩȢ ὖὶ ρ
Ὀ

ὒ

Ⱦ

 ȟ ὙὩ ρφχπ

 (5.16) 

 Ὢ πȢρχωὓᶻὛὸȢ  (5.17) 

 

Figure 5.3: (a) Baseline f correlation plotted with the measured bare channel f as 

a function of Re. (b) Baseline f parity plot.  
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Figure 5.4: (a) Nureed correlation plotted with the measured reed-enhanced Nu for 

the 0.013-mm and the 0.025-mm thick reeds as a function of Re. (b) Reed-

enhanced Nu parity plot.  

 

Figure 5.5: (a) freed correlation plotted with the measured reed-enhanced f for the 

0.013-mm and the 0.025-mm thick reeds as a function of Re. (b) Reed-enhanced f 

parity plot.  
















































































































































































