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SUMMARY 

 Condensation is a ubiquitous heat transfer process in heating, ventilation, air-

conditioning, and refrigeration (HVAC&R) and chemical processing. However, while 

condensation is an effective heat transfer mechanism, the heat transfer coefficient 

decreases as the vapor quality decreases; therefore, several methods to enhance 

condensation heat transfer have been explored over the past several decades. This study 

focuses on active techniques to achieve enhancement in condensation in regions where the 

heat transfer coefficient is typically lower.  

 A review of the pertinent literature on active enhancement of condensation is 

conducted, from which one promising and relatively unexplored method, enhancement by 

actuation of the flow with acoustics, is selected for detailed investigation. Acoustic 

actuation can enhance the heat and mass transfer during condensation by agitating the 

phases and providing an additional mixing mechanism for the two phases, which in turn 

reduces the thermal resistance in the condensate. In this study, a tube-in-tube condenser 

test section is coupled to an acoustic actuator at the inlet and a Helmholtz volume at the 

outlet. A flow visualization study is performed to characterize the flow regimes, 

oscillations in the fluid motion that modify the regimes, and void fraction. A phase-change 

heat transfer test facility is constructed to measure the heat transfer coefficient and 

frictional pressure gradient of the actuated flow compared with the baseline flow. The 

effects of mass flux, actuation frequency, actuation amplitude, and degree of subcooling 

are studied to understand the relevant heat transfer enhancement mechanisms. Heat transfer 

enhancement of up to 32% is observed, allowing for size reduction in common liquid-



 xviii  

coupled condensers by up to 10%. A pressure drop penalty of ~6.5 is observed, but only in 

the low-quality region of the condenser where local pressure drops are smallest. 

Additionally, length reduction due to heat transfer reduction will help decrease the overall 

condenser pressure drop, making the overall change in pressure drop nearly negligible as 

heat transfer at low qualities is enhanced. Based on these experimental results, a model is 

developed to predict the heat transfer and pressure drop to aid in condenser design. Insights 

from these experiments and analyses are extended to provide a guide to the future 

development of more compact condensers and the potential use of acoustics to enhance 

heat flux. 
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CHAPTER 1. INTRODUCTION  

 Convective condensation in horizontal tubes is of great practical interest to the 

chemical processing and heating, ventilation, air-conditioning, and refrigeration 

(HVAC&R) industries (Ghiaasiaan, 2007). One reason for this is because condensation 

processes reject heat at constant temperature and relatively high heat fluxes compared to 

other modes of convective heat transfer as shown in Table 1.1 (Bergman et al., 2011). 

However, the condensation heat flux decreases along the condenser length, due to both a 

thicker condensate layer and a lower mean fluid velocity. Eventually, the condensation heat 

transfer coefficient will approach the single-phase liquid heat transfer coefficient, which is 

several factors, or orders of magnitude, lower than the typical condensation heat transfer 

coefficient and the higher vapor qualities. Therefore, there is significant heat transfer 

degradation at low qualities, and it is desirable to minimize this effect to the extent possible.  

Table 1.1: Typical heat transfer coefficient values. 

Process 
Convective Heat Transfer Coefficient 

(W m-2 K -1) 

Boiling or Condensation 1,000 ï 100,000  

Single-Phase (Gas) 25 ï 250 

Single-Phase (Liquid) 100 ï 20,000 
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Condensation heat transfer enhancement can be achieved either passively or 

actively. Passive heat transfer enhancement typically involves adding inserts or extended 

surfaces inside the horizontal tube, which can reduce the local condensate film thickness 

and increase the surface area (Kareem et al., 2015). Active methods require an external 

source to enable the enhancement mechanisms; most studies in the literature have focused 

on actively enhancing the heat transfer using  electrodynamics, mechanical aids, surface 

vibration, and fluid vibration (Jadhav et al., 2016). One relatively unexplored method of 

active enhancement, however, is acoustic enhancement of condensation, where an acoustic 

wave propagating through the vapor phase causes significant interfacial disturbances, 

lowering the overall thermal resistance. Preliminary experimental results from this study 

in fact show up to 32% heat transfer enhancement at the low qualities using this technique. 

Therefore, the objective of this study is to characterize the effect of acoustic waves on 

internal flow condensation heat transfer and pressure drop. Specifically, the effect of 

pertinent flow and acoustic parameters (e.g., mass flux, quality, frequency, and amplitude) 

on the heat transfer and pressure drop during condensation will be investigated. The results 

of this study will lead to better understanding of the physical mechanisms enhancing 

condensation and will also lead to better predictive models that can be used in future 

condenser designs. The study begins with Chapter 2, where the literature on methods to 

actively enhance phase-change heat transfer are reviewed, and itemized research objectives 

for studying acoustically enhanced in-tube condensation are stated. In Chapter 3, the in-

tube acoustically enhanced condenser design and actuation method is described, details of 

the experimental flow visualization study are explained, and the resulting changes in flow 

regime and impact of acoustic parameters and mean flow parameters are discussed. In 
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Chapter 4, details of the heat transfer measurements are explained, and the experimental 

results on heat transfer enhancement are presented and discussed. In Chapter 5, insights 

from both experimental studies are applied to develop a mechanistic heat transfer and 

pressure drop model for acoustically actuated condensers. In Chapter 6, practical design 

guidelines for the enhancement of heat transfer in common condenser geometries are 

developed. Finally, Chapter 7 summarizes the results of this study and provides 

recommendations for future research. 
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CHAPTER 2. LITERATURE REVIEW  

2.1 Introductio n 

 Phase change heat transfer is often associated with high heat fluxes compared to 

other common methods of heating and cooling, such as forced convection of single-phase 

gases and liquids (Bergman et al., 2011). However, as devices continue to be miniaturized, 

the already high heat fluxes associated with phase-change heat transfer may not be large 

enough. One common method to increase phase-change heat fluxes, and the overall rate of 

heat transfer, is to manufacture special surfaces, either extended surfaces or those with 

micro/nanostructures. Surface modifications have the benefit of both increasing heat 

transfer area and, in some cases, enhancing the heat transfer coefficient by altering the 

liquid-vapor hydrodynamic phenomena. Some examples of this include designing 

micropillar wicks to promote thin-film evaporation (Adera et al., 2016), and designing 

surface geometries that take advantage of surface tension gradients to promote thin-film 

condensation via the ñGregorig effectò (Rose, 2004; Keniar and Garimella, 2020). Surface 

modifications in the form of coatings have also been employed to increase the number of 

nucleation sites in boiling (Sarangi et al., 2015) and to prevent full tube-wetting in 

condensation, delaying the transition from dropwise to film-wise condensation (Preston et 

al., 2015). While these passive enhancement techniques certainly have their place and 

potential to significantly improve heat flux, there are still some inherent limitations. In the 

case of surface coatings, the method in which one applies these coatings may not be 

scalable, and have questionable reliability when time scales exceed a few weeks, 

necessitating frequent replenishment. In the case of structured surfaces, maximal 
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enhancement only occurs within a fixed range of operating conditions. For example, 

micropillars on flat surfaces to enhance pool boiling can suppress nucleation, which can 

result in lower heat fluxes than a smooth, flat surface at the same wall superheat when 

ɝὝ σπ ὑ (Song et al., 2021).  Additionally, Microfin tubes can enhance condensation 

by a factor of ~2.6 at low mass fluxes (<200 kg m-2 s-1), but enhancement decreases to ~1.4 

when the mass flux reaches 800 kg m-2 s-1 (Doretti et al., 2013). Therefore, alternative 

enhancement techniques that can increase heat fluxes across a broader range of operation 

conditions should be considered. Active heat transfer enhancement techniques can play a 

role in this, although they require an external source of power to operate. The added power 

source is a drawback in some applications, but may prove beneficial for very high heat flux 

applications, or in situations where the achieved heat duty gains or heat exchanger size 

reductions outweigh the additional power requirements.  

 In this study, ñpassiveò enhancement methods are ones that are static and 

unchanging irrespective of the surroundings, while ñactiveò enhancement methods have 

some capacity to change their features, as illustrated in Figure 2.1. For example, some 

active methods require external power, implying that their behavior will change based on 

how much power is supplied. Another example would be a material that changes its shape 

as temperature changes, such as a shape memory alloy (SMA) (Tadaki et al., 1988). With 

these definitions in mind, this paper reviews active enhance techniques for boiling and 

condensation. The basic concept, working principles, and approaches are outlined for each 

category, experimental findings from boiling and condensation studies are discussed, and 

remarks on possible future opportunities and challenges associated with these techniques 

are made.  
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Figure 2.1: Active versus passive enhancement 

2.2 Electrohydrodynamic (EHD) Heat Transfer Enhancement  

2.2.1 Working Principle 

 Electrohydrodynamics (EHD) is an enhancement technique that converts supplied 

electrical energy into fluid kinetic energy. The electrical energy is supplied by applying a 

high-voltage, low-current direct-current (DC) or alternating-current (AC) signal between a 

charged electrode and grounded electrode. The exact geometry of the charged and 

grounded electrode can take on a variety of forms; illustrations of typical electrode 

geometries for cylinders are shown in Figure 2.2. The geometry of the electrode and the 

geometry of the heat exchanger play a significant role in heat transfer enhancement.  
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Figure 2.2: Common EHD electrode geometries. 

Typically, non-uniform electric fields achieve higher phase-change heat transfer 

coefficients (Papar et al., 1993; Ohadi et al., 2000), possibly increasing induced electrical 

forces. The induced electric force per unit volume is given by: 

Ὢᴆ ήὉᴆ
ρ

ς
Ὁ ᴆɳ‭

ρ

ς
ᴆɳ”Ὁ

‬‭

‬”
 ςȢρ 

where Ὁᴆ is the electric field, ή is the free electron charge density, and ‭ is the fluid 

permittivity (Laohalertdecha et al., 2007). EHD can be achieved by applying a high voltage 

to a pair of electrodes that are a prescribed distance apart, and the nominal field strength 

can be estimated as the voltage divided by the distance between electrodes. The exact field 

strength is more complicated to evaluate and can be highly nonuniform (Figure 2.3); 

therefore, in some experiments, it is common for the applied voltage and distance between 

electrodes to be reported instead. The direction and uniformity of the induced electric field 

is a function of the electrode geometry, other surface geometries, and the liquid-vapor 
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phase distribution. The first force term in Equation ςȢρ is known as the electrophoretic 

force, which acts on the free charges within the fluid and induces fluid motion. The 

electrophoretic force is generally the most dominant force that acts on single-phase flows. 

In fact, because it induces fluid motion, it may be possible for EHD to pump liquids as well 

as enhance heat transfer; however, this has shown to be quite inefficient with pumping 

power efficiencies of only about ~0.2% (Laohalertdecha et al., 2007). Further details on 

EHD in single-phase flow are summarized well in the review by Laohalertdecha et al. 

(2007). In two-phase flows, other forces become prevalent due to differences in liquid and 

vapor permittivity, causing an inhomogeneous fluid permittivity and non-uniform electric 

field. Additionally, there is an electrostriction force that causes liquid to change its shape 

in the presence of an electric field, as shown in Figure 2.4, which can be useful for liquid 

extraction.  

 

Figure 2.3: Representative EHD equipotential lines. 
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Figure 2.4: EHD electrostriction effect (Laohalertdecha et al., 2007). 

2.2.2 Enhancement Studies 

1.1.1.1 Pool Boiling (Smooth Surfaces) 

 EHD enhancement of pool boiling has been extensively studied both 

experimentally and theoretically. Berghmans (1976) developed a maximum heat flux 

expression for EHD based on hydrodynamic stability theory first developed by Zuber 

(1959): 
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where Ὠ is the vapor film thickness and ὄέȟ is the Bond number using the vapor film 

thickness as the characteristic length. Equation ςȢς showed good agreement with 

experiments at the time, but it is limited to conditions where the liquid-vapor mixture is 

quiescent, incompressible, inviscid, and immiscible. The analysis also assumes the liquid 

is a perfect electrical conductor, while the vapor is a perfect electrical insulator. Ogata and 
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Yabe (1993) attempted to investigate EHD mechanisms further through basic experiments 

and analyses of bubble behavior under different EHD conditions. In these studies, heat 

transfer enhancement and optical changes in R11+ethanol bubble dynamics for different 

electric fields and wall superheats were recorded. It was observed that high field strengths 

cause bubbles to move violently around the heat transfer surface and can generate new 

bubbles by breaking up bigger ones. Therefore, it was concluded that decreases in the 

average bubble diameter and increases in the number of bubbles were the major 

enhancement mechanisms. An impressive boiling augmentation of up to ~50 was achieved, 

and, at a given applied voltage, the boiling heat flux was found to be dependent on the 

electrical conductivity of the liquid but approached a constant value once the conductivity 

exceeded χ ρπ  A V -1 m-1. Kweon and Kim (2000) studied pool boiling of R-113 on a 

horizontal rod (instead of a flat boiling surface) and found that EHD delays the onset of 

nucleate boiling (ONB) and increases the critical heat flux (CHF) with increasing electric 

field strength. The average bubble departure diameter was also found to decrease along 

with an increase in the number of bubbles, agreeing with observations by Ogata and Yabe 

(1993).  

1.1.1.2 Pool Boiling (Enhanced Surfaces) 

 Because enhanced boiling surfaces are commonly used in HVAC&R systems, it is 

desirable to understand the compounding effect of enhanced surfaces with EHD. Ahmad 

et al. (2011) applied EHD to a rough boiling surface and observed a delay in CHF, and 

found heat transfer enhancement from the natural convection regime up to CHF, reporting 

about a 1.5× increase in heat transfer coefficient and 3.5× increase in CHF. Additionally, 

a significant reduction in boiling hysteresis was observed as electric field strength 
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increased, eventually becoming immeasurable at a 20 kV applied voltage and 1000 kV/m 

field strength. Singh et al. (1995) also reported large heat transfer enhancements using 

R123 and enhanced tubes, finding the two effects compounded each other due to non-

uniformity in the electric field.  Liu et al. (2022) compared the effect of EHD on CHF for 

smooth and microstructured surfaces, and in some cases found that the addition of EHD 

reduced the CHF on the microstructured surfaces. The reason for the reduction in CHF is 

likely due to the ñfield trapò effect, where non-uniform electric fields can lead to electrical 

forces that trap the bubble inside the structured surfaces. This effect was also noted by 

Cooper (1990), but was instead hypothesized to be an enhancement mechanism and not an 

effect that hinders heat transfer. This discrepancy may be explained by the magnitude of 

heat fluxes under investigation (Quan et al., 2015), where if the heat flux is very large, the 

increased size of the bubbles may prevent vapor transport. Therefore, careful consideration 

of the desired heat fluxes and combination of EHD and surface structures is needed; 

otherwise, heat flux augmentation or changes in CHF may be unfavorable or limited, at 

best.  

1.1.1.3 Pool Boiling (Rod Bundles) 

 Complexities in EHD-surface interactions have also been observed in rod bundle 

geometries. Damianidis et al. (1992) achieved a 2.5× heat transfer enhancement with a low-

fin shell-and-tube evaporator, but did not observe any enhancement with an equivalent 

smooth tube evaporator. This interesting result was investigated in a later study by 

Karayiannis et al. (1995), who suggested that the choice of electrode geometry was the 

cause for the lack of enhancement in the smooth tube case. This was corroborated by their 

own experimental investigation of the effect of EHD on low-fin and smooth tube bundles. 
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The observations by Karayiannis et al. (1995) indicate that the electric field in the smooth 

tube rod bundle tests were removing bubbles in the radial direction, preventing them from 

interacting with the heating surface, eliminating any chance for enhancement. Cooper 

(1992) also investigated EHD boiling on rod bundles and developed an electrode system 

that attempted to maximize the average electric field strength while minimizing shell-side 

flow resistances. These designs included an array of electrode rods, electrode sheets, and a 

combination of electrode rods and sheets. The electrode sheet configuration was found to 

enhance single-tube and nine-tube evaporators, but it is quite possible that different 

electrode configurations may be better for shell-and-tube evaporators with hundreds of 

tubes and several baffles, which is more representative of heat exchangers encountered in 

HVAC&R applications (Janna, 2018). Ogata and Yabe compared the EHD-enhanced flow 

boiling of R11 and an R11-ethanol (2% ethanol by weight) mixture, and found 5× heat 

transfer enhancement in the mixture compared to the pure synthetic refrigerant. This was 

attributed to the substantially reduced EHD relaxation time. They also evaluated the 

evaporation heat transfer enhancement of tubes with enhanced surfaces and found that 

applied voltages of 25 kV enhanced the heat transfer in a smooth tube enough to outperform 

all the enhanced tubes. 

1.1.1.4 Flow Boiling (Smooth Surfaces) 

 In the case of convective flow boiling, both bubble dynamics and two-phase flow 

regimes must be considered to properly evaluate EHD enhancement mechanisms. Cotton 

et al. (2005) developed a two-phase flow regime map for annular channels under a DC 

applied voltage using the stability analysis of Taitel and Dukler (1976), but with EHD 

forces included. Results show that, at a given quality, the transition to annular flow occurs 
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at a lower mass flux. McGranaghan and Robinson (2014) experimentally investigated the 

influence of AC EHD on the flow regimes and heat transfer during convective boiling of 

HFE7000 at a mass flux of 100 kg m-2 s-1. At low vapor qualities, EHD generated large 

oscillating bubbles and periodic wetting of the top and side walls of the tube. Additionally, 

the bubbles appeared to be retained within the stratified pool due to EHD forces, which 

may coalescence to form crests that climb up to the sides of the tube, improving wetting 

and heat transfer due to increased film evaporation. This effect appears similar to the ñfield 

trapò effect observed in pool boiling studies with structured surfaces, but is the opposite of 

what occurs for pool boiling on smooth horizontal surfaces, where bubbles were found to 

break each other apart. Bryan and Seyed-Yagoobi (1997) applied an electric field during 

evaporation of R134a, and found 5× heat transfer enhancement at low qualities (~0.1), but 

2× heat transfer reduction at higher qualities (>0.5). Similar findings were reported in 

rectangular, grooved channels as well as tubes that used a helical electrode instead of a 

cylindrical one. The enhancement at low qualities is likely due to the presence of nucleate 

boiling, where EHD is known to be effective from pool boiling studies, but the heat transfer 

reductions observed at high qualities could be due to many factors.  Generally, suppression 

is expected to occur at heat fluxes exceeding ~30 kW m-2 (Nangle-Smith and Cotton, 2019). 

One possible explanation for the vastly different EHD enhancement behavior across the 

boiling process is the different two-phase flow regimes that are applicable. Recently, 

Nangle-Smith and Cotton (2019) summarized test conditions in convective boiling studies 

and found large discrepancies in reported data, including conflicting enhancement factors 

for similar fluids and geometries, and conclude that the general behavior of EHD enhanced 

convective boiling remains largely unknown and unpredictable. Nevertheless, a 
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phenomenological model was developed based on the flow patterns that occur when 

electric fields are present and it was found that 90% of flow boiling data points considered 

were predicted within 30%. It should be noted that these data were limited to evaporation 

at a single, relatively low heat flux of 10 kW m-2. Additionally, it appears the model only 

predicts heat transfer enhancement, even though there are data from several sources that 

do report heat transfer deterioration at high vapor qualities (Cotton et al., 2005).  

1.1.1.5 Summary of Findings on EHD Enhancement of Boiling 

 Table 2.1 provides a summary of EHD boiling studies reviewed here, including 

studies that combined enhanced surfaces with EHD. Overall, much of the available EHD 

data is limited to a very small set of fluids, and the magnitude of heat transfer enhancement 

varies wildly (1.23 ï 60) and can even be labeled as unpredictable in the case of flow 

boiling. Working fluid electrical properties and heat transfer surface geometry appear to 

heavily influence EHD forces, but the exact manner in which bubble dynamics, fluid 

properties, electrode geometry, and heat transfer geometry interact with each other is still 

unclear. Therefore, while EHD may be an effective enhancement mechanism for pool 

boiling applications, it is a relatively complex and unpredictable technique with somewhat 

limited versatility. 
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Table 2.1: Summary of EHD enhanced boiling. 

Investigator 
Electrode 

Geometry 
Boiling Process Fluid(s) Range/Applicability Remarks 

Markels Jr and 

Durfee (1964) 

Entire 

tank 

Pool boiling on 

9.5 mm tube 

¶ Isopropanol ¶ ήᴂᴂ: 0 ï 285 kW m-2 

¶ ɝὝ: 22 ï 144°C 

¶ Ὅ: 0 ï 20.1 mA 

¶ ὠ: 0 ï 10 kV 

¶ AC and DC    

¶ ‌Ⱦ‌: Up to ~60 

¶ Increased surface 

wetting detected 

during EHD-

enhanced transitional 

boiling regimes 

¶ Small changes in 

CHF at low applied 

voltages 

Ogata and Yabe 

(1993) 

Brass 

mesh 

screen 5 

mm from 

boiling 

surface 

Pool boiling on 

55-mm diameter 

surface 

¶ R113+Ethanol 

¶ R11+Ethanol 

¶ ήȡ 3 ï 50 kW m-2 

¶ ὠ: 0 ï 30 kV 

¶ DC 

¶ ‌Ⱦ‌: Up to ~50 

¶ EHD causes bubbles 

to press against 

heated surface and 

break apart 

¶ Heat transfer 

enhancement ceased 

to increase above 

certain electrical 

conductivity 

Kweon and Kim 

(2000) 

Plate-

wire, 16 

mm from 

boiling 

surface 

Pool boiling on 

0.37-mm 

diameter wire 

¶ R113 ¶ ήȡ 0 ï 265 kW m-2 

¶ ὠ: 0 ï 15 kV 

¶ DC 

¶ ‌Ⱦ‌: Up to ~3.5 

¶ EHD increases CHF 

by 80% but delays 

ONB by 350% 

Ahmad et al. 

(2011) 

Mesh, 40 

mm in 

diameter 

Pool boiling on 

sandblasted 40 

mm Cu block  

¶ R123 ¶ ὒ : 5 ï 60 mm 

¶ ήȡ 0 ï 450 kW m-2 

¶ ὠ: 0 ï 15 kV DC 

¶ ‌Ⱦ‌: Up to ~1.64 

¶ Boiling hysteresis 

eliminated 
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Table 2.1 Continued. 

Investigator 
Electrode 

Geometry 
Boiling Process Fluid(s) Range/Applicability Remarks 

Liu et al. (2022) 

Metal 

grid, 7 

parallel 1-

mm rods 6 

mm above 

heating 

surface 

spaced 6 

mm apart 

Subcooled pool 

boiling on flat 

micro-pin-

finned surfaces  

¶ FC72 ¶ ήȡ 0 ï 600 kW m-2 

¶ ὠ: 15 kV 

¶ DC 

¶ ‌Ⱦ‌: Up to ~1.23 

¶ EHD enhanced CHF 

but  

had little effect on 

nucleate boiling 

regime 

¶ CHF reduction 

occasionally 

observed 

Cooper (1990) 

Copper 

wire mesh 

cylinder 

(38-mm 

diameter) 

Pool boiling on 

finned tube 

(17.6 mm at 

root of fins) 

¶ R114 

¶ R114/oil 

¶ ɝὝ: 0 ï 10°C 

¶ ήᴂᴂ: 0.2 ï 4 kW m-2 

¶ ὠ: 0 ï 27 kV 

¶ DC 

¶ ‌Ⱦ‌: Up to ~10 

¶ Significant reduction 

in boiling hysteresis 

¶ Study limited to low 

heat fluxes 

Quan et al. 

(2015) 

Wire 

mesh (1 × 

1 mm, 0.2 

mm wire 

diameter) 

Ribbed copper 

block 

¶ R113 ¶ ɝὝ: 2 ï 30°C 

¶ ήᴂᴂ: 7.7 ï 28 kW m-2 

¶ ὠ: 0 ï 5 kV 

¶ ‌Ⱦ‌: Up to ~2 

¶ Enhancement most 

pronounced for small 

fin heights and ɝὝ 

¶ Certain fin heights 

and EHD 

combinations reduce 

heat flux 

Zaghdoudi and 

Lallemand 

(2005) 

Wire 

mesh  

Flat, horizontal 

copper surface 

¶ N-pentane 

¶ R113 

¶ R123 

¶ ɝὝ: 0 ï 35°C 

¶ ήᴂᴂ: 7.7 ï 60 kW m-2 

¶ ὠ: 0 ï 25 kV 

¶ DC 

¶ ‌Ⱦ‌: Up to ~5 

¶ CHF increases and 

hysteresis eliminated 

¶ Least (1.7) 

enhancement for N-

pentane  
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Table 2.1 Continued. 

Investigator 
Electrode 

Geometry 
Boiling Process Fluid(s) Range/Applicability Remarks 

Singh et al. 

(1995) 

Straight 

wires and 

wire 

mesh, 3 

mm from 

tube 

Pool boiling on 

enhanced tube 

(~19 mm 

outside 

diameter) 

¶ R123 ¶ ήᴂᴂ: 4.6 ï 35 kW m-2 

¶ ὠ: 0 ï 20 kV 

¶ DC 

¶ ‌Ⱦ‌: Up to ~11.5 

¶ Enhancement 

decreases with 

decreasing heat flux 

 

Bryan and 

Seyed-Yagoobi 

(1997) 

rod, 1.6 

mm 

diameter 

In-tube flow 

boiling (14.1 

mm internal 

diameter) 

¶ R134a ¶ Ὃ: 100 ï 300 kg m-2 

s-1 

¶ ὠ: 15 kV 

¶ Ὕ : 25°C 

¶ ὼ: 0 ï 0.7  

¶ ‌Ⱦ‌: Up to ~2.3 

¶ Drastic reduction of 

heat transfer 

coefficient at high 

vapor qualities  
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1.1.1.6 Film Condensation 

While EHD enhances boiling by mainly affecting bubble dynamics, EHD is expected to 

enhance condensation by promoting further fluid motion, increasing waviness, and also by 

thinning the liquid film via the liquid extraction effect (Laohalertdecha et al., 2007). For 

film condensation, Choi (1968) demonstrated EHD enhancement of condensation in a 

vertical tube with downward flow and proposed a Nusselt number correlation using the 

most unstable wavelength in the system as the characteristic length, where the wavelength 

was determined from a linear stability analysis and is a function of the electric field strength 

and dielectric properties of the phases, as shown in Equation ςȢσ. 
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where Ὢ is the equivalent EHD force per unit volume for the plane case with thin films 

(Choi, 1968), and the most unstable wavelength is determined from the most dangerous 

wave number: 
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Holmes and Chapman (1970) conducted experiments on R114 and found up to 10× 

enhancement by supplying a large, nonuniform, alternating electric field that caused 

significant surface instabilities and droplet spraying. Cooper (1986) used a sheet type 

electrode on single and nine-tube condensers with voltages ranging from 15-40 kV and 

enhanced the heat transfer 1.1 ï 6-fold. Due to the importance of electrode design, Yabe et 

al. (1982) evaluated the effect of nonuniform electric fields and also evaluated several 
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electrode designs (Yabe et al., 1987), observing that a helical electrode enhanced 

condensation the most. The design of the helical electrode included two helix angles: one 

to extract liquid, and another to remove the extracted liquid. The distance between tube 

wall and electrode surface was also varied to assist with condensate drainage. Overall, the 

heat transfer coefficient increased by a factor of 2.8, and up to 94.6% of condensate was 

removed with the helical electrode design. A somewhat similar concept of varying the 

electrode geometry was employed by Yabe et al. (1991), where a lattice-like electrode 

geometry that caused pseudodropwise condensation was chosen. Yamashita et al. (1991) 

combined the ideas of pseudodropwise condensation and condensate drainage by 

combining a lattice and varying helical electrode design and found that up to 6-fold heat 

transfer enhancement of R114 and Perfluorohexane was achieved.  

1.1.1.7 Convective Condensation 

 EHD appears to enhance convective condensation in the same ways film condensation is, 

but the additional pressure drop penalty due to EHD is essential to quantify, as it could 

lower system efficiency and reduce the driving temperature difference. Singh et al. (1997) 

conducted EHD enhancement experiments on condensation of R134a in smooth and 

microfinned tubes. They demonstrated that the heat transfer coefficient increased by a 

factor of 6.4, while the pressure drop increased by a factor of 1200. A subsequent, similar 

study was conducted by Gidwani et al. (2002), who observed a maximum heat transfer 

enhancement of 8.3, with a corresponding pressure drop penalty of 20.8. Both Singh et al. 

(1997) and Gidwani et al. (2002) also quantified the EHD power consumption (0.08% to 

~1% of the condenser heat duty). In addition, it was observed that the relative heat transfer 

enhancement decreases with increasing quality, because the electroconvective effect within 
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the condensate becomes weaker as the condensate film decreases. In addition, it was 

observed that EHD enhancement was greatest at mass fluxes lower than ~100 kg m-2 s-1, 

which corresponded to the stratified flow regime; however, annular flow heat transfer 

enhancement of about 100% was also observed, indicating the technique can enhance heat 

transfer across all major flow regimes present during condensation. Laohalertdecha and 

Wongwises (2006) also investigated R134a condensation in horizontal microfinned tubes, 

and were able to increase the heat transfer coefficient by a factor of 1.15, and developed 

an empirical Nusselt number correlation in the presence of EHD. Similarly, Sadek et al. 

(2006) tested EHD enhancement in horizontal tubes, and argued that the improved heat 

transfer performance was mainly due to a flow regime transition from stratified flow to 

annular flow, which was deduced from tube surface temperature measurements. However, 

somewhat contrary to the finding by Singh et al. (1997), Sadek et al. (2006) observed an 

optimal mass flux for heat transfer enhancement at a given inlet quality, as opposed to 

strictly increasing enhancement as quality decreases. The observed optimum was attributed 

to an ideal quality region for EHD heat transfer enhancement. This suggests that the heat 

transfer enhancement may decrease at very low qualities. Omidvarborna et al. (2009) 

studied the EHD enhancement in the presence of noncondensable gases and found that the 

presence of non-condensables greatly diminishes heat transfer enhancement. While 

pressure-drop penalty data is somewhat limited for in-tube condensation studies, it has been 

remarked that EHD causes excessively high pressure drop penalties, both due to the 

presence of the electrode, and due to the flow resistance from the liquid-extraction 

phenomenon. Singh et al. (1997) found that an optimal in-tube EHD electrode design 
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involves large electrode gaps, somewhat in-contrast to in-tube boiling EHD enhancement, 

where relatively small electrode gaps are preferable.  

1.1.1.8 Summary of Findings on EHD of Condensation 

 Table 2.2 provides a summary of experimental studies on EHD-enhanced 

condensation reviewed here. Unlike enhancement of boiling by EHD, there are no 

anomalies of heat transfer reduction and it appears to work well with smooth and enhanced 

tubes. Therefore, it appears that EHD is better for condensation enhancement than for 

boiling. However, EHD does not appear to be a promising enhancement mechanism for 

internal flow condensation due to extremely high pressure drop penalties and large scatter 

in measured heat transfer enhancement values. This scatter also makes designing EHD 

condensers a considerable challenge. It would be beneficial for more experimental 

investigations to be performed along with the development of more broadly applicable heat 

transfer and pressure drop correlations.  
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Table 2.2: Summary of EHD enhanced condensation. 

Investigator 
Electrode 

Geometry 

Condensation 

Process 
Fluid(s) Range/Applicability Remarks 

Choi (1968) 
12.7 mm 

rod 

Inside vertical 

tube (25.4-mm 

internal 

diameter) 

¶ R113 ¶ ὖ :  ~100 kPa 

¶ Ὃ: 30 ï 51 kg m-2 s-1 

¶ ὠ: 0 ï 32 kV 

¶ DC    

¶ ‌Ⱦ‌: Up to ~2 

¶ Heat transfer 

enhancement correlated 

with increased waviness 

Holmes and 

Chapman 

(1970) 

Sheet 
152 × 28 

vertical plate 

¶ R114 ¶ Electrode angle: 0 ï 

25°  

¶ ὠ: 0 ï 60 kV 

¶ AC (60 Hz) 

¶ ‌Ⱦ‌: Up to ~10 

¶ EHD enhancement 

unpredictable above 40 

kV 

 

Yabe et al. 

(1982) 
Needle Vertical plate 

¶ R113 ¶ Ὕ : 32°C 

¶ ὠ: 0 ï 7.3 kV 

¶ DC    

¶ ‌Ⱦ‌: Up to ~10 

 

Singh et al. 

(1997) 

Cylindrical 

and Helical 

Inside 

horizontal tube 

(12.7-mm outer 

diameter), 

smooth and 

microfin tubes 

¶ R134a ¶ ήᴂᴂ: 8 ï 22 kW m-2 

¶ Ὃ:50 ï 300 kg m-2 s-1 

¶ Ὕ  = 35°C 

¶ ὠ: 0 ï 16 kV 

¶ Electrode spacing: 0.6 

ï 5.4 mm  

¶ ‌Ⱦ‌: Up to ~6.5 

¶ ɝὖȾɝὖ: Up to ~1200 

¶ Pressure drop penalty 

decreasing with 

increasing quality 

Gidwani et al. 

(2002) 

Cylindrical 

steel rod 

(3.17 mm 

diameter) 

In horizontal 

tube (12.7 mm 

outer diameter), 

smooth and 

grooved tubes 

¶ R134a 

¶ R404A 

¶ R407C 

¶ ήᴂᴂ: 10 ï 40 kW m-2 

¶ Ὃ:50 ï 300 kg m-2 s-1 

¶ Ὕ : 10 ï 40°C 

¶ ὠ: 6 ï 18 kV 

 

¶ ‌Ⱦ‌: Up to ~8.3 

¶ ɝὖȾɝὖ: Up to ~20.8 

 

Laohalertdecha 

and Wongwises 

(2006) 

Steel rod 

(1.47 mm 

diameter) 

In horizontal 

microfin tube 

(9.52 mm OD) 

¶ R134a ¶ ήᴂᴂ: 10 kW m-2 

¶ Ὃ: 200 ï 600 kg m-2 s-1 

¶ Ὕ : 40 ï 60°C 

¶ ‌Ⱦ‌: Up to ~1.15 

¶ ɝὖȾɝὖ: ~1.5 

¶ ‌Ⱦ‌ increases with qôô 
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Table 2.2 Continued. 

Investigator 
Electrode 

Geometry 

Condensation 

Process 
Fluid(s) Range/Applicability Remarks 

Sadek et al. 

(2006) 

Cylindrical 

rod (12.7 

mm 

diameter) 

Inside 

horizontal tube 

(25.4 mm 

diameter) 

¶ R134a ¶ ήᴂᴂ: 10 kW m-2 

¶ Ὃ:55 ï 263 kg m-2 s-1 

¶ Ὕ : 40 ï 60°C 

¶ ὠ: 0 ï 8 kV 

 

¶ ‌Ⱦ‌: Up to ~3 

¶ ɝὖȾɝὖ: Up to ~3 

¶ Enhancement increased 

then decreased with 

increasing mass flux 

Omidvarborna 

et al. (2009) 

Cylindrical 

rod (4 and 

12 mm 

diameter) 

Inside 

horizontal tube 

(25.4 mm 

diameter) 

¶ R134a ¶ Noncondensable gas 

concentration: 0 ï 25% 

¶ ɝὝȡ 2 ï 35°C  

¶ ὠ: 0 ï 10 kV 

 

¶ ‌Ⱦ‌: Up to ~1.8 

¶ ɝὖȾɝὖ: Not reported 

¶ Heat transfer 

enhancement reduces in 

presenence of 

noncondensable gases 
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2.2.3 Practical Considerations 

 EHD has successfully enhanced phase-change heat transfer in a variety of 

configurations throughout the past several decades. The ability for EHD to eliminate 

boiling hysteresis, and increase and delay CHF provides possible avenues for more reliable 

and compact two-phase thermal management systems. Additionally, EHD appears quite 

capable of enhancing convective condensation across the entire quality range, and its 

ability to prevent the accumulation of noncondensable gases may be of interest to those 

designing power plant condensers. In general, EHD would likely benefit from further 

investigation on the exact EHD mechanisms so that enhancement effects in more complex 

geometries can be better understood. It would also be very interesting to assess how EHD 

could be controlled in a heat exchanger where operating conditions are expected to vary. 

Switching from AC to DC, altering the magnitude of the applied voltage, or simply turning 

off EHD may make it a more appealing enhancement method compared to passive 

approaches. However, EHD suffers from some notable limitations that require careful 

consideration. First and foremost, there appears to be an issue with experimental 

repeatability. Different investigators that study EHD enhancement on the same fluids and 

geometries often report vastly different enhancement values and pressure drop penalties, 

and can be off by orders of magnitude. This implies that there may be some other important 

parameters that are changing between experiments and are not being accounted for. 

Additionally, EHD appears to sometimes decrease boiling heat transfer coefficients and 

severely increase pressure drop penalty in convective flows. While these issues can be 

mitigated by turning off EHD in certain situations, it is obviously not an ideal circumstance. 

Finally, EHD may be impractical for large-scale applications. One issue is designing an 
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electrical system that can provide tens of kilovolts of potential to large heat exchangers, 

and another issue is the scaling of the electrode installation and manufacturing. In the case 

of in-tube EHD, for example, an electrode would be needed for every single tube inside a 

shell-and-tube heat exchanger, which may be very impractical compared to other similar 

enhancement techniques. Finally, because many of the fluids used in EHD studies have a 

high global warming potential (GWP) or ozone depletion potential (ODP), it would be 

beneficial to further characterize EHD enhancement with low-GWP refrigerant blends or 

other working fluids to assess their potential in future HVAC&R systems. 

2.3 Enhancement due to Active Surface Modification 

2.3.1 Approaches 

 Conventional approaches to enhance heat transfer due to surface motion primarily 

includes surface oscillations or vibrations and surface rotation. Surface oscillations may 

further promote turbulence in liquid films (Rotstein et al., 1970), and in the case of phase-

change, could assist with liquid extraction. Rotational forces can achieve similar goals and 

could also assist with more uniform wetting. An alternative, more indirect approach of 

enhancing heat transfer via surface motion may be through ñsmartò surfaces such as shape 

memory alloys (SMAs), where an external force deforms a shape that can change as the 

material is heated. Therefore, at different temperatures, heat fluxes, etc., the SMA can alter 

its shape to facilitate improved heat absorption or rejection. Similar materials, like 

switchable polymer coatings and metal oxide films, which can have variable wettability, 

may also be possible candidates for active surface modification (Li et al., 2020). Some 

representative ñsmartò surfaces are shown in Figure 2.5. 
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Figure 2.5: Representative ñsmartò surfaces: (a) shape memory alloys (Hao et al., 

2017), (b) switchable polymer coatings (Zhou et al., 2016), and (c) metal oxide films 

(Zhang et al., 2017). 

2.3.2 Enhancement Studies 

1.1.1.9 Pool Boiling 

1.1.1.9.1 Force or Self-Induced Oscillations 

 In pool boiling applications, vibrations have been shown to favorably alter bubble 

dynamics and CHF. Unno et al. (2020) added a brass plate right above a copper heating 

surface that acted as a beam. Bubble dynamics cause the brass plate to excite, inducing it 

to vibrate at natural frequencies given by: 

Ὢ
ὅ

ς“ὒ

ὣὍ

”ὃ
 ςȢυ 

where ὅ is a constant that depends on the vibrating mode, ὣ is Youngôs modulus, ὒ is the 

beam length of the brass plate, Ὅ is the area moment of inertia, and ὃ is the brass plate cross 

sectional area. It was found that when the frequencies found in Equation ςȢυ matched the 

frequency at which bubbles grow and collapse, the wall superheat decreased by 5 K at the 
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same heat flux, enhancing the heat transfer coefficient. However, it should be noted that 

some decreases in heat transfer coefficient were observed if the natural frequency of the 

brass plate was not ñin-tuneò with the frequencies associated with bubbles growing or 

collapsing. Alangar (2017) and Navruzov et al. (1992) vibrated the boiling surface itself, 

and found that nucleate boiling takes place at much lower superheats, and found that heat 

transfer coefficient increases with increasing actuation velocity. Sathyabhama and Dinesh 

(2017) vibrated a vertical, grooved copper surface and observed 62% enhancement which, 

compared to the 29% enhancement they observed from the grooves alone, show that 

surface vibration can further augment boiling heat transfer in structured surfaces. Flow 

visualization also revealed a 36% reduction in bubble departure diameters and a 221% 

increase in bubble frequency. The effect of frequency on a similar experimental facility, in 

which a clear resonance effect can be observed, was later quantified but not discussed. This 

observed resonance effect may be due to the actuation frequency matching a natural 

frequency present in the liquid-vapor mixture. 

 An interesting alternative to forcing oscillations on the boiling surface is to use the 

forces from boiling to generate oscillations on the boiling surface. Such a concept was 

demonstrated by Sinha-Ray et al. (2017) , where two angle heaters suspended in a liquid 

received power at different moments in time, thereby generating a ñswing-likeò motion on 

the boiling surface. Results show that this motion can yield 32% higher heat transfer 

coefficients (Kim et al., 2021). In a subsequent study, the combination of copper 

electroplating and swing-like motion yielded enhancement factors of up to 20.9 (Kim et 

al., 2022). In this case, the corresponding enhancement factor between stationary and 

swing-like boiling for a fixed surface treatment was 2.3, indicating that swinging motion 
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and surface treatment enhancements effects compound each other. In convective flow-

boiling of liquid hydrogen, simulations that vibrate the tube wall yield an increased heat 

transfer coefficient (Zheng et al., 2017). The reason for enhancement is due to increases in 

turbulence intensity, which increases the convective heat transfer coefficient. It was also 

found that heat transfer enhancement increased as the oscillation velocity amplitude 

increased, and the relative enhancement was found to be larger for smaller inlet fluid 

velocities.  

1.1.1.9.2 Forced Rotations 

 Forced rotations (e.g., blades, stirrers, etc.) may assist with removing vapor from 

pool boiling surfaces. Galloway and Mudawar (1992) used a rotating stirrer to increase the 

pool-boiling CHF of a flat, vertically-oriented heating surface. It was found that increasing 

the rotational speed increased the magnitude of the CHF, but did not significantly change 

the wall superheat at which CHF occurs. CHF enhancement is attributed to liquid 

subcooling and the centrifugal body force induced by the rotating liquid. Suriyawong et al. 

(2019) installed rotating blades above a horizontal boiling surface, and found that 

increasing the number of blades increased the heat transfer coefficient, with enhancement 

factors up to 1.3. Luo et al. (2022) studied the effect of rotation on flow-boiling, but used 

rotation to simulate hypergravity effects by installing the experiment on a turntable (Fang 

et al., 2019), increasing the effect gravitational acceleration from 1g to 2.77 g. Rotation 

enhanced the heat transfer for qualities ranging from ~0 to ~0.6, but did not significantly 

change as the effective gravitational acceleration increased. Overall, forced rotations 

appears to enhance heat transfer enhancement much less than EHD and some of the forced 

oscillation studies described previously. 
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1.1.1.9.3 Smart Surfaces 

 Instead of applying external forces to modify boiling near the surface at the moment 

they are needed, SMAs or other ñsmartò surfaces can be used as a force storage mechanism 

that will only change their shape once a critical temperature is reached. For example, an 

SMA can be tuned to change its surface structure near CHF. Wang et al. (2015) developed 

four types of NiTi alloys to examine boiling heat transfer enhancement of ethanol, and 

subsequently evaluated their effects on the boiling of FC72 and water (Hao et al., 2017). 

One such design included a boiling surface that was bent at 233 K (-40°C), when the 

material is in the martensite state. These bent, or closed fins, then straighten out as 

temperature increases, and eventually ñrecoverò a conventional straight fin shape once the 

temperature reaches 353 K (80°C). Such a material transformation may be desirable 

because closed fins appear to reach ONB at lower wall superheats compared to open fins, 

increasing the heat transfer coefficient at low superheats. As the wall superheat increases, 

so too does the rate of vapor generation, which may lead to film boiling if the fins are too 

closed off; therefore, a material transition that opens the fins may assist in the high heat 

flux regime. Visual demonstration of material transformation during boiling is shown in 

Figure 2.6. 

 An alternative to SMAs are switchable polymer coatings that can exhibit significant 

changes in wettability once a critical temperature is reached (Zhang et al., 2018b). 

Simulations and experimental validation (Zhang et al., 2018a) show that hydrophobic 

surfaces achieve ONB at lower wall superheats, thereby enhancing heat flux. However, 

because hydrophobic surfaces will reach CHF at a lower temperature, hydrophilic surfaces 

may be more desirable at higher wall superheats, both to increase the heat transfer 
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coefficient and delay CHF. Therefore, Bertossi et al. (2015) prepared a switchable polymer 

coating, where once 108°C was reached, the surface changed from hydrophilic to 

hydrophobic, promoting bubble nucleation yielding 20% heat flux enhancement on 

average.  

 Other materials, such as metal oxide films, can change their wettability after 

exposure to ultraviolet (UV) light instead instead of reaching a critical temperature, 

potentially making the coating effective across a wider range of saturation temperatures. 

Takata et al. (2005) showed that the contact angle of a TiO2 coated surface decreases with 

increasing UV irradiation time, resulting in two-fold CHF enhancement while delaying the 

minimum film boiling (MFB) temperature by 100°C compared to an equivalent non-coated 

surface. The contact angle was also found to increase with time, indicating that UV light 

would need to be reapplied for long-term enhancement. Zhang et al. (2019) used a coating 

that consists of TiO2 and FAS-17 and found that CHF increased by a factor of 3.6. 

Additionally, ONB went from a wall superheat of 10 K for the hydrophilic surface to 3 K 

for the hydrophobic surface (coated with PTFE) and the TiO2 coated surface.  
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Figure 2.6: SMAs changing shape as temperature changes. Images from Wang et al. 

(2015), where red circles indicate transition to nucleate boiling. 

1.1.1.9.4 Summary of Findings on Active Surface Enhancement of Pool Boiling 

 Table 2.3 summarizes the heat transfer enhancement obtained from different active 

surface modifications reviewed here. Overall, the magnitude of enhancement is less than 

what is observed with EHD but generally appears less complicated to implement. 

Additionally, active surface modifications appear to be less versatile than EHD, especially 

because some of the most promising enhancement techniques rely on self-induced 

oscillations, which may only occur in a narrow range of operating conditions. This is 

especially the case for SMAs and switchable polymer coatings, which only transition at a 

particular temperature, making this technique less effective in systems where saturation 

temperature or other boundary conditions change during operation.  
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Table 2.3: Summary of active surface enhanced boiling. 

Investigator 
Surface 

Modification  

Boiling 

Process 
Fluid(s) 

Range/Applicabilit

y 
Remarks 

Unno et al. (2020) 

Self-excited 

vibration 

with brass 

plate above 

copper block 

Pool boiling 

on horizontal 

copper block 

¶ Water ¶ ήᴂᴂ: 0 ï 7,000 

kW m-2 

¶ Plate thickness: 

0.1 ï 1 mm 

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Up to ~1.2 

¶ Heat transfer enhancement 

only significant at low heat 

fluxes 

Alangar (2017) 

Forced 

vibrations on 

boiling 

surface 

Pool boiling 

on horizontal 

copper block 

¶ Water ¶ Ὢ: 0 ï 25 Hz 

¶ ώ: 0 ï 5 mm  

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Up to ~2 

¶ Heat transfer enhancement 

highest at low heat fluxes 

Sathyabhama and 

Dinesh (2017) 

Forced 

vibrations on 

boiling 

surface 

Pool boiling 

on grooved 

horizontal 

copper block 

¶ Water ¶ Ὢ: 0 ï 100 Hz 

¶ ώ: 0 ï 2.5 mm  

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Up to ~1.62 

¶ 25 Hz resulted in largest 

enhancement 

¶ Extremely high and low 

frequencies did not 

enhance heat transfer 

 

Kim et al. (2021) 

Self-induced 

ñswing-likeò 

motion on 

boiling 

surface 

Pool boiling 

on inclined 

surfaces 

¶ Novec 

7000 

¶ ήᴂᴂ: up to ~225 

kW m-2 

¶ ɝὝ: 0 ï 250°C 

 

¶ ‌Ⱦ‌: Up to ~1.62 

¶ CHF occurred at lower 

wall superheat 

 

Galloway and 

Mudawar (1992) 

Rotating 

stirrer 

Pool boiling 

on vertical 

copper block 

¶ FC72 ¶ No. of blades: 

2, 4 

¶ Rotation speed: 

500 ï 1800 

RPM 

¶ ‌Ⱦ‌: Not reported 

¶ Higher rotational speeds 

increase ɝὖ thereby 

subcooling liquid near 

surface 
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Table 2.3 Continued. 

Investigator 
Surface 

Modification  

Boiling 

Process 
Fluid(s) 

Range/Applica

bility  
Remarks 

Luo et al. (2022) 

Rotation to 

induce 

hypergravity 

Horizontal 

flow boiling 

in 1.62-mm 

tube 

¶ R245fa ¶ Ὃ: 351, 705 kg 

m-2 s-1 

¶ ήᴂᴂ: 32, 64 kW 

m-2 

¶ ὖ : 218 kPa 

¶ ‌Ⱦ‌: Up to ~1.8 

¶ Enhancement greatest at 

high vapor qualities 

¶ ɝὖȾɝὖ: Not reported 

Hao et al. (2017) SMA 

Horizontal 

boiling 

surface with 

fins initially 

closed 

¶ Water 

¶ Ethanol 

¶ FC72 

¶ ήᴂᴂ: 0 ï 400 kW 

m-2 

¶ ɝὝ: 0 ï 35°C 

 

¶ ‌Ⱦ‌: Up to ~3 

¶ Enhancement was worst 

for FC72 

 

Takata et al. (2005) 

Metal film 

oxide 

exposed to 

UV Light 

Pool boiling 

on horizontal 

copper block 

¶ Water ¶ ήᴂᴂ: 0 ï 2,000 

kW m-2 

¶ ɝὝ: 0 ï 500°C 

¶ Coating 

thickness: 4 

µm, 250 nm 

¶ ‌Ⱦ‌: Not reported 

¶ 2  CHF improvement 
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1.1.1.10 Dropwise Condensation 

 Forced oscillations on condensing surfaces can assist with both condensate 

drainage and sustaining dropwise condensation, which has significantly higher heat 

transfer coefficients than film condensation. Noblin et al. (2004) studied the effect of 

vibration on sessile droplets, observing changes in contact line behavior and changes in 

droplet morphology above a critical amplitude (Noblin et al., 2009), which may be 

promising for some dropwise condensation studies. Mettu and Chaudhury (2008) showed 

that surface vibration can move a droplet when it is vibrating at a frequency that 

corresponds to the natural frequency of the droplet, which could assist in condensate 

removal. Similar concepts have also been investigated where a numerical analysis on the 

Navier-Stokes equations was performed to find resonance modes of vibrations on a sessile 

droplet (Dong et al., 2006), which could assist with identifying the desirable frequency 

range of oscillation of the surface. Other interesting studies have also investigated the effect 

of vibration on droplet wetting phenomena (Decker and Garoff, 1996; Kim, 2004; Boreyko 

and Chen, 2009), but very few have evaluated the impact of these enhancements on heat 

transfer applications. One study by Migliaccio (2014) evaluated the heat transfer 

enhancement from resonance-induced condensate shedding, and reported enhancement 

factors in excess of 70% by estimating the condensing heat duty from the observed droplet 

distribution. Oh et al. (2020) studied condensation on a liquid-infused nanoporous surface 

that was actuated by applying a voltage to a dielectric elastomer, where the departing 

droplet size was reduced by 39% and the droplet departing speeds were eight times faster 

compared to a stationary liquid-infused nanoporous surface, which enhanced the overall 

condensation heat transfer by 40%. Vibrational actuation can enhance heat transfer by 
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removing small condensate droplets that would otherwise grow on the surface until body 

forces make the droplets depart from the surface. 

1.1.1.11 External Film Condensation 

 For film condensation, active surface modifications can reduce film thicknesses, 

increase interface waviness, or both. Vargas and Bejan (1999) used a mechanical wiper to 

perform periodic cleaning of a cold surface to increase the rate of condensation and found 

there was an optimal periodic cleaning time that maximized the condensation rate. 

Condensation heat transfer has also been enhanced by active surface modification such as 

rotation. Sparrow and Gregg (1959) developed a theoretical analysis of condensation heat 

transfer on a rotating disk.  Nicol and Gacesa (1970) experimentally demonstrated heat 

transfer enhancement during on-tube condensation when the tube was rotating on its axis 

and proposed a Nusselt number correlation based on the rotational speed of the tube. 

However, such approaches have mainly focused on on-tube, external condensation. For 

internal flow condensation, it is possible that at high enough rotational speeds, the 

condensate would wet the tube more uniformly due to the presence of centrifugal forces, 

which would impact the heat transfer and pressure drop. Dent (1969) was one of the first 

to study the effect of surface vibrations on condensation by vibrating a horizontal 

condenser tube in the plane of the gravitational field at frequencies ranging from 20 ï 80 

Hz, with amplitudes of up to ~4.3 mm. Condensation heat transfer enhancement of 15% 

was achieved and surface vibration was modeled as a perturbation in the film velocity to 

predict the experimental results.  
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1.1.1.12 Summary of Findings on Active Surface Enhancement of Condensation 

 Table 2.4 summarizes active surface modifications that enhance condensation heat 

transfer. Two key issues are that the average enhancement is far less than EHD, and many 

studies report changes in wetting and hydrodynamics, but not changes in heat transfer. It 

is therefore recommended that future studies connect the changes in wetting phenomena, 

film thickness decreases, and changes in waviness with heat transfer enhancement 

measurements to properly assess the potential of active surface modifications. 

Additionally, it would be interesting to study whether switchable materials such as SMAs 

could assist with delaying film condensation or could enhance film condensation through 

the Gregorig Effect.  
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Table 2.4: Summary of active surface enhanced condensation. 

Investigator 
Active Surface 

Modification  

Condensation 

Process 
Fluid(s) Range/Applicability Remarks 

Dent (1969) 

Vibrating tube 

in the plane of 

the gravitational 

field 

Film condensation 

on a horizontal 

tube (21 mm 

diameter) 

¶ Water ¶ Ὢ: 20 ï 80 Hz 

¶ ώ: 0 ï 4.3 mm  

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Up to ~1.15 

¶ Deemed a negligible 

enhancement method for 

power plant condensers 

Nicol and 

Gacesa (1970) 

Rotating a 

vertical tube on 

its axis 

Film condensation 

on a vertical tube 

(25.4-mm 

diameter) 

¶ Water ¶ Rotational speed: 

0 ï 2700 RPM 

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Up to ~4 

¶ Enhancement only 

significant above ~1000 

RPM 

Vargas and 

Bejan (1999) 

Mechanical 

wiper 

Film condensation 

on vertical plate 

¶ Water ¶ Rotational speed: 

0 ï 2700 RPM 

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Not reported 

¶ Theoretical analysis 

developed to find optimal 

wiping time interval 

Migliaccio 

(2014) 

Vibrating 

condensing 

surface 

Dropwise 

condensation on 

vertical plate  

¶ Water ¶ Ὢ: 100 ï 400 Hz 

¶ ὖ : ~ 100 kPa 

¶ ‌Ⱦ‌: Up to ~1.7 

¶ Power consumption 

somewhat significant (0.3 

W for a 2 W condensing 

heat duty) 

¶ Heat transfer indirectly 

measured through droplet 

size distribution 

Oh et al. 

(2020) 

Vibration-

assisted droplet 

sweeping 

Dropwise 

condensation on 

vertical 

nanoporous 

surface 

¶ Water ¶ Ὢ: 140 Hz 

¶ ὠ: 12 ï 14 kV 

¶ ήᴂᴂȾήᴂᴂ: ~1.4 

¶ Power consumption 

somewhat significant (0.8 

kW m-2 for a ~1.2 kW m-

2 condensing heat duty on 

average) 
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2.3.3 Practical Considerations 

 Active surface modifications have been extensively for pool boiling configurations, 

but very limited attention has been focused on condensation heat transfer. New advances 

in ñsmartò surfaces show some potential by triggering the wettability using external factors 

such as UV light, temperature, and magnetic fields, but their subsequent effect on heat 

transfer enhancement and implementation in practical heat exchangers requires 

investigation. It may be interesting to evaluate whether SMAs or similar materials could 

be employed to assist with liquid drainage during condensation, reducing local film 

thickness thereby enhancing heat transfer. Additionally, there has also been little 

investigation into active surface modifications for convective phase-change heat transfer 

processes. However, in all these cases, there are some practical challenges. For instance, 

actively vibrating or rotating a surface may lead to increased material fatigue and 

consequently premature failure in the heat exchanger. Inclusion of other external factors to 

change the surface (e.g., UV light) could be extremely challenging to implement in a heat 

exchanger connected to a closed fluid loop. Temperature-induced switching mechanisms 

could be viable in some applications, but they are inherently limited to a specific kind of 

fluid and operating condition, making it difficult to be applied in systems like reversible 

heat pumps, where the heat exchanger will exhibit large changes in operating conditions, 

including temperature, as the seasons change. Similar challenges exist with SMAs, and for 

SMAs specifically, one must also consider if an external force needs to be reapplied once 

the material has changed shape (i.e., whether the SMA is one-way or two-way). Therefore, 

while surface active modifications are likely less complex than EHD, they appear less 

versatile and typically have yield lower heat transfer enhancement values. 
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2.4 Enhancement due to Fluid Vibration 

2.4.1 Approaches 

 Due to the obvious practical issues associated with vibrating the heat transfer 

surface, methods to induce the fluid vibration itself using acoustic actuators (e.g., 

piezoelectric transducers) have been explored. Details on the design of acoustic transducers 

are summarized by Léal et al. (2013), and more emphasis on the effects of fluid vibration 

on heat transfer is provided here. In vapors or gases, acoustic fields can influence the heat 

transfer mechanisms by the field thermoviscous dissipation, acoustic streaming, and 

altering the thermal boundary layer. The first effect, viscous dissipation, is probably not 

desired in most applications as heat is being added to the fluid through the enhancement 

technique. However, because acoustic energy is typically much smaller than the power 

scales associated with heat transfer processes, this should be a relatively minor effect. 

Acoustic streaming is steady fluid flow that is generated by the dissipation of the acoustic 

energy, which generates pressure gradients that drive fluid flow (Lighthill, 1978). The rate 

of energy dissipated is commonly related to the attenuation coefficient, which is in turn 

related to some characteristic length. In the bulk fluid, the characteristic distance is given 

by Stokesô law: 

ὒ
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where .is the anular frequency in radians per second, and ὥ is the wave propagation speed ‫  
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Near a wall, the characteristic distance is given by Stokesô second problem: 

ὒ
‘

”‫
 ςȢχ 

The two characteristic length scales are known as ñEckart streamingò and ñRayleigh 

streaming,ò respectively, where Rayleigh streaming is the more dominant effect near a 

boundary, and Eckart streaming is more dominant far from a boundary.  Finally, acoustic 

fields can generate an oscillating thermal boundary layer, which may yield an increased 

heat transfer coefficient because ήᴂᴂͯρȾ‏ (Franco and Bartoli, 2019). However, these are 

just single-phase heat transfer enhancements, which could be inconsequential in phase-

change heat transfer applications, especially if there is already a significant mean fluid 

flow. 

 Acoustic enhancement of phase-change heat transfer is not solely limited to the 

above-mentioned mechanisms. In the case of vapor bubbles submerged in liquid, one can 

find that the change in bubble size subject to an acoustic field can be modeled with the 

well-known Rayleigh-Plesset equation (Marston, 1979): 

ὶὶ
σ

ς
ὶ τ’Љ

ὶ

ὶ

ς„

”Љὶ

ɝὖὸ

”Љ
π ςȢψ 

  



 41 

which, if linearized, can yield a resonance frequency for situations when surface tension is 

a small effect: 

‫
ρ

ὶ

σ‎ὖ

”Љ
 ςȢω 

or when surface tension dominates (i.e., very small bubbles): 
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Therefore, acoustics can be used to actuate vapor bubbles by introducing acoustic waves 

at frequencies near the theoretical resonance frequency of the bubble, potentially enhancing 

boiling and condensation heat transfer. These effects cause significant disturbances at the 

interface, called capillary waves, and produce a translational force on the bubble, known 

as the primary Bjerknes force (Leighton et al., 1990). The direction of the force is 

dependent upon the size of the bubbles, causing them to travel up a pressure gradient or 

down a pressure gradient. Another method in which acoustics can affect bubble dynamics 

is through ultrasonic actuation. Ultrasonic beams are highly directional waves that can 

create a localized pressure gradient on the liquid-vapor interface, which can create a spear-

like protrusion of liquid into the vapor bubble, provided the bubble is larger than the cross-

section of the acoustic beam (Bunkin et al., 1986; Boziuk et al., 2023). Representative 

images showing the change in interface in the presence of capillary waves and ultrasonics 

are shown in Figure 2.7.  
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Figure 2.7: Changes in vapor bubble morphology subject to capillary and ultrasonic 

actuation. Cavitation and ultrasonic images from Boziuk et al. (2019a) and (Boziuk 

et al., 2023), respectively. 

2.4.2 Enhancement Studies 

1.1.1.13 Pool Boiling 

1.1.1.13.1 Smooth Surfaces 

 Guo et al. (2022) numerically modeled the acoustic streaming effect in a pool-

boiling system where the heating surface faces downward. It was found that acoustic 

streaming formed vortices at the root of the bubble, increasing the bubble removal speed 

by 45%. Therefore, acoustic streaming could be an effective bubble removal mechanism 

in microgravity applications or in configurations where the vapor must work against 

gravity, as was the case in the Guo et al. (2022) study. Hyun et al. (2021) also achieved 

bubble removal through acoustics but used the bubble resonance frequency to drive the 

bubble away from the heating surface in addition to the inherent acoustic streaming effect.  

 Zhou et al. (2002) experimentally demonstrated increases in boiling heat transfer 

when an ultrasonic wave was introduced. It was concluded that the new cavitation bubbles 
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in the presence of ultrasonics provided nucleated embryos to the boiling surface, thereby 

enhancing heat transfer.  Jeong and Kwon (2006) studied the effect of ultrasonic actuation 

on CHF at various degrees of liquid subcooling and inclination angles of the heating 

surface. CHF was found to increase with increasing subcooling, and increasing inclination 

angles, resulting in an approximately seven-fold increase in CHF.  Bartoli and Baffigi 

(2011) observed ~55% increases in heat transfer coefficient for pool boiling on a horizontal 

tube, and found that increasing subcooling increased enhancement up to about ɝὝ  

40°C. Similar magnitudes of enhancement were reported by other investigators (Kim et al., 

2003; Heffington and Glezer, 2004). Hetsroni et al. (2014) applied ultrasonic waves to a 

freely oscillating wire that exhibited pool boiling, finding an optimal wire diameter that 

maximized heat transfer enhancement. Ang et al. (2016) quantified ultrasonic enhancement 

of droplet boiling and split the enhancement mechanism into three different regimes based 

on a normalized acoustic amplitude. In the low-amplitude regime, there is no significant 

atomization of the liquid. As amplitude increases, rapid bursting of the liquid and capillary 

waves on the interface begin to form, and, eventually at high enough amplitudes, 

atomization of the liquid phase ensues further enhancing the heat transfer. In this 

configuration, the surface temperature at a given heat flux was reduced by as much as 50% 

in the presence of acoustic actuation. Quintana-Buil and González-Cinca (2021) studied 

the effect of gravity on acoustic enhancement in pool boiling, finding that the heat transfer 

enhancement was consistently higher in microgravity conditions. Lee et al. (2019) 

observed 17% heat transfer enhancement in their configuration, and noted that the standard 

deviation in their spatial and temporal surface temperature measurements decreased by 

70% and 65%, respectively, indicating that acoustic actuation may assist with improving 



 44 

temperature uniformity. Tillery et al. (2004) used an actuator that was driven at 7 kHz to 

induce a flow field similar to a jet, achieving heat fluxes above 300 W cm-2 and found the 

greatest improvement in heat flux to occur near 120°C, where the influence of the jet on 

the heat flux was most significant (Tillery et al., 2006).  Douglas et al. (2012) used acoustic 

waves to generate capillary waves on the bubble interface, increasing CHF by about 20%.  

1.1.1.13.2 Enhanced Surfaces 

 Studies that augment ultrasonic actuation with enhanced surfaces often find a 

compounding heat transfer enhancement effect. Li et al. (2016) observed 41.89% heat 

transfer enhancement (relative to the unactuated case) on a screwed tube when actuating at 

21 kHz. In this case, the actuation frequency did not match the resonance frequency of the 

bubbles, implying that the primary enhancement mechanism is probably acoustic 

streaming. Visual evidence of the acoustic streaming effect in pool boiling is shown in 

Figure 2.8 alongside results from Kim et al. (2003). The streaming effect clearly impacts 

the bubble trajectory and can also reduce the bubble size near the heating surface, thereby 

enhancing heat transfer. However, as heat flux increases, convective forces near the wall 

increase due to vigorous bubble production, implying that acoustic streaming effects will 

not be as pronounced as heat flux increases. Zhou (2004) also observed a compounding 

enhancement effect when combining copper nanofluids with acoustic cavitation. Boziuk et 

al. (2017) observed increases in CHF from 110 W cm-2 to 460 W cm-2 using a 

micromachined surface and a 1.7 MHz ultrasonic wave. The CHF increase was shown to 

have a larger enhancement compared to alternative methods reported by Li et al. (2008) 

and Sloan et al. (2009).  
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Figure 2.8: Acoustic streaming in pool boiling. Top and bottom images from Li et al. 

(2016) and Kim et al. (2003), respectively. 

However, it was observed that the boiling heat transfer coefficient was reduced at lower 

wall superheats, based on which a delayed onset of actuation was proposed (Boziuk et al., 

2016). Similar CHF enhancements were also observed by Lee et al. (2020), but they did 

not observe decreases in the boiling heat transfer coefficient at lower wall superheats.  

1.1.1.13.3 Flow Boiling 

 Limited studies have been performed on acoustic enhancement of flow-boiling heat 

transfer. Shariff (2011) measured the subcooled flow boiling heat transfer coefficient in a 

100-µm microchannel that is actuated at 5, 10, and 15 kHz using a transducer in the middle 

of the test section. A 21% increase in the average heat transfer coefficient was observed, 

and increasing frequency appeared to increase the heat transfer coefficient.  Zhou et al. 

(2021) developed a similar configuration but instead had an array of transducers within a 

microchannel test section. Heat transfer enhancement was observed to be largest near the 

middle of the test section and increased with decreasing heat flux. A maximum heat transfer 

enhancement of 53.9% was reported. Additionally, flow visualization revealed that bubbles 
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tended to hit the tube walls when actuated, increasing the motion of the bubbles by 31.9%. 

Overall, it appears that enhancement in flow boiling configurations is not significantly 

lower than that in pool boiling configurations.  

1.1.1.14 Summary of Findings on Fluid Vibration Enhancement of Pool Boiling 

 Table 2.5 summarizes experimental findings on acoustically enhanced pool boiling. 

The reported enhancement values appear similar to those observed in active surface 

modification techniques, and the enhancement appears to occur over a wide range of 

frequencies. It is expected that maximal enhancement will take place when actuating near 

resonance frequencies associated with the liquid-vapor system, but because most acoustic 

actuators can supply a wide range of frequencies, one actuator may be able to enhance heat 

transfer across a multitude of operating conditions. The major disadvantages of acoustic 

enhancement appears to be still relatively low enhancement compared to EHD along with 

not functioning well in the natural convection regime. Additionally, most studies have only 

studied the boiling of water, but other fluids with vastly different surface tension and sound 

speeds may require different actuation frequencies to facilitate acoustic streaming or 

bubble cavitation. These aspects should be considered in future studies. 
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Table 2.5: Summary of fluid vibration enhanced boiling. 

Investigator 
Vibration 

Technique 
Boiling Process Fluid(s) Range/Applicability Remarks 

Zhou et al. 

(2002) 

Acoustic 

cavitation 

Subcooled pool 

boiling on 

horizontal 

copper tube 

¶ Acetone ¶ Ὅ: 0 ï 0.3 A 

¶ ήᴂᴂ: 5 ï 20 kW m-2 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ: 0 ï 50°C 

¶ ‌Ⱦ‌: Not reported, around 

~1.4 ï 2.0 at low qôô 

¶ Enhancement not 

significant when ONB 

reached 

Jeong and 

Kwon (2006) 

Ultrasonic 

vibration 

Subcooled pool 

boiling on flat 

copper surface 

at different 

orientations 

¶ Water ¶ Ὢ: 40 kHz 

¶ ɝὝ : 5, 20, 40°C 

¶ Plate angles: 0 ï 180°  

¶ ‌Ⱦ‌: Not reported 

¶ ή Ⱦή ȟȡ Up to ~1.26 

¶ Enhancement at other heat 

fluxes not reported 

Bartoli and 

Baffigi (2011) 

Ultrasonic 

vibration 

Subcooled pool 

boiling on a 

horizontal rod 

(3-mm outer 

diameter) 

¶ Water ¶ Ὢ: 37 ï 40 kHz 

¶ ὡ: 300 ï 500 W 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ : 10 ï 45°C 

¶ ‌Ⱦ‌: Up to ~1.62 

¶ Enhancement decreases 

with decreasing subcooling 

Douglas et al. 

(2012) 

Acoustic 

vibrations 

Subcooled pool 

boiling on a 

horizontal 

copper block 

¶ Water ¶ Ὢ: 0.9 ï 2 kHz 

¶ ήᴂᴂ: 0 ï 1,280 kW m-2 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ ȡ ~7°C 

¶ ‌Ⱦ‌: Up to ~1.17 

¶ Enhancement 

immeasurable before ONB 

Li et al. 

(2016) 

Ultrasonic 

vibrations 

Subcooled pool 

boiling on 

horizontal 

enhanced tubes 

¶ Water ¶ Ὢ: 21, 45 kHz 

¶ ήᴂᴂ: 20 ï 100 kW m-2 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ ȡ ~15°C 

¶ ‌Ⱦ‌: Up to ~1.4 

¶ Enhancement decreases 

with increasing heat flux 

Ang et al. 

(2016) 

Ultrasonic 

vibrations 

Liquid droplet 

boiling on flat 

heating surface 

¶ Water ¶ Ὢ: 0.68 ï 2.25 MHz 

¶ ὖ : ~ 100 kPa 

 

¶ ‌Ⱦ‌: Not reported 

¶ Reduces ὝȾὝ by ~44% 
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Table 2.5: Continued. 

Investigator 
Vibration 

Technique 
Boiling Process Fluid(s) Range/Applicability Remarks 

Boziuk et al. 

(2016) 

Ultrasonic 

vibrations 

Subcooled pool 

boiling on a 

horizontal 

copper block 

(smooth and 

enhanced 

surfaces) 

¶ Water ¶ Ὢ: 1.7 MHz 

¶ ήᴂᴂ: 0 ï 3,500 kW m-2 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ: 0 ï 25°C 

¶ ɝὝ ȡ ~7°C 

¶ ‌Ⱦ‌: Not reported 

¶ 31% increase in textured 

surface CHF and 66% 

increase in plain surface 

CHF 

 

Lee et al. 

(2019) 

Ultrasonic 

vibrations 

Subcooled pool 

boiling on a 

horizontal 

heating surface 

¶ Water ¶ Ὢ: 37 kHz 

¶ ήᴂᴂ: 0 ï 2,000 kW m-2 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ ȡ ~20°C 

 

¶ ‌Ⱦ‌: ~1.17 on average 

during nucleate boiling 

¶ Enhancement 

immeasurable before ONB 

Zhou et al. 

(2021) 

Ultrasonic 

vibrations 

Flow boiling in 

microchannel 

heat sinks (1.5 

× 1.5 mm) 

¶ R141b ¶ Ὢ: 10 ï 40 kHz 

¶ ήᴂᴂ: 7 ï 30 kW m-2 

¶ Ὃ: ~ 200 ï 330 kg m-2 

s-1 

 

¶ ‌Ⱦ‌: Up to ~1.53 at 10 

kHz frequency 

¶ ONB shifts slightly 

downstream of heat sink 

due to actuation 

Shariff (2011) 
Acoustic 

vibrations 

Flow boiling in 

microchannels 

(0.1-mm 

diameter, 8 

parallel 

channels) 

¶ R407C ¶ Ὢ: 5, 10, 15 kHz 

¶ ή : 15 ï 29 kW m-2 

¶ ά: 7.5 ï 31 g s-1 

¶ ‌Ⱦ‌: Up to ~1.21 

¶ Greater enhancement 

observed during saturated 

flow boiling 
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1.1.1.15 Condensation 

 Although there has been limited research on the effect of fluid vibration on 

condensation heat transfer, some studies have revealed promising results for direct-contact 

condensation. Hopfinger and Das (2009) studied the mass-transfer enhancement due to 

large-amplitude capillary waves agitating the liquid-vapor interface during direct-contact 

condensation, and developed a Nusselt number enhancement correlation based on the 

actuation amplitude. Tang et al. (2016) studied ultrasonic (~20 kHz) enhancement during 

direct-contact condensation and found that acoustic actuation allowed vapor bubbles to 

collapse at liquid subcooling of 26 and 30 K, compared with 40 K in the absence of 

actuation. In addition, a Nusselt number correlation for condensation in the presence of 

ultrasonic actuation was developed. An additional study by Tang et al. (2015) investigated 

ultrasonic condensation enhancement in the presence of noncondensables, and found that 

heat transfer was still enhanced up to noncondensable mole fractions of about 20%. Boziuk 

et al. (2019a) studied the effect of ~1 kHz acoustic waves on direct-contact condensation, 

and observed a 255% increase in heat transfer coefficient. Subsequently, Boziuk et al. 

(2019b) investigated acoustic enhancement using acoustics wavelengths of ~1 mm, 

demonstrating a 355% increase in the overall heat transfer coefficient when acoustics were 

introduced at each side of a condensing vapor bubble.  

 So far, few studies have implemented and demonstrated acoustic enhancement of 

film condensation. However, one study by Sarathy (2016) fabricated a surface acoustic 

wave (SAW) device, illustrated in Figure 2.9, that preferentially ñleaksò acoustic energy 

from the transducer to the liquid phase, promoting droplet shedding.  
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Figure 2.9: SAW concept. 

Results showed significant enhancement for low surface tension fluids, resulting in over 3-

fold heat transfer enhancement in pentane and ethanol. Table 2.6 summarizes the limited 

studies on fluid vibration enhanced condensation, but enhancement results so far appear 

promising compared to the enhancements achieved in active surface modification studies. 

Further testing of acoustic enhancement for film condensation and convective 

condensation is recommended.  



 51 

Table 2.6: Summary of fluid vibration enhanced condensation 

Investigator 

Fluid 

Vibration 

Technique 

Condensation 

Process 
Fluid(s) Range/Applicability Remarks 

Sarathy (2016) SAWs 
Film 

condensation 

¶ Pentane 

¶ Ethanol 

¶ Hexane 

¶ Perflourohexane 

¶ Ὢ: 12.5, 25 MHz 

¶ ὠ: 100 ï 280 mV 

¶ Ὕ ςυᴈ 

¶ ‌Ⱦ‌: Up to ~5 

¶ Depending on 

orientation, SAW 

and gravity forces 

can counteract 

each other, 

lowering 

enhancement 

Tang et al. 

(2016) 

Ultrasonic 

vibrations 

Direct-contact 

condensation  

¶ Water ¶ Ὢ: 20 kHz 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ: 5 ï 35°C 

¶ ɝὝ ȡ 15 ï 60°C 

¶ ‌Ⱦ‌: Not 

reported 

¶ Actuated vapor 

bubbles collapsed 

at lower 

subcooling 

temperatures 

Boziuk et al. 

(2019a) 

Capillary 

wave 

generation 

Direct-contact 

condensation  

¶ Water ¶ Ὢ: 20 kHz 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ ȡ 15 ï 60°C 

¶ ‌Ⱦ‌: Up to 

~3.55 

¶ Power 

consumption 

~1/23rd of heat 

duty enhancement 

Boziuk et al. 

(2019b) 

Ultrasonic 

vibrations  

Direct-contact 

condensation  

¶ Water ¶ Ὢ: 1.7 MHz 

¶ ὖ : ~ 100 kPa 

¶ ɝὝ ȡ 15°C 

¶ ‌Ⱦ‌: Up to 

~4.55 

¶ Actuation causes 

spear-like 

protrusion on 

bubble 
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2.4.3 Practical Considerations 

 Phase-change enhancement using fluid vibration appears to be a promising active 

enhancement technique for both boiling and condensation. Significant increases in CHF 

have been reported, along with increases of similar magnitude in heat transfer coefficients. 

Additionally, in the case of boiling, ultrasonic transducers could be dual purposed to both 

enhance heat transfer and detect boiling regimes such as the onset of CHF (Barathula and 

Srinivasan, 2022). Because some actuators have a wide frequency broadband response 

(Benjamin, 2002), acoustic enhancement also has the potential to be ñtunedò to the current 

operating condition, maximizing enhancement. However, condensation heat transfer 

enhancement requires further investigation. While the actuation methods studied for pool 

boiling are essentially transferrable to direct-contact condensation, one must note that 

direct-contact condensation is not a very commonly encountered process in power 

generation and HVAC&R applications. In those situations, SAWs may be an effective 

condensate removal method, but testing SAWs on a geometry representing on-tube 

condensation may reveal whether it is an effective technique for commonly used 

condensers. Another possible issue with SAWs is the increased conduction resistance 

associated with the material propagating the acoustic wave, which could counteract 

enhancement depending on operating conditions and the SAW substrate material.  

 Finally, the present studies on fluid vibration enhancement do not address flow 

boiling or flow condensation configurations, which are far more common processes. It is 

quite likely that effects such as acoustic streaming may not be as effective in the presence 

of a mean flow field. Additionally, effects such as cavitation may also not be as effective, 

depending on the two-phase flow regime and waviness of the liquid-vapor interface. 
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Finally, deforming the interface with ultrasonic beams could be employed, but may not be 

practical in large heat exchangers, as this would require several transducers mounted along 

the heat exchanger length, which would increase the complexity of the enhancement 

technique and external power consumption. A potential alternative to enhancing 

convective two-phase heat transfer could be to induce traveling or standing waves within 

the heat exchanger, which could affect the phase interactions and phase distributions during 

boiling or condensation, potentially enhancing heat transfer. At any rate, fluid vibration 

enhancement methods seem to effectively enhance heat transfer and are quite immature 

compared to other active techniques; therefore, further basic research and ideas on practical 

implementation methods may yield promising results.  

2.5 Summary and Recommendations 

 As discussed above, different actively enhanced phase-change heat transfer 

techniques have varying levels of enhancement potential, complexity, versatility, and 

maturity. Figure 2.10 provides an illustration of the current active-enhancement methods 

for typical pool boiling and film condensation processes. The colors associated with each 

enhancement technique are related to its technology readiness level (TRL), which is 

qualitatively based on the number of years and studies performed on it. Clearly, EHD 

techniques yield the highest heat transfer enhancement. However, EHD studies have been 

going on for over one century, several decades longer than the newer enhancement 

techniques that have been reviewed here. Additionally, EHD suffers from some major 

practical limitations and is not quite as flexible as it may seem due to complexities 

associated with non-uniform electric field effects. Therefore, alternative active 

enhancement techniques should be investigated further to determine their maximum 



 54 

enhancement potential. In the case of boiling heat transfer, SMAs and possibly acoustics 

provide relatively simple solutions that are tunable to the operating condition at hand. 

Currently, SMAs appear to yield higher heat transfer enhancement values, but are much 

less flexible than acoustics. In the case of condensation heat transfer, SMAs and other smart 

materials have not been studied well enough yet and do not adapt well to vastly changing 

operating conditions. Acoustic enhancement on the other hand has at least demonstrated 

competitive enhancement in both quiescent and convective flows and can enhance phase 

interactions and single-phase heat transfer; therefore, all condensation processes may be 

prime candidates for acoustic enhancement.  

 

Figure 2.10: Heat transfer enhancement versus complexity and versatility for 

boiling and condensation processes. 
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Overall, developments in actively enhanced boiling and condensation have greatly 

improved phase-change heat transfer and have significant ramifications on the performance 

of thermodynamic cycles and thermal management devices. Many of the active 

enhancement techniques that have been investigated complement structured surfaces and 

other passively enhanced surfaces well, potentially allowing for active enhancements to be 

retrofitted to existing thermal management systems.   

 The key findings from this review are: 

¶ Far more studies have characterized active enhancement of boiling compared to 

condensation. Further studies are needed to understand the potential of active 

enhancement on dropwise, film, and convective condensation processes. 

¶ EHD enhancement appears effective for external boiling and condensation 

processes but is highly dependent on the electrode design and heat exchanger 

geometry. EHD for internal boiling and condensation appears to be less effective, 

with sometimes severe pressure drop penalties.  

¶ Surface vibrations and rotations can enhance heat transfer by increasing turbulence 

and remove liquid, but suffer from practical limitations and may cause fatigue or 

premature failure in heat exchangers. 

¶ Active surface modifications such as SMAs or coatings that switch wetting 

behavior appear to be promising candidates for pool boiling and external 

condensation, but require further investigation for flow boiling or condensation 

configurations. 

¶ Fluid vibration can enhance heat transfer through acoustic streaming or by 

deforming the liquid-vapor interface. Significant progress has been made on pool 
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boiling enhancement, but further studies on condensation and convective phase-

change heat transfer processes are needed. 

¶ Many active heat transfer methods can work with passive enhancement methods to 

further augment heat transfer. However, some passive enhancements and active 

methods like EHD may counteract each other. 

¶ Active methods are best used in place of, or in conjunction with, passive methods 

if they can adapt to changing operating conditions. Therefore, development of 

tunable and controllable active enhancement techniques will complement the 

development of surface structures to further increase heat fluxes for various thermal 

management applications.  

2.6 Research Objectives 

 With these deficiencies in literature identified, the primary objective of this work 

is to demonstrate enhancement of internal flow condensation using acoustic actuation and 

to understand the relevant mechanisms of enhancement in a geometry and operating 

condition relevant to HVAC&R applications. To accomplish this objective, the following 

tasks were conducted: 

¶ Observe two-phase flow regimes in the absence and presence of acoustic actuation at 

various qualities, flow rates, frequencies, and acoustic amplitudes. 

¶ Conduct heat transfer and pressure drop testing in small quality increments (ȹxeq ~ 0.1) 

for condensing flows of refrigerants, both with and without acoustic actuation. 

Specifically: 
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o R134a condensing in a 14.45 mm internal diameter horizontal, smooth round 

tube for a mass flux range of 120 < G < 300 kg m-2 s-1, at P = 950 kPa, and wall 

temperatures 6-12 K colder than the saturation temperature. 

o Acoustic actuation induced by moving a piston with amplitudes ranging from 1 

< y < 6 mm and frequencies ranging from 2 < f < 30 Hz. 

¶ Develop flow regime specific pressure drop and heat transfer models with and without 

actuation that be applied across the conditions investigated in the present study. 

¶ Develop guidelines based on the findings of this study for the design of different 

condenser geometries enhanced with acoustics. 
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CHAPTER 3. FLOW VISUALIZATION AND HYDRODYNAMIC 

MEASUREMENTS 

3.1 Actuation Method and Motivation 

 From a review of the literature, it is evident that benchtop acoustic heat transfer 

enhancement experiments can yield several-fold increases in the heat transfer rate during 

condensation of a single vapor bubble in a quiescent subcooled liquid medium using either 

short- or long-wavelength acoustic waves (Boziuk et al., 2019b; Boziuk et al., 2019a). 

However, while both acoustic actuation methods have excellent potential as heat transfer 

enhancement techniques, such configurations may not be best suited for in-tube convective 

condensation. In the case of capillary wave generation, the liquid-vapor interface in most 

cases is already well-agitated. Ultrasonic actuation would be difficult to implement because 

acoustic beams would need to be directed normal to the flow direction along the entire heat 

exchanger length, and an entire array of ultrasonic devices may lead to nonnegligible heat 

dissipation, increasing the load on the condenser. Furthermore, the intensity of the acoustic 

beam propagating through the liquid must be large enough that it overcomes the convective 

forces present within the tube (Yu et al., 2021), which in previous studies were essentially 

negligible. Therefore, an alternative acoustic enhancement technique targeted to improve 

convective condensation heat transfer is investigated here. 

  Convective condensation can be enhanced by dispersing the liquid that accumulates 

at the bottom of the tube, reducing the liquid pool height and improving interfacial mixing. 

This can be accomplished by propagating acoustic waves through the vapor phase as 
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opposed to the liquid phase, which will cause significant increases in interfacial shear, in 

addition to the shear constantly fluctuating with time. The challenge, however, is once the 

acoustic waves are introduced in the vapor phase, there is nothing necessarily preventing 

the waves from leaving the heat exchanger and affecting other parts of a system. Therefore, 

it would be best to have the acoustic energy be confined to the heat exchanger to maximize 

its efficiency. Therefore, a new enhancement technique is proposed, where two large 

volumes, acting as heat exchanger headers, propagate or reflect acoustic sound waves 

through the condenser tubes, creating locally oscillating flow, thereby agitating the liquid 

accumulated at the end of the condenser tube. This configuration is like a Helmholtz 

resonator, which reflects sound back to its source provided the sound is within a certain 

frequency band (Kinsler et al., 2000). The frequency band can be evaluated by knowing 

the fluid sound speed, resonator volume ὠ, and the effective acoustic resonator neck length 

given by: 

ὒ ὒ πȢψυὨ σȢρ

 By having two Helmholtz volumes and introducing the acoustic sound waves at the 

inlet header, the acoustic energy can be confined to the heat exchanger, thus maximizing 

the potential for heat transfer enhancement. In this configuration, the resonator neck length 

is approximately the condenser tube length (ὒḻὨ, and the resonator volume is the 

volume of the heat exchanger header. The relative amount of acoustic power lost from a 

classical Helmholtz resonator, assuming all dimensions of the heat exchanger are 

significantly less than the acoustic wavelength, is shown in Equation σȢς (Kinsler et al., 

2000). 
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Table 3.1: Vapor-phase sound speed of select fluids at Tsat = 35°C. 

Fluid  av (m s-1) 

R1234yf 128 

R134a 142 

R410A 157 

Propane 211 

Ammonia 405 

Water 433 

This assumption is easily justifiable for most heat exchangers, as the vapor-phase sound 

speed ranges from 100 ï 500 m s-1 (Table 3.1); therefore, if actuating at a frequency of 10 

Hz, this would imply the heat exchanger length should be less than 10 ï 50 m. 

ρ

Ὕ
ρ

ὥȾςὃ

‫ὒ
ὃ

ὥ
‫ὠ

 σȢς 

 The frequency where the transmission coefficient is minimized (i.e., the resonance 

frequency) is given by Equation σȢσ (Panton and Miller, 1975). The resonance frequency 

is also where the acoustic power reflection coefficient Ὑ ρ Ὕ , is maximized, 

meaning that all, or most, of the acoustic energy is confined to the heat exchanger. 

Therefore, Equations σȢς and σȢσ help establish the expected behavior of the proposed 

enhancement technique; however, the exact values obtained from these equations may not 

match the proposed configuration due to the unique geometry and possible liquid-vapor 

phase interactions. 
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‫ ὥ
ὃ

ὠὒ
 σȢσ 

 To determine the viability of this method, this study experimentally demonstrates 

the actuation mechanism by introducing low-frequency (~10 Hz) acoustics to horizontal 

two-phase flow. The overall changes in the hydrodynamics, flow regimes, and heat transfer 

are characterized by high-speed video, pressure drop, and thermal measurements. The 

effects of actuation frequency, mean flow rate, actuation amplitude, vapor quality, and 

temperature difference are assessed to identify the conditions under which heat transfer 

enhancement can be expected. 

3.2 Test Facility  

 A phase-change test facility, originally developed by Coleman and Garimella 

(2000) and further modified by Bandhauer et al. (2006) and Milkie et al. (2016),  was 

adapted to measure the two-phase flow hydrodynamics for a wide range of mass fluxes and 

vapor qualities when subjected to acoustic actuation. A schematic of the test facility is 

shown in Figure 3.1.  The two-phase fluid to be tested, in this case refrigerant R134a, is 

superheated in a tube-in-tube evaporator coupled to pressurized saturated steam at ~130 

kPa. The temperature and pressure of the R134a is measured at the evaporator exit, thus 

fixing the thermodynamic state of the fluid. The R134a then gets partially condensed using 

two shell-and-tube condensers, which serve as pre-condensers. 
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Figure 3.1: Phase-change test facility schematic. 

 The R134a quality leaving the pre-condensers can range from about 5% to 85%, 

encompassing nearly the entire range of vapor qualities possible. Once the R134a exits the 

pre-condenser, it enters the test section, where the flow can be acoustically actuated, and 

the pressure drop is measured using a differential pressure transducer (Rosemount 

3051CD) with an uncertainty of ±14 Pa. Because the test section is adiabatic and horizontal, 

the measured pressure drop only consists of the frictional component. At the test section 

tube outlet, a sample cylinder is installed to act as a Helmholtz resonator, which helps 

prevent the transmission of acoustic waves, thus confining the acoustic energy to the test 

section. Once the R134a exits the test section, the R134a is fully condensed using two shell-

and-tube condensers, which serve as post-condensers, so that the refrigerant is in a 

subcooled liquid state before entering the pump. The refrigerant mass flow rate is measured 

using a Coriolis mass flow meter, after which, the refrigerant flow to the evaporator, 

completing the cycle. The pre- and post- condensers were cooled using water, and the heat 
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transfer rate from each condenser is calculated using water temperature and flow rate 

measurements. Because the heat transfer rate for each pre- and post- condenser is 

measured, the thermodynamic state at the inlet and outlet of the test section can be 

independently measured using an energy balance. Equation σȢτ is used to calculate the 

inlet, outlet, and average test section enthalpies and corresponding qualities.  

Ὤ Ὤ

Ὤ Ὤ
ᴼὬ  σȢτ

The uncertainty in the experimental measurements is quantified with a propagation of 

errors approach as described by Taylor and Kuyatt (1994), where the uncertainty of a 

calculated variable is a function of the values and uncertainties of the variables used in the 

calculations. Sample calculations and examples of this data reduction and error propagation 

technique can be found in the study by Milkie (2014) and Macdonald and Garimella 

(2016a). The required working fluid and coolant properties were determined using 

REFPROP (Lemmon et al., 2018) and CoolProp (Bell et al., 2014). On average, the 

uncertainty in the test section quality measurement for this study is ±0.025 (2.5%).  

3.3 Flow Visualization Test Section Design and Instrumentation 

 To induce acoustic waves into the test section, an acoustic actuator was designed 

and fabricated, as shown in Figure 3.2. The actuator consists of a controllable piston, 77 

mm in diameter, inside a 500 mL volume containing refrigerant vapor, and the acoustic 

flow is directed nearly parallel to the mean refrigerant flow using a ~15° angled fitting, as 

shown in Figure 3.3. The piston is driven by a voice coil motor with an impedance of 2 ɋ, 

and the current to drive the motor is limited to 4.1 A RMS. This means the maximum 
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amount of power required to drive the actuator is approximately 34 W; however, the 

theoretical amount of power propagated into the test section, assuming a plane wave, is 

approximately 0.4 W at a frequency of 6.5 Hz and amplitude of 4 mm. The motion of the 

piston can be controlled to an exact displacement and frequency of motion, as shown in 

Figure 3.2. In practical applications, this may be achieved by having the heat exchanger 

headers act as Helmholtz resonators.  

 

Figure 3.2: (a) Acoustic actuator CAD rendering and (b) software for measuring 

and controlling the piston. 
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Figure 3.3: Test section instrumentation. 

To measure the effect of acoustic actuation on the flow regime, differential pressure sensors 

are installed on the test section to quantify the change in the pressure drop signal in the 

presence and absence of acoustic actuation. The frictional pressure gradient is given by: 

 σȢυ

Previous studies that have used this test facility have validated pressure gradient 

measurements in this manner for the single-phase case (Garimella et al., 2001; Garimella 

et al., 2003). Additionally, a condenser microphone (product number POM-2738L-

LW100-R) is installed in the sample cylinder to measure the acoustics within the flow. 

Finally, to understand the changes in the actual flow morphology, high-speed video of the 

flow is captured using a Photron FASTCAM SA4 500K, recording at 1000 frames per 

second. The top and front views of the flow are recorded simultaneously using an angled 

mirror, schematically shown in Figure 3.4.  
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Figure 3.4: Flow visualization experimental setup. 

The test section is a clear fluorinated ethylene propylene (FEP) tube with inner and outer 

diameters of 12.7 mm and 15.9 mm, respectively. Additionally, the effective acoustic 

length and pressure drop length are 1.83 and 0.79 m, respectively. The acoustic length is 

longer to account for the additional plumbing needed to connect the volumes to the 

condenser tubes as shown in Figure 3.3. The test section is connected to the test facility 

with compression fittings. The test section was pressure tested with pure nitrogen gas and 

found to maintain and withstand a pressure of 1200 kPa for approximately three days. The 

FEP tubing is rated to withstand ~1340 kPa of pressure, according to the manufacturer.  

3.4 Flow regime Identification 

 The flow regime is determined from the high-speed two-phase flow videos. First, a 

qualitative identification of the major flow regimes, and flow patterns within each regime, 

is made. The observed flow patterns are shown in Figure 3.5.  
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Figure 3.5: Observed flow patterns and flow regimes. 
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At high vapor qualities, the flow pattern is most nearly annular-mist (AM), where there is 

a thin film of liquid surrounding the tube perimeter with a fraction of liquid entrained in 

the vapor core. Then as the vapor mass flow rate decreases, the gravitational forces begin 

to outweigh the inertial forces of the baseline flow, leading to the stratified flow regime. 

Near the annular-to-stratified transition, the vapor mass flow rate is high enough to cause 

flow fluctuations at the interface, making the flow pattern stratified-wavy (SW) as opposed 

to stratified-smooth (SS), which occurs once the vapor-mass flow rate decreases enough. 

These two flow regimes are expected to occur for nearly all vapor qualities; at very low 

vapor qualities, the intermittent flow regime (IF) occurs. However, once acoustic actuation 

is introduced in the two-phase flow, the flow becomes locally pulsatile, which can 

dramatically affect the flow regime. For example, at low vapor qualities, the convective 

forces of the acoustics can be so strong that the liquid is sheared, which results in a thin 

liquid pool and significantly mixed liquid/vapor flow in the vapor core, leading to what is 

referred to here as dispersed flow (DF). Alternatively, the magnitude of the pulsatile 

velocity can be relatively weak, so that the liquid does not get dispersed, but the backward 

flow is still strong enough to cause liquid bridging, generating intermittent flow. Because 

of the time-dependent nature of the flow, the exact flow pattern is determined at every 

single frame, which is made possible by developing a flow pattern detection algorithm. A 

flow chart illustrating this algorithm is shown in Figure 3.6, and briefly explained here. 

First, each frame of a video is cropped to only show the front view of the test section. Then, 

the pixel distribution and average pixel intensity is quantified to check if the flow is 

dispersed.  
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Figure 3.6: Flowchart of flow pattern classification algorithm. 

If the flow is not dispersed, then the frame blurred using a 5 ×5 Gaussian kernel, which is 

then converted into a binary image using Otsuôs method (Sezgin and Sankur, 2004) to 

detect the liquid-vapor interface. The binary image is then used to determine whether the 

flow is intermittent or stratified. If a significant portion of the interface reaches the top of 

the tube, then a liquid bridge exists, and the frame is categorized as IF. If no significant 

liquid bridges are detected, the average liquid pool height is measured, and if it is below a 

threshold value, the flow is categorized as AM; otherwise, the flow is found to be SS or  
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SW. To determine whether the flow is smooth or wavy, the frame is split into 10 segments, 

and the standard deviation of the interface height is computed for each segment to quantify 

how wavy the flow is. If the mean standard deviation exceeds a predefined threshold value, 

the flow is categorized as SW; otherwise, it is classified as SS. Once the videos are fully 

processed, a time-averaged flow regime similarity metric can be defined, which describes 

quantitatively how often the actuated flow regime is different than the baseline flow 

regime. The similarity metric is shown in Equation σȢφ. 
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ὲ
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 σȢχ 

Pressure drop measurements as well as flow regime video recordings are conducted from 

vapor qualities ranging from 5% ï 85% at mass fluxes of 120 and 240 kg m-2 s-1, all at a 

saturation pressure of 950 kPa. The actuation frequency is varied from 1.5 Hz ï 25 Hz, 

while the actuation amplitude is varied from 0.5 mm ï 6 mm. In addition, three different 

sample cylinder volumes (150, 500, and 1000 mL) are installed at the test section outlet to 

test the effect of geometry.   
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3.5 Results and Discussion 

3.5.1 Pressure Gradient 

 The frictional pressure gradient as a function of quality for two mass fluxes is 

shown in Figure 3.7, where the total frictional pressure gradients are shown in Figure 3.7a 

and b, and the added pressure drop penalty due to acoustic actuation is shown in Figure 

3.7c and d. The added pressure drop penalty is given by: 

ɝὴ ɝὴ ɝὴ σȢψ

The baseline pressure gradient results are consistent with typical trends observed in the 

literature ï as vapor quality and mass flux increases, so too does the pressure gradient until 

the quality is very close to unity (Müller-Steinhagen and Heck, 1986; Macdonald and 

Garimella, 2016b). When the flow is actuated, the pressure gradient increases, but the 

amount by which it increases strongly depends on the vapor quality. At a given frequency 

and amplitude, the pressure gradient starts to increase as quality increases, but then rapidly 

drops to a constant value. It is expected that the pressure drop due to acoustics at high vapor 

qualities remains constant because the flow pattern remains nearly constant at high vapor 

qualities, and because both the flow pattern and acoustic boundary conditions remain the 

same, the acoustic pressure drop should also remain the same. It can also be seen that the 

observed inflection point changes with frequency; at lower frequencies, the inflection point 

occurs at a lower quality. This may indicate that the test section resonance frequency 

changes with vapor quality. This dependence could be because acoustic waves primarily 

propagate through the vapor-phase flow area.  
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Figure 3.7: Pressure gradient versus quality with and without actuation at 4 mm 

amplitude at a mass flux of (a) 150 kg m-2 s-1 and (b) 235 kg m-2 s-1, and acoustic 

pressure gradient versus quality at an amplitude of 4 mm at a mass flux of (c) 150 

kg m-2 s-1 and (d) 235 kg m-2 s-1 

Although not directly measured, this assumption is plausible because of the large acoustic 

impedance mismatch (Kinsler et al., 2000) (”ЉὥЉḻ”ὥ) between the two phases, making 

transmission of acoustic waves into the liquid very unlikely. Therefore, the effective 

acoustic cross-sectional area as shown in Equation σȢς is likely better represented by the 
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cross-sectional area of the vapor phase, which decreases as quality decreases (Srisomba et 

al., 2014; Milkie et al., 2016). Finally, it can also be seen from Figure 3.7c and d that the 

magnitude of the pressure gradient increase is similar for both mass fluxes, indicating that 

the pressure-drop penalty due to acoustics is mainly a function of the acoustic velocity 

amplitude and two-phase flow morphology.  

 To better understand the effect of the actuation parameters at a given baseline two-

phase flow condition, the pressure gradient is also measured as a function of frequency and 

amplitude, as shown in Figure 3.8. As was observed in Figure 3.7, it can again be seen that 

the resonance frequency increases as quality increases. Increasing amplitude leads to an 

increased acoustic pressure drop, which is expected; however, the functional dependence 

changes at high amplitudes.  

 

Figure 3.8: (a) Pressure gradient versus frequency, (b) acoustic pressure gradient 

versus actuation amplitude at f = 6.5 Hz, and (c) normalized pressure gradient 

divided by nominal acoustic energy versus frequency with Equation 3.2 trend 

overlayed for illustrative purposes. 
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At low amplitudes, it appears that the pressure drop increases quadratically with amplitude; 

but eventually, there is diminishing dependence between pressure drop and amplitude. This 

observed trend is likely due to changes in the two-phase flow regime. At low amplitudes, 

there is no significant flow regime change; therefore, the mean pressure drop increase 

should be proportional to the square of the actuation amplitude. However, once the acoustic 

velocity reaches a critical amplitude, the flow regime starts changing during actuation, but 

eventually there comes a point where increasing amplitude causes the changes in flow 

regime to be minimal. It is also possible that the actuator configuration ceases to be as 

effective at confining the acoustic energy at higher amplitudes. To estimate the resonance 

frequency of the system, the pressure gradient results are normalized with a nominal 

acoustic kinetic energy, Ὢώ, and the resonance frequency is the frequency at which this 

normalized response is greatest. This normalized pressure-drop penalty as a function of 

frequency is also shown in Figure 3.8, where the resonance frequency is much more 

apparent, and the trend of the resonance frequency increase with quality is still present. 

Figure 3.8c also shows a curve very similar to the curve governed by Equation σȢς, 

indicating that, qualitatively, the frequency response is indeed analogous to Helmholtz 

resonance. This makes it more plausible to design an acoustically enhanced heat exchanger 

a priori, as the resonance frequency and overall frequency response can be estimated with 

pre-existing knowledge of Helmholtz resonance. However, the exact prediction of the 

resonance frequency with Equation σȢσ does not match experimental observations exactly. 

The discrepancy likely arises from the complex liquid-vapor phase interactions, because 

the acoustic boundaries are constantly changing as the liquid is being agitated, and the void 

fraction of the channel is also constantly changing axially and temporally due to the 



 75 

oscillatory nature of the flow. Figure 3.9 shows the measured resonance frequency as a 

function of quality and volume. The resonance frequency increases as quality increases, 

which is expected because the effective cross-sectional area for the acoustic wave would 

only increase as quality increases due to the lower liquid fraction. Conversely, the 

resonance frequency decreases as the sample cylinder volume increases. This is also 

expected based on Equation σȢσ, but the observed power law Ὢͯ ὠ Ȣ does not exactly 

match the expected trend Ὢͯ ὠ Ȣ. The difference between the two results is likely 

because the inlet and outlet volumes are not always equal.  Therefore, the expected shift in 

resonance frequency should be due to the outlet volume ὠ and inlet volume ὠ.  In this 

study, the inlet volume remained constant at 500 mL.   

 

Figure 3.9: Resonance frequency as a function of (a) vapor quality and (b) sample 

cylinder volume. 
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The interaction between the two volumes has not been studied in detail; however, it can be 

expected that most heat exchangers in real applications will have headers or manifolds with 

approximately equal volumes, which is why that case was studied in greater detail.  

3.5.2 Flow Visualization 

 Representative images of the flow patterns of the baseline and actuated flow at 

different vapor qualities are shown in Figure 3.10. Qualitatively, the difference between 

the baseline and actuated flow regime decreases as quality increases, which is also the case 

with the pressure gradient measurements. This is also observed more quantitatively by 

measuring the flow regime similarity as a function of quality, as shown in Figure 3.11. One 

noteworthy result that may seem unexpected is the sudden drop in flow regime similarity 

at a vapor quality around ~50-70%. However, this shift in flow regime is due to the 

convective forces from the acoustic sound waves causing the liquid pool to thin, making 

the transition from annular flow to stratified flow occur at a slightly lower vapor quality.  

At low vapor qualities, the acoustic actuation causes significant changes in the flow regime 

by agitating the relatively large amount of liquid present in the channel, causing a mixture 

of DF, IF, and SW flow patterns. If just the percentage of DF is quantified as a function of 

quality, as shown in Figure 3.11b, one can see a trend very similar to the relationship 

between pressure gradient and quality, indicating a strong correspondence between the 

presence of DF and increase in pressure gradient. However, it should be noted that while 

DF would likely lead to the greatest heat transfer enhancement, it is unlikely to be the sole 

flow regime responsible for enhancement. 
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Figure 3.10: Representative flow patterns of baseline and unactuated flow at 

different vapor qualities at a mass flux of 150 kg m-2 s-1. 

 

Figure 3.11: (a) Flow regime similarity and (b) occurrence of the DF flow regime 

versus vapor quality at an actuation amplitude of 4 mm. 



 78 

Although IF and SW will have larger pool heights than DF, the pool height is still decreased 

by the presence of increased interfacial shear. From the image processing algorithm, the 

average pool height decreased by 44% at vapor qualities below 30% (where ώ = 4 mm), 

indicating that heat transfer enhancement will still be likely at all low vapor qualities tested. 

However, it is possible that an optimal heat transfer enhancement exists near the region 

where DF would be most prevalent. A time lapse of acoustic actuation at different 

frequencies is shown in Figure 3.12, where it is observed that while all frequencies tend to 

change the two-phase flow regime, it is only near resonance that the acoustic forces are 

large enough to shear the liquid and create a fine disperse flow at many points in time.  

 

Figure 3.12: Time lapse of acoustically actuated flow at time intervals T / 4. 
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The flow regime similarity is also quantified and shown in Figure 3.13, where the 

frequency at which the flow regime is most different increases with increasing quality, 

which can also be viewed as the resonance frequency of the test section, and this frequency 

agrees well with the resonance frequency that was defined previously. Additionally, the 

effect of acoustic amplitude on flow regime similarity is analogous to the effect of 

amplitude on the acoustic pressure drop. This provides further evidence to suggest that the 

observed increase in pressure drop is related to changes in flow regime, and at a certain 

point further increases in actuation amplitude cannot lead to further flow regime changes, 

at least in the range of amplitudes tested in this study.  

 

Figure 3.13: Flow regime similarity versus frequency at y = 4 mm and (b) the flow 

regime difference (1 - S) versus actuation amplitude at f = 6.5 Hz. 
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3.5.3 Analogy between Momentum and Flow Regime 

 Experimental results from the flow regime analysis and pressure drop 

measurements both independently demonstrate nearly identical trends with respect to 

acoustic actuation. To characterize the observed analogy between the pressure gradient and 

flow regime, the pressure drop due to acoustic actuation is estimated by subtracting the 

measured pressure drop at a given vapor quality and mass flux with the equivalent baseline 

pressure drop measurement, shown in Equation σȢψ. Then, the magnitude of the acoustic 

pressure drop is compared with an estimate of the vapor-phase pressure gradient, given by 

Equation σȢω, where the friction factor is given by the Churchill correlation (Churchill, 

1977). The acoustic pressure drop is compared with the vapor-phase pressure drop because 

the acoustic sound waves should be propagating through the vapor phase.  Thus, large 

changes in the flow regime, and total pressure drop, should be expected when the inertial 

forces due to acoustics are much larger than the inertial forces of the baseline vapor flow.  

ɝὴ ςὧȟ”Ὦ
ὒ

Ὠ
σȢω 

The relationship between flow regime similarity and the relative pressure drop is shown in 

Figure 3.14. As expected, when the forces due to the acoustic waves are small in 

comparison to the inertial forces of the vapor phase, there will be no change in the flow 

regime. However, once ḻρ, significant flow regime changes occur, which is likely 

to also increase heat transfer due to both the heat-momentum analogy and the effect of flow 

regime on condensation heat transfer (Dobson and Chato, 1998).  
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Figure 3.14: (a) Flow regime similarity and (b) occurrence of DF and IF regimes as 

a function of the relative pressure drop between the acoustics and vapor phase. 

In the case where ρͯ, there will still be thinning of the liquid pool and conversion of 

stratified-smooth flow to stratified-wavy flow, but it is typically not enough to change the 

flow regime significantly. At high vapor qualities, however, comparable acoustic forces 

and vapor inertia forces would lead to an early onset of the AM flow pattern. However, it 

is unclear if this transition would significantly enhance heat transfer as the pool height 

continuously decreases as vapor quality increases; therefore, the small relative change in 

pool height may not lead to substantial enhancement compared to the low-quality case. In 

the case of very low vapor qualities, there will be enough liquid to cause bridging even 

while the flow is being severely agitated; however, in a small quality range, there will be 

an optimal zone where there is enough liquid to substantially alter the flow regime, but not 

enough to cause liquid bridging, which will yield the DF flow pattern, as was indicated in 

Figure 3.11.  Finally, it should be noted that the logistic-like trend in flow regime similarity 

with relative pressure drop is on a logarithmic scale, meaning significant pressure drop 
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penalties would be incurred if IF/DF was desired for nearly the entire end of the 

condensation process. Therefore, a balance must be struck between reducing the size of the 

condenser while still maintaining an allowable pressure drop, and it is likely that this 

balance will depend on the specific application. 

3.5.4 Resonance Frequency Correlation Development and Design Recommendations 

 Although Equation σȢς can provide reasonable estimates for the resonance 

frequency, it does not account for all the complications arising from the liquid-vapor 

interactions. However, the general trend appears to match the experimentally observed 

trends. If Equation σȢς is non-dimensionalized, as shown in Equation σȢρπ, two key 

dimensionless parameters arise: a Strouhal number, where the characteristic length is the 

sample cylinder volume over the vapor flow area, and the driving frequency over the 

resonance frequency, called the reduced frequency.  

ρ

Ὕ
ρ

Ὓὸ

‫ ρ
 σȢρπ 

Physically speaking, the Strouhal number represents the relative magnitude of the flow 

oscillations to the wave propagation speed. An oscillating flow with a larger Strouhal 

number will have a larger bandwidth, i.e., will be less sensitive to being actuated at the 

exact resonance frequency (Figure 3.15). Both quantities clearly depend on geometrical 

parameters, which will change with quality, fluid properties, and the flow regime. 

Therefore, based on the measurements made in the present study, empirical correlations 

for the Strouhal number and resonance frequency are given by Equations σȢρρ and σȢρς, 

respectively.  
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The mean absolute percent error between the predicted and measured reflection coefficient 

Ὑ ρ Ὕ  is 19.1%. Measured reflection coefficients as a function of frequency and 

reduced frequency and are shown in Figure 3.15 with model predictions overlayed.  In all 

cases, the frequency at which reflection coefficient is maximized is accurately predicted 

by the resonance frequency correlation, and the variation in the frequency response as 

reduced frequency changes also follows the modified Helmholtz response well. So, for 

design purposes, Equation σȢρρ can be used to determine the resonance frequency a priori 

and the approximate frequency and bandwidth can be determined using Equations σȢω and 

σȢρς, where the void fraction is estimated using the correlation by Premoli (1970).  

 

Figure 3.15: (a) Reflection coefficient at different Strouhal numbers and predicted 

and measured reflection coefficients versus (b) frequency and (c) reduced 

frequency. 
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It should be noted, however, that this correlation is likely only valid for fluids with 

thermophysical properties similar to those of R134a. It is likely that different fluids that 

exhibit different flow regimes at different points along the condensation process will have 

slightly different resonance frequencies. Therefore, if no experimental measurements were 

conducted on the working fluid in question, then Equations σȢρ and σȢς are likely to give 

reasonable estimates as was the case in the present study. For design purposes, the 

following calculation procedure is recommended for determining the desired actuation 

frequency for a two-phase heat exchanger: 

1. Determine the vapor phase sound speed. 

2. Calculate the effective acoustic length of the heat exchanger. In most applications, 

this will approximate the tube length, since ὒḻὨ typically.  

3. Measure the volume of the heat exchanger headers.  

4. Calculate the resonance frequency with Equation σȢφ, using an average channel 

void fraction, or Equation σȢς if the working fluid and configuration is far different 

than what was investigated in this study. Ensure that the corresponding acoustic 

wavelength ‗ ὥȾὪ is much less than any of the length scales within the heat 

exchanger. 

To determine the desired acoustic amplitude, ensure that the nominal actuation velocity is 

greater than the mean flow velocity. In this study, while the piston velocity never exceeded 

1 m s-1, the actual acoustic velocity is likely larger because the piston area is ~6× greater 

than the cross-sectional area of the test section.  
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3.6 Conclusions 

 A new actuation technique using the theory behind Helmholtz resonance is 

experimentally investigated using pressure drop measurements and high-speed 

videography. Pressure drop measurements as a function of heat exchanger geometry, 

frequency and vapor quality demonstrated strong Helmholtz-resonance like behavior, and 

correlations to predict the frequency response and resonance frequency are developed. The 

high-speed videos of the two-phase flow regimes demonstrated that the flow regime 

significantly changed at high liquid inventories and near the resonance frequency, and the 

transition from SW to AM flow occurred at a slightly lower quality. When comparing both 

measurements, an analogy between the flow regime changes and relative pressure drop of 

the acoustic actuation is observed, including the observation of an optimal quality for 

acoustic actuation, where there is enough liquid to cause significant dispersion of the liquid 

phase, but not so much that liquid bridges begin to form. Finally, it is likely that this 

technique has the potential to enhance low-quality condensation based on the heat-

momentum analogy present in convective condensation. 
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CHAPTER 4. HEAT TRANSFER AND PRESSURE DROP 

MEASUREMENTS 

 Based on the observed changes in flow patterns and frictional pressure drop, it is 

expected that heat transfer enhancement will  take place at low vapor qualities. Beyond 

changes in flow patterns, one additional reason for enhancement may be due to the 

increased time-averaged kinetic energy of the vapor-phase, which can be estimated as: 

ộὉȟỚθ ộὮỚ Ὦȟ
ρ

ς
Ὦȟ Ὑ τȢρ 

which can also be written as an effective superficial root-mean-square (RMS) vapor-phase 

velocity:  

Ὦȟ Ὦȟ
ρ

ς
Ὦȟ Ὑ τȢς 

Another reason the heat transfer coefficient is expected to increase is due to the improved 

mixing between the liquid and vapor phases during low-quality condensation. For synthetic 

refrigerants such as R134a at the mass fluxes presented in this study, the stratified flow 

regime exists for most of the condensation process, with a combination of gravity-driven 

and convective condensation. By actuating the stratified flow, the condensate pool will 

significantly diminish in size, reducing the effective film thickness and thus, reducing the 

bulk thermal resistance of the condensate. With these hypotheses in mind, the objective of 

the present study is to experimentally evaluate the heat transfer enhancement due to low-

frequency acoustic actuation. The effects of quality, mass flux, temperature difference, 
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actuation amplitude, and actuation frequency are quantified to determine operating 

conditions where significant heat transfer can be expected. 

4.1 Heat transfer Measurements 

 The test facility used to measure heat transfer enhancement is the same as the phase-

change test facility described in Chapter 3, but now a tube-in-tube heat exchanger test 

section is used in place of an adiabatic, transparent test section. The test section consists of 

a 0.560-m long tube-in-tube heat exchanger, coupled with water flowing in the annulus 

(Ὠ ȟ = 17.4 mm, Ὠ ȟ = 19.1 mm). Two-phase R134a at the desired quality enters the 

inner tube (Ὠ = 14.45 mm, Ὠ = 15.9 mm) and gets partially condensed by relatively cold 

water. The water used to cool the test section, called the primary loop, is also coupled to a 

secondary loop with water flowing at a much lower flow rate than in the primary loop. A 

schematic of the test section, primary loop, and secondary loop is shown in Figure 4.1. The 

frictional pressure drop is determined by subtracting the predicted pressure drop due to 

acceleration from the measured pressure drop, shown in Equation τȢσ. It should be noted 

that during condensation, the fluid is decelerating; therefore, the acceleration pressure drop 

is negative. The CISE void fraction correlation (Premoli, 1970) is used to the determine 

the deceleration pressure gain with a conservative assumed uncertainty of 25% of the 

predicted value.  

ɝὖ ɝὖ ɝὖ  τȢσ 

 The thermal amplification technique by Bandhauer et al. (2006) is used to obtain 

an accurate test section heat duty measurement.  
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Figure 4.1: Test section primary loop, secondary loop, and test section. 

This technique decouples two competing requirements of determining phase-change heat 

transfer coefficients: large enough temperature rise in the test section coolant to measure 

heat duty, and minimal test section coolant thermal resistance to ensure that the phase-

change resistance is dominant. To achieve both these desired outcomes, the primary loop 

pumps water at a relatively high flow rate, ensuring the thermal resistance of the test section 

coolant is at least five times higher than the measured thermal resistance of the working 

fluid. The heat carried by the primary loop water is then rejected to a secondary loop, which 

pumps water at a relatively low flow rate, resulting in a large temperature rise in the 

secondary coolant. Therefore, with the use of energy balances on the primary and 

secondary loops, the test section heat duty can be accurately measured for small heat duty 

values i.e., small quality decrements, and results in significantly lower uncertainties in 
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measured quasi-local condensation heat transfer coefficients. The test section heat duty is 

calculated using Equation τȢτ. The pump heat addition is calculated from a curve-fit from 

a previous study (Macdonald, 2015) that correlated pump heat addition with volumetric 

flow rate. Heat losses to the ambient are estimated using a thermal resistance network from 

the coolant to the ambient air. The driving temperature difference between the ambient air 

and two-phase working fluid is < 10 K in all cases; therefore, the estimated heat losses are 

typically less than 1% of the measured test section heat duty. Nonetheless, heat losses are 

still accounted for and a conservative uncertainty of 50% of the estimated value is assigned. 

ή άὧɝὝ ή ȟ ή  τȢτ 

 The test section heat transfer coefficient is determined using the UA-LMTD method. 

The UA, or overall thermal conductance, is determined from a thermal resistance network 

consisting of the working fluid thermal resistance, the tube wall conduction resistance, and 

the coupling fluid convective thermal resistance, as shown in Equation τȢυ. The coolant-

side resistance is estimated using the annulus heat transfer coefficient correlation by 

Garimella and Christensen (1995), which is assigned a 25% uncertainty. On average, the 

uncertainty in the condensation heat transfer coefficient is 8%.  
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4.2 Results and Discussion 

4.2.1 Effect of Vapor Quality 

 Figure 4.2 shows a sample of the measured frictional pressure drop and heat transfer 

coefficient as a function of quality for two different mass fluxes. The baseline results for 

both heat transfer and pressure drop are consistent with typical trends observed in the 

literature: as the vapor quality and mass flux increase, so too does the heat transfer and 

pressure drop. When the flow is actuated, however, both the heat transfer and pressure drop 

primarily increase at low vapor qualities, and as quality increases, both the heat transfer 

coefficient pressure drop enhancement rapidly decrease to a constant value. Heat transfer 

enhancement occurs at low qualities due to the significant changes in the two-phase flow 

patterns from the pulsatile motion of the condensing fluid (Chapter 3). Therefore, when the 

acoustic velocity is much faster than the mean vapor flow rate, and there is significant 

liquid inventory present, large changes in pressure drop, and consequently heat transfer, 

are expected. However, at high qualities, when the flow regime is annular-mist (AM) flow 

and the relative magnitude of the acoustic velocity is smaller compared to the low-quality 

case, acoustic actuation appears to primarily perturb the interface, which does not 

appreciably affect the already well-agitated liquid film. For reference, Figure 4.2 includes 

the predicted transition line from annular to wavy flow determined used by Dobson and 

Chato (1998) and Milkie et al. (2016), showing that no significant heat transfer 

enhancement is observed when the baseline flow is already AM.   
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Figure 4.2: (a-b) Condensation heat transfer coefficient and (c-d) frictional pressure 

drop versus vapor quality for several actuation configurations. 

 The relative heat transfer enhancement is shown in Figure 4.3 for different acoustic 

inputs, mass fluxes, and coolant-to-working fluid temperature differences. It can be seen 

that relative heat transfer enhancement decreases as vapor quality increases; however, the 

heat transfer coefficient appears to achieve a local maximum when actuating at certain 

frequencies, indicating a potential optimal quality for heat transfer enhancement. It has 

been hypothesized that this optimal point is primarily due to achieving Helmholtz 

resonance. The upper bound on the system resonance frequency is expected to be ~10 Hz, 
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as shown in Figure 4.4, however, at a given vapor quality, the exact resonance will be lower 

due to the reduced vapor flow area. Therefore, at a fixed amplitude and frequency below 

~10 Hz, a local maximal pressure drop and heat transfer is expected at some intermediate 

quality.  

 

Figure 4.3: Relative heat transfer enhancement as a function of (a) acoustic 

parameters, (b) mass flux, (c) temperature difference, and (d) acoustic amplitude. 
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Figure 4.4: Superficial RMS actuation velocity and resonance frequency versus 

vapor quality. 

4.2.2 Effect of Mass Flux 

  Figure 4.2 also shows the variation of the baseline heat transfer coefficient and 

pressure drop with mass flux. The frictional pressure drop is much more sensitive to 

changes in mass flux compared to the heat transfer coefficient. At a given vapor quality, 

increasing the mass flux increases both the phase velocities and the interactions between 

the phases, leading to larger velocity gradients and interfacial shear, thereby yielding an 

increased pressure drop. The increased shear and phase interactions also contribute to 

increased turbulence within the condensate and generate more interfacial disturbances, 

leading to higher heat transfer coefficients.  Figure 4.2 also shows that heat transfer 

enhancement decreases as mass flux increases at a given vapor quality. Additionally, the 
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quality at which heat transfer enhancement becomes immeasurable appears to decrease as 

mass flux increases. It is expected that this trend occurs because AM flow persists for much 

more of the condensation process compared to the lower mass flux case due to the increased 

convective forces while gravitational forces should remain approximately the same. Figure 

4.3b shows the relative heat transfer enhancement versus quality for the two mass fluxes 

tested, and although heat transfer enhancement is diminished, it can be seen that the general 

trend of enhancement for both mass fluxes is similar, just shifted. The observed shift is 

likely due to the relative magnitude of the baseline convective forces to the acoustic forces. 

Although the acoustic inertial forces should remain constant for both mass fluxes, the 

baseline convective forces increase as mass flux increases, making the relative magnitude 

of acoustic forces diminish with increasing mass flux.  

4.2.3 Effect of Temperature Difference 

 Figure 4.3c shows that the heat transfer coefficient and enhancement mechanism is 

not a strong function of the coolant-to-working fluid temperature difference for the ranges 

of ɝὝ under investigation. At low vapor qualities and mass fluxes, it is typically assumed 

that gravity-driven condensation should become a more relevant heat transfer mechanism, 

which should manifest itself as an observed decrease in heat transfer coefficient as 

temperature difference increases (Cavallini et al., 2006; Macdonald and Garimella, 2016b). 

However, past studies with similar experimental conditions have only demonstrated such 

an observation at mass fluxes lower than 75 kg m-2 s-1 (Dobson and Chato, 1998), and 

beyond that, differences between measured heat transfer coefficients at different 

temperature differences were within the uncertainty in the measurements. In the present 

study, all baseline heat transfer coefficients at a fixed quality and mass flux were within 
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the reported experimental uncertainty, and there is no obvious trend indicating a ɝὝ Ȣ  

dependence. This is also observed for the heat transfer enhancement data, which appear to 

be completely insensitive to temperature difference across the range considered in the 

present study. Therefore, there is further confirmation that the enhancement mechanism is 

closely tied to increased convective forces, and forced convection is the primary heat 

transfer mechanism under baseline conditions. 

4.2.4 Effect of Amplitude and Frequency 

 Figure 4.3d shows the heat transfer enhancement as a function of acoustic 

amplitude at a fixed frequency. It is observed that, at small amplitudes, there is a relatively 

large rise in heat transfer enhancement, but as the amplitude of actuation increases further, 

the enhancement begins to plateau. The initial rise in heat transfer enhancement is likely 

due to corresponding changes in the two-phase flow patterns and disturbances in the flow; 

however, at a certain point, the flow patterns cease to change very much, causing the heat 

transfer enhancement to remain near a constant value. A similar trend was also observed 

when measuring the relative change in two-phase flow pattern and pressure drop in Chapter 

3, which further indicates a strong correlation between the changes in two-phase patterns 

resulting in increased pressure drop and heat transfer. The heat transfer coefficient as a 

function of frequency for selected vapor qualities is shown in Figure 4.5. The results show 

that as quality increases, the optimal driving frequency also increases. This is likely due to 

the increasing vapor flow area, which increases the heat exchanger resonance frequency as 

shown in Equation σȢρρ. Additionally, the observed enhancement increases rapidly at low 

frequencies until reaching resonance but decreases at a much slower rate past resonance.  
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Figure 4.5: Heat transfer enhancement versus frequency at a fixed amplitude. *The 

20 Hz case could not be actuated to exactly 4 mm due to control limitations. 

One possible reason the rate decreases past resonance is because enhancement is related to 

the average kinetic energy of the vapor as described in Equation τȢς. The acoustic 

contribution of the average kinetic energy is the product of the acoustic wave momentum 

and acoustic power reflection coefficient given by: 

Ὑ ρ
Ὓὸ

‫ ρ
 τȢφ 

where ‫ ‫Ⱦwhich results in a symmetric ñbellò-like curve centered about the ,‫ 

resonance frequency.  
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The resulting acoustic kinetic energy can then be expressed as: 

ộὮȟỚ
ρ

ς
Ὦȟ Ὑ ὪͯώὙ τȢχ 

which is not clearly symmetric about the resonance frequency due to the Ὢ dependence in 

Equation τȢχ, which can explain the observed asymmetric trend in the measured heat 

transfer coefficient. Additionally, the RMS actuation velocity is plotted over the heat 

transfer coefficient data versus frequency (Figure 4.6) and shows strong agreement, further 

indicating that the mechanism for heat transfer enhancement is closely tied to increased 

convective effects from actuating the flow. However, it is not likely that this is the sole 

mechanism for enhancement for several reasons. First, this change in velocity does not 

account for the liquid-vapor distribution in the tube. It is clear from the experimental 

observations that when the liquid film is relatively thin and well-agitated, there is no 

significant heat transfer enhancement.  Therefore, treating the enhancement to be solely 

based on changes in superficial RMS actuation will consistently overpredict heat transfer 

at high qualities. This is also consistent with pulsatile flow studies, which show very small 

factors of time-average enhancement even when the oscillation amplitude is of the same 

magnitude as the mean flow velocity (Tardu et al., 1994). Similarly, at low qualities, this 

RMS approach will consistently underpredict heat transfer because the primary 

enhancement mechanisms appears to be the physical removal of condensate from the 

stratified pool and increased agitation in the interface when the baseline vapor velocity is 

relatively low.  
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Figure 4.6: Heat transfer enhancement versus frequency overlayed with the RMS 

actuation velocity. *The 20 Hz case could not be actuated to exactly 4 mm due to 

control limitations.  

However, at a fixed quality, i.e., fixed liquid inventory and baseline mass velocities, the 

overall trend in heat transfer enhancement does appear to be relatively well correlated with 

the superficial RMS actuation velocity. Additionally, heat transfer enhancement and 

pressure drop appear to vary with frequency in the same manner, indicating a possible heat 

and momentum analogy, as shown in Figure 4.7.  
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Figure 4.7: Heat transfer enhancement and frictional pressure drop versus 

frequency. *The 20 Hz case could not be actuated to exactly 4 mm due to control 

limitations. 

4.2.5 Analogy between heat transfer and pressure drop 

 It has been widely noted in the literature that vapor velocity is one of the most 

important parameters affecting condensation heat transfer (Colburn and Carpenter, 1948; 

Shah, 1979; Hughes et al., 2021) . This observed correlation is likely due to the heat-and-

momentum analogy present in convective heat transfer. Many shear-based models in the 

literature have shown that the convective heat transfer coefficient is proportional to the 

frictional velocity, as shown in Equation τȢψ.  

‌
”ЉὧȟЉὟ

Ὕ
 τȢψ 
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where the frictional velocity is related to the square root of the shear-stress on the 

condensate, and the dimensionless Ὕ  quantity is the normalized temperature distribution 

of the condensate assuming it follows the universal velocity profile developed by Von 

Kármán (1931). However, this ñlaw of the wallò assumption along with any other required 

simplifications can lead to spurious claims on the exact heat transfer mechanisms within 

the condensate. This is especially true when introducing phenomena such as acoustic wave 

propagation within a liquid-vapor flow. What can be said with more certainty, although 

less quantitative, is that the largest temperature change within a liquid typically occurs in 

the viscous or conductive sublayer, and the thickness of the sublayer is related to the liquid 

pressure drop and the vapor shear acting on the interface. For these reasons, the effect of 

pressure drop and vapor shear were investigated to determine whether a heat-momentum 

analogy exists across all data. In this case, it was found that all measured heat transfer 

coefficients (baseline and actuated) collapse to a single curve using a corrected pressure 

drop, as shown in Equation τȢω, with results shown in Figure 4.8.  

‌ᶿ
ὼ

‐

Ὠὖ

Ὠᾀ
 τȢω 

The observed correlation is likely due to the strong dependence between vapor velocity 

and heat transfer coefficient. The fact that results agree well with actuated results indicate 

that the variable may be part of an effective velocity that could be determined from further 

experiments varying fluid properties, flow rates, and channel sizes. It should also be noted 

that this particular trend is only expected when convective forces dominate; in the case of 

laminar-film condensation or similar configurations, correlations like Equation τȢω may 

not apply.  
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Figure 4.8: Heat transfer coefficient correlation. 

According to the studies by Dobson and Chato (1998)and Cavallini et al. (2006), the heat 

transfer mechanisms for the baseline data should be due to both convective and 

gravitational effects.  However, there is no clear relationship between temperature 

difference and heat transfer coefficient in a manner that is consistent with film 

condensation theory. At low qualities, the heat transfer coefficient seems slightly enhanced 

by the larger temperature difference (within experimental uncertainty), which, if a real 

effect, can be explained by the enhanced thermal conductivity of the subcooled condensate 

(Macdonald and Garimella, 2016b). At saturation, the thermal conductivity is 

approximately 0.077 W m-1 K-1 and increases to 0.080 and 0.0833 W m-1 K-1 at 6 and 12 

K of subcooling, respectively. This corresponds to about a 4% difference in thermal 
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conductivity between 6 and 12 K of subcooling, which at least partially explains the 

observed trends at low vapor qualities. At high qualities, the heat transfer coefficient 

appears relatively insensitive to the temperature difference. Therefore, for this particular 

set of data, it is assumed that the primary, but not sole, mode of condensation is convective, 

which also explains the correlation between heat transfer enhancement and pressure drop 

at a fixed quality and mass flux.  

4.2.6 Comparisons with the Literature  

 Although it is unlikely for existing correlations in the literature to explain the 

observed experimental trends, it may be possible to modify them based on the observed 

relationships between enhancement, RMS velocity, and pressure drop. First the models by 

Cavallini et al. (2006) and Hughes et al. (2021) are modified by using an RMS mass flux 

as opposed to the baseline mass flux to predict the enhanced heat transfer coefficient, as 

shown in Figure 4.9. Both models accurately predict the baseline data, but significantly 

underestimate and overestimate the enhancement at low and high qualities, respectively. 

The observed disagreement with the Cavallini et al. (2006) model is because the model 

assumes gravity-driven condensation is the far more dominant mechanism at low qualities, 

which is not the case during actuation. This rationale also explains the similar discrepancy 

observed in the Hughes et al. (2021) model, as it was only trained on baseline data where 

gravity-driven condensation was dominant at those conditions. Therefore, the proposed 

heat transfer mechanisms put forward in most condensation models cannot be readily used 

to explain the observed heat transfer enhancement. However, it may be possible for shear-

based correlations to somewhat account for the observed heat transfer enhancement, 

because of their more direct use of the heat and momentum analogy.  
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Figure 4.9: Predicted heat transfer enhancement using conventional correlations. 

 One shear-based correlation that can be considered is the semi-empirical 

mechanistic model by Traviss et al. (1973), shown in Equation τȢρπ, where the two-phase 

frictional pressure drop is taken directly from measurements instead of using a two-phase 

multiplier.  

‌
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Another candidate is the shear-based correlation by Soliman et al. (1968), where the 

frictional wall shear stress is replaced by the measured pressure drop in a manner similar 

to that shown in Equation τȢρπ. The results from the proposed modifications are shown in 

Figure 4.8 along with the two previously discussed condensation correlations. Due to the 

direct analogy between heat and momentum transfer, the qualitative trends of the heat 

transfer coefficient much more closely match what is observed experimentally ï large 

enhancement is observed at low qualities and begins to diminish as quality increases. 

However, the enhancement is significantly overestimated in both models, and it shows a 

nearly one-to-one correspondence between pressure drop and heat transfer, which is not 

observed in the experimental results shown in Figure 4.2. Additionally, the percent error 

of the modified shear-based correlations, for both baseline and actuated flow, are not 

satisfactory, as shown graphically in Figure 4.10 and numerically in Table 4.1. Therefore, 

to accurately predict the heat transfer enhancement due to actuation, the effect of pressure 

drop and vapor-shear must be re-evaluated. At present, it is assumed that the change in 

flow patterns that occur at low qualities, and the lack of change in flow patterns at high 

qualities are what primarily explain the observed heat transfer enhancement, with the 

correlation shown in Equation τȢω acting as a convenient relationship that is related to these 

changes in hydrodynamics. Additionally, increases in RMS acoustic velocity are expected 

to amplify these changes in flow patterns, heat transfer, and pressure drop. 
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Figure 4.10: Heat transfer coefficient correlation predictions. 
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Table 4.1: Heat transfer coefficient correlation predictions. 

Correlation  AD (%)  AAD (%)  % within ±30%  

Traviss et al. (1973) -20.1 26.3 57.4 

Soliman et al. (1968) -35.1 35.6 36.3 

Cavallini et al. (2006) -7.7 10.3 94.8 

Hughes et al. (2021) 5.7 13.3 96.7 

Equation τȢω -0.2 2.7 100 

 Overall, the newly developed acoustic enhancement technique successfully 

enhances condensation heat transfer and has the potential to significantly improve low-

quality condensation, where heat transfer enhancement is most needed. Although the 

reported pressure drop penalties are quite high compared to the relative enhancement, it is 

likely that the overall pressure drop penalty will not be significant, because pressure drop 

is lowest at low vapor qualities, and the resulting two-phase length will be reduced due to 

heat transfer enhancement. Based on the experimental results reported here, this technique 

is most suitable for conditions where stratified flow covers a large portion of the 

condensation process, i.e., when condensation is almost entirely gravity-dominated.  

4.3 Conclusions 

 Low frequency (5 ï 10 Hz) acoustically actuated condensation heat transfer is 

experimentally demonstrated and studied. Acoustic waves are introduced by adding a 

piston inside a large volume at the test section inlet, acting as the header, with another large 

volume, approximately equal to that of the inlet header, at the test section outlet, but 

without a piston. Together, the two volumes acted as a Helmholtz resonance device that 

confined acoustic energy in the condenser, agitating the two-phase flow. The effects of 
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mass flux, actuation frequency and amplitude, temperature difference, and quality are 

investigated. Experimental results show that low-quality condensation is enhanced up to 

32% while high-quality condensation is unaffected by additional acoustic actuation. 

Additionally, a resonance frequency is observed and increases with qualities, with the 

overall frequency response found to be in strong agreement with basic Helmholtz theory. 

The enhancement mechanism is attributed to increased momentum transfer within the 

condenser, and a simple correlation is proposed to explain trends in both baseline and 

actuated data, capable of predicting the experimental results within 2.7%.  
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CHAPTER 5. FLOW  REGIME  BASED MODELING  FOR 

ACOUSTICALLY ENHANCE D CONDENSATION 

 To model acoustically enhanced convective heat transfer, the effects of velocity 

oscillations should first be understood for single-phase flow. Both low- and high- 

frequency velocity oscillations have been extensively studied for laminar and turbulent 

single-phase flows. In the case of laminar flow, analytical solutions have been developed 

and are modeled using the dimensionless parameter known as the Womersley number: 

ὡέ
Ὑ

ὒ
Ὑ
‫

’
 υȢρ 

where the acoustic length scale is directly proportional to the boundary layer thickness that 

comes from ñStokesô problem,ò a flow field generated by an oscillating plate, which is 

analogous to the present case if one changes the frame of reference. Physically speaking, 

the Womersley number represents a ratio between acoustic inertial forces and viscous 

forces. For low Womersley numbers, the penetration depth of the acoustic wave is so small 

that it hardly affects the shape of the parabolic velocity profile. Sometimes, this regime is 

referred to as ñquasi-steadyò pulsatile flow (Loudon and Tordesillas, 1998). Conversely, at 

high Womersley numbers, viscous forces are only dominant near the wall while the inertial 

forces are dominant everywhere else, resulting in a flattened parabolic velocity profile, 

somewhat analogous to what occurs in turbulent flow. Therefore, if the flow is already 

turbulent in the absence of actuation, the Womersley number is seldom used and instead 

the Stokes length is scaled by the ratio of turbulent to viscous forces, represented by the 

friction velocity Ὗ †Ⱦ” and kinematic viscosity, respectively: 
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 υȢς 

where the Stokes length in wall units has been posited to explain the interaction of forced 

oscillations with turbulent eddies. For example, measured phase differences between 

velocity and shear, along with changes in turbulence intensity, are observed once ὒ is near 

or below the size of the buffer layer; therefore, low-frequency behavior is said to occur 

when ὒṃςπ. However, it appears that the time-averaged shear stress is not substantially 

affected by low or high frequency oscillations. For example, Tardu et al. (1994) conducted 

several sets of experiments across a wide range of ὒ and found that any increases or 

decreases in the time-averaged shear stress compared to the unactuated case were within 

the uncertainties in the measurements, even when the oscillation amplitude was 70% of the 

mean velocity and local flow reversal occurred. With these previous experimental results 

in mind, it seems unlikely that single-phase analogies will sufficiently explain the changes 

in the mean pressure drop due to acoustic actuation in two-phase flow, and similar 

arguments can be made for heat transfer. Changes in phase interactions and distributions 

are expected to be the primary reasons for increases in heat transfer and pressure drop. 

Based on this rationale, mechanistic models for all flow regimes observed during actuation 

are developed here to predict the acoustic heat transfer enhancement and the associated 

pressure drop penalty.  
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5.1 Model Development 

 In general, the mechanistic modeling approach follows conventional, one-

dimensional separated flow modeling techniques. To account for the quasi-steady pressure 

drop contribution as well as changes in flow regime, the superficial acoustic velocity 

amplitude is given by:  

Ὦȟ ς“ὑὪώ
Ὠ

Ὠ
Ὑ υȢσ 

where Ὠ is the header diameter, Ὢ is the actuation frequency, ώ is the actuation amplitude, 

Ὑ ρ Ὕ  from Equations σȢρπ ï σȢρς, and ὑ is an empirical attenuation factor, which 

was found to be ὑ πȢσ  for the present configuration. 

5.1.1 Annular-Mist Flow Regime 

 At the beginning of condensation for either actuated or unactuated flow, the process 

starts in an annular-mist flow regime, as shown in Figure 5.1. To determine the rate of 

entrainment, the method by Hewitt and Govan (1990) is applied. However, the resulting 

entrainment fraction predictions from the Hewitt and Govan (1990) model far overpredict 

what is believed to be reasonable for this operating condition. To illustrate this, the 

predicted entrainment fraction versus vapor quality is shown in Figure 5.2, along with 

images of the unactuated two-phase flow at the corresponding qualities and mass fluxes. 

For example, in Figure 5.2a, in the frame of the flow at a quality of 0.80, little entrainment 

is seen from the flow visualization, whereas the predicted value of entrainment is about 

0.8. This is not entirely unexpected, as Hewitt and Govan (1990) and Carey (2018) note 

that this entrainment model can underpredict and overpredict measured entrainment rates 
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by as much as one order of magnitude, and sometimes the error is even more than that. To 

account for the discrepancy in entrainment fraction predictions, the following modification 

was made to the unactuated entrainment rate correlation: 

Ὁ

”Ὦȟ
υȢχυρπ Ὃ Ὃ

Ὀ”

„”

Ȣ

 υȢτ 

where the new leading coefficient is one order of magnitude lower, which still  provides 

entrainment rates within the envelope of entrainment data summarized in Hewitt and 

Govan (1990). To predict the entrainment rate and entrainment fraction when acoustic 

actuation takes place, it is assumed that the mechanism that causes entrainment is the flow 

reversal followed by vapor acceleration, which suddenly pulls liquid into the vapor core 

and subsequently disperses it into the core. Based on the collected data and this rationale, 

it appears that the characteristic vapor velocity should be the difference between the 

baseline vapor velocity and acoustic velocity amplitude:  

ȟ
ψȢπ ρπ Ὃ Ὃ

Ȣ

 υȢυ 

where the leading coefficient is now one order of magnitude higher than the original Hewitt 

and Govan (1990) correlation, still within the envelope of entrainment data. Note that once 

the acoustic velocity is less than the baseline vapor velocity, Equation υȢτ is used instead. 

Figure 5.2b shows the predicted entrainment fraction versus vapor quality during actuation 

along with corresponding two-phase flow images, which appear to agree well qualitatively 

with the model predictions, and the resulting pressure drop predictions also appear to agree 

well quantitively. 
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Figure 5.1: Annular -mist flow schematic 

 

Figure 5.2: Comparison between entrainment correlations. 
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In the unactuated case, the entrainment fraction steadily increases as the quality (or vapor 

velocity) increases, primarily due to increases in entrainment rate. The entrainment fraction 

continues to increase until a quality of ~0.85 is reached, at which point the liquid film mass 

flux starts to approach the minimum liquid mass flux at which entrainment can occur.  In 

the actuated case, at low qualities, the baseline vapor velocity is very low, making the 

entrainment rate essentially proportional to the acoustic velocity. In the specific case of 10 

Hz and 4 mm, the acoustic velocity is expected to increase with quality because of increases 

in the reflection coefficient, as all the other terms in Equation υȢτ are constant. Then, as 

the quality continues to increase, the baseline vapor velocity also increases and 

consequently diminishes the relative velocity term in Equation υȢυ, reducing the 

entrainment rate. These two effects directly compete with each other, which results in a 

local maximum shown in Figure 5.2b. In this case, the local maximum occurs at a quality 

of about 0.3. Beyond this point, the entrainment fraction decreases with quality until the 

baseline vapor velocity equals the acoustic velocity, resulting in the two curves collapsing 

on each other. It should be noted that these leading coefficients and mechanisms are 

relatively simple estimates and could be improved upon if more detailed liquid film 

measurements can be performed. However, from visual evidence, it is quite clear that the 

entrainment fraction should be very high at low vapor qualities and should rapidly diminish 

as liquid inventory decreases. 
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 Once the entrainment rate and fraction are determined, average vapor core 

properties are determined assuming the droplets and vapor are a homogeneous mixture: 

” ‐” ρ ‐ ”Љ υȢφ 

‘ ‐‘ ρ ‐ ‘Љ υȢχ 

where the volume fraction of vapor within the annular vapor core is calculated as follows: 

‐
Ὦ

ὮЉὉ Ὦ
 υȢψ 

Then, neglecting acceleration pressure changes, the momentum balance on the vapor core 

is given by: 
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where the interfacial friction factor ὧȟ is taken from the correlation by Wallis (2020). 

Similarly, a momentum balance on the liquid film yields: 

ὃЉ
Ὠὖ

Ὠᾀ
†ЉὛЉ Ὀ Ὗ ὟЉ Ὓ †Ὓ υȢρπ 

where the deposition rate Ὀᴂᴂ is assumed to be equal to the entrainment rate, and the wall 

friction is modeled using the approach by Yao and Ghiaasiaan (1996) and Wallis (2020) 

where: 

†Љ
ρ

ς
ὧȟЉ”ЉὟЉ  υȢρρ 
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Here, the liquid film friction factor is given by the Fanning version of the Churchill (1977) 

correlation, where the characteristic velocity is given by the mean velocity assuming 

turbulent flow: 

ὟЉ
ὮЉ

ρ ‐ ρ
ψ
χ ‐

 υȢρς
 

The two momentum balances are then solved simultaneously to determine the liquid film 

thickness and pressure drop. 

 Once the film thickness and pressure drop are determined, the annular-flow heat 

transfer coefficient can be modeled. From experiments, it was found that the actuated and 

unactuated condensation heat transfer coefficients were directly related to the vapor quality 

and square root of the pressure drop (Chapter 4). The latter dependence is not unusual, as 

this has been easily demonstrated through boundary-layer models in past studies (Colburn 

and Carpenter, 1948; Soliman et al., 1968; Traviss et al., 1973) but the dependence on 

quality is somewhat intriguing, because it has typically been assumed that the quality 

dependence was directly related to pressure drop changes. However, the present data do 

not support this, as shown in Figure 5.3a. Actuated data show significant scatter, which is 

not entirely unexpected, and while unactuated data appear to follow a clear trend at a 

singular mass flux, unactuated data at different mass fluxes do not collapse on the same 

curve, indicating that the heat transfer coefficient is not just a function of the shear stress 

when the liquid and vapor fluid properties are constant. If instead, the data are scaled by 

an effective condensate film thickness first, far better agreement is achieved. This is shown 

in Figure 5.3b, where the void fraction correlation by Premoli (1970) is used to estimate 
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the effective film thickness. Now, all the heat transfer data appear to follow the same trend, 

even with data at different mass fluxes and wall-to-coolant temperature differences. 

Therefore, both pressure drop and liquid inventory appear to affect condensation heat 

transfer. To explain both effects, consider the Nusselt number for single-phase flows: 

ὔό
‌ὒ

Ὧ
 υȢρσ 

 

Figure 5.3: Heat transfer coefficient trends. 
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For single-phase pipe flow, the characteristic length is clearly the diameter. However, in 

the case of convective condensation, the primary thermal resistance is within the liquid 

film. Therefore, it is proposed that ὒ  which has also been used in studies by Thome ,‏

et al. (2003) and Macdonald and Garimella (2016b) and others. Then, using arguments 

based on a law-of-the-wall assumption, the Nusselt number becomes: 

ὔό
”ЉὧȟЉ
ὯЉ

Ὗ‏

Ὕ
 υȢρτ 

Where Ὗ †Ⱦ”Љ is the friction velocity, and Ὕ  is the dimensionless thermal 

resistance within the liquid film. Algebraic manipulation yields: 

ὔό
ρ

Ὕ

Ὗ‏

’Љ
ὖὶЉ υȢρυ 

By defining a friction Reynolds number ὙὩ, and by recognizing that Ὕ ὪὙὩȟὖὶ, it 

can be deduced that: 

ὔό ὅὙὩὖὶЉ υȢρφ 

To verify this proposed correlation, annular flow data from previous studies, listed in Table 

5.1, are collected and compared against Equation υȢρφ. Because film thickness data are not 

available, an equivalent film thickness is estimated using the void fraction correlation by 

Premoli (1970). This is shown in Figure 5.4, where strong agreement can be observed. A 

curve-fit is then performed and yields the following final expression for convective-

dominant condensation: 

‌
ὯЉ
‏
πȢπχχχὙὩȢὖὶЉ

Ȣ υȢρχ 
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Table 5.1: Data used for annular flow correlation development. 

References 
Working 

Fluid  

Hydraulic 

Diameter 
Mass flux 

Reduced 

Pressure 

Experimental 

Uncertainty 

(mm) (kg m-2 s-1)  (%) 

Garimella et 

al. (2020a) N-pentane 7.75 ï 14.45 150 ï 400 0.03 ï 0.10 

Ŭ: 12% 

ὨὖȾὨᾀ: 4% 

Macdonald 

and 

Garimella 

(2016a) 

Propane 7.75 ï 14.45 150 ï 450 0.25 ï 0.96 

Ŭ: 6% 

ὨὖȾὨᾀ: 4% 

Keniar and 

Garimella 

(2021) 

R1234ze(E) 1.55 50 ï 200 0.16 

Ŭ: 19% 

ὨὖȾὨᾀ: 3% 

Garimella et 

al. (2020a), 

Keniar and 

Garimella 

(2021) 

R245fa 1.55 ï 7.75 50 ï 600 0.03 ï 0.17 

Ŭ: 12% 

ὨὖȾὨᾀ: 4% 

Jiang et al. 

(2006) R404a 0.86 ï 0.94 200 ï 800 0.38 ï 0.90 

Ŭ: 15% 

ὨὖȾὨᾀ: 14% 
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Figure 5.4: Annular flow correlation.  

Equation υȢρχ now provides a more direct and useful understanding on why actuated and 

unactuated data could fall on the same curve by including changes in pressure drop and 

liquid inventory. However, it should be noted that convective-dominated condensation is 

almost certainly not the sole heat transfer mechanism. This can be understood by plotting 

the present data and the data listed in Table 5.1 on the Cavallini et al. (2006) ɝὝ -

dependence flow regime map (Figure 5.5). This flow regime map separates data into two 

main groups, one where convective-driven condensation is the dominant heat transfer 

mechanism, and the other where both convective- and gravity-driven contributions are 

present, making the heat transfer coefficient also dependent on the driving temperature 

difference. Cavallini et al. (2006) separate the two regimes with two different transition 
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lines, one used for hydrocarbons (HCs), and another for hydrochlorofluorocarbons 

(HCFCs) and hydrofluoroolefins (HFOs), where if the data are below their respective 

transition lines, it is assumed that falling-film condensation and convective effects both 

contribute to condensation heat transfer. This also shows that almost all the data used to 

develop the annular-flow correlation fall in the ɝὝ-independent regime, ensuring falling-

film mechanisms are not skewing the correlation.  

 

Figure 5.5: ȹT dependence regime map by Cavallini et al. (2006). 
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 To properly weigh the relative contributions of convective and gravity-driven 

condensation for the present set of data, the relative forces of the two mechanisms are 

weighed as suggested by Macdonald and Garimella (2016b): 

‌
‌†

†

‌†

†
 υȢρψ 

where the gravitational force and resultant force are given by: 

† ”Љ ” Ὣ‏ υȢρω 

† † † υȢςπ 

The film condensation heat transfer coefficient is assumed to follow Nusselt theory for 

flow on circular tubes: 

‌
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where Ὠ is the hydraulic diameter, and Ὤ  is the modified enthalpy of vaporization 

developed by Rohsenow (1956) to account for subcooling effects. 

5.1.2 Stratified Flow Regime 

 As more vapor condenses and phase velocities decrease, the flow transitions to a 

stratified/stratified-wavy flow pattern. Stratified flow, as shown in Figure 5.6, is 

characterized by a large accumulation of liquid at the bottom of the tube. In adiabatic flows, 

there is typically almost zero liquid at the top of the tube, but during condensation, there is 

a thin falling film across which most of the heat transfer occurs.  
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Figure 5.6: Stratified flow schematic. 

To first determine the hydrodynamics and pressure drop, the volume fraction of the upper 

liquid film is determined using the correlation by Macdonald and Garimella (2016b): 

–
ὃЉ

ὃЉ
ρ ρ ὊὶȢ Ȣ υȢςς 

Then, the average thickness of the upper film can be determined with the relation: 

ὃЉ
ς“ ‎

ψ
Ὀ Ὀ ς‏  υȢςσ 
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Once the film thickness is known, the interfacial area and the rest of the geometric 

parameters are given by: 

‚ ρ
ςὌ

Ὀ
 υȢςτ 

Ὓ ὛȟЉ Ὓȟ Ὀ ς‏ÃÏÓ‚ Ὀ ρ ‚ υȢςυ 

ὛЉȟ Ὀ“ ÃÏÓ‚ υȢςφ 

ὃЉȟ
Ὀ

τ
“ ÃÏÓ‚ ‚ρ ‚  υȢςχ 

where Ὄ is the height of the liquid pool. Once all the geometric parameters are known, a 

momentum balance on the vapor phase yields: 
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where the interfacial friction factor for the film region is given by the Fanning version of 

the Churchill (1977) correlation, and the interfacial friction factor for the pool regions is 

given by the correlation by Kowalski (1987).  

  



 124 

The liquid-side momentum balance yields: 

ὃЉ
Ὠὖ

Ὠᾀ
†ЉὛЉ †ЉὛЉȟ †ȟὛȟЉ †ȟὛȟ υȢςω 

where the wall friction factors are modeled using  

†Љ
ρ

ς
”ЉὧȟЉὟЉ υȢσπ 

where the friction factor is given by the Fanning version of the Churchill (1977) correlation. 

As in the annular flow regime model, the two momentum balances are solved 

simultaneously to yield the pool height, upper film thickness, and pressure drop.  

 Once the hydrodynamic parameters are identified, the heat transfer coefficient can 

be determined. Typically, the heat transfer in stratified flows can be apportioned into two 

heat transfer rates: 

ή ήὛЉ ήὛЉȟ υȢσρ 

where the heat flux from the upper film region is usually much greater than the heat flux 

in the pool region, as experimentally demonstrated by Rosson and Meyers (1965). 

Therefore, to model the upper film heat transfer, it is assumed that this flow is like annular 

flow where both falling film and convective condensation mechanisms are relevant, and 

Equations υȢρχïυȢςρ are used to determine the upper film heat transfer coefficient.  
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Meanwhile, the liquid pool heat transfer is modeled using a simplified law-of-the-wall 

approach, where the heat transfer coefficient is given by: 

‌
”ЉὧȟЉὟ

Ὂ
 υȢσς 

Here, the denominator is given by a correlation provided in the law-of-the wall model by 

Traviss et al. (1973). Finally, area-averaging yields the overall heat transfer coefficient in 

the stratified regime: 

‌ ‌
ὛЉ

Ὓ
‌
ὛЉȟ

Ὓ
 υȢσσ 

5.1.3 Intermittent Flow Regime 

 To model the intermittent regime, the flow is split into a slug and film region as 

done by Garimella et al. (2001) and Xiao et al. (1990), as shown schematically in Figure 

5.7. From mass conservation, the slug velocity is given by: 

Ὦ ὮЉ Ὦ Ὗ ‐Љȟ Ὗ ρ ‐Љȟ  υȢστ 

where ‐Љȟ  is the liquid holdup within the slug given by the correlation by Gregory et al. 

(1978), and the bubble velocity is assumed to be 1.2× the slug velocity based on past 

experiments.  
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Figure 5.7: Intermittent flow schematic and still image of intermittent flow. 

Then, for the film zone, i.e., the region adjacent to the slug, mass conservation yields: 

Ὦ ὟЉ‐Љ Ὗ ρ ‐Љ  υȢσυ 

where  ‐Љ  is the liquid holdup in the film region. The film region with the bulk of the 

liquid phase in the bottom portion of the tube is assumed to be in stratified flow; therefore, 

momentum balances similar to those shown in Section 4.2 are performed to find the pool 

height and pressure drop in the film region. To find the pressure drop of the slug region, it 

is assumed that the aerated slug is a homogeneous mixture: 

Ὠὖ

Ὠᾀ

† Ὓ

ὃ

ςὧȟ  ” Ὦ

Ὀ
 υȢσφ 

Unfortunately, existing correlations vastly overpredict the length of the slugs at about 30 

diameters, which could be valid in some cases for unactuated intermittent flows, but as 

shown in Figure 5.8, clearly not for actuated flows. An estimate of the slug length can be 

obtained based on the pulsatile nature of the flow (for sufficiently large oscillation 

amplitudes). During one actuation cycle, flow-reversal will occur at the liquid vapor-

interface, causing an adverse pressure gradient promoting liquid to be pulled up from the 

pool and forming a liquid bridge in the tube, as shown in Figure 3.12.  
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Figure 5.8: Comparison between recorded slug lengths and estimated slug lengths. 

However, this only happens for one portion of the actuation cycle, and soon after, the liquid 

bridge is pushed forward and ceases to grow. Therefore, if there is no slug coalescence, the 

length of the slug can be estimated as: 

ὒ
Ὦȟ Ὦȟ
ςὪ

 υȢσχ 

which is of the same magnitude as the slug lengths shown in the flow visualization study 

(Figure 5.8). Then, a liquid mass balance can be performed to find the total length of the 

intermittent flow unit cell: 

ὒ ὒ ὒ ὒ
Ὗ ‐Љȟ ὟЉ‐Љ

ὮЉ ὟЉ‐Љ
 υȢσψ 
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With the lengths of the slug and film region known, a weighted average between the two 

regions can be performed to find the average pressure drop: 

Ὠὖ

Ὠᾀ

ὒ

ὒ
†
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ὒ

†ЉὛЉ
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ὃЉ
 υȢσω 

The exact same approach can also be used to find the average heat transfer coefficient: 

‌ ‌
ὒ

ὒ
‌

ὒ

ὒ
 υȢτπ 

where the heat transfer coefficient in the film zone is found using Equations υȢσρïυȢσσ, 

and the slug heat transfer coefficient can be estimated using the Dittus Boelter correlation 

(Bergman et al., 2011) with the tube diameter as the characteristic length.  

5.2 Flow Regime Transitions 

 The above modeling approaches hinge upon accurate identification of the two-

phase flow regime. Physically, flow regimes can be determined by considering the relevant 

forces that act on the liquid and vapor (Taitel and Dukler, 1976). For convective 

condensation inside horizontal tubes, there are three primary forces that act on the 

condensate, which affects the way it is distributed inside the tube: shear forces, 

gravitational forces, and surface tension forces. Shear forces can be thought of as a 

destructive force on the liquid that promotes uniform wetting of the tube and causes 

significant disturbances on the liquid-vapor interface, often causing condensate to get 

entrained in the vapor core. Conversely, gravity and surface tension forces can be thought 

of as stabilizing forces that damp the disturbances introduced by liquid-vapor shear. When 
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shear forces dominate, the flow regime is said to be in the annular/annular-mist flow 

regime, which has been shown to occur when the force ratio: 

Ὂὶ
ὟЉ

Ὣ‏
 υȢτρ 

exceeds a critical value. Soliman (1982) used a law-of-the-wall correlation to find the film 

thickness and established that the transition to annular flow typically begins at Ὂὶ χ. 

This was also found to be a very successful criterion by Milkie et al. (2016) and Dobson 

and Chato (1998); therefore, an analogous Froude number is used in this study. It should 

be noted that although Ὂὶ χ is a good transition metric for the onset of wavy and 

annular-like flow, fully symmetric annular flow was not observed until Ὂὶ ςͯπ in these 

studies.  

 In the case of acoustic actuation, forced oscillations act as an additional destructive 

force that pulls condensate from the liquid pool and disperses it into the vapor core. At 

sufficiently high amplitudes, this regime can be viewed as an annular flow regime with a 

large liquid mass flow rate flowing in the vapor core. This flow regime is therefore 

expected to cease when the amplitude of velocity oscillations is less than the mean vapor 

velocity: 

Ὦȟ Ὦ υȢτς 

However, at a certain quality, the inertial forces of the vapor phase are not strong enough 

to atomize the condensate pulled from the liquid pool, making the flow intermittent, which 

is approximated to occur when the liquid inventory, represented by the Martinelli 
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parameter, ὢ  reaches a critical value ὢ ρȢφ, close to the theoretical prediction of Taitel 

and Dukler (1976).  Baseline and actuated flow regime transition lines are shown in Figure 

5.9. It can be seen that, for a prescribed sufficiently high amplitude, higher frequencies 

allow for mixed annular-mist flow to occur for a larger portion of the condensation process. 

However, due to the changes in resonance frequency versus quality, an actuation frequency 

more closely tuned to enhancing low quality condensation could be more effective.  

 

Figure 5.9: Flow regime map for (a) actuated flow and (b) unactuated flow. 
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Additionally, actuation will provide diminishing returns once the regime is already in the 

wavy-annular transition region, both because the liquid interface is already well agitated 

and because the condensate pool is relatively thin, making the effect of shearing condensate 

from the film less impactful overall. Therefore, there is likely an optimal actuation 

frequency for a given tube diameter and mass flux that maximizes the rate of condensation 

while maintaining the pressure drop under some critical value.   

5.3 Results and Discussion 

5.3.1 Comparison with Experimental Data 

 Figure 5.10 shows the predictions of the present model with the measured data 

obtained from Chapters 3 and 4. Overall, as summarized in Table 5.2, there appears to be 

consistent and good agreement between the model and experiments, with an average 

prediction error of 23% for the pressure drop model and 5% for the heat transfer model. In 

the legend, data labeled ñBò refers to baseline, or unactuated flow, while the rest of the 

labeled data are actuated. 

Table 5.2: Summary of model accuracy metrics. 

 

 

 

Number of 

Data Points 

Mean 

Error  

Mean Absolute 

Error  

Standard 

Deviation 

Pressure Drop Model 706 -0.8% 23.2% 29.1% 

Heat Transfer Model 269 0.4% 4.7% 7.1% 
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Figure 5.10: (a) Pressure drop and (b) heat transfer model predictions. 

Some outliers can be observed at very low vapor qualities (< 5%) and low frequencies (< 

5 Hz). Both resonance and flow regime transitions are rather significant in this region 

because the vapor cross-sectional area is rapidly changing compared to the rest of the 

condensation domain, and increased liquid inventory promotes more intermittent flow than 

a dispersed/annular-mist flow. Additionally, some of these data are diabatic with quality 

changes in the range of 5-10%, and due to these sudden regime transitions, even relatively 

small changes in quality may lead to pressure drop and heat transfer measurements that are 

averaged for too large of a quality change. Finally, it has been assumed that the attenuation 

from the source of acoustic wave generation to the condenser test section is approximately 

uniform across all conditions due to the lack of in-situ measurements, which may not be 

the case for other configurations. 

  
























































































































































































































