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SUMMARY 

The advent of wide-bandgap power devices brings better efficiencies, faster 

switching speeds, and higher operating temperatures, leading to smaller and improved 

electric vehicle power conversion units. But full utilization of next-generation device 

potential requires a system-level redesign, including the thermal management systems. 

Decreased form factors and increased heat fluxes will necessitate cooling method advances 

beyond single-phase flow in straight fins, which is predominantly used for inverter cooling 

in commercially-available electric vehicles. Further challenges arise from the desire for 

increasing inlet temperatures and the broader goals of more direct cooling solutions and 

integrated cooling loops. Additive manufactured metal foams provide a potential solution 

for next-gen inverter cooling by combining the demonstrated thermal management 

potential of metal foams with the benefits of additive manufacturing, including 

customizability and local geometric control.   

Traditional and additive manufactured (AM) metal foams were compared in single-

phase flows. The purchased sample was characterized using x-ray microcomputed 

tomography, which involved quantifying several relevant geometric parameters. 

Experimental results demonstrated excellent agreement with reduced-domain numerical 

models, which were subsequently further examined. Flow phenomena with volume-

averaging consequences demonstrated moderate differences between the two structures. 

The flow tortuosity and interfacial heat transfer coefficients were increased and decreased 

respectively when using the traditional foam, as a result of the stochastic nature. The 

validated models were also used to examine the effect of attachment method thermal 
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conductivity, showing that a significant reason the AM structure outperforms its 

counterpart results from the thermal interface.  

Volume-averaged simulations used discrete heat sources to examine the metal 

foamôs viability in module-level thermal management. Metal foams proved to be a viable 

candidate over conventional finning solutions assuming moderate thermal conductivity for 

attachment methods, further emphasizing the importance of reducing or eliminating low-

conductivity interfaces. Additional volume-averaged simulations demonstrated the AMôs 

ability to provide local geometric variation. This was leveraged for targeted hotspot 

cooling.  

Multiphase flows in microchannels dissipate high heat fluxes with low temperature 

rises and have consequentially been studied for inverter cooling. Alternative microchannel 

geometries can improve performance beyond conventional rectangular microchannels. 

Flow boiling in microchannels was examined numerically as a predecessor to later 

computational investigations for two-phase flows in AM metal foams. Four total 

geometries ï conventional baseline, constricted inlet, diverging, and auxiliary jetting ï 

were simulated. Their performance as well as flow behavior were compared with each 

other and relevant available literature, providing a foundational understanding for further 

two-phase numerical simulations while simultaneously addressing a knowledge gap.  

 Two additive manufactured metal cold plates were developed by leveraging prior 

research. The first sample, dubbed óuniform sample,ô was eponymously populated with 

rhombic dodecahedron-based unit cells. The second sample removed alternating lanes of 
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unit cells past the midway point. This sample was called óvapor pathwayô due to the 

intended purpose of forming a vapor removal channel by removing alternate lanes. The 

flow boiling in both samples was experimentally assessed using HFE-7200 in an 

instrumented, closed flow loop. A validated computational model for both samples 

examined the bubble behavior using a 3D VOF flow boiling model. The experimental and 

computational work presented a first-of-its-kind detailed VOF model of flow boiling in 

metal foams, which can be used for efficient, two-phase cooling with dielectrics, while 

simultaneously leveraging additive manufacturing capabilities to customize designs for 

improved performance.  



 1 

CHAPTER 1. INTRODUCTION 

Efforts to reduce and eventually eliminate CO2 emissions due to the effect of 

greenhouse gases on global climates have been driving increased electrification. Power 

electronics transmit and convert electrical energy, whether through AC/DC conversion, 

rectification, or inversion. The USAôs Advanced Research Projects Agency ï Energy 

(ARPA-E) estimates up to 80% of electrical energy generated will pass through some form 

of energy conversion via power electronics, representing a 160% increase from 2005 [1]. 

Improved electric vehicles (EVs) are consequently of great research interest, with 

aggressive goals for reducing volume by over 80% for both electric vehicle drive trains 

and inverters from 2020 ï 2025 while improving cost per kilowatt [2]. To reach these goals 

and improve electric vehicle adoption, a system-level redesign of all components including 

thermal management systems is required.  The present chapter draws largely from and uses 

previously published work, which was reproduced from [3], with the permission of ASME 

publishing.    

1.1 Conventional traction inverter power electronics packaging  

Power electronics can be packaged discretely or in modules. Increasing power levels 

necessitates packaging on electrically insulating ceramic modules instead of organic 

printed circuit boards or lead frames. The increased heat loads of higher power electronics 

requires directly mounting them on heat sinks, due to their high current and voltage levels 

and resulting increased heat dissipation loads. Effective cooling methods for these heat 

loads are required to mitigate failures caused by temperature cycling and elevated 

temperatures [3].   
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Typical power electronics packages for traction inverters are shown in in Figure 1.1. 

Semiconductor devices (e.g., metal-oxide-semiconductor field-effect transistors, insulated-

gate bipolar transistors, and diodes) generate the majority of the heat when turned ñonò 

with conduction losses and during switching with eponymous switching losses. Aluminum 

wires are ultrasonically bonded to the aluminum metallization on the high power devicesô 

top side. The devices are connected with a die-attach technology, typically a tin-based lead-

free solder, which provide mechanical attachment while providing excellent electrical and 

thermal pathways. Several die-attach options have been suggested due to the increasing 

junction temperatures. Leaded solders, high-temperature lead-free solders, transient liquid 

phase bonding, and silver sintering have their own advantages and disadvantages as die-

attach alternatives. The die-attach joins the device to an electrical substrate, which is a 

ceramic sandwiched between two metal layers termed DBC or DBA for direct bond copper 

and aluminum, respectively. Several ceramics have been used, alumina being the most 

common due to low cost and mature production, but beryllia, aluminum nitride, and Si3N4 

present additional options with improved thermal and reliability performance. The 

substrate is connected to a thick copper or aluminum base plate and heat spreader. Metal 

matrix composites with similar base materials have been investigated to improve 

coefficients of thermal expansion (CTE) while maintaining high thermal conductivity. An 

air-cooled heat sink or liquid cold plate, thermally attached with a thermal interface 

material (TIM), ultimately rejects the heat from the package.  
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Figure 1.1: Typical power electronics packaging scheme 

1.2 Current EV package solutions  

The electric vehicle and hybrid electric vehicle (EV/HEV) industry shows 

incremental progression in terms of packaging and cooling. Tracking the changes shows 

general trends in EV/HEV traction inverter solutions, which attempt to optimize packages 

in terms of thermal resistance, reliability, cost, and power density. The following section 

examines package configurations for multiple EV/HEVs with a particular focus on the 

thermal packaging strategies. The discussed EV inverter packages with callouts can be seen 

in Figure 1.2.  

The 2004 Toyota Prius uses conventional power packaging methods as seen in 

Figure 1.2 [4]. The most notable difference between the packaging in Figure 1.1 and the 

2004 Prius is the use of aluminum, which has a superior specific thermal conductivity.  

Design engineers may prefer aluminumôs low density and good thermal conductivity over 

copper, particularly in electric vehicle applications, where weight can decrease fuel 

efficiency. Aluminumôs lower cost may also be a factor into its use. Small thermal design 

variations come in the selection of the solder, ceramic, and TIM. These are a lead-free 

solder, AlN, and a ZnO thermal paste, respectively.   



 4 

Figure 1.2 illustrates the power electronics packaging used in the 2008 Lexus LS 

600h [5]. The 2008 LS 600h implements double sided cooling, which can significantly 

decrease thermal resistance by cooling both sides; Liang showed a reduction in thermal 

resistance by almost 40% compared to a traditional module [6]. This also replaces the 

topside interconnections with copper spacers and plates. The spacers are made to address 

the varying power device thicknesses. The typical DBC or DBA ceramic structure is not 

seen in this LS 600hôs packaging. The emitter and collector copper plates address the 

current handling and heat spreading that the topside of the DBC structure provides in a 

typical package, while the Si3N4 tile addresses electrical isolation. Eliminating the metallic 

ceramic layer decreases costs and the failures that come with it (e.g., delamination and 

cracking of the ceramic). However, thermal greases come with large thermal resistances 

compared to the rest of the package, which will severely lessen the increase in thermal 

performance brought by double-sided cooling architecture utilization [7]. The 2013 Toyota 

Camry utilizes a similar design.   

The 2010 Toyota Prius modified the 2004 design by decreasing the distance 

between device and coolant nearly 60% from 9.0 mm to 3.8 mm [4]. The modified 

packaging can be seen in Figure 1.2. The thermal interface material and the base plate were 

removed to decrease package thickness.  Elimination of these will have clear improvements 

in thermal performance, as interfaces materials (particularly greases or other standard 

TIMs) have high thermal resistances, but the decrease in lateral heat spreading can also 

increase the hotspot intensity. 3 mm holes can be seen in the aluminum layer below the 

ceramic, which were introduced for stress relaxation caused by CTE mismatch between 

aluminum and AlN [8]. 
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Nissanôs fully electric 2012 Leaf utilized an inexpensive package seen in Figure 1.2 

[9]. A copper-molybdenum buffer plate is attached to the device using a lead-free solder.  

This is to grade the coefficients of thermal expansion more gradually and relax the resultant 

stresses that the device sees. The buffer plate is mounted on a copper plate, which serves 

as the bottom electrical pathway. The ceramic has been replaced by an insulating pad.  

Thermal grease is applied to both sides of the pad to decrease contact resistances. The 2012 

Leaf decreases costs by using an insulating pad instead of a DBC ceramic, but this increases 

thermal resistance beyond that of a ceramic-based assembly. This setup can also improve 

transient thermal performance.    

Figure 1.2 also demonstrates the packaging used for the 2014 Honda Accord 

inverter [10]. The baseplate has been removed from the package, providing a compromise 

between the 2010 versus 2004 Prius in distance from die to coolant.  Similar to the Lexus 

2008 LS 600h, copper is used near the device. A possible explanation for the use of copper 

near the device is to increase heat spreading near the device, where it most impacts thermal 

resistance.  Further away from the device ï particularly the heat sink, where the cold plate 

is often integrated into the housing ï aluminum is usually used. A moderate source of 

thermal resistance was, as expected, the ceramic, which despite the use of Si3N4, will 

generally underperform with respect to most metals used for heat transfer applications. 

However, the convective resistance was found to be the highest thermal bottleneck with 

the elimination of the TIM.  

The 2nd generation Chevrolet Volt was introduced by General Motors in 2016, 

which utilized a double-sided cooling approach seen in Figure 1.2 [11]. Similar to the 2008 

Lexus LS 600h module and the plug-in hybrid Cadillac CT6, the power electronics module 
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uses double-sided cooling [12]. However, unlike either of these modules, the Volt uses 

ceramics for electrical isolation instead of an isolating pad.  Note that although no spacers 

were illustrated [30], it is likely that they were utilized to address IGBT/diode height 

discrepancies.   

Despite the lag between R&D and mass production, examining the power modules 

of recent (H)EVs can provide insight into the direction the industry is headed. General 

trends toward double-sided modules and cooling nearer to the junction can be observed. In 

single-sided cooling modules, there appears to be a migration away from modules using 

TIMs with the combination of elimination of various layers. When TIMs are absent, the 

largest bottleneck is the convective resistance.   

 

Figure 1.2: EV/HEV traction inverter packaging methods 
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1.3 EV inverter thermal management 

High-power power electronics deal with high voltages and currents, and the large 

amounts of power result in elevated heat generation and the necessity for efficient cooling.  

For example, the 2010 Prius can supply 60 kW of power to the motor, and the 2008 LS 

600hôs motor is rated for 110 kW.  Even at higher efficiencies of 96%, these modules will 

generate 2.4 and 4.4 kW of waste heat, respectively [4]. Device-level heat fluxes are 

currently 100-150 W/cm2 and are projected to rise to 500 W/cm2 with next-gen devices 

[13]. Air cooling can be used as seen in BMWôs Mini E [14], but higher power densities 

typically require the enhanced performance of liquid cooling.  

High-performance cooling can also improve output power ratings, as shown by 

Bhunia et al., who demonstrated the performance increase of a 1200 V/150 A IGBT 

inverter when cooling with jet impingement compared to conventional air cooling [15]. 

Simultaneously, it is important to consider weight, volume, reliability, and cost tradeoffs 

that accompany high-heat-flux cooling technologies. The higher heat removal capabilities 

of liquids come at the cost of an added coolant loop that brings complexities such as sealing 

and added weight/volume to the design.   

 The cooling methodologies for EVs has not seen significant changes. The cooling 

enhancements are (when available) usually longitudinal fins, although the Chevy Volt has 

meandering fins. The fins of the Toyota Prius, Chevy Volt, and Honda Accord are shown 

in Figure 1.3. These fins were also manufactured using different methods, including 

machining, brazing, and casting. The coolant was water/ethylene glycol mixture to allow 

operation in ambient temperature range up to 105 °C.   
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There has also been focus on decreasing package device-to-coolant resistance. This 

decrease in overall resistance can be achieved in two manners ï by selecting materials with 

increased thermal conductivity or by eliminating some of the package layers. Removal or 

combination of layers can decrease resistance by eliminating contact resistances and 

decreasing total thickness. Bennion et al. eliminated the TIM by combining the baseplate 

and the heat sink [16]. The 2010 Toyota Prius cooled the ceramic substrate directly. Yin et 

al. examined using minichannels to cool the insulating ceramic [17].   

All of the EV power electronics modules explicitly reviewed above utilized single-

phase liquid cooling, so as package volumes decrease sharply as a result of SiC device 

implementation [18], compact and high-performance cooling options beyond single-phase 

cooling must be investigated, as efficient cooling can increase device and package lifespan. 

But next-gen power devices will require adjusting or reimagining thermal packaging 

approaches from die-attach to the entire cooling system.   

 

 Figure 1.3: Liquid cold plate for the Toyota Prius, Chevy Volt, and Honda Accord 

(left to right)  

1.4 Wide-bandgap devices  

Power packaging evolution has been gradual and incremental. However, as silicon 

(Si) devices have been nearing their theoretical limit [19], two high-performance 

alternatives in the form of gallium nitride (GaN) and silicon carbide (SiC) have emerged 
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and disrupted the power packaging landscape, and conventional packaging solutions are 

now limiting these devices. These wide-bandgap (WBG) semiconductors require more 

energy to move electrons from valence bands to conduction bands, resulting in the 

enhancement of various properties as demonstrated in Figure 1.4. WBG devices have much 

higher theoretical breakdown voltages, improved efficiencies, increased switching 

frequencies, and high-temperature performance [20]. Increased breakdown voltages allow 

devices to handle higher power levels, or result in smaller devices at fixed blocking 

voltages. Higher efficiencies will lead to lower energy consumption; mass implementation 

of technologies enabled by WBG technologies could reduce US electricity consumption 

by over 20% [1]. Faster switching allows for smaller passives (capacitors, inductors, and 

transformers) [21] and smoother output curves. Wide-bandgap devices can also allow for 

both higher operating temperatures and improved thermal conductivities compared to Si. 

Their temperature-robust nature permits operation in extreme temperature environments 

(>200 °C), elimination of liquid cooling under certain conditions, and reduction of heat 

sink size due to reduced heat dissipation. Currently, WBG devices are projected to 

encroach significantly upon the Si-dominated power device market by 2023, with GaN 

superseding low-voltage applications (<600 V) and SiC being used for higher-voltage 

applications (>600 V) [22]. Both GaN and SiC devices are commercially available, 

although vertical GaN devices are not yet available commercially.  Lateral GaN devices 

are typically in the 600-650 V range, but SiC devices in the kV range are already 

commercially available [23].   
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Figure 1.4: Comparison of WBG materialsô properties versus silicon 

Despite GaNôs superior performance in all categories except thermal conductivity, 

it is held back by its lateral architecture. GaN devices are usually grown on substrates such 

as silicon, silicon carbide, and sapphire, as researchers were initially unable to grow them 

on GaN substrates. Currently, the only bulk GaN wafers are small and prohibitively 

expensive [24]. Growing on these foreign substrates causes problems, including high defect 

densities and stresses caused by lattice and coefficient of thermal expansion (CTE) 

mismatches [25], and it limits these devices to lateral architectures. Although researchers 

have recently been able to fabricate GaN-on-GaN devices that operate much closer to the 

theoretical limits than todayôs lateral structures [19], GaN device maturity lags behind its 

SiC counterparts.   

SiC devices have been commercially available since 2001, whereas vertical GaN 

devices are still not. In addition to its maturity, SiCôs higher thermal conductivity and the 

research into characterizing very high-temperature devices (200 °C has already been 

characterized with plans for higher temperatures) provide attractive qualities for SiC 

adoption and implementation [23, 24]. This led to an industry focus on SiC, and companies 
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including Mitsubishi and Toyota have since tested SiC devices in public transportation and 

electric vehicles with significant increases in efficiency [26, 27]. Recently, the Tesla Model 

3 implemented SiC devices into their traction inverter [28].  

SiC devices, which can withstand temperatures in excess of 200 °C, will enable an 

often-stated goal of combining vehicle cooling loops into one coolant loop with an inlet 

temperature of 105 °C, which will yield significant space and cost savings [29].  This can 

be taken another step by combining all EV coolant loops [30].  But the combination of fluid 

loops means that the packaging will see minimum temperatures of 105 °C and up to or 

exceeding 200 °C, whereas the maximum junction temperature of silicon-based units is 

150 °C.   

Wide-bandgap devices can be smaller than their silicon counterparts because of 

their increased breakdown voltages, which then decrease the on-resistance.  However, the 

volumetric heat generation may increase despite the increase in efficiency as a result of the 

decrease in size and the resulting smaller packages.  These factors combine to create power 

electronics modules that can see higher heat generation per unit volume than Si-based 

modules. Additionally, the high temperatures, voltages, and switching frequencies enabled 

by WBG devices will enable more power-dense and compact power electronics in EVs, 

which requires a system-level redesign.   

1.5 Remarks  

The objective of this introduction was to discuss the current state of power electronics 

for electric vehicle traction inverters, while introducing the shifting landscape largely 

resulting from the introduction of next-gen power devices such as silicon carbide. Current 
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EV packages were discussed in order to draw general trends in power packaging, with the 

thermal management solutions examined more specifically. The cooling solutions have 

used similar schemes ï straight fins with water ethylene glycol ï for several decades. 

However, as package size is projected to decrease by up to 80%, previous thermal 

management solutions may not be sufficient to maintain operable device temperatures, and 

different, newer methods of thermal management will be necessary to take full advantage 

of these wide-bandgap devices. The following section will review specific literature 

regarding methods examined that can provide higher performance cooling for a next-gen 

EV inverter package.  
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CHAPTER 2. LITERATURE REVIEW AND CHALLENGES  

 The present chapter discusses relevant literature for selected thermal management 

solutions with potential applications to EV inverter cooling, particularly examining the 

intersection between metal foams, additive manufacturing, and heat transfer. The main 

highlights, contributions, and areas requiring additional research are discussed during this 

review, which is divided into single and multiphase flows and further subdivided as 

necessary.  The current chapter draws largely from and uses previously published work, 

which was reproduced from [31, 32], with the permission of ASME and AIP publishing.  

2.1 Single-phase flows in metal foams  

 Current EV inverter cooling uses only single-phase flows (e.g., macroscale straight 

fins or pin fins). Metal foams have been researched extensively as a potential finning 

surface due to their increased specific surface area, tortuous flow paths, and low relative 

density. Their primary disadvantage is their need for a mechanical attachment method and 

extensive characterization. Examples of open, stochastic, aluminum foams can be seen in 

Figure 2.1. Figure 2.2 illustrates common terminology used in describing metal foams.  

 

Figure 2.1: Comparison of 20, 10, and 5 pores per inch (PPI) aluminum foams  
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Figure 2.2: Diagram showing labeled foam parts and corresponding nomenclature   

 Heat transfer in metal foams is most commonly studied using stochastic, open-cell, 

metal foams. A variety of cooling fluids, solid phases, and heat transfer mechanisms have 

been investigated. Boomsma and Poulikakos examined the effect of compression and 

nominal pore size on the pressure drop of water across aluminum foams at liquid velocities 

up to 1.042 m/s [33]. They found that the flowrate range influenced the permeability and 

form coefficient, particularly in the transitional regime, as the flow exits the linear Darcy 

regime and exhibits a quadratic pressure drop response. De Jaeger et al. compared four 

different attachment methods, showing that the thermal contact resistance varies from 21 

to 51% of the total thermal resistance even with brazing [34]. Li et al. and DeGroot et al. 

numerically demonstrated significant decreases in Nusselt number with increasing thermal 

contact resistances [35, 36]. However, the simulations assumed the thermal interface was 

at the solid-solid interface only, which underestimates the detrimental effect of interface 

materials as typically applied. Pore-scale models typically utilize unit cells [37, 38], and 

those that do use non-idealized models do not include thermal contact resistance effects 

[39, 40].   
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 Additive manufactured foam structures could eliminate the need for thermal 

attachment. Methods such as direct metal laser sintering prevents the need for mechanical 

attachment and the accompanying thermal performance penalty. And volume-averaging 

allows for rapid, module-level simulations with minimal computational resources while 

still resolving general flow fields and resulting thermal behavior [41, 42]. However, AM 

metal foamsô viability for power electronics has not been examined on a module-level.  

2.2 Multiphase flows  

 Multiphase flows are more complex than single fluid flows, due to the number of 

fluids and the range of variables that can significantly impact flow behavior. The 

multiphase flow review has been split into two sections. One details a microchannel flow 

boiling, a preliminary problem with more available literature in order to provide a solid 

foundation for initial multiphase flow boiling simulations, and the subsequent section 

discusses boiling flows in regular and AM foams.   

2.2.1 Flow boiling in alternative microchannel geometries  

 Microchannel flow boiling has been thoroughly experimentally investigated, due 

to its potential for ultra-high heat flux thermal management. However, flow boiling in 

microchannels can result in thermohydraulic instabilities. These oscillations are typically 

accompanied by heat transfer performance degradation. O'Neill and Mudawar [43] 

reviewed static and dynamic instabilities in macro and microchannels. Several additional 

reasons for instabilities in microchannels have been posited besides rapid bubble growth, 

the most prevalent explanations of which are given by Karayiannis and Mahmoud [44].  
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 There has been a large body of experimental research regarding instability 

suppression schemes in small channels. Reviewers have discussed both instability types 

and mitigation strategies. Liang and Mudawar [45] reviewed instabilities and mitigation 

strategies for flow boiling, where they discussed several prevalent passive suppression 

methods including upstream throttling, downstream expansion, auxiliary jetting flow, and 

vapor venting. Literature regarding experimental research regarding these alternative 

microchannel geometries can be seen in [46-52].  

Microchannels with flow boiling have also seen numerical investigation, but that 

which investigates methods of pressure instability mitigation is limited [53]. Mukherjee 

and Kandlikar [54] simulated the effect of inlet restrictors on the growth of singular vapor 

bubbles near the restricted end, showing smaller openings were more effective at 

preventing bubble growth and flow reversal. Alugoju et al. [55] simulated a 2D expanding 

microchannel with nonuniform heat fluxes and compared the results to a straight channel 

with similarly distributed heat fluxes. Fang et al. [56] simulated vapor venting 

microchannel heat exchangers as a potential solution to the issues of high pressure drop, 

unstable flow, and dryout that microchannels often encounter. But the brief list given herein 

encompasses a significant portion of literature regarding flow boiling simulations in 

microchannels, none of which compares multiple different geometries. 

2.2.2 Flow boiling in metal foams   

 Metal foams and flow boiling have been investigated by several groups. Kim et al. 

investigated single-phase forced convection of water, and single-phase flow and flow 

boiling of FC-72 in a copper foam-filled channel [57].  Single-phase heat transfer 

coefficients of 10 kW/m2·K and 2.85 kW/m2·K were achieved with water and FC-72 
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respectively, in foams with 95% porosity.  Two-phase performance with FC-72 showed a 

near four times improvement, with a maximum heat transfer coefficient of 10 kW/m2·K at 

a heat flux of 50 kW/m2.  The porosity was also seen to have a moderate effect on the heat 

transfer coefficient at higher heat fluxes.  Li and Leong [58] performed experiments and 

numerical simulations involving single-phase and flow boiling with water and FC-72 in 

aluminum foams.  They observed the onset of nucleate boiling, the hysteresis effect, and 

critical heat flux.  However, while the critical heat flux (CHF) for FC-72 was 8.7 W/cm2, 

the heaters were not able to provide sufficient heat to achieve CHF for water. Bamorovat 

Abadi et al. [59] performed flow boiling visualization experiments in mini tubes, finding 

that intermittent and annular flow regime occurred, but that the presence of the foam did 

not significantly alter flow regimes when compared with a bare tube.  Qin et al. used the 

Lattice Boltzmann method to simulate 2D open-cell metal foams with constant and 

gradient foam sizes [60, 61]. However, no 3D flow boiling simulations for metal foams 

have been found in literature reviews at this time.  

 Flow boiling in additive manufactured metal foams (AMMFs) has been 

experimentally investigated with varying unit cell replications. Septet et al. [62] used 

selective laser melting for flow boiling of n-pentane and water as working fluids for two-

phase flows in additive manufactured foam-type liquid-liquid heat exchangers. Wong and 

Leong visualized the flow regimes inside the cells using optical methods, and their results 

showed bubbly and churn as well as a lack of annular flow for the range of conditions 

tested [63]. There is no accompanying multiphase flow boiling simulation work for 

AMMFs found during literature review.  
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CHAPTER 3. SINGLE-PHASE CONVECTION IN TRADITIONAL 

VERSUS ADDITIVE MANUFACTURED METAL FOAMS   

 The present chapter draws from and uses previously published work, which was 

reproduced from [3], with the permission of ASME publishing. Metal foams have been 

often used for thermal management due to their favorable characteristics including high 

specific surface area, high thermal conductivity, and low relative density. However, they 

are accompanied by shortcomings including the significant contact resistances due to 

attachment method, as well as the need for characterization of foam. Additive 

manufactured (AM) metal foams can eliminate the substrate/foam thermal resistance, 

decrease pre-usage characterization, and allow for tailoring structures, while also taking 

advantage of the characteristics of traditional foams. A commercial foam (nominally 5 

pores per inch, 86.5% porosity) was analyzed using x-ray microcomputed tomography (x-

ray µCT), and a designed foam based on the cell diameter and porosity of the commercial 

sample was manufactured. Reduced domain computational fluid dynamics/heat transfer 

(CFD-HT) models were compared against experimental data. Post validation, the flow 

behavior, effect of varying attachment thermal conductivities, and thermal performance 

were numerically investigated, demonstrating the usefulness of validated pore-scale 

models, as well as the improved performance of AM metal foams over traditional foams.  

3.1 Characterization and experimental sample descriptions  

Obtaining sufficient relevant geometrical characteristics is required for studying 

thermal applications of metal foams [64].  Existing studies often do not give comprehensive 

characterization of all relevant geometric parameters.  In addition to measuring an adequate 

number of parameters, the measurement method should also be clearly stated, which allows 



 19 

for repeatable experiments and comparison between studies. De Schampheleire et al. 

mentioned the lack of characterization by many authors, such as presenting only 

information on sample porosity and PPI [64]. This is particularly problematic as PPI is 

three-dimensional, varies depending on orientation, and more a nominal value given by 

manufacturers rather than a physical quantity of the sample. The characterization is done 

in ImageJ, an open source scientific image analysis tool, as well as BoneJ, a plugin 

developed for ImageJ that was developed for both trabecular and whole bone research that 

proved useful because of the porous nature of bone geometries [65].   

The metal foam sample (referred to as commercial/stochastic/ERG foam) was 

purchased from ERG Aerospace Inc. The Duocel® aluminum foam was nominally labelled 

as 5 PPI, processed from 6101 alloy, and underwent T6 heat treatment. A Zeiss Metrotom 

800 was used to perform x-ray µCT, a non-destructive imaging technique. A small section 

of the aluminum foam was scanned at 0.25 degree rotations with a voxel size of 18.43 µm, 

and the resulting 2D image files were subsequently imported to ImageJ. Ideally, the voxel 

size should be minimized, as smaller voxel sizes would yield increased accuracy albeit with 

decreasing returns, but the conflicting desires for minimizing voxel size while maximizing 

numerical domain size limited the voxel size for these simulations. De Schampheleire et 

al. [64] concluded that it was not necessary to have a voxel size of less than 5 µm. This 

change in accuracy due to smaller voxel size mostly affects specific surface area (SSA), 

which saw a 19% change going from  37.5 µm to 8.5 µm, as opposed to interfacial strut 

(also known as fiber or ligament) area which only saw a 4% change for the same change 

in voxel size. The images near both the top and bottom of the scan were deleted to remove 

distorted sections, and the files were cropped to only include the foam, without the dead 
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space. Optimise Threshold, a BoneJ command, was used for binary segmentation into black 

and white. The analysis of the properties (porosity, pore diameter, ligament diameter, 

ligament length, cell diameter, and specific surface area) began with the modified image 

files, and a flow chart illustrating the methodology can be seen in Figure 3.1. 

 

Figure 3.1: Illustration of steps for commercial stochastic foam characterization  

Porosity (Ů) was obtained by using the volume fraction command in BoneJ and 

subtracting the result from one, yielding a value of 86.5%. The pore diameter was found 

by locating unbroken windows, finding the best-fit ellipse, and averaging the major and 

minor axes of thirty different windows for the effective pore diameter. As the struts taper 

so that the thinnest region is near its middle, the ligament diameter was calculated at the 

smallest cross-section, as defined in Equation (1). The Heywood circularity factor H, which 

compares the strutôs perimeter to the perimeter of a circle with the same cross sectional 

area, was calculated to be 1.086 from Equation (2) [66]. A cross-section with H = 1.086 is 

shown as a graph next to ñLigament diameterò in Figure 3.1. The ligament length was 

found by running Skeletonize 3D in BoneJ to create a skeleton image of the image sequence 
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in order to more easily measure ligament length. Thirty ligament lengths from node to node 

were found and averaged. The cell diameter was calculated by finding the equivalent 

spherical diameter, when compared to an ellipsoid of ten unbroken cells. The three ellipsoid 

axes were obtained by finding the two axes at the middle of the cell and the distance 

between the two pores that make up the cell.  BoneJôs Isosurface was utilized to find the 

specific surface area.  The calculated values can be seen in Table 3-1.  

 Ὠ τὃ ὖϳ  (1) 

 Ὄ ὖ ὖ  ϳ ὖ τ“ὃ  (2) 

Table 3-1 ï Comparison of foam properties from x-ray µCT analysis, literature [66], 

and AM foam  

Parameter Result Literature comparison Rhombic dodecahedron  

PPI 5 5 5 

Porosity 86.5% 92% 86.5% 

Ligament diameter 

(mm) 

0.508 0.505 0.548 

Ligament length (mm) 1.94 1.72 2.01 

Pore diameter (mm)  2.58 2.61 1.35 

Cell diameter (mm) 4.65 4.60 4.65 

Surface area (m2m-3) 571 510 927 

The first step to creating the additive AM foam structures was to choose an 

appropriate unit cell. A unit cell can be utilized to imitate foams with good thermo-

hydraulic agreement as seen in [38] and [39]. Unit cells that were seen in literature include 

cubic unit cells [67], rhombic dodecahedron unit cells [68], pentagonal dodecahedron unit 

cells [68],  the Lord Kelvin model [69], and the Weaire-Phelan model [69], illustrated in 

Figure 3.2. Although certain models such as the Lord Kelvin and Weaire-Phelan model 
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were more accurate as their curved edges minimize surface energy (which is what occurs 

during the foaming process), whether it could be manufactured and well packed had to be 

considered.  The first unit cell was deemed too far from a physically accurate model and 

was not selected as a result. The last two models were not chosen because of manufacturer 

warnings that angles of too small a rise would necessitate irremovable support structures. 

The middle model was not selected as it does not pack well and cannot form a 3D 

honeycomb structure ï it was more appropriate for correlations or modeling of a single unit 

cell as opposed to a larger macroscale structure. Because of these concerns, a rhombic 

dodecahedron was chosen for the AM unit cell.  Two views of this unit cell can be seen in 

Figure 3.3.  

 

Figure 3.2: Types of unit cells (from left to right): cubic unit cell [67], rhombic 

dodecahedron unit cell, pentagonal dodecahedron, the Lord Kelvin model [69], and 

the Weaire-Phelan model [69] 

 

Figure 3.3: Dimetric and diagonal views of a rhombic dodecahedron based unit cell 

Table 3-1 compares the foam geometric properties obtained from the analysis 

discussed earlier in this section to both an example in the literature that used similar 

analyses and the AM foam. The rhombic dodecahedron based foam was constructed by 
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setting the cell size and porosity equal to that found from the x-ray µCT analysis. The cell 

size and porosity were chosen as the two parameters due to their prevalence in literature, 

being the most commonly reported parameters (as shown in Table 3-1), and the fact that 

they largely determine the other geometric characteristics. Correlations from [35], which 

aggregated common correlations to determine values of metal foam geometric properties 

for subsequent numerical analysis, show a dependence on only PPI and porosity. 

Additionally, Tikadar and Kumar found that the PPI and porosity are the most important 

geometric parameters in their machine learning analysis of metal foam heat transfer [70]. 

The results matched closely for all parameters except the pore diameter and specific surface 

area.  The reason for the former was illustrated in Figure 3.2 with the two ellipses. The 

nature of the rhombic windows and its pronounced elliptical shape as opposed to the Lord 

Kelvin modelôs more circular pore windows was such that the effective pore diameter of 

the AM foam was noticeably smaller. The latter could be explained by the imperfections 

of the stochastic foam since only structurally ideal cells were chosen for analysis of cell 

size. As a result, the true cell size may have been larger, and this would have caused the 

surface area to be an underestimate.   

The ERG foam was cut to the appropriate nominal size of 100 mm x 40 mm x 9.3 

mm using electrical discharge machining (EDM). The foam was then attached to an 

aluminum plate (sanded with 1000 grit sandpaper) using Omegabond 200 Epoxy Adhesive 

(k = 1.38 W/m·K, thickness 0.3 mm). The assembled foam and substrate were placed in a 

ThermoScientific Lindberg Blue M oven for 3 hours at 150 ęC to cure per supplier 

recommendation. Figure 3.6a show the attached foam with the layer of cured, black epoxy 

between the substrate and the foam. The AM foam was assembled using Materialise 
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Magics, a software for STL file editing for 3D printing. The lattice unit cell was created in 

Solidworks then imported into Materialise.  STL file corruptions and errors were handled 

using the Fix Wizard in-software. The AM manufacturing was outsourced to Forecast 3D 

who used direct metal laser sintering (DMLS) of AlSi10Mg particles to manufacture the 

designed foam structure. A vertical band saw was used to cut the structure out of the 

baseplate. Then, an end mill and electric discharge machining were used to bring the plate 

to the correct dimensions, and the plate was heat treated at 600 ęF for 2 hours to relieve 

stresses created during machining so as to not break or warp the structures. The finished 

product post-machining and heat treatment can be seen in Figure 3.6b.   

3.2 Computational model  

The numerical modeling examined and compared the thermo-hydraulic 

performance of both the ERG foam and the AM foam. Although a macroscopic, volume-

averaged approach can be used for decreased computational time, it comes at the expense 

of lost details and potentially decreased accuracy. Unit cell models have also been used but 

they also fail to capture some characteristics, particularly resulting from the random nature 

of foam morphology [37, 38].  The pore-scale models seen in this chapter will also allow 

us to understand and visualize microscopic flow phenomena without difficult and costly 

flow visualization techniques. The numerical model was experimentally validated to 

ensure model fidelity.   

3.2.1 Model description and assumptions  

The numerically simulated AM geometry measured 9.30 mm x 2.33 mm x 46.5 mm 

and can be seen in Figure 3.4a. The commercial foam geometry used in CFD-HT 
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simulations was obtained from the image stack from the x-ray µCT analysis. A surface was 

created using the Isosurface command in BoneJ and then exported as a binary STL file. 

The final foam geometry used in the modeling measured 9.30 mm x 4.65 mm x 25.0 mm, 

with the directions oriented in the same way as the experimental sample to ensure any 

directional bias in the foam is replicated in the simulations. Floating mesh points and 

triangles were removed using Meshlab, an open source software used for mesh processing 

and repair [71], which was then subsequently used to smooth the geometry to decrease the 

mesh resolution. The geometry was assembled in Solidworks and subsequently exported 

to Fluent for CFD-HT analysis. The assembly can be seen in Figure 3.4b, with an inlet and 

outlet section added on either side. The 0.3 mm thick thermal interface material (TIM) 

layer between the substrate plate and the metal foam matrix is shown in the magnified view 

as the greyed out layer. The AM foamôs simulation boundary conditions were the same as 

the ERG foam model. Both samples had Al 5083 substrates, and the thermophysical 

properties for the materials in the numerical analysis can be seen in Table 3-2. Despite the 

difference in materials used for the foams, their values were nearly identical so that the 

thermal performance differences are not attributable to the material selection. The ERG 

foam was Al 6101, the AM foam was AlSi10Mg, and the working fluid was DI water.   
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Figure 3.4: a) Reduced AM geometry and b) reduced ERG sample geometry with 

TIM with magnified view showing TIM layer  

The stochastic foam domain was reduced length-wise, as a full length simulation 

would not import properly into the 3D modeling software utilized unless the mesh was 

simplified to the point of losing too much of the geometrical details. The domain reduction 

was necessitated by hardware and software, and it was assumed that the reduction in total 

domain length would have a small enough impact on the thermo-hydraulic parameters 

studied that it would be possible for us to still maintain model accuracy. Additionally, it 

was assumed that the scanned section was large enough that it would encompass a 

sufficient quantity of foam cells that it could be considered a representative elementary 

volume (REV). De Schampheleire et al. [64] found that eight foam cells would give an 

appropriately sized section for an REV, and with a conservative estimate of each unit cell 

having a cubic shape with edges of length dc, the current geometry would be able to hold 

over ten cells total. It was also assumed that the inlet effects would be small enough so as 
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to still give reasonable agreement between the CFD-HT simulation and experimental 

results. Dukhan and Suleiman [72] investigated the entrance effects in open-cell foams, 

and they demonstrated that the entrance length increases with velocity. As the inlet speeds 

seen in this study were low (Ò 12.5 cm/s), this assumption was reasonable.   

Table 3-2 ï Material properties at 25 ęC used for CFD-HT models 

Property Al 6101  AlSi10Mg Al 5083 Water 

ɟ (kg/m3) 2700 2670 2660 998 

cp (J/kgÅK) 896 890 900 4182 

k (W/mÅK) 167 173 117 0.6 

µ (PaÅs) - - - 0.001003 

The simulations assumed steady state, laminar, incompressible flow with negligible 

viscous dissipation. Buoyancy and radiative heat transfer effects were ignored, and material 

properties were considered constant. Prior studies defined the transition for open-cell, high-

porosity foams in terms of pore diameter-based Reynolds number Rep and permeability-

based Reynolds ReK, where the length scale is the square of permeability [73, 74]. 

However, Dukhan et al. [74] recommend a permeability-based Reynolds number to be 

most appropriate for porous media. They found that the Darcy-Forchheimer region, where 

a second order polynomial describes hydraulic performance, extends until ReK = 37.5, and 

turbulence is seen at values greater than 50. The pressure drop, ȹP, can be described as  
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where ȹL is test section length, µ is dynamic viscosity, K is permeability, u is superficial 

inlet velocity, ɟ is density, and Cf is the inertial coefficient. The turbulent Reynolds 

numbers corresponded to 10.2 cm/s for the ERG foam and 15.5 cm/s for the AM foam, so 
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the assumption of laminar flow was reasonable. It must be noted that the experimental 

overall heat transfer coefficient differed from the computed values due to the additional 

resistances from the thermal paste applied onto the thermocouples. The thermal 

conductivity of various TIMs was quantified by Narumanchi et al., and the product utilized 

for the present work (Wacker Silicone P12 thermal grease) measured at 0.54 W/mÅK  [75]. 

The simulation results were adjusted accordingly to account for the additional thermal 

resistance, by considering a thermal paste layer of estimated thickness t = 0.14 mm.    

3.2.2 Governing equations and boundary conditions 

 The governing equations in Cartesian coordinates used for the fluid mass 

conservation and force-momentum balance were as follows: 
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The fluid energy conservation equation and the heat conduction equation for the solid 

region in Cartesian coordinates were given as: 
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A uniform inlet velocity condition was applied on one end of the computational 

domain normal to the boundary. The inlet speeds (u) were limited by the equipment 

discussed in the section detailing experimental setup and consequentially varied from 2.5 

cm/s to 12.5 cm/s.  The inlet temperature (Ti) was set as 300 K.  Both side walls were set 

as symmetry conditions, as this computational domain represents a relatively thin slice of 

the overall width.  The solid-fluid interfaces were set as no-slip walls with temperature and 

heat flux continuity.  The top section directly above the porous medium was a no-slip wall 

with a prescribed a heat flux of q" = 10 W/cm2, and the outlet was prescribed a pressure 

outlet boundary condition.   

3.2.3 Numerical procedure  

 ANSYS Fluent 19.2 was utilized for the CFD-HT simulations. A second order 

upwind scheme was used for the momentum and energy equations discretization. The 

pressure was interpolated using a second order scheme, and the gradients were discretized 

using the least squares cell based method. The SIMPLE algorithm [76] was used for 

pressure-velocity coupling. Convergence was reached after the average topside 

temperature and pressure drop qualitatively leveled off and the residuals dropped below 

10-3 for mass and momentum and 10-6 for energy. Both pore-scale simulation geometries 

were examined for mesh independence. This was achieved by refining three separate 

meshes with u = 10 cm/s and examining both the pressure drop and average surface 

temperature for convergence. The ERG foam model elements numbered from 2.7e6 to 

14.8e6, with the coarsest mesh being used for analysis. The AM model ranged from 5.2e6 
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to 14.8e6 and the mesh of 5.2e6 elements was selected. Both the solid and fluid domains 

for the two geometries were meshed using tetrahedral elements.     

3.3 Experimental testing setup and procedures  

The samples were tested in the closed flow loop shown in Figure 3.5. Prior to 

charging with degassed, deionized (DI) water, the flow loop was evacuated using a 

commercial vacuum pump. A gear pump (Micropump® GJ-N27) mounted on a variable-

speed gear pump system (Cole-Parmer® EW-75211-30) continuously circulated the 

working fluid around the loop. The coolant then passed through a liquid-to-liquid heat 

exchanger (Lytron® LL520FG12) connected to a constant temperature bath (Thermo 

ScientificTM A25 refrigerated circulator) for finer temperature control, and a flowmeter 

(McMillan® S-114-8-D-S6) measured the volumetric flow rate. Three pressure sensors 

(Omega® PX219 series) and in-line type-T thermocouples (Omega® MQSS series) were 

placed in various locations around the loop for continuous monitoring of both values. For 

the test section itself, shown in Figure 3.6c, a differential pressure sensor (Omega® PX2300 

series) measured the pressure drop across the samples. Five additional type-T 

thermocouples were attached to the test section along the midline for calculating the heat 

transfer coefficient using the average wall temperature, and the data acquisition was 

handled by an Agilent® 37940A DAQ unit.  A liquid-to-air heat exchanger (Lytron® M14-

120) cooled the fluid back to near room temperature. A DC power supply (Agilent® 

E3620A) provided the electrical power necessary for the instrumentation.  
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Figure 3.5: a) Schematic and b) image of closed flow loop and data acquisition setup 

The uniform heat flux heating condition was achieved by placing five cartridge 

heaters into an aluminum block. A DC power supply (Keysight N8742A, 600V, 5.5A) 

provided electrical power to the heaters. The test samples were nominally 4 cm x 10 cm x 

0.93 cm, and the heated section had the same area of 4 cm x 10 cm. A thermal pad was 

used to decrease the contact resistance between the heater block and the test section. The 

system reached steady state before data collection, and this was ensured by ensuring the 

thermocouples measured a < 1 ęC change over 5 minutes, which was typically reached in 

25 minutes between each collection point. The measurement uncertainty can be seen in 

Table 3-3. The flow rate was measured by filling a graduated cylinder and timing it while 

simultaneously recording flowmeter output voltages. The pressure drop was calibrated 

using an Omega DPI 610 portable pressure calibrator, and the thermocouples were 

calibrated with an Omega CL122-4 block calibrator.    
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Figure 3.6: a) Stochastic ERG foam with visible thermal epoxy layer, b) designed 

foam, and c) Test bed used for testing the foam samples 

Table 3-3 ï Experimental uncertainties  

Parameter Uncertainty 

Pressure ±20 Pa  

Flow rate ±4 mL/s   

Temperature (type T thermocouple)   ±0.5 K  

Heat flux (heater block) ±0.2 W/cm2 

 

3.4 Results with experimental validation  

Before using the computational models for further analysis, they were first 

validated using experimental data. The total pressure drop across the test section and the 

Nusselt number calculated from effective heat transfer coefficient were compared for both 

the ERG foam and AM samples. The heat transfer coefficient (h) was defined by the 

following:  

 Ὤ ήͼȾὝ Ὕ  (10) 

where ήͼ is heat flux, Tw is wall temperature, and Ti is inlet temperature. The Nusselt 

number, which was defined as  
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and the pressure drop normalized per unit length are both given as functions of the Rec in 

Figure 3.7. The pressure drop results were curve-fit to a second-order polynomial to 

conform to the Darcy-Forchheimer Law, which applies for the range studied. A power law 

fit was selected for the Nusselt number, as is commonly done for thermal behavior with 

varying Reynolds numbers. Figure 3.7 showed good agreement between experimental and 

numerical results, which ensured model validity. Regarding the pressure drops for 

experimental and CFD datasets, there was a slight behavioral difference for the ERG 

sample. This was attributed to using a smaller representative section, which does not 

perfectly replicate the entirety of the foam sample and therefore introduces small 

discrepancies. Modeling more of, or the entirety of the sample, would yield better 

agreement but at a severe computational cost relative to the small improvements in 

accuracy. The figure also demonstrated that although the pressure drop is higher (66%) for 

the AM sample (as to be expected due to the rhombic shape as opposed to more circular 

shape of the ERG foams), the penalty came with approximately 60% increase in effective 

heat transfer coefficient.  
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Figure 3.7: a) Pressure drop per unit length (left) and Nusselt number (right) for 

computational and experimental data for  both the ERG and AM samples 

As a pressure drop penalty typically accompanies heat transfer enhancement, it was 

not surprising that the designed sample will have a higher pressure drop. But it was 

necessary to ensure that the increase in thermal performance was not outweighed by 

pressure drop penalties. Figure 3.8 compared the non-dimensional thermal performance of 

the two thermal management solutions with respect to pressure drop per unit length. The 

increase in pressure drop by using the AM structure was contributed primarily to the pore 

window shape, which was rhombic, instead of a more circular shape of traditional foams. 

The pressure drop was approximately 60% higher for the designed structure when 

compared to the ERG structure, and the Nusselt number was also around 60% higher for 

the same inlet speeds as seen in Figure 3.7. However, when comparing the thermal 

performance as a function of pumping power, the AM sample was clearly superior at the 

studied pressure drops.  
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Figure 3.8: Nusselt number of both samples as a function of pressure drop per unit 

length 

 In these structures, the variations in local fluid velocity about the mean flow 

velocity caused mixing and increased heat transfer. Flow mixing can be seen in Figure 3.9, 

which shows the streamlines in the ERG foam at two different inlet flow speeds and 

compared it to the AM sampleôs streamlines. Unlike pore-level simulations, volume-

averaging can decrease computational time at the expense of intrafoam detail. The 

contribution to heat transfer from mixing was accounted for by augmenting the effective 

fluid conductivity kf with the dispersion conductivity, kd. Generally, the dispersion 

conductivity increases with flow speed and streamline tortuosity. Calmidi and Mahajan 

[77] gave an equation for kd which simplifies to the following: 

 Ὧ ὅ”όЍὑὧ (12) 
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 Figure 3.9a) and b) display the streamlines for u = 2.5 cm/s and 12.5 cm/s with both 

the streamlines with the solid structure as well as just the streamlines in black without the 

solid to emphasize the path of the streamlines.  It was clearly visualized that the fluid path 

was more erratic with increasing inlet velocity, which would increase flow mixing and 

supported the assumption of increasing dispersion conductivity with respect to velocity. 

Examination of the streamlines also illustrated that the majority of the particle paths are 

not heavily disturbed by the foam, as they traveled in a mostly linear path. This was also 

confirmed by the later tortuosity calculations, which demonstrated a total average increase 

in streamline length of 9.3% when compared to the length of the ERG foam.     

 

Figure 3.9: Streamlines visualized for a) stochastic geometry with u = 2.5 cm/s and b) 

u = 10 cm/s, and c) streamlines for the additive manufactured sample with u = 10 cm/s 

The streamlines were also compared for the traditional and designed foams. The 

position coordinates for several hundred particles were exported to MATLAB, where the 
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particle paths were analyzed for their total distance traveled over the foam structure. The 

code ensured that the tortuosity calculation only used paths that traversed the entirety of 

the structure (as some streamlines were truncated before exiting the foam). 500 and 161 

particles were used after the elimination of the aforementioned incomplete pathlines, 

respectively. The average distances traveled were 2.732 cm and 4.828 cm for the ERG and 

AM foams. The tortuosity Ű was defined as  

 † ί
ὒ (13) 

where s is the total distance traveled and L is the shortest travel length possible (i.e., the 

length of the foam). The tortuosity values were calculated to be 1.093 and 1.038 for the 

stochastic and AM foam. Increasing Ű corresponds to increasing thermal dispersion 

conductivities. For example, Du et al. [41] gave the following as a way to calculate kd while 

considering the effect of tortuosity:  
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where c is a constant, ReP is pore-based Reynolds number, and Pr is the fluid Prandtl 

number.  As the extra distance traveled grew by 2.45x when comparing the ERG and AM 

samples, it implied that the dispersion conductivity should be greater for the stochastic 

foam. It was also reasonable to assume that the randomness of the ERG foam promotes 

greater mixing, and although the effect of the dispersion conductivity is small at these 

velocities, it may warrant additional investigation at higher flow speeds and Reynolds 

numbers. Comparing the streamlines for u = 10 cm/s in Figure 3.9 b) with those in Figure 
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3.9 c) visually demonstrated the differences in mixing, with some streamlines in the ERG 

geometry spanning more than half the breadth of the sample height, as opposed to the AMôs 

streamlines, which did not mix significantly with the fluid in adjacent foam cells.    

 

 Figure 3.10: Flow fields for u = 10 cm/s for the commercial and AM foams a) 

Pressure contours, b) Velocity contours, c) Pressure contour, and d) Velocity 

contour for AM  

Figure 3.10 shows the pressure and velocity contours for the commercial and AM 

geometries along a plane parallel to the flow direction. The flow patterns for the AM foam 

were repeating due to the ordered structure, whereas for the stochastic sample a consistent 

flow pattern was not established. Stagnation regions can be seen in both geometries when 

the working fluid encountered a ligament. Downstream of the ligament, there were 

recirculation zones, where the velocity was significantly lower than the bulk fluid velocity.  

The pressure values decreased to below 0 Pa relative pressure due to the outlet being 

constrained to 0 Pa, and the fluid velocities were higher due to the presence of the metal 
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foam. The pressure contours implied significantly more mixing in the stochastic structure 

as well, due to the uneven contour lines.  Another difference between the two structures 

was the existence of large stagnant zones in the ERG sample, contrasting with the relative 

lack of such large low velocity zones in the AM geometry.  

 

 Figure 3.11: Non-dimensional heat transfer performance for AM foam and ERG 

Inc. foam with varying kTIM  values ï (N) denotes values found using a resistance 

network approach  

While Figure 3.8 demonstrated the AM sampleôs superior thermal performance, the 

causes of improved performance ï namely, structural differences in the foam versus 

elimination of the thermal interface material between the foam and substrate, were further 
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investigated. Using a one-dimensional resistive network (Figure 3.11a), the effective 

Nusselt number was recalculated with an updated overall heat transfer coefficient Unew for 

three kTIM values (kTIM = 4.0, 40, and Ð W/mÅK), in addition to the original kTIM (1.38 

W/mĿK). These values were chosen to be representative of a high conductivity epoxy, a 

solder, and no TIM layer. This was done by using the following equation that substitutes 

the highlighted resistance in Figure 3.11a as:  
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 The results of the calculations can be seen in Figure 3.11b, where (N) designated 

the data points obtained by using a resistance network.  To ensure the accuracy of the 1D 

assumption, additional simulations with kTIM = 4.0 W/mĿK were performed, and the 

numerical results were compared graphically with the resistance network results in Figure 

3.11b. As the numerical and semi-analytical results demonstrated good agreement, the 1D 

assumption was considered reasonable. The effect of incrementally improving TIM 

thermal conductivity had a significant impact at lower values. However, the returns 

diminished at higher kTIM values, and increasing kTIM from 40 W/mĿK to effectively infinite 

had much smaller performance benefits. Figure 3.11b also shows the effect of eliminating 

the TIM versus changing the structure to the AMôs rhombic dodecahedron unit cell. At 

lower Reynolds numbers, the difference in Nusselt number was approximately half due to 

the TIM layer, and the other half was attributed to the structural differences. However, at 

higher Reynolds numbers, the performance reduction due to the ERG foam structure was 

much smaller than the TIMôs thermal resistance effect. Additionally, the performance of 
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the ERG foam approached the AM foam with increasing flow speeds, which may have 

been caused by the differences in kd.  

Generally, the wall heat transfer coefficient is presented for metal foams, as it is 

more easily applicable for use in electronics cooling via resistance networks and simple 

numerical simulations.  However, the interfacial heat transfer coefficient (hsf), which 

represents the heat transfer between the solid phase and the working fluid, has also been 

reported and can be used in volume-averaging simulations. Calmidi and Mahajan [77] 

modified a correlation developed for cylinders in crossflow:   
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where hsf is the interfacial heat transfer coefficient, Dl is the ligament diameter, kf is fluid 

conductivity, Rel is the Reynolds number based on ligament diameter, and Pr is the fluid 

Prandtl number. The constant 0.52 was determined by comparing numerical results to their 

experimental air/aluminum results, as well as the water/aluminum data from Hunt and Tien 

[78]. Mancin et al. produced a similar correlation based on their extensive experimental 

work with heat transfer using air flowing through copper foams [79]. Their correlation was 

given as:    
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Mancin et al. based their correlation on an extensive experimental dataset. The similarities 

between the correlations presented are evident with regards to similar numerical values as 
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well as basing the Reynolds numberôs length-scale on ligament diameter.  The numerical 

simulations were adjusted by setting the lattice structure to a uniform wall temperature Tw 

= 320 K and using the following to obtain the foamsô interfacial heat transfer coefficient:  
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(15) 

where ἂ, Asf, Tw, To, and Ti are the mass flow rate, interfacial area, wall temperature, outlet 

temperature, and inlet temperature. Figure 3.12 compares the numerically calculated hsf 

with the values found using the correlations from [79] and [77]. For the ERG foams, 

Mancin et al.ôs correlation matched more closely with the other, resulting in a noteworthy 

overestimate of hsf, but the opposite held true for the AM foams, where the same correlation 

predicted lower values than the numerical predictions, likely due to the structural 

differences between the two samples.  Although the AM foam was designed to be an 

imitation of the commercial foam, the structural differences between the two may 

necessitate either an adjustment of the constants in the interfacial heat transfer coefficient 

correlations or a modification to make them more widely applicable.  
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Figure 3.12: Comparison between numerical results and calculated results using 

correlations for the ERG Inc. foam and the AM foam 

 A fin efficiency (ɖ) analysis was conducted for both models where ɖ is defined as 

the ratio of convected heat to the heat that would be convected with an ideal fin. For the 

ideal fin, all solid geometries were set to a uniform temperature of 320 K. The real fin 

simulations were done by setting the lower substrate surface or the fin base to T = 320 K. 

Additionally, to provide a more one-to-one comparison of the two foam structures, the heat 

dissipated by the fluid was measured at 2.5 cm into the AM structure as opposed to at the 

exit, which was at an additional 2.15 cm downstream.  Temperature contours of the solid 

phase can be seen in Figure 3.13 for an inlet velocity of u = 10 cm/s. Increasing hsf and kf 

or decreasing ks were accompanied by a resulting decrease in ɖ, as the heat was convected 

before it can travel down the finning surface. Figure 3.13 demonstrates how the 

temperature decreases more quickly for the ERG foam, which implied that the fin 

efficiency would be lower. This is shown quantitatively in Figure 3.14, which illustrated 

the fin efficiencies, as well as the nondimensional outlet temperatures. The reason the heat 
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was able to penetrate further down the foam was primarily due to the thicker nodes, which 

allowed for more heat transfer in the fins.   

 

Figure 3.13: Temperature contours for the solid phase for u = 10 cm/s inlet velocity 

and Tb = 320 K for a) the ERG foam and b) the AM foam 

 Figure 3.14a shows that the ERG foam had better fin efficiency than the AM foam, 

except at lower inlet velocities. Figure 3.14b illustrates the outlet temperatures at a location 

2.5 cm downstream of the foam inlet which were used for calculating ɖ. Although upon 

initial examination it seemed that the commercial foam performs as a better finning surface 

than the AM foam, the isothermal simulation results for both geometries showed that the 

AM geometry had a higher heat transfer rate at a given Reynolds number. The AM 

geometry also transported more heat than the commercial foam in the conjugate heat 

transfer model, which was due to the TIM and to the AM cellôs more favorable geometry, 

particularly the rhombic windows.    
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Figure 3.14: a) Fin efficiency for a 2.5 cm sample length and b) nondimensionalized 

outlet temperature comparison for constant and variable ligament temperature 

 

3.5 Remarks and conclusions  

 The present chapter demonstrated the advantages of traditionally manufactured and 

AM metal foams for thermal management. The commercial foam was extensively 

characterized and exported to CAD modeling software using x-ray ɛCT and ImageJ/BoneJ, 

and the AM unit cell was based on the porosity and cell diameter found from the analysis.  

Both reduced geometries were analyzed using commercial CFD-HT software, and 

extensive numerical studies were undertaken after validating the CFD-HT commercial and 

AM modelsô thermo-hydraulic performance with experimental data.  Both structuresô 

tortuosity, which could impact the thermal dispersion conductivity in volume-averaged 

simulations, were numerically compared.  The average increase in streamline length in the 

ERG foam was substantially higher than the AM sample, suggesting that the thermal 

dispersion conductivity would have to be adjusted for the AM structure.  The numerical 

data also indicated that the commercial foams could be viable if the interface materialôs 
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thermal conductivity was markedly increased, and that the elimination of an attachment 

layer would bring the performance of the ERG foam much closer to the AM foam.  The 

interfacial heat transfer coefficients were quantified and compared with correlations found 

in the literature, and the numerical results were found to be in reasonable agreement with 

the correlations.  The fin efficiencies were also numerically examined and compared for 

either structure.  AM metal foams demonstrated improved performance over traditional 

metal foams largely due to the elimination of the TIM, and the models gave valuable insight 

into the pore-scale phenomena of both foams.    
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CHAPTER 4. NUMERICAL INVESTIGATION OF METAL FOAMS 

AND ADDITIVE MANUFACTURED METAL FOAMS FOR 

MODULE-LEVEL COOLING   

 The following work draws largely from previously published work, which can be 

seen in [80] and [81], with permission from IEEE and ASME Publishing. Module-level 

numerical studies were performed on metal foams and AMMFs. Initial pore-scale 

simulations (validated with experimental results) gave closure terms for volume-averaged 

(VA) simulations, allowing for rapid, module-level simulations. Traditional metal foams 

were compared with straight fins for module-level thermal management. Additional VA 

simulations were performed for tailored hotspot cooling structures. They were examined 

specifically for their ability to locally control relevant parameters to tailor the heat transfer 

performance. Two geometries ï one with local, spanwise densification and another with 

uniform features throughout ï were investigated for thermal management of several 

discrete heaters.  

4.1 Closure term calculation and validation using pore-scale simulations  

A reduced computational domain (with foam size 9.3 mm x 25.0 mm x 4.65 mm) 

was used for obtaining closure terms for the VA simulation. The domain assumed that this 

region would be representative of the entire foam sample and therefore give reasonable 

accuracy. The simulations also assumed steady state, laminar, incompressible flow, and 

neglected viscous dissipation, buoyancy, and radiation. Section 3.2.1 ñModel description 

and assumptionsò discussed the validity of these assumptions.  

Figure 4.1 illustrates the geometry used for pore-scale CFD/HT analysis with a 

thermal epoxy layer (thickness 0.3 mm, k = 1.38 W/m-K) connecting the substrate to the 
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metal foam.  A velocity inlet ranging from u = 2.5 cm/s to 12.5 cm/s with Tin = 300 K was 

applied, and the right boundary was set to a pressure outlet. Both sides were set to a 

symmetry condition, and the lattice was set as an isothermal no-slip wall at Tw  = 320 K.    

 

Figure 4.1: Assembly with foam, TIM, and substrate used in pore-scale CFD/HT 

simulations 

 The pore-scale pressure drop per unit length and interfacial heat transfer coefficient 

were calculated using isothermal BCs for the metal foam structure.  The results are given 

as functions of inlet velocity in Figure 4.2.  The interfacial heat transfer coefficient (hsf) 

was calculated as per Equation (15) then fitted to a power law equation, and the effects of 

the varying Prandtl number due to the waterôs temperature dependence were lumped into 

other terms. For Asf, the specific surface area (SSA) was multiplied by the simulated foam 

volume. The SSA was calculated using the correlation from Inayat et al. [82], based on the 

tetrakaidecahedron approximation of foam morphology.  The correlation yielded the 

sampleôs SSA to be 509.1 m2/m3.   

 Laminar flows in porous media are often described using the Darcy-Forchheimer 

equation as per Equation (3). Fitting the data to a second order polynomial allows the values 

for the permeability (K) and inertial coefficient (Cf) to be extracted, and they were found 
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to be 2.421e-7 m2 and 0.108, respectively. The R2 value for both of the trend lines was 

greater than 0.99, demonstrating the validity of these selected curve-fits.   

 

Figure 4.2: ȹP/L and hsf for isothermal simulations (left) and an associated temperature contour for u = 10 

cm/s (right) 

 The VA parameters (K, Cf, Asf, hsf, and kd) were put into a uniform heat flux model 

to experimentally verify the computational results to ensure reasonable accuracy before 

proceeding. As the effect kd is lost by volume averaging, it must be quantified and input to 

account for it in the present simulations. The equation of Calmidi and Mahajan [77] was 

chosen to model kd. ANSYS CFX 19.2 was used for the VA CFD/HT analysis. The solid 

phaseôs geometry also impacts its conductivity, as the foam tortuosixty decreases the 

effective solid conductivity. Ashby developed an equation describing the solid thermal 

conductivity (keff,solid) based on observations made regarding foam geometry, given as 
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where ʀ is porosity and ks is solid thermal conductivity  



 50 

 

Figure 4.3: Overall heat transfer coefficient for the VA and experimental results 

4.2 Module-level simulations comparing conventional versus metal foams  

 ANSYS CFX 19.2 was utilized for the VA simulations. Two geometries were used 

for the three cases studied, which are shown in Figure 4.4. The geometric parameters for 

the simulations can be seen in Table 4-1. Both simulated five 1 x 1 cm silicon heat sources 

in order to simulate silicon power devices. The first case was for a metal foam-filled 

channel with the thermal interface materialôs k = 1.38 W/m·K. The second case used the 

latter straight finned geometry. The final case used the first geometry, but with kTIM = 40 

W/m·K. A velocity inlet (ranging from 2.5 cm/s to 12.5 cm/s with Tin = 300 K) and a 

pressure outlet were defined, and a heat flux of 100 W/cm2 was applied to the topside of 

each chip heater.  The following equations describe the volume-averaged momentum, solid 

energy, and fluid energy equations.  
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Figure 4.4: Module-level geometries using metal foam (left) and straight fin s (right)   

Table 4-1 ï Geometric parameters used for module-level simulations  

Geometry Dimensions (mm) k (W/mĿK) 

Heaters 10 x 10 x 0.5 130 

Die attach  10 x 10 x 0.1  200 

Substrate 100 x 40 x 5 120 

Foam section 100 x 40 x 9.3 160 

Fins 100 x 2 x 9 120 

 Figure 4.5 (left) illustrates the average chip temperature rise above the inlet 

temperature for the three thermal management schemes discussed. At lower speeds, the 

foam is superior even with a poor epoxy thermal conductivity. However, at higher inlet 

velocities, the thermal performance degradation from the thermal epoxy connecting the 

foam and substrate causes the finned solution to be superior with regards to both pressure 

drop and chip temperature. Replacing the foamôs low conductivity epoxy with a higher 

performing option (with thermal properties more similar to that of a solder) yields much 

more favorable results. The foam dissipates heat much more effectively, with a temperature 

rise of ~60 K as opposed to 87 K and 76 K. Figure 4.5 (right) shows the temperature 
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contours for both interface material conductivities, and it is found that the decreased 

thermal resistance causes the module to be ~20 K cooler. As some thermal degradation 

mechanisms have an inverse relationship with temperature, using a foam with a higher 

performing thermal interface material may be the superior option despite the higher 

pressure drop penalty.  

 

Figure 4.5: Average chip temperatures for module-level geometry simulations (left) 

and temperature contours using foams with kTIM  = 1.38 W/m·K (top) and kTIM  = 40 

W/m·K (bottom) for u = 10 cm/s and qò = 100 W/cm2 (right)  

 Figure 4.7 compares the simulated modulesô specific thermal resistances with the 

2012 Nissan Leaf and the 2014 Honda Accordôs inverters. The simulated flowrates were 

significantly lower than typical for EV inverters, due to equipment limitations from 

Chapter 3. However, it can be seen that the thermal resistances are comparable to the direct 

cooling module of the Honda Accord even at flowrates over an over magnitude lower. 

Additional benefits regarding weight and potentially cost can be realized by using metal 

foams, which are both typically lighter per unit volume, and the decreased material required 

may improve costs.  
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Figure 4.6: Comparisons for the discussed solutions versus commercial inverter 

modules from [83] 

4.3 Pore-scale simulations for additive manufactured metal foams     

 Two pore-scale models were used in this work. Pore-scale models of the 5 and 30 

PPI AM foams (seen in Figure 4.7) were imported into ANSYS Workbench, and Fluent 

19.2 was used for analysis. The geometric parameters for both PPI sizes are presented in 

Table 4-2. Similarly to the prior pore-scale simulations in 4.1, an isothermal simulation 

(constant temperature applied to the topside and the foam structure) and a conjugate heat 

transfer simulation (with only topside heating) were performed for finding the interfacial 

heat transfer coefficient and pressure drop as a function of inlet speed.  

 

Figure 4.7: 5 PPI pore-scale model (top) and 30 PPI pore-scale model (bottom) with 

unit cell shown 
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Table 4-2 ï Geometric parameters list for both PPIs 

Parameter Smaller PPI Larger PPI  

PPI 5 30* 

Porosity 86.5%  73.0% 

Ligament diameter (mm) 0.548 0.398 

Ligament length (mm) 2.014 1.001 

Pore diameter (mm)  1.35 0.55 

Cell diameter (mm) 4.65 2.325 

SSA (m2m-3) 927.4 2465 

 Figure 4.8 shows the pressure drop per unit length and the interfacial heat transfer 

coefficient for both the 5 and 30 PPI foams as functions of inlet speed and the 

accompanying equations. The same operations as in 4.1 were performed, giving the closure 

terms with the exception of the dispersion conductivity. K and Cf are given in Table 4-3. 

Table 4-3 ï Hydraulic closure terms for VA simulations   

Parameter Smaller PPI Larger PPI  

K (10-8 m2)  9.340 1.398 

Cf  0.094 0.191 
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Figure 4.8: Pressure drop (left) and interfacial heat transfer coefficients (right) for 

pore-scale models   

 The accuracy of the closure terms was first investigated by comparing the two 

isothermal models. The pressure drop and heat rejection demonstrated excellent agreement. 

Figure 4.9 (left) displays the total heat rejected by both 5 and 30 PPI isothermal models. 

However, Figure 4.9 (right) demonstrates the error from not properly weighing ks,eff by a 

factor to account for its geometry. The model consistently over-predicted the convected 

heat by approximately 35%. The results show excellent agreement after incorporating a 

reduction in effective solid thermal conductivity to account for tortuosity Ű.  The solid 

thermal conductivity was iteratively adjusted until the agreement was satisfactory.  

 

Figure 4.9: Isothermal (left) and conjugate model (right) comparisons of heat 

rejected for VA and pore-scale simulations  

4.4 Hotspot cooling module-level simulations with targeted cooling  

 Two configurations representative of a typical power electronics assembly were 

used for coupled CFD/HT simulations with volume-averaging to demonstrate the ability 

of localized cooling for higher heat flux sources. Both configurations, seen in Figure 4.10, 
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use five chip heaters mounted onto a substrate with a die attach. The first geometry 

(referred to as uniform geometry) uses a uniform metal foam for convective heat transfer, 

and the second  (referred to as hotspot mitigation geometry) uses the 30 PPI metal foam 

characterized earlier for a densified middle section in addition to the 5 PPI designed foam 

on either side.  

 

Figure 4.10: Assembled geometries with uniform foam PPI (left) and hotspot 

mitigating structure (right)  

Table 4-4 ï Parameters for full-scale simulations  

Geometry Dimensions (mm) k (W/m·K) 

Heaters 10 x 10 x 0.5 130 

Die attach  10 x 10 x 0.1  200 

Substrate 100 x 40 x 5 117 

Uniform 5 PPI 100 x 40 x 9.3 173 

Hotspot 30 PPI section 25.6 x 40 x 9.3 173 

Hotspot 5 PPI section  37.2 x 40 x 9.3  173 

 The geometric and relevant thermal parameters for the following steady state full-

scale simulations can be seen in Table 4-4. Section 4.2 gives the volume averaged 

momentum and energy conservation equations. Heaters 1, 2, 4, and 5 were set with constant 

heat fluxes of 150 W/cm2. Heater 3 had heat flux boundary conditions of 150ï250 W/cm2. 

The foam sections were set as porous domains, and a velocity inlet and pressure outlet 
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conditions were applied at the surfaces nearest to chip 1 and 5.  All remaining boundary 

walls were set as adiabatic. 

 The effects of hotspots for varying flow speeds are demonstrated in Figure 4.11. 

The heat spreading in the substrate can also be seen in these graphs as the temperatures of 

4 and 5 are similar for the uniform structure. Heater 3 influences the temperatures as the 

higher heat fluxes spread out towards the adjacent heaters. As shown for both scenarios, 

the effects of increasing flow speed decrease, and chip temperatures begin approaching a 

minimum. This is due to the significant resistances aside from the convective resistance. 

The resistance network has, in addition to the convective resistance of the metal foam, 

components from the heater, die attach, spreading in the substrate, and through-resistance 

of the substrate. Even if the convective resistance were to be eliminated, the maximum 

temperatures would remain thermally bottlenecked by the remaining elements.   

 

Figure 4.11: Temperatures for u = 2.5, 5.0, 7.5, and 10.0 cm/s for uniform (left) and 

hotspot mitigating (right)   
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Figure 4.12: Pressure drop for both geometries   

 Figure 4.12 shows the pressure drop for both structures. Although the low pressure 

drops make pumping power less of a priority than other systems, a locally densified 

(instead of spanwise densified) structure may mitigate the pressure drop. However, as the 

current setup has significant heat spreading, so more targeted thermal management may 

improve pressure drop but at the cost of hotspot management.  

4.5 Remarks and conclusions  

 This work illustrated the potential of volume averaging for rapid, system-level 

simulations for cooling power electronics with porous media. A relatively small portion of 

the total sample was used for the initial isothermal simulations used to obtain the VA 

parameters, and the results confirmed that a reduced domain is sufficient for thermo-

hydraulic characterization. More complex system-level simulations can then be performed 

without a significant loss in accuracy, as was shown.  The metal foam was also compared 

to a finned solution, and it was shown that improvements in thermal interface material 

conductivity would make the metal foam a viable candidate for power electronics cooling. 
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Further simulations showed that in addition to eliminating attachment resistances, AMMFs 

could allow for customized cooling structures for hotspot mitigation, with hotspot intensity 

decreasing by ~14%. The work here also lays the groundwork for further research using 

custom-designed cooling structures for thermal management, such as localized hotspot 

cooling and graded foams to combat temperature increases due to flow heating.  
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CHAPTER 5. COMPUTATIONAL INVESTIGATIONS OF FLOW 

BOILING IN ALTERNATIVE GEOMETRY MICROCHANNELS  

 The following chapter largely draws from and uses previously published work, 

which was reproduced from [32], with the permission of AIP Publishing.  The present work 

numerically investigates several passive methods of mitigating microchannel 

thermohydraulic instabilities and compares it to a baseline case. The purpose of this was to 

investigate a problem with more readily available experimental data, while simultaneously 

gaining experience in the complexities of modeling flow boiling and researching a 

compelling research area that has been scarcely addressed. This work was then leveraged 

for experimental and numerical flow boiling in AMMFs, which is a more complex problem 

with no available prior literature for AMMF flow boiling simulations. Four separate cases 

(straight, constricted, diverging, and auxiliary jetting flow microchannels) representing 

singular 3D microchannel geometries of similar dimensions were simulated using the 

volume of fluid (VOF) method for interface generation. The effects of implementing these 

strategies are compared and evaluated with regards to overall thermohydraulic 

performance. The flow regimes from the computations are compared to flow regime maps 

in the literature. The advantages of CFD/HT simulations are leveraged to closely examine 

the bubble dynamics, and heat transfer and pressure drop characteristics as well as bubble 

dynamics were evaluated against available literature.  

5.1 Computational model  

5.1.1 Interface capturing model  

Multiphase flows, particularly boiling flows, are particularly challenging to 

simulate due to issues such as multiple immiscible fluids, surface tension effects, large 



 61 

differences in properties across fluid-fluid interfaces, phase transitions, inherent transience 

of boiling, and wide range of flow regimes. Single-fluid methods of interface capturing can 

generate or capture fluid-fluid interfaces, the most prominent of which include VOF, level 

set, and phase field [84]. VOF has been extensively used for multiphase microchannel 

flows [56, 85-88]. The volume fraction for each phase is tracked in every mesh element, 

which results in the model being naturally mass conservative, but numerical diffusion of 

the interface is inherent to the method [89]. Improvements on interface capturing methods, 

such as piecewise linear interface calculations, have somewhat mitigated the issues 

regarding numerical diffusion.  

Level set methods (LSM) define a function for the shortest distance to the interface 

as where the level set function  ʟequals 0. The interface has a finite thickness, across which 

one phase is assigned a negative and the other a positive value [90]. Despite its ability to 

accurately capture complex interfaces due to the interface smoothness as well as simplicity 

in integrating Cartesian adaptive mesh refinement, the model does not conserve each 

phaseôs mass due to the absence of a diffusion term in the numerical interface convection. 

However, there have been advances in decreasing this problemôs severity with numerical 

techniques that add artificial diffusion [84, 91]. The fluid-fluid interface also requires re-

initialization with each advection step. Several researchers have used level set methods for 

simulating multiphase flows, as seen in [54, 92-94]. The phase field method (PFM), 

similarly to the level set method, has finite interface thickness. These two methods differ 

fundamentally in that LSM is computational and PFM is based on physical interactions 

between the interfaces and phases [91]. PFM was found to produce similar accuracy to 

VOF with less required computational resources, but more work must be done with PFM 
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in realistic two-phase problems [84]. Hybrid methods combine multiple methods to deal 

with the issues inherent to each, such as the coupled level set and volume of fluid 

(CLSVOF). CLSVOF leverages LSM for more accurate computation of interfaces while 

using VOF to maintain the mass conservation, and has consequentially been used in recent 

literature [95, 96].  

The present models use the VOF model, which was implemented using the 

commercial software ANSYS Fluent 2020 R1. For two fluids, the mass continuity equation 

is described by the following equations:  

 ‬

‬ὸ
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where ɟ is density, Ŭ is volume fraction, and Sl and Sv are source terms that represent mass 

transfer between each phase (i.e., mass transfer due to evaporation and condensation) [97].  

Additionally, the sum of the mass fractions must equal unity as described in equation (22).  

 ‌ ‌ ρ (22) 

Momentum conservation is described by equation (23), which is shared by the multiple 

phases:   

 ‬
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where µ is viscosity, P is pressure, g is gravity, and Ὂᴆ is a body force. The density and 

viscosity terms are weighted by each phaseôs volume fraction. The shared governing 

energy equation for both phases is as follows: 

 ‬

‬ὸ
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where Se represents a volumetric source term.  In the current investigation, it represents the 

energy exchanged via phase change. The energy E is mass averaged according to the 

individual phaseôs energy and is calculated as: 
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Fluent uses a formulation of the continuum surface force model proposed by 

Brackbill, et al. [98] to model surface tension forces, which are of particular importance in 

multiphase flows in small channels. The Young-LaPlace Equation seen in (26) describes 

the pressure drop across the curved surface between two fluids as a function of the surface 

tension coefficient ů (assuming a constant coefficient) and two orthogonal radii measuring 

surface curvature.   
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Manipulating equation (26) results in an implicit body force Ὂᴆ (Equation 8), which appears 

in the final term of the momentum conservation equation similarly to gravitational effects:  
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where ʢ is the interface curvature.  

5.1.2 Phase change model  

The phase change models the mass transfer due to evaporation-condensation based 

on the mechanistic model of Lee [99], which calculates the mass transfer due to 

vaporization and condensation as a function of the local and saturation temperature:  
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(28) 

where ɚl and ɚv are relaxation factors that can be tuned appropriately (e.g., to experimental 

data or correlations), so that larger values of liquid superheat are required for phase change. 

Changing the relaxation factor can significantly affect the boiling process including 

altering vapor bubble growth rate and interfacial behavior, which can then lead to changes 

in flow regime and total heat rejection [100]. Higher values of ɚl,v negatively impact 

numerical convergence, but lower values can result in inaccurate discrepancies between 

saturation and interface temperatures, therefore requiring deliberation as to what relaxation 

factors are most appropriate for the specific case ï including consideration for the operating 

conditions (e.g., heat fluxes, inlet conditions, fluid selection, etc.) and geometry [101]. Lee 

et al. discuss the appropriate selection of ɚl and ɚv values, and although their application of 

highly subcooled flow boiling requires differing values of ɚl and ɚv, certain scenarios with 

factors including low subcooled or saturated boiling and small cross-sectional area make 

setting them as identical values a good assumption [100]. Lorenzini and Joshi [102] 

compared the effect changing ɚl,v from 10 s-1  to 100 s-1  in a preliminary CFD study of 
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microgap flow boiling for three-dimensional integrated circuits. They used a value of 50 s-

1 for later works which compared their numerical model with experimental results. In lieu 

of experimental results, both relaxation factors were calibrated as 75 s-1 by comparing htp 

and ȹP to values calculated using selected correlations, and these were subsequently used 

for all cases.   

5.1.3 Case geometries and boundary conditions  

 The current work examines four different geometries, the first being a baseline and 

the latter three utilizing instability mitigation methods experimentally demonstrated in 

literature. In order to make the comparison as direct as possible, the geometric parameters 

remain the same for all cases whenever feasible. Table 5-1 shows the geometric parameters 

and inlet mass flux conditions. Each configuration has the same heated section length L 

=10.5 mm and an adiabatic entrance length Lent= 0.5 mm. The total width of each assembly 

is constant at 300 µm. Figure 5.1 illustrates the baseline straight microchannel 

configuration (referred to as case 1). The fin height H1 and thickness d1 are 250 µm and 50 

µm, respectively, wherein the values for the case number are denoted with a subscript of 

the same number. The substrate, upon which the fins are mounted, has a thickness t1 of 50 

µm, and the channel width W1 is 200 µm. A mass flux condition G = 1,000 kg/m2·s is 

applied at the inlet, and a pressure outlet condition with a gauge pressure of 0 Pa and 

backflow temperature of 373.15 K is applied out the outlet. These operating conditions 

give a Reynolds number ReL0 = 790 (with the characteristic length defined as the hydraulic 

diameter) and a Prandtl number of Pr = 1.74. A heat flux condition qò = 200 W/cm2 is 

applied at the heated wall, which is indicated on the geometries with bold or dashed red 

lines.  
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Figure 5.1: Computational geometry for baseline straight microchannel (case 1) 

Table 5-1 ï Geometric parameters and simulation setup for the four cases  

Parameter Case 1 Case 2 Case 3 Case 4 

Fin thickness 

(µm) 

d1 = 50 d2 

dent,2 

= 

= 

50 

130 

d3 = 50 d4 = 50 

 

Channel width 

(µm) 

W1 = 200 W2 

Went,2 

= 

= 

200 

40 

W3 = 200 W4 = 200 

Channel 

height (µm) 

H1 = 250 H2 = 250 H3,i 

H3,o 

= 

= 

250 

424 

H4 = 250 

Substrate 

thickness 

(µm) 

t1 = 50 t2 = 50 t3,i 

t3,o 

= 

= 

224 

50 

t4 = 50 

Total length 

(mm) 

Ltot = 10.5 Ltot = 10.5 Ltot = 10.5 Ltot = 10.5 

Entrance 

length (mm) 

Lent = 0.5 Lent = 0.5 Lent = 0.5 Lent = 0.5 

Mass flux 

(kg·m-2·s-1) 

G1 = 1,000 G2 = 5,000 G3 = 1,000 G4 

G4,jet 

= 

= 

625.6 

4,793 

Test cases 2 ï 4 are shown in Figure 5.2 through Figure 5.4. Figure 5.2 shows 

frontal and partial topside views of the inlet for case 2 ï a microchannel with a constricted 

inlet. Inlet constriction, also referred to as upstream throttling, increases pressure 

requirements for upstream expansion and the accompanying instabilities. Case 2 has the 
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same dimensions as case 1 with the exception of the adiabatic entrance section. Whereas 

the base thickness t2 and fin height H2 are the same as for the benchmark simulations, the 

inlet channel width W2 is 40 µm, or a fifth of the baseline value, and consequentially the 

fin thickness d2 is increased to 130 µm.  

The diverging microchannel geometry shown in Figure 5.3 expands at an expansion 

angle ɗ = 1ę beginning after the adiabatic entrance. These geometries are also termed 

expanding microchannels due to the increasing cross-sectional channel area. The increase 

in area promotes downstream bubble growth due to the channel divergence as well as 

surface tension force differences [53]. Miner, et al. [48] showed that even the slight angle 

of ɗ = 0.5ę significantly decreases the pressure curve slope, and that further increases the 

angle to 1ę and 2ę yields diminishing improvements in both ȹP magnitude and slope. As a 

result of the expansion, the entrance substrate thickness t3i increases while the entrance fin 

height H3i remains the same as cases 1 and 2 at t3i = 224 µm and H3i = 250 µm. The outlet 

substrate thickness t3o and fin height H3o measure 424 µm and 50 µm. W3 and d3 measure 

the same as the baseline case.  

The final case examined is an auxiliary jetting microchannel seen in Figure 5.4. The 

introduction of liquid after flow boiling begins has shown to improve thermohydraulic 

performance, as well as flow instabilities by accelerating bubble collapse and 

disrupting/suppressing bubble growth [45]. An initial design had an adiabatic flow bypass 

that impinged the heated section at its middle similar to Yang, et al. [103]. However, Yang 

et al. utilized inlet restrictors (IRs) to force a significant amount of fluid into the bypass, 

and since combining different geometric enhancement methods is out of the scope of the 

present work, the initial case 4 geometryôs lack of inlet restrictors weakened the auxiliary 
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flow until the jetting was negligible. Instead, an alternative design with two separate inlets 

(designated as ñinletò and ñjet inletò) as seen in Vutha, et al. [51] was selected. Figure 5.4 

(b) gives magnified views of the auxiliary jet. The jetôs center is located at the midpoint of 

the heated length L, and it spans the breadth of the channel with a width Wjet of 20 µm. A 

mass flux (G) condition of 1,000 kg/m2·s with Tin = 373 K is applied at the inlet for case 1 

and case 3, but cases 2 and 4 required adjusting G to maintain equivalent mass flow rates. 

For case 2, the mass flux was increased fivefold to 5,000 kg/m2·s so that the mass flow rate 

at the start of the diabatic section would be equivalent to the benchmark case. Case 4 was 

also adjusted accordingly to be 625.6 kg/m2·s for the primary inlet, which accounted for 

an inlet velocity of 5 m/s at the jet inlet. For all scenarios, a pressure outlet condition with 

a gauge pressure of 0 Pa is applied at the outlet, and a heat flux qò = 200 W/cm2 is applied 

at the heated wall (indicated on the geometries with bold or dashed red lines). The 

remaining walls were adiabatic.  
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Figure 5.2: a) Frontal view and b) top view of inlet constriction, and c) full top view 

of constricted inlet microchannel geometry (case 2) 

 

Figure 5.3: Views of diverging microchannel geometry (case 3) with ɗ = 1ę showing 

a) inlet, b) outlet, and c) side profile 

 

Figure 5.4: View of case 4 (auxiliary jetting microchannel) showing a) side view of 

the assembly with close-up location indicated and b) close-up of auxiliary jet  

5.1.4 Numerical procedure and mesh independence analysis  

The CFD/HT models assumed the following:  

1) Transient laminar flow  

2) Continuum flow (Knudsen number Kn = 0.0018 when uv = 30 m/s)  

3) Negligible radiative heat transfer  

4) Constant material properties  
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5) Negligible viscous dissipation 

Table 5-2 lists the thermophysical properties used in the simulations. Water was used as 

the coolant with the properties given at a saturation temperature Tsat at 100 ęC at 

atmospheric pressure. The solid phase (fins and substrate) was pure copper, and the 

properties were also chosen at a temperature of 100 ęC. Micro-milling copper 

microchannels can obtain roughness values near 1 µm with the correct feed rate and 

conditions [104], and the contact angle between water and copper with a roughness of 0.9 

Õm has been experimentally shown to be 44.15ę [105]. Consequentially, a contact angle of 

45ę for moderate hydrophilicity and good wetting behavior was deemed appropriate and 

was subsequently implemented to include wall adhesion effects. It is important, however, 

to recognize that the surface roughness can effect contact angle, and in turn contact angle 

can significantly impact heat transfer mechanisms and performance [106, 107].  

Table 5-2 ï Thermophysical properties of materials used in the present simulations 

for T = 100 ęC from the Engineering Equation Solver software 

Property Symbol Copper Liquid water 

(Tsat = 100 ęC) 

Water vapor 

(Tsat = 100 ęC) 

Density (kgĀm-3) ” , ”, ” 8924 958.5 0.5951 

Thermal Conductivity  

(WĀm-1ĀK-1) 
Ὧ , Ὧ, Ὧ 392.8 0.6828 0.02459 

Specific heat (JĀkg-1ĀK-1)  ὧ , ὧ, ὧ 3681 4216 2079 

Dynamic viscosity (PaĀs)  ‘, ‘ ï 2.822 x 10-4 1.226 x 10-5 

Surface tension 

coefficient (NĀm-1)  
„ ï 0.05894 

Latent heat of 

vaporization (kJĀkg-1)  
Ὤ  ï 2257 
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ANSYS Fluent 2020 R1 was used to solve the governing equations using the finite 

volume method. The single-phase solution was solved for each simulation to implement as 

the initial condition to the two-phase solutions in order to increase numerical stability. The 

converged single-phase solution (as indicated by convergence of total pressure drop across 

the domain) was then used as solution initialization for a constant temperature solution. In 

this secondary initialization, identical boundary conditions to the boiling simulations 

described earlier were used, with the exception of the heat flux condition. An estimated 

wall temperature was used in lieu of said BC to allow for faster convergence, as the thermal 

capacitance of the solid regime requires longer simulation times to reach quasi-steady-

state. Finally, after quasi-steady-state was qualitatively reached with volume fractions and 

pressure drop values steadying, the topside boundary condition was switched to a heat flux 

condition. The simulation time was reset, the accompanying data files were imported into 

the two-phase case file, and the boiling simulation was initiated with a prescribed wall heat 

flux. The heat flux condition case was run for an additional period at which point the 

temperature and volume fraction reached quasi-steady state, defined as < 2% and < 5% 

change over 0.5 ms in these respective parameters, following which the simulation times 

were reset. The pressure drop was not an explicitly quantified quasi-steady state 

requirement, as the values can vary significantly with each time step, leading to occasional 

spikes due to bubble formation.  

Gradients were discretized using the least squares cell based method, pressure and 

velocity were coupled using the SIMPLE algorithm, and the PRESTO! scheme was used 

for pressure discretization. The second order upwind scheme discretized both momentum 

and energy equations. Values of 10-3 and 10-6 were set as the convergence criteria for mass 



 72 

and momentum equations and energy equation, respectively, with 20 iterations per time 

step. The explicit VOF formulation with a Courant number (Co) of 0.25 was employed. 

The time step depended on the global Co which was set to 1, with resulting time steps 

typically around 0.2 µs. The simulations were performed using a high performance 

computing cluster, utilizing 192 cores in AMD EPYC 7281 processors in parallel, with 

each solution requiring approximately 1 week of runtime, due to the small time steps 

resulting from high vapor velocities and relatively small mesh size.  

Table 5-3 ï Mesh independence analysis via surface temperature and pressure drop 

comparison 

Mesh Elements ȹP 

(kPa) 

|(ȹPk-

ȹPk+1)/(ȹPk)| 

Tw (K) |(Tw
k-Tw

k+1)/(Tw
k-

373)| 

Flow regime 

1 117,075 11.2 45.6% 389.9 6.29% Slug 

2 236,616 20.6  4.04% 388.9 7.56% Annular 

3  483,264 19.8 2.59% 390.2 1.15% Annular 

4 945,000 19.3 ï 390.4 ï Annular 

 

A mesh independence study was done with the benchmark case 1 geometry with 

identical inlet mass and heat flux. The simplicity of the computational domain allowed for 

a mesh that utilized exclusively hexahedral elements, which can improve accuracy and 

decrease cell counts. For mesh convergence verification, the baseline case geometry was 

used, with mesh elements that approximately doubled across each finer mesh iteration. 

Four meshes of increasing fineness, seen in Table 5-3, were compared by examining the 

topside wall temperature, net pressure drop, and flow regime. Although the nature of 

boiling is inherently transient, the simulations were defined as quasi-steady-state when the 

area-averaged temperature of the heater, void fraction, and net pressure drop across the 
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entire microchannel steadied. The percentage change in surface temperature and pressure 

drop (averaged over 2 ms) was calculated for each mesh iteration, with the criterion < 3% 

change being chosen as sufficient for mesh independence. The mesh analysis also comes 

with a qualitative assurance that flow regime no longer changes with increasing mesh 

fineness, demonstrated by the flow regime remaining annular for meshes 2 through 4. 

5.2 Validation and thermohydraulic performance  

5.2.1 Validation of baseline CFD results with correlations  

Experimental results with identical operating conditions (i.e., geometry, inlet 

pressure and temperature, width, height, length, working fluid, heating, solid material, and 

three-wall heating) were not found while surveying relevant literature. However, similar 

cases are available for comparison. Harirchian and Garimella [108]ôs experiments with FC-

77 flow boiling showed churn/annular flow for microchannels with a similar hydraulic 

diameter of 307 µm. Jones and Garimella [109] investigated roughnessôs effect on 

saturated flow boiling in a 500 µm x 500 µm microchannel with DI water, where htp was 

approximately 60 kW/m2ĀK with a heat flux of 200 W/cm2. The flow regime and the heat 

transfer coefficient values are similar to those in their experiments as Table 5-4. These 

values provide a useful reference, but the dissimilarities in some conditions suggests that 

using correlations that encompass the current operating conditions would add additional 

confidence.  

To further ensure model fidelity, correlations for heat transfer coefficient and 

pressure drops were used to quantitatively validate the baseline simulations. This required 

tuning of the ɚl,v values, which were set to 75 s-1 for the present validation. Kim and 
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Mudawar utilized 10,805 pre-dryout data points with a wide range of parameters (e.g., 

working fluids, hydraulic diameters, and mass fluxes) to develop correlations that predict 

saturated flow boiling heat transfer performance in mini and microchannels with a mean 

absolute errors (MAE) of 20.3% [110]. Their heat transfer correlation superposed the 

contributions of both nucleate and convective boiling, where the contributions of nucleate 

boiling decrease and the contributions from the convective boiling heat transfer increases 

as the liquid annulus thins.  

The total pressure gradient ȹP can be written as the summation of several different 

contributing pressure gradients, as given in the following:  

 Ўὖ Ўὖ Ўὖ Ўὖ (29) 

with the terms corresponding to frictional, gravitational, and acceleration pressure drops 

[111]. Kim and Mudawar [112] expanded on their earlier work regarding calculating 

frictional pressure gradient for adiabatic and condensing flows by modifying their prior 

correlations for saturated flow boiling. The authors modified the Lockhart-Martinelli 

parameter to include relevant terms for diabatic boiling flows in order to compensate for 

pressure deviations resulting from flow boiling.  Kim and Mudawarôs correlation, which 

was utilized in the present work, was found to have an overall MAE of 17.2% when 

comparing across 2,378 data points from 16 sources for both single and multiple channel 

configurations. The frictional pressure gradient can then be found as a function of the liquid 

pressure gradient and a two-phase multiplier ū:  
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The total frictional pressure drop can then be integrated along the microchannel length.  
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The gravitational pressure gradient plays a relatively small role in microscale systems, and 

the geometryôs horizontal orientation geometry eliminates the need to consider its effect 

on the total pressure drop. However, the acceleration pressure drop can be significant in 

cases where phase change occurs and therefore should not be ignored in scenarios where 

boiling or condensation is present. The total acceleration pressure drop for a straight, 

constant area microchannel can be calculated as 
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where the void fraction Ŭ can be found using a variety of correlations [111]. The frictional 

pressure drop correlation being used in the present work defined Ŭ as follows:  
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Table 5-4 shows good agreement between the ȹP and htp values calculated from these 

experimentally-based correlations and the numerical values. 

Table 5-4 ï Pressure drop and two-phase heat transfer coefficient values from 

correlations and simulations for case 1 validation  

G (kg/m2Ās) ȹPKim (Pa) ȹPCFD (Pa)  hKim (W/m2ĀK)  hCFD (W/m2ĀK) 

1,000 18,542 19,320 46,814 49,510 

5.2.2 Comparison with flow regime maps 
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The flow regimes for the two mass fluxes were qualitatively compared with the 

flow regime map of Harirchian and Garimella [113], who presented a comprehensive flow 

regime map with quantitative transition criteria for microchannel flow boiling. The 

criterion implemented a convective confinement which incorporates mass flux effects, 

channel cross-sectional area, and fluid properties, in addition to fluid properties and 

channel dimensions used in past studies. They defined the convective confinement number 

as a function of the Bond number Bo and the Reynolds number Re, where they were defined 

as:  

 ὄέ Ὣ” ” ὃ „ϳ  (34) 

 ὙὩ ὋὈȾ‘ Ὃ ὃ Ⱦ‘ 
(35) 

where g is gravitational acceleration and the characteristic length is Acs, the cross sectional 

channel area. The boiling number was also given as  

 ὄὰή ὋὬϳ  
(36) 

where the nondimensional heat flux was defined as the ratio between ή , the input heat 

flux averaged over the heated perimeter, and the product of the mass flux G and the latent 

heat of vaporization. The flow regime map placed approximately 390 data points according 

to the convective confinement number (Bo0.5ĀRe) and the nondimensional form of the heat 

flux (BlĀRe), with two transition lines dividing the map into four primary flow regimes. 

Inputting variables placed the operating regime for case 1 at churn or confined annular 

flow.   
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Figure 5.5: Liquid (blue) and vapor (white) regime visualization in baseline case 

showing magnified side views along the centerline and frontal views normal to flow 

direction of a) bubbly flow, b) churn flow, and c) confined annular flow phase 

contours 

Figure 5.5 shows the spatially evolving flow regimes in the baseline case 

microchannel. The regime is briefly bubbly flow at the entrance (Figure 5.5a), and the 

bubbles are primarily generated closer to the finned walls and substrate. But it rapidly 

evolves into churn and then confined annular flow, which combine to occupy the 

significant majority of the microchannel. Figure 5.5b shows the highly disturbed phases 

characteristic of churn flow. Similar to bubbly flow, the effect of conduction along the fins 

can be seen in that there is more vapor generation near these features. More than half of 

the heated section of the microchannel is confined annular flow (Figure 5.5c), where the 

vapor core and thin annulus occupy the entire microchannel cross section with sparse liquid 

droplets entrained in the vapor core. This analysis could also be applied to the other case 

geometries, albeit with less confidence due to the modified configurations. The flow 

regime map predicted cases 1 and 2 to be churn/annular, case 3 to be confined slug flow at 
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the outlet due to the increase in cross-sectional area), and case 4 was predicted to be 

confined slug before the jet and churn/annular after. The different flow regimes for each 

case can be seen in Figure 5.6. As predicted, cases 1 and 2 are primarily churn/annular, 

case 3 is confined slug, and case 4 is confined slug then annular, except for where the 

auxiliary jet has collapsed the bubble.   

 

Figure 5.6: Void fractions volume renderings for each case after quasi-steady-state, 

showing flow regimes 

 Ong and Thome [114] proposed a flow pattern map based on the transition from 

macro to microscale. They defined three primary regimes based on calculations for the 

transition qualities: isolated bubbly (IB), coalescing bubble (CB), and annular (A). The 

more traditional classification regimes were grouped into these three more general regimes, 

with IB containing bubble and slug-plug, and CB containing slug, churn, and slug-annular. 

For all cases, the map predicted annular flow at the outlet. But for cases 1, 2, and 4, the 

outlet quality xo = 0.053 far exceeded the CB/A transition quality xCB/A = 0.021 whereas 

the increased cross-sectional area at the case 3 CB/A transition outlet changed xCB/A to 

0.048, so CB (specifically slug) flow is reasonable. As the flow regime maps and predicted 
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htp and ȹP values demonstrate reasonable agreement and lend credibility to the simulations, 

additional studies can be undertaken with more confidence in their validity. 

5.2.3 Impact on thermohydraulic performance  

Previous studies have shown that there are typically evaporator-level performance 

benefits when implementing geometric changes to microchannels. As they are part of a 

system-level flow loop, there are system-level improvements, which will be discussed 

somewhat, but the primary focus of this work remains on the microchannels themselves. 

The thermal and hydraulic characterization on the evaporator level (i.e., htp and ȹP) are of 

central importance to their performance, and these values can be seen in Table 5-5. Figure 

5.7 graphs the transient and average pressure drop after the flow has reached quasi-steady 

state. The transient performance results from the lack of upstream compressibility due to 

the computational problem setup, but the differences in average pressure are immediately 

obvious. All cases show marginally to moderately improved heat transfer but with differing 

pressure effects.  

Table 5-5 ï Values of htp and ȹP for each case  

Case htp (kWĀm
-2ĀK-1) ȹP (kPa)  

1 49.5 19.3 

2 51.1 25.3 

3 61.5 8.21  

4 54.8 14.9  
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Figure 5.7: Time-moving averaged over 0.2 ms and total average pressure drop 

during quasi-steady state operation 

Case 2 saw a moderate increase in pressure drop while the thermal performance 

was relatively unaffected. However, inlet restrictors have been shown to improve stability 

not by the same mechanisms of cases 3 and 4, but rather by altering the internal boiling 

pressure curve (example of an internal boiling curve is shown in Figure 5.8). Microchannel 

flow boiling systems often see instabilities associated with the negative sloped portion of 

the curve, and the inclusion of IRs can eliminate this portion to the effect of higher pressure 

drops and mitigated instabilities.  

Cases 3 and 4 showed improvements in both two-phase heat transfer coefficient 

and net pressure drop. For case 3 (the expanding geometry), there is the benefit of increased 

surface area (12.5%), but this is not sufficient to explain the noticeable improvements in 

surface temperature or the htp. The change in ȹP is mostly a result of the acceleration 

pressure drop decrease ï ȹPa in the baseline accounts for 12.4 kPa or 64% of the total 

pressure drop. Using equation (33) gives an updated ȹPa value of 3.63 kPa for case 3 due 

to the changing cross-section, and ȹPfr,1 and ȹPfr,3 can be subsequently calculated as 6.9 
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kPa and 4.58 kPa, respectively. Case 4ôs pressure drop was likewise affected by the bubble 

collapse, which decreased the outlet void fraction and consequentially the outlet velocity 

(see Figure 5.9) and acceleration pressure drop. The centerline velocities at a representative 

time show cases 1 and 2 have similar profiles and magnitudes, with the most significant 

and obvious exception being an elevated inlet speed for case 2. The inlet restricted 

geometry also shows very low velocities right after the inlet which are the result of low 

velocity vapor recirculation zones as discussed later. Cases 3 and 4 demonstrate significant 

decreases in magnitude from ~30 m/s to ~6 m/s and ~15 m/s, respectively. The diverging 

microchannel shows regular peaks and valleys in velocity correlating to the vapor and 

liquid slugs, with a constant, slow rate of increase.  The auxiliary jetting case, which is 

showing the velocity speeds at a time during downstream bubble collapse, shows somewhat 

constant velocities around after the secondary inlet due to the bubble collapse and mixing.   

  

Figure 5.8: Internal b oiling pressure curve relating pressure drop to heating and 

mass flux ï adapted from O'Neill and Mudawar [43]  
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Figure 5.9: Centerline velocities for all cases at representative time steps. Case 4 is 

at a time step where the bubble is collapsing and increasing mixing downstream of 

the jet 

5.3 Bubble dynamics visualization  

 Numerical two-phase modeling allows for analysis with fine spatial and temporal 

resolution, giving the ability to visualize temperatures, liquid-vapor interfaces, and 

pressure distributions at the microscale while minimizing costs. The following section 

investigates the microscale bubble dynamics, particularly with regards to bubble behavior, 

while providing visualization and quantitative analysis. Additionally, in microscale flows, 

bubble dynamics are of particular interest, as opposed to macroscale systems where 

individual bubbles are commonly neglected. Because of both their confined growth due to 

the channel walls and their comparable length scale relative to channel hydraulic diameter, 

the bubble dynamics warrant additional investigation. Bubble behavior can yield insights 

as to variance in performance between the various configurations.  
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5.3.1 Case 2 (restricted inlet)  

Examination of the restricted microchannels showed a somewhat different flow 

regime and some bubble behavior resulting from the inlet constriction. Cases 1 and 2 can 

both be defined as the same regime (i.e., annular) according to either flow regime map. But 

the specific regimes would differ, where case 1 can be specified annular mist flow and case 

2 wavy annular. Additionally, the inlet restriction creates a jetting effect, where the high 

velocity saturated liquid penetrates into the diabatic section. Figure 5.10a gives a top view 

of the void fraction, where the flow regime can be seen to be primarily wavy annular. 

Additionally, the entire channel is filled with vapor as shown in Figure 5.10a, whereas the 

baseline and other cases have spatially varying regime and different bubble sizes, 

progressing from bubbly to slug to misty annular. And where all three other cases have 

bubbly flow and the characteristic small vapor bubbles near the inlet, two distinct vapor 

bubbles ï one smaller and one larger that eventually merge with the downstream vapor ï 

have accumulated near the case 2 inlet (Figure 5.10b). This is due to the two low velocity 

zones located to either side of the inlet jet. The jet streamôs viscous effects drag a portion 

of the bubbles along with it, and the wall heating combines with this to cause the vapor 

bubbles to recirculate as illustrated by Figure 5.10c. The bottom vapor bubbleôs size results 

in multiple smaller recirculation zones, reminiscent of natural convection cells (Figure 

5.10d). The two recirculating bubbles straddling the restricted inlet measure 0.47 mm and 

1.71 mm. The strong jetting effect dissipates with the end of the larger recirculating bubble 

zone, after which the velocity increases gradually due to vaporization and corresponding 

acceleration effects.  
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Figure 5.10: a) Top view of microchannel with IR illustrating vapor volume fract ion 

in black with 3x magnification area labeled section 1, b) section 1 view of void 

fraction with 9x magnification area labeled section 2, c) velocity vector field at 

middle of channel height for section 1 showing two large zones of recirculation, and 

d) section 2 velocity vector field showing multiple small eddies near inlet   

 The formation of two large bubbles creates an unstable operating condition where 

the jet will be pushed to one side or the other. The jet inevitably biases towards one 

direction to create a stable operating condition. Asymmetrical behavior results from the 

bubble formation in the form of a modest redirection of the inlet jet. This asymmetrical 

flow pattern results in both temperature and flow changes in the microchannel. The low 

velocity zone combined with the liquid jet causes moderately differentially cooled surfaces 

as per Figure 5.11.  

 

Figure 5.11: Temperature contours showing differentially cooled surface due to inlet 

jetting asymmetry 

 

5.3.2 Case 3 (diverging)  
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 The obvious changes in flow regime and velocity resulting from the channel 

diameter increase have already been noted in earlier sections. A large quantity of literature 

for experimental and computational characterization of slug flow exists, and although the 

geometries differ, similar ideas can be used in the current discussion. Although much of 

the diverging microchannel literature experimentally demonstrates heat transfer coefficient 

improvements, the reasoning that posits this results from improved stability [49, 115] does 

not fully justify the difference. As these simulations are for single microchannels with no 

upstream compressibility and a constant inlet velocity boundary condition, this is not a 

satisfactory explanation for the present work, which still sees benefits in heat transfer. 

Examining the bubble dynamics can lend some insight into why this occurs.  

 The reasons for htp improvements are likely multifactorial, with plausible 

explanations for contributing to this coming from the changing aspect ratio, the flow 

regimes, surface area, and bubble shape. Ferrari, et al. [116] numerically investigated slug 

flow in square microchannels. They found that with lower values of the Capillary number 

Ca, defined in equation (37), the thickness of the liquid annulus decreased.   

 ὅὥ АὟ „ϳ  (37) 

This suggested that the liquid annulus thickness and thermal boundary layer might partially 

contribute to the difference in heat transfer performance. A critical Capillary number Ca = 

0.02 was shown to change the cross-sectional profile, above which the vapor slugs exhibit 

axisymmetric profiles and below which they become non-axisymmetric as per Figure 5.12a 

and Figure 5.12b, respectively. Figure 5.12c demonstrates how results for the diverging 

case showed that low velocities caused by the increasing microchannel depth affected a 
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similar axisymmetric profile (with the obvious dissimilarity of rectangular versus square 

cross sections). Ferrari et al. also found that the film thickness decreases in square channels 

with non-axisymmetric bubbles, where they become longer and secondary flows (draining 

flows) remove liquid from the center liquid film regions (denoted by the dashed lines) 

towards the bubble rear. They further noted that this could result in liquid film dryout with 

sufficient bubble length. 

 

Figure 5.12: a) Non-axisymmetric bubble shape, b) axisymmetric bubble shape 

adapted from[116], and c) non-axisymmetric bubble in diverging channel geometry 

 Figure 5.13 compares case 1 and 3ôs liquid film thickness and thermal boundary 

layer thickness. It is well known that the thickness of the liquid film plays a critical role in 

heat transfer performance. The vapor slugs, as demonstrated in Figure 5.13a, exhibited the 

characteristic taper of non-axisymmetric slugs as discussed in [116], with some dryout 

appearing on the side walls in black. The foremost contrast between Ferrari et al. and the 

case 3 geometry is the continuously changing aspect ratios, which begins nearly square but 

evolves with increasing rectangularity. This difference in aspect ratios, with the diverging 

microchannel eventually being more than twice deep than wide, results in a non-
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axisymmetric bubble shape that is constrained by two walls as opposed to four. The liquid 

thin films at the top and bottom of the channel thus see less thinning and virtually never 

see dryout.   

 

Figure 5.13: a) Tapering vapor slug with local dryout on the side centerline and b) 

liquid film thickness for the visualized slug for case 3 and for the baseline case 1 

 Figure 5.13b graphs case 3ôs liquid film thickness across the nose to the rear of a 

bubble at the middle and side of the microchannel as well as the film thickness for case 1 

at the similar locations. The liquid film thickness strongly influences the heat transfer. 

Although there is brief film dryout at the side walls of the vapor slug (due to draining flows 

and evaporation), the majority of the slug does not see more than a small quantity of local 

dryout. The film gradually decreases until the dryout, after which the rewetting rapidly 

increases due to the slug ending. In slug flow, vapor slug passage somewhat resets the 

boundary layer [117], which promotes improved performance in subsequent slugs. Figure 

5.14 illustrates this phenomena for case 3. Figure 5.14a-c show zoomed in views of the 

isotherms grouping together after three representative vapor slugs, and their location can 

be seen in Figure 5.14d. Figure 5.14e demonstrates the continuous growth and shrinking 

of isotherms due to the liquid and vapor slugs passing. The film thickness decreases with 
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decreasing velocity and evaporation [116], and this may further explain why increasing ɗ 

oftentimes improves heat transfer in expanding microchannels.   

 

Figure 5.14: Midline cross sectional views showing a-c) zoomed-in temperature 

contours with black vapor slug outline, d) bubble visualization with side view of 

channel, and e) side view of channel illustrating thermal boundary layer soft reset 

Generally, two-phase heat transfer coefficients can be attributed to the individual 

contributions of convective and nucleate boiling. The correlation used for case 1ôs htp 

superposed the effects of each [110], where the convective boiling coefficient was 

decidedly dominant compared to the nucleate boiling influence. Nucleate boiling 

dominates during bubbly flows, and convective boiling does the same for annular flow 

regimes as the convective boiling suppresses nucleate boilingôs effects [118]. Figure 5.15 

compares the void fraction contours between cases 1 and 3 along the center plane, 

nominally halfway downstream. The bottom void fractions illustrate distinguishing 

features, where the liquid annulus is an approximate thickness for case 1, and the liquid 

layer for case 3 varies, as discussed earlier. The liquid portion near the nose of the vapor 

slug is considerably thicker (~50 microns compared to film dryout towards the rear), and 

this allows for some nucleate boiling bubble formation. Bubble formation augments the 

heat transfer in case 3 due to agitation and latent heat.  






































































































