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SUMMARY

Zeotropic mixtures exhibit a temperature glide between the dew and bubble points
during condensation. This glide has the potential to increase system efficiency when
matched to the thermal sink in power generation, chemical proceasithgeating and
cooling systems. Further improvements in energy efficiency can be realized by designing
heat transfer components with miand microchannels. However, it has been shown that
the concentration gradients arising from the changing composition of the vapayuad |
phases during condensation introduce additional mass transfer resistances, degrading the
overall heat transfer. These effects are poorly understood for horizontal amihi

microchannel based devices.

A comprehensive investigation of the condensatmf ammonia and high
temperaturglide zeotropic ammonia/water mixtures in smaihmeterchannels was
conducted. Condensation heat transfer and pressure drop experiments were conducted
ammonia and ammonia/water mixtur&periments on rmmonia wereconductedfor
varying tube diameter(0.98 <D < 2.16 mm), mass flles(75 <G < 225 kg n? s-1) and
saturation conditios (30 < Tsat < 60°C). Zeotropic ammonia/water experiments were
conducted for multiple tube diameters (0.989 < 2.16 mm), mass fluxes@x G < 200
kg m? s and bulk ammonia mass fract®rfx,uk = 0.8, 0.9 and > 0.96). An
experimental an experimental methodology and data analysis procedure for evaluating
the | ocal condensat i onq), condemdatiordtransfer cdeffiment i ncr
(for pure ammonia), and apparent heat transfer coefficient (for zeotropic ammonia/water
mixtures) and frictional pressure gradient wiblv uncertainties was developed.heat

transfer model forcondensation ofammoniain mini/microchannelswas developed

XXi



Using the insights derived from the pure ammonia work, an improved zeotropic
condenser design method for higimperaturgglide mixtures in smaliliameterchannels,
based on the neequilibrium film theory, was introded. The key features of the
improved model were the consideration of annular andamonular flow effects on liquid

film transport, including condensate and vapor sensible cooling contributions, and

accounting for mini/microchannel effects through the hguid film correlation.

The findings of this study advance the understanding of microchannel condenser
designfor zeotropic fluid mixturesin particular, thosénigh temperatureglides. High-
temperaturglide mixtures including ammonia/water, hydrocardbosnd others have
important potential applications in thermally driven heating, cooling and power, as well
as in the chemical process industry. By understaniiegehavior othese mixtures in
microchannel geometries, highly efficient, compact thermalversion devices can be

developed.
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CHAPTER 1

INTRODUCTION

In condensing twghase fluid mixtures, there is a strong coupling of momentum, heat,
and mass transfer mechanisms. As the length scale of interest decreases, forces that were
relatively unimportant at large scalegiiease in magnitude, changing the way in which

the phenomena are coupled and should be modeled. Understanding the interactions
between the momentum, heat, and mass transfer mechanisms at these small scales is
essential for the continued development anihapation of advanced energy conversion
systems for the transfer and conversion of heat and work. As global resources become
increasingly constrained, improvements in the efficiency of energy conversion systems
for producing power, heating, and/or coolicgn yield significant energy and economic
savings. Furthermore, the understanding of interphase transport of species and energy and
within the liquid and vapor boundary layers at the microscale can readily be extended to
gas absorption, separation proesssbiological systemse(g, respiratory exchange,
dialysis), and sensing applications. The present work aims to experimentally evaluate
heat transfer and pressure drop in condensing mixtures, and to develop a method of
modeling the coupled heat and massisfer behavior in microchannels.

1.1 Motivation

One of the most important applications of condensation heat transfer is in thermodynamic
cycles for the production of power, heating, and/or cooling. The Carnot cycle (Figure
1.1a), composed of iw reverthle processesestablishes the theoretical maximum
efficiency for a cycle operating between two constant temperature resefvpiendT.).

The isothermal condensation of a singtenponent fluid at a fixed saturation pressure
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Figure 1.1: Temperature versus entropy diagram of (a) Carnot and (b) Rankine
cycles

closely approximates the isothermal heat rejection proceds @8the Carnot cycle. In
addition, the energy density of condensing fluids bamn order of magnitude higher
than for the nofisothermal sensible heating of a singlease fluid, reducing the required
working fluid flow rate to transfer an equivalent amount of energy. However, several
impracticalities exist in implementing a cycle pgtured in Figure 1.1a. Thus, the
addition of fluid superheating in the evaporator and subcooling in the condenser yields

the Rankine cycle (Figure 1.1b), the ideal vapor cycle for power generation.



In the Carnot cycle, the isothermal heat addition @elction occur between a
working fluid and a constant temperature source and sink at the same temp@kature (
and Ty, respectively). In practice, this would necessitate infinitely large heat exchangers
and time scales. In reality, there is some finite gerature difference between the
working fluid and the thermal reservoirs. Additionally, the heat sink/source may deviate
significantly from the constant temperature assumption, such as infamegaboiler or
watercooled condenser. Representative tentpesgprofiles of a counterflow condenser
are shown in Figure 1.2. As the temperature glide of the sink/source increases, the
entropy generation in the heat exchangers increases, with the highest generation
occurring at the regions corresponding to the maxn temperature difference. This has
a deleterious effect on theoretical cycle efficiency. In the Lorenz cycle (Figure 1.3), the
specific heat capacity of the working fluid is tuned such that the temperature glides
between the working fluid and the sousiek are matched. Thus, a minimal temperature
difference is maintained through the heat exchanger, minimizing entropy generation and
improving cycle efficiency. Using a zeotropic fluid mixture as the working fluid, the
composition can be varied to achiexesuitable glide, while still maintaining the high

energy density characteristic of phat@nge heat transfer.

An example of a successful implementation of the use of a condensing zeotropic
fluid mixture is the Kalina cycléKalina, 1984 for power generation, which operates
with a mixture of ammoia and water. The cycle has been shown theoretically to be
particularly efficient for producing power from legrade geotherma(Kalina and
Leibowitz, 1989 Micak, 2002 DiPippo, 2004 and solar resourcg$.olos and Rogdakis,

2009 compared to a conventional organic Rankine cycle (O@veral other cycles
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that utilize phasehange mixtures for recovering legvade thermal energy for power,
cooling, and/or heating include absorption cycles, organic Rankine cycles, and vapor
compression cycles. In the HVAC&R industry, continued restrictions on the use of

chlorofluorocarbons (CFC) and hydrochlorofluorocarbons (HCFC) due to their high



ozone depletion potential (ODP) and/or global warming potential (GWP) has spurred the
adaption of refrigerant mixtures that mitigate negative environmental impacts while

maintainirg good thermodynamic performance.

As energy prices increase, the higher costs of recovering lower grade thermal
energy will become increasingly acceptable, and the use of fluid mixtures can be
expected to increase. Miniaturization of the systems discuds®ee will open up new
market opportunities including waste heat recovery in transportation applications and
portable spaceonditioning solutions. Also, miniaturization of components through the
use of microchannel geometries will simultaneously incréase transfer performance
and reduce the working fluid inventory. Reduction of fluid inventory may increase
acceptance of natural working fluids including toxic mixtures of ammonia/water and
flammable mixtures of hydrocarbons. While it can readily be detnated that utilizing
mixtures demonstrates theoretical gains in efficiency, adequate methods for accurately
designing microchannddased fluidmixture components are not available. Extrapolation
of modeling methodologies developed for larger tubes malescomponent fluids may
lead to drastically underor over designed components. It is therefore of great
importance to understand and be able to model the interactions between the coupled
momentum, heat, and mass transfer phenomena at the microscales.

1.2 Microchannel Condensation

A growing body of research that characterizes-phase flow regimes, flow transitions,
pressure drop, and heat transfer of siragimponent fluids in miniand microchannels is
available. A large fraction of these studies sists of observing flow regimes and

measuring pressure drop for air/water mixtures. The experimental setup and operation is



simplified by using air/water mixtures at near atmospheric pressure; however, the
significant property differences betweenamta mixtures and typical refrigerants make
extrapolation of air/water results to conditions of interest for boiling and condensation
guestionable. Another major thrust of tfpbase mini and microchannel research is in
flow-boiling flow mechanisms, heat trsfer, and pressure drop, with the electronics
cooling industry being a primary driver. However, to achieve the goal of smaller heat
transfer systems, it is also necessary to understand and accurately predict condensation
heat transfer and pressure dropThe physical flow regimes and mechanisms of
condensation in microchannels are expected to differ from flow boiling, as a thin liquid
film is always likely to be present at the wall, and bubble nucleation and growth
mechanisms do not apply to condensatidaditionally, heat rejection generally occurs

at higher temperatures and thus higher reduced pressures than those typical of
evaporation studies, where the properties of the saturated liquid and vapor phases become
significantly different. Furthermor@ccurately quantifying the small condensation heat
duties and high heat transfer coefficients in microchannels is complicated by the inability
to easily and accurately maintain and measure a constant heat flux as is commonly done
in evaporation experimentsvith electrical heating. Thus, the development of
experimental techniques to reduce uncertainties and accurately determine both heat
transfer coefficients and frictional pressure gradients during condensation in small quality

increments is of great imp@nce.

The exact definitions of and demarcation between macmini-, and
microchannels remains nebulous. Rather than defining a hard cutoff between channel

classifications, it can best be concluded that the difference between amdi



microchannels anthacro sized channels occurs when forces or phenomena generally not
accounted for at the macro scale take on increasing importance. Fohas® flow, this

is usually the increasing importance of surface tension forces and the decreasing
influence of graitational forces as channel size decreases. Kew and Corfi®8Il)
relatethe magnitudes of surface tension and gravitational forces through the Confinement
number (nicrochannel effectexist whenCo > 0.5, while Serizawaet al. (2002 relate

the same forces throughe Laplace constant), suggesting that microchannel effects
exist whenL > Dn. Both relations imply that microchannel effects will be observed in
larger channels for fluids with larger surface tension. The microchannel transition
diameter according to each criterion for representative fluids is shown in Table 1.1. The
table showghat surface tension plays an important role over a wide range of channel
diameters. However, defining microchannels in this manner is complicated by the general

inconsistency in usage of terminology between academic literature and industry, which

Table 1.1: Comparison ofmicrochannel classification criteria

Transition Diameter (mm)

P(kPa) | Tow(°C) | Co>05 L > Dn

R-134a 1500 55 1.32 0.66

R-404A 1500 32 1.20 0.60

Propane 1500 44 2.13 1.06

NH3 1500 39 3.46 1.73

NH3s/H20 1500 43 3.54 1.77
(90/10)

NH3s/H20 1500 80 3.66 1.83
(50/50)

Water 1500 198 4.25 2.13




often rders to channels witby < 1 mm as microchannels.

1.3 Mixture Condensation

Condensation of fluid mixtures of interest can broadly be divided into three categories:
mixtures with all components condensable and miscible in all concentratmngater

and ammonia), mixtures with naondensable componentse( water and air), and
mixtures with all components condensable but immiscible in certain concentratons (
water and hydrocarbons). The present study focuses on the first type of mixtures

1.3.1 Mixture Classification
From the Gibbs phase rule, the thermodynamic properties of each phase Hpleasso

mixture of n components are determined as a functionnahdependent properties
(temperature/pressure andl mass/mole fractiols Condenable mixtures can be
classified based on the relationship between the concentrations of each component in

each phase at equilibrium.

The focus of this study is on mixtures of ammonia and water, which at
equilibrium have different compositions in the liquand vapor phases. Figure 1.4 shows
a plot of saturated vapor (dew point) and liquid (bubble point) temperature versus
concentration of ammonia at a constant pressure for a binary mixture of ammonia/water.
Generation of this plot requires knowledge of ediquid equilibrium thermodynamics,
details of which are outside the scope of this reviétwoughout the present study,
thermodynamic properties of the WH>O mixtures were obtained from the correlations

of Ibrahim and Klein(1993.
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Inspection of Figure 1.4 shows that at a given temperature, the concentration of
the vapor and liquid are indeed different. It can also be inferred that as the mixture begins
to condense, the concentration of the more volatile component in the vapas @agé,
ammonia) increases, and the dew point temperature decreases. Thus, unlike-a single
component fluid, the condensation process is not isothermal. To further illustrate this, a
representative condensation process is overlaid in Figure 1.4, asshmiggtite system
remains in equilibrium. Starting at point A, the mixture is a superheated vapor. Heat is
removed until the dew point temperature is reached at point B, where the first drop of
condensate formed has a composition of ammonia correspondipgpto n t B6 on
bubble point curve. The mixture is further condensed to the intermediate point
represented by C and C6, which correspond
in the vapor and liquid, respectively. The equilibrium temperature atpibist is
somewhere between the dew and bubble points. When the mixture is condensed down to

the bubble temperature, the point D corresponds to the concentration of the last bubble of
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vapor <condensed, whil e point D diquid being e s ponds
equal to the original bulk vapor concentration. By removing further heat, the mixture can

be subcooled to point E, with the concentration unchanged. In general, the entire system

will not remain at thermodynamic equilibrium, and the local eom@tions and

temperature at the interface will be different from the liquid and vapor bulk. This
introduces several complications in the understanding and modeling of mixture

condensation, which will be further discussed in the following section.

An azeotropic mixture has a constant boiling point thaifferent (.e., lower or
highe thanthat ofany of the individual componentas the mixture boils or condensges
the composition of th@apor and liquid phase are equahus,there is no temperature
glide as the mixture condensasd the methods for predictingeat transferfor the
condensatiomf singlecomponent fluids are applicable. @aropic mixtures are usually

binary mixtures however, ternary azeotropes have been documéMetanrajet al,
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2011]). Figure 1.5 shows the dew and bubble points versus composition for a mixture of
R-23 and R116. An azeotropic point can be seen at a malacentration of RR3/R-116

of 40/60%.

For concentrations near the azeotropic point, the temperature glide is still very
small. Fluid mixtures with concentrations corresponding to small temperature glides are
commonly referred to as nearzeotropic mixturg, with intube condensation for such
mixtures often modeled in the same way as for singlaponent fluids with reasonable
accuracy. Azeotropic and neazeotropic mixtures are not considered in the present
study.

1.3.2 Heat and Mass Transfer Resistances in Mixtures
The condensation of a zeotropic mixture as discussed above corresponds to a situation in

which the temperatures and concentrations of the vapor and liquid phases correspond to
the thermodynamic equilibrium condition over the entire condenswgeps. In practice,

this is not the case. Consider a binary zeotropic mixture condensing in a vertical channel,
with heat rejected to a coolant in an outer annulus, shown schematically in Figure 1.6.
The temperature and concentration profiles of the molatile (;) component from the
vapor bulk to the coolant are shown in the figure. As heat is removed from the system,
the less volatile ;) component condensesore readily, resulting in a locally higher
concentration of the more volatile component in the vapor near the interface. The local
interface concentration is higher than in the bulk vapor. A review of Figure 1.4 shows
that at a fixed pressure, a highemcentration of the more volatile component in the
vapor will result in a lower local saturation temperature. Additionally, the resulting

concentration gradient between the vapor interface and vapor bulk results in the back
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Figure 1.6: Schematic of zeotropic condensation process

diffusion of the volatile compome towards the bulk and of the less volatile component
towards the interface. A similar concentration gradient is set up in the liquid film. Thus,
the interfacial concentration is governed by the combined effect of the rate of mass
transfer in the vapor anliquid film and the rate of condensation. The condensation rate
is directly related to the driving temperature difference from the interface to the coolant.
Finally, the interface temperature is a function of the interfacial concentration; thus, the

heatand mass transfer phenomena are strongly coupled.

A common assumption in modeling condensation of mixtures is that the vapor
and liquid are in equilibrium &ahe interfacgColburn and Drew, 1937 This has been
shown to yield extremely accurate results, although interfacial resist@pce Ti.L) can

become more significant for vapors condensing at very low presqivebb and
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Figure 1.7: Liquid and vapor heat and mass transfer resistances

McNaught, 1980 However, assuming equilibim, the interfacial temperaturd;) can

be determined from the interfacial concentration in either the liquid or the vappy)(

the local pressure, and knowledge of the vapor/liquid equilibrium properties. The
interfacial concentrations are generally not knaavpriori and must be determined by
considering the coupled heat and mass transfer in the vapor and liquid phasesl.Figure

shows a schematic of the heat and mass transfer resistances in the liquid and vapor.

The total heat duty rejected to the coolant is the sum of the latent heat of
condensation and the sensible heat due to cooling of the bulk vapor andfiliguid
Because a large fraction of the heat to be rejected is latent heat, it is desirable for the
driving temperature difference across the condensate TilmTl{) to be maximized. That
is, it is preferable foil; to be equal tdy. This would be the casfor infinitely fast mass
transfer or for a singleomponent fluid. As the mass transfer resistance increases, the
concentration of the volatile component at the interface increaseg apgroacheJoub

(as was shown in Figure 1.4), because the volatitaponent will readily condense at

13



this temperature. It should be noted that for mixtures withaworlensable components,
the lower limit to the interface temperature is not established by these considerations as
the concentration of the narondensablecomponent builds up at the interface.
Therefore, poor mass transfer has a deleterious effect on heat transfer by reducing the

driving temperature difference between the interface and the coolant.

Based on the above discussion, modeling the condensatbrdiny in a mult

component mixture requires the ability to understand and predict the following:

1 Mass transfer resistance in the vapor
1 Sensible heat transfer resistance in the vapor
1 Mass transfer resistance in the liquid film
1 Sensible and latent heaatsfer resistance in the liquid film
1 Determination of interface temperature from interfacial composition and
vaporliquid equilibrium
1.4 Organization of Thesis
The remainder of this thesis is organized as follows:
1 Chapter 2 presents an-depth review ofn-tube condensation heat transfer, pressure

drop, and flow regime mapping for singkend multtcomponent fluids. The need for

additional research and the objectives of the present study are also introduced here.

1 Chapter 3 presents the experimental setugtyumentation and procedures for the

pure ammonia and zeotropic ammonia/water mixtures experiments.
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Chapter 4 presents the data analysis procedure and uncertainty analysis for
determination of condensation heat duty, condensation heat transfer
coefficient/apparent heat transfer coefficient, and frictional pressure gradient for the

pure and zeotropic fluids.

Chapter 5 details the experimental results and provides a comparison with existing

correlations from the literature for pure ammonia.

Chapter 6 det& the experimental results and provides a comparison with existing

correlations from the literature for zeotropic mixtures of ammonia and water.

Chapter 7 presents the development of the flow rediased ammonia condensation
model and the development obupled heat and mass transfer zeotropic condenser
model, as well as a parametric investigation using this model for both ammonia and

zeotropic ammonia/water mixtures.

Chapter 8 provides conclusions from this study and recommendations for further

researclactivities.
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CHAPTER 2

PRIOR WORK

Internal forced condensation has bestensively studied due to its great importance in
numerous industrial applications. However, there has been less research on condensation
heat transfer and pressure drop at the microscale, and on condensation of zeotropic
mixtures in both large and smaliiameter channels. The present study relies on the body

of literature in both of these topics. Thus, studies onpghase flow regimes, pressure

drop and heat transfer during pure fluid condensation in microchannels, as well as work
focused on condensingixtures in tubes are reviewed in this chapter.

2.1 Microchannel Two-phase Flow

Understanding the prevailing twghase flow regimes during condensation is critical for

the development of mechanistic models for predicting heat transfer and pressure drop.
Unlike two-phase flow in vertical tubes, stratification of the phases due to gravity can be
important in horizontal and slightly inclined tubes. Fpluase flow patterns in horizontal
channel have been extensively studied in large diameter Dlres (hm) fora variety of

fluids (air/water, oil/gas, refrigerants, etc.) and operating conditions (adiabatic,
condensing and evaporating flows). The results of these studies have shown that the
mechanisms governing the flow transitions are a function of the relatpertance of

gravitational, inertial, viscous, and surface tension forces.

Flow regime maps, which plot the local flow regime as a function of relevant
parameters g.g, superficial liquid/vapor velocities, dimensionless groups,),el@ave

become usefuiools for determining local flow regimes and transitions. Early empirical
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flow maps for oil/lgas and air/water flows include those of Bak&b54, Govier and
Omer(1962 and Mandhanet al. (1974). Taitel and Duklef1976 made one ofhe first
attempts at defining flow regime transitions in horizontal and inclined tubes from a
theoretical basis. They used a set of five dimensionless parameters which captured the
effects of tube diameter, buoyancy and KelMieimholtz wave instabilitiesn the flow
transitions. One drawback of the Taitel and DuKE®76 map is that the transition
criteria do not account for surface tension, which becomes increasing important in small

diameter tubes.

Griffith and Lee(1964) observed air/water flows in small diameter tubies € 1
mm) and proposed that surface tension forces pull interfacial waves to the center of the
tube during annular flow, eventually forming complete liquid bridges and resulting in
liquid slug flow. Using this insight, Barnes al. (1983 proposed a modification to the
Taitel and Dukler(1976 map to account for surface tension for the transifi@m
stratified flows to intermittent slug flow. Other aiater studies in small channels, such
as those by Coleman and Garimdll®99 and Triplettet al. (1999 confirmed that the
flow maps developed for large diameter chann@lsX 10 mm) could not be extended to
small diameter channels. Acknowledging the dominance of surface tension over gravity
at small scaled)~ 1 mm), Akbaret al. (2003 developed a simple phasic Weber number
based flow map using the methodologies of Zhao and RezKale&8 and Rezkallah
(1996 for two-phase flow in microgravity. They divided the flow map into four zones: 1)
surface tension dominated zone (bubbly and plug/slugnesg, 2) inertisdominated
zone #1 (annular and wavy annular regimes), 3) inertia dominated zone #2 (dispersed

flow regime), and 4) transition zone, where inertial and surface tension forces are of
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comparable magnitude. The map was based on data frotiplenukesearchers on
air/water flows with tube diameter ranging from 0.86 to 1.6 mm, superficial vapor
velocities between 0.1 and 100 rh and superficial liquid velocities ranging from 0.003

to 20 m &.

More recently,research has been conducted on-phase flow regimes for
condensing flows, with a focus on synthetic refrigeraetg,(R-134a, R404A). As
shown in Table 2.1, the fluid properties of refrigerafmsluding zeotropic NEH2O
mixtures of 90% and 50%mmonia by masg)perating at typical condensing saturation
pressures are significantly different than those of air/watee relative magnitudes of
the shear, gravity and surface tension forces are directly related fioithproperties
and have an inportant role in determining flow regime transitions. Cavalki al.
(20023 proposed a map for condensing HCFC, CFC and HFC fluids at reduced pressures
of up to 0.75 in tubes withi@meters ranging from 3 to 21 mm. El Haglal. (2003
presented a flow map for condensing refrigerants based on a previous map for flow
boiling (Kattan et al, 199§. The map was subsequently modified by Sulinearal.

(2009 based on experiments with R134aat= 40°C, 75 < G < 300 kg ¥ist andD =

Table 2.1: Comparison ofproperties
P (kPa) Julyv Mv/pL s A0° Toub (°C)
(N/m)

Air/Water 101 845 48.2 38.1 -
R134a 1500 14 9.7 4.3 55
R-404A 1500 12.6 8.4 3.3 32

Ammonia 1500 50 15.6 15.8 39

NH3/H20 1500 74 16.4 18.9 43
(90/10)

NH3/H20 1500 99 6.3 25 80
(50/50)
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8.38 mm.

Coleman and Garimell@2003 conducted one of the few studies for condensing
flows in microchannels. Badeon visualization of condensing-E4a (Coleman and
Garimella, 200} they developed empirical flow rge transition criteria as functions of
mass flux, quality and tube size. The data encompassed cir€ukar4(91 mm) and
rectangular channels (0.675 < 4.8 mm and 0.5 AR< 2) at mass fluxes ranging from
150 to 750 kg M s®. They found that as thelte diameter decreased, the intermittent
flow regime spanned a larger quality and mass flux region. Additionally, at the smallest
tube diameters, transitions occurred directly from annular to intermittent flow, with no
stratified wavy flow observed. Nemg al. (2014 used the data from Coleman and
Garimella(2003 to develop a flow map based on dimensionless criteria to capture the

combined effect of mass flux, quality, fluid properties and tube size.

Many empirichand semiempirical flow maps have been developed for adiabatic
and diabatic twgphase flows in a range of channel sizes. The fluids of interest in most of
the regime classification studies to date have been air/water mixtures or synthetic
refrigerants. ie ammonia/water mixtures in the present investigation have properties
that are between those of air/water and refrigerants. Classification of flow regimes and
transitions remains highly subjective; however, the use of a flow map developed for
conditions @proximating those of the process of interest has been proven to improve
pressure drop and heat transfer mode(@gvallini et al., 2002a Thomeet al, 2003

Bandhaueet al, 2006.
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2.2 Microchannel Pressure Drop
The total twephase, crossection averaged, steady state pressure gradient in tubes is a

sum of the contributions of the three terms in @dL), as shown ifGhiaasiaar2008).

2.1)

The first term represents the pressunadgnt caused by spatial mixture
acceleration, the second term is the frictional pressure gradient, and the last term

represents the hydrostatic pressure gradient.

Historically, twophase frictional pressure drop in adiabatic and diabatic flows has
beenpredicted using an empirical twahase multiplier, which when multiplied by the
appropriate singkphase frictional gradient (liquid, liquidnly, vapor, vapeonly) yields
the twophase pressure drop (E@.2)). The twephase multiplier is empirical in nature
and does not necessarily account for all physical phenomena. Large scatter in predictions
can occur, particularly when models are applied outside tigeraf mass flux, tube size
and fluid properties for which they were developed. In addition, theptvase multiplier
approach does not explicitly account for the local flow regime. As was discussed in the
previous section, intermittent flow can occur oadarge quality range in microchannels,

which has significantly different pressure drop mechanisms than annular flow.

5 ‘

5 = I (2.2)
0 | .
7 - E}Eﬁ fr,LO’

For large tubes, Lockhart and Martine(l949 developed a correlation for

adiabatic oHgas flows. They found the twghase multiplier to be a function of mass
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flux, fluid properties and quality, but not explicitly of tube diameter. They defined a term
X, referred to as the Martinelli parameter, th& square root of the ratio of the
liquid/vapor frictional pressure gradients. They then graphically correlated the liquid and
vapor twephase multipliers as a function of the Martinelli parameter. Chisiip867)
represented this relationship in an analytical form in Eq. (2.3), where the co@stant
dependent on whether or not the liquid and vapor Reynolds numbers are turbulent,

laminar or some combination of the two.

F,o=a f)% + (2.3)

x2

Other correlations for the twphase multiplier have been developed by many
other researche(d/artinelli and Nelson, 194&riedel, 1979Beattie and Whalley, 1982
Cavallini et al, 20023 to account for different fluids, tube geometries and other
parameters in large tubeB & 3 mm). Twepha® pressure drop in small channels has
also been extensively studied, with a primary focus on adiabatiwaéér mixtures.
There is limited research on pressure drops in condensing flows. Due to the prevalence of
laminar flow and the importance of surfatnsion, correlations developed for large
channels do not extrapolate well to the microscale. Excellent reviews of pressure drop
research in microchannels can be foundGhiaasiaan(2008 and Garimella(2014).
Studies relevant to the experimental conditions of interest in the presented study are

discussed here.

Mishima and Hibiki (1996 conducted adiabatic air/water pressure drop

experiments in circular channels (1B3<< 4 mm) with vertical upward flow. They
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obseved local flow regimes using higgpeed video recording techniques and measured
void fraction with a neutron radiography technique. In addition, they determined
frictional pressure loss from the measured pressure loss by neglecting any acceleration
terms ad subtracting the gravitational pressure loss. They found the value of the
Chisholm parameterC; in Eqg. (2.3)) to decrease with decreasing tube diameteeyTh
proposed a new correlation f@; shown in Eq. 2.4, wher®, the tube diameter, is in

mm. The new correlation predicts air/water data from several researchers with an average
error of £12%; however, when compared to {@lase saturated ammonia pressine
data(Ungar and Cornwell, 1992n circular horizontal tubes (1.46 & < 3.15 mm), the

error was +25%. This indicates that the significant property variations of the different

fluids are not completely accounted for.
C=21(1-exj ©.319D¢ (2.4)

Lee and Le€200]) also investigated air/wat mixtures in horizontal, rectangular
microchannels with high s pect r B40667 nints. ABO (BTBey observed
large deviations between the measured values of the two phase multiplier and those
obtained by Eq(2.4). They attributed the discrepancies to the fact that the Mashird
Hibiki (1996 correlation for Chisholm parameter did not account for liquid and vapor
flow rates or the influence of surface tension. To capghase effects, they correlated the
Chisholm parameter (E@2.7)) as a function of the liquidnly Reynolds number, the
Capillary number (Eq(2.5)) and the ratio of gravity and surface tension forces (£6)

), expeted to be negligible for small, horizontal channels.
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Y S (29)

_
/ = ) (2.6)
C=AL JOREL 2.7)

The constants and the exponents for this correlation are evaluated differently for
each combination of liquid and vapor Reynolds bars. Theg andr exponents are only
greater than zero when both Reynolds numbers are in the laminar region, implying that

the effect of surface tension becomes insignificant.

The considerably different properties of synthetic and natural refrigerants
compared to air/water mixtures have led to a growing body of research ophage
pressure drop of these fluids in mir@nd microchannels. Cavallini, Del Col and- co
workers (2005a 2005h 2006 2009 2010 have conducted numerous experimental
studies on this subject. In 2005, they presented an empirical correlation, similar in form
to the Friedel(1979 correlation, for frictional pressure gradient of annular refrigerant
flow in minichannels. They attempted to account for liquid entrained in the vapor core

through the entrainment ratio proposed by Paleev and Filippovich(2ZB)).

o o 2.
E =0.015 +Q 44 |®%ch/ r) Se’fgcﬂ 3 16
¢

¢ - (2.9)
s E ..
loe = Q%‘- J(l Q) acg

23



Data from several studies on condensation of refrigerants in- naind
microchannels were then correlated, resulting in the expression {i2.Bgfor the twe

phase multiplier as a function of quality, fluid properties, and reduced pressure.

Fi, =2z 3595FCH @ E

CE

ar, @m ©
z=(1 ) dat @l o
¢/v g 7+
F = qo.9525 @ q)0-414 (2.9)
o 1132 o 0,44 o 3.542
_ar, 0 0 a
H=2— ¢ o laa™
¢'v.t ¢+ ¢
W =1.398 &

They also investigated adiabatic frictional pressure drop in a rectangular multiport
minichannel tubedOn = 1.4 mm,L = 1.13 m) for halogenated refrigerantslB4a and R
404A (20053 and R134a, R236ea, and RI10A (2006. Data were ofained for mass
fluxes from 200 to 1400 kg ¥ist at a saturation temperature of 40°C. The refrigerants
were selected to span a range of reduced pressures fronPhighd(49 for R410A), to
medium Pr = 0.25 for R134a), to low Pr = 0.14 for R236ea).They found that most
correlations were not able to predict the frictional gradient over the range of fluids and
operating conditions for the multiport tube. However, they showed that the model given
in Eqs.(2.8)-(2.9) was able to predict the data over the reduced pressure range from 0.2
to 0.5 satisfactorily. More recently, they have obtained additional dataI8AR(2009
and R1234yf (2010 in a single circular channel with = 0.96 mm at mass fluxes
ranging from 20Qo 1000kg m? s. They extended the above mod@€avallini et al,
2005h to account for surface roughness and-sbear dominated flow regimes (defined

asjv < 2.5) by modifying the calculation of the liguiilin friction factor.
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The group of Thome and amorkers has also condect numerous studies on
two-phase pressure drop in adiabatic and evaporating flows through microchannels for
synthetic and natural refrigerants. Ribatskial. (200§ conducted a comprehensive
review of heat transfer and pressure drop in microchannels (@R5<<3 mm) for eight
fluids at mass fluxes ranging from 23 to 6000 kg 1t and vapor qualities up to 1. The
studes reviewed included adiabatic and evaporation studies. They found that the
correlation of MullerSteinhagen and He¢® 986 developed for large channels predicted
the dda the best, followed by the method of Mishima and Hifi®96. However, even
the best correlation predicted less than 50% of the data within £30%. They noted
particularly poor agreeamt at higher quality (> 0.6), where annular flow is expected to
dominate. Revellin and Thomé&2007 then conducted adiabatic pressure drop
experiments with R134a and R245fa in circular microchannels (0.598<0.790 mm).

They observed laminar, tratisn and turbulent zones when plotting twbase friction

factor vs. twephase Reynolds number (using the 4ph@ase viscosity model of
McAdamset al.(1942). They proposed a new correlation for tploase friction factor as

a function of twephase Reynoldaumber. However, the correlations are specific to the
tube diameters investigated and not easily extrapolated. Additionally, they note that there
is still poor agreement in the transition and laminar regimes, which tend to correspond to
the intermittent tbw regime. Cioncolinit al. (2009 conducted a review of annular flow
pressure drop data from micro to macro channel sizes (0.52<25 mm) for air/water

and refrigerants flows. The method of Lombardi and CarEe8&2) was found to predict

the data the best over the entire set of conditions, with a mean average deviation of 15.9%

for macroscaletubes and 18.9% for the microscale tubes. They then proposed an
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empirical correlabn (Eg.(2.10)) as a function of vapor core Weber number and liquid
Reynolds number. These dimensionless numbers are defined as a function of the fraction

of liquid entrained in the core from the correlation of Oliemetrel. (1989.

f,=0.172 @ve>*"” forBo 2

. . 2.10
f.,=0.0196 Gve®*? RB*® for Bo < (210

Agarwal and Garimelld2009 developed a mukHilow-regime based model for
the pressure drop of condensing R134a in circular anecinomar microchannels0(42
< Dn < 0.8 mm). Flow regimes were divided between intermittent, transition and annular
flow based on the flow visualization studies of Coleman and Garin2@3. The
intermittent model extends the mechanistic model for the intermittent flow regime
developed by Garimellat al.for circular(20095 and norcircular microchannel§003.
The model was based on the unit cell shown schematically in Figure 2.1. The total
pressure drop in each unit cell is the sum of the pressure drop liqutteslug, vapor
bubble and transition between the two (E8.11)). Using the Armand1946 void

fraction correlation, it was shown that the velocity of the bubble is 1.2 times that of the
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Figure 2.1: Schematic ofntermittent unit c ell from Garimella et al. (2002
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liquid slug. From this, the relative lengths of the bubble and slug wezerdeed and a

correlation for slug frequency was developed as a function of slug Reynolds number for

circular and noncircular tubes.

adP 3 d® L. 0 dP & LJ 0 anN
&z O B e OF ) @ % %rgsition&_ulf (211)
¢cdz = fim T e = &g + G

In the annular flow regime, the model of Garimadtaal. (2005 was used as the
starting point. The frictional pressure drop is related to the Darcy form of the interfacial

friction factor as shown in Eq2.12), where tle void fraction,() is calculated from the
Baroczy(1965 model.

1 .G & 1,
— == = 2.12
L 2 Qrvoéﬁ D (212

The interfacial friction factorf{) was then correlated to the liqumhase Darcy

friction factor (obtained using the Church977h correlation), using the expression in

Eq. (2.13), whereX is the Martinelli parameter angd is the ratio of viscous to surface

tension forces that was also used by Lee and2@@1).

% =AR ROy (2.13
L

The constantA and the exponents were then determined by regression for
different tubes shapes. For points in the transition region, a double interpolation method

between the two models was recommended. They found that over 80% of data for

condensing RL34a flows were predicting within £25%.
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Chung and Kawaji(2004 used a similar mechanistic model for predicting
pressure drop of Mwvater flows in circular microchannel8.05 <D < 0.53 mn). In their
experiments they accounted for fluatcelerationand inlet/outlet minor losseahen
determining the frictional pressure gradient, with a reported uncertainty of £2 to £7%.
They observed predominantly intermittent plug/slug and annular fléewever, unlike
the Garimelleet al. (2005 model, they negicted mixing losses at the transisdretween
the bubble and slug regions. They theorized that the laminar characteristics of the flow
under investigation would suppress mixing effedisey also assumed that the bubble
and slug velocities were equal atitht the bubble diameter was 90% of the tube
diameter.Agarwal and Garimella(20143 also built on the intermittent flow modef o
Garimella et al. (2005 for condensation of R34a in multiple parallel rectangular
microchannels (0.1 D4 < 0.4 mm, 1 <AR < 4). However, they found that the slug
frequency model proposed in Garimetiaal. (2005 did not predict the data well. A new
slug frequency model that included additional property ratios and the influence of aspect

ratio was introduced.

Using a large database of over 7,000 adiabatic and condensing frictional pressure
drop results, Kim and Mudaw&2012 developed a general empirical tgbase pressure
drop model for mirdi and microchannels. The database was obtained from 36 sources and
contained data for 17 working fluids, single and multiport circular, and rectangular
channels with hydraulic diameter ranging from 0.0695 to 6.22 mm, mass flux from 4 to
8528 kg n? st and reduced pressures ranging from 0.0052 to 0.91. The working fluids
were predominantly synthetic refrigerants, with some limited data on natural working

fluids (e.g CO;, ammonia, hydrocarbons.) They found that most existing pressure drop
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models only predicted the data well for certain subsets of the database. Starting with the
separated flow model of Lockhdvtartinelli, they developed new correlations for the
Chisholm C parameter as a function of liquid Reynolds number and the agpr
Suratman (also known as Laplace, E814)) number, which accounts for microchannel
effects through the ratio of surface tension and momentum. The resulkfcava in

Table 2.2.

(2.14)

For calculating the liquid and vapor frioti factors necessary for the solution of

the LockhartMartinelli approach, they recommend the following:

f = 1—6 for Re< 2000

Re
f =0.079Re*®  for 2000¢ Re <20,000

f =0.046 Re*?  for Re2 20,000
(2.15)

for laminar flow in rectangular channels
fRe=241-13558 49465 -1.701% 0.9564) 0.25%

b = aspect ratio
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Table 2.2:C parameter from Kim and Mudawar (2012)model

Liquid Vapor c
Regime Regime
Laminar Laminar ar 0648
C=3 10° R&}* SYS% "
gfv —_—
Laminar Turbulent 27 0636
C=0.0015R&> S{°%=L 5
¢/v =+
Turbulent Laminar ar 0614
C =8.7 310* Réb” s@gf’ae_t 6
¢/v =
Turbulent Turbulent 3 0535
C:O.39Ré'§3 s@gf’aer_t 6
G'v +

Understanding the pressure drop at the microscale for condensing fluids is an
important parameter for predicting the heat transfer coefficient, as discussed in the
following sectian.

2.3 Microchannel Condensation Heat Transfer

The high heat transfer coefficients possible for condensing flows in microchannels have
made this area increasingly popular for study. As with pressure drop, models developed
for condensation heat transfer arge diameter tubes generally scale poorly to the
microscale. Thus, there have been several experimental heat transfer studies used to
develop empirical and serampirical models for predicting heat transfer coefficients in
small diameter tubes. Unlike géhpresent study, previous research has been almost

exclusively conducted for pure fluids or azeotropic mixtures.

Dobson and Chatq1998 state that internal condensation in large diameter
horizontal tubes can be divided into gravity controlled and vapor shear controlled

regions. The gravity controlled region is characterized by the formation of condensate
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arownd the top circumference, with liquid pooling and flowing axially along the bottom.
Heat transfer in this regime is generally modeled with a Nusselt type an@ysito,

1962 Jaster and Kosky, 19Y.6However, this gravity controlled regime is not expected

for the hydraulic diameters and mass fluxes in the present study, as shown in Section 2.1.
Instead, the flow is expected to be primarily annalaimtermittent, with heat transfer

and pressure drop dominated by vapor shear.

Sheardominated condensation in large diameter tubes texeived much
attention in the past, resulting in theoretical, sempirical and purely empirical
correlations.The gproaches taken to predict heat transfer can be divided into two
categories: correlations developed with a boundtygr approactiTravisset al, 1973
Cavallini et al, 2002a Cavallini et al, 2005h Agarwal et al, 201Q and twephase
multiplier correlations(Shah, 1979 Dobson and Chato, 1998Vang et al, 2002

Koyamaet al, 2003 Thomeetal., 2003 Keinath, 2012

In the boundary layer approach, appropriate for annular flow condensation, the
liquid film is assumed to have characteristics similar to a turbulent boundary [Eyer.
dimensionless liquid temperatur€’) at the surface of the film is defined in terms of the
liquid film properties, heat flux, wall shear stress and temperature difference across the
liquid film. After using an appropriate relationship to find thienfthickness, the
dimensionless temperature is determined from the turbulent law of the wall temperature
distributions and the wall shear stress determined from an appropriate correlation for the
two-phase frictional pressure gradient. Finally, the Heatsfer coefficient can be

deduced, as shown in H-16).
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A representative correlation for large tubes by Trae®l(1973 presents a
relationship for the film thickness as a function of liquid Reynolds numbers, and uses the
Lockhart and Martinell(1949 correlation to determine the twahase frictional pressure
gradient. Their method is summarized in E.17). The model was validated with
condensatiolata for R12 and R22 in tubes witlD = 8 mm at 1610G 01533 kg n¥ s

1and 250 TsaO58°C.

_0.15CPr Rg°eé1 285

Nu ;
€ 0.476
FT exn Xtt

(2.17)

é5Py 5 Inf1 5 Rr) O25 If 0.0081 RE¥) O  Re 112
I\

5Gr %I Prf 00664 K& QB - 50 Re &
0.7070Pr RE° Re §0

An example of a empirical twephase multipliercorrelation thathas enjoyed

whereF, =

B R

widespread use ithe Shah (1979 correlation and its subsequent modificati@habh,

2009. The correlations simple to apply and yields good predictions for a range of tube
sizes and fluids. In recent years, efforts have been made to develop and refine accurate
heat transfer and pressure drop models that are valid over a range of tube sizes, mass
fluxes and luids, including experimental and analytical studies by Dobson and Chato
(1998, Cavalliniet al. (20028 and Thomezt al. (2003. In generh these studies have

focused on round tubes wibhy > 3 mm.
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Accurate measurements of condensation heat transfer in microchannels are
needed to assess the applicability of the macroscale models to the microscale and for the
development of new correlationSbtaining accurate, repeatable results is made difficult
by the small condensation heat duties, low mass flow rates, high heat transfer coefficients
characteristic of microchannels, and the inability to easily apply and measure a constant
heat flux. Thes difficulties are compounded when it is desired to measure heat transfer
coefficients in small quality increments at high reduced pressures; where the associated
hig and condensation heat duties are very small. Evaporation experiments can accurately
measire and control electric resistance heaters to determine evaporation heat duty;
however, no similar device exists for condensation. Some reseaBheset al, 2003
have used thermoelectric coolers (TEC) to provide a fixed cooling load, with operation
being cotrolled by an electrical power input, similar to electrical heaters. However, it
has been shown that inconsistencies in TEC performance make them unreliable for use as
actual heat flux measurement devic@erby et al, 201Q. Thus, the condensing
refrigerant must be coupled with a circulating coolant loop. However, it is desirable to
maintain a high coolant mass flow rate and minimal difference in temperduaré (

Teoolan) &Cross the test section to limit coolant side thermal resistance, wesigls in a

high uncertainty of the measured heat duty. Other methods to determine the
condensation heat duty more accurately include the use of thermopiles as heat flux
sensors(Koyama et al, 2003 and the thermal amplification technique proposed by

Garimella and Bandhau€001).

As with the microchannel pressure drop, extensive reviews of condensation heat

transfer experimental and modeling research inaul@nnels can be found in Garimella

33



(2006 and only studies relevant to the experimental conditions of interest in the current

study are reviewed here.

Wanget al (2002 and Koyameet al. (2003 both developed correlations based
on mini and microchannel condensation data fet3da. The correlation of Warej al.
(2002 was developed from a boundary layer analysis, similar in form to the Ted\ass
(1973 correlation. It uses experimental data to correlate the vapepltase multiplier
and the dimensionless boundary layer temperatures as a function of liquid Reynolds
number, quality and the turbulesturbulent Martinelli parameter, using -EF4a
condensation data in an extruded rectangular palti tube withDy =1.46 mm. The

final form of ther annular regimeorrelation is shown in E¢2.18)

) . 41.376+ 8 (X 1o
Nu=0.0274 ®&r R§* qo”@% fa 2@(“ )

(2.18)
g Xtt
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Koyamaet al. (2003 usal a combination of the pressure drop correlations of
Haraguchiet al. (19948 and Mishima and Hibiki(1996, and concluded that the
resulting model predicted the heat transfer coefficients well f&B84a data in extruded
multi-port tubes withDn = 0.80 and 1.11 mm. The resulting correlatioonsiders
contributions of both forced convection and gravity controlled condensation. However,
the agreement is not explicitly quantified and the model generally appears to over predict

heat transfer coefficient for both tube types.

Cavallini, Del Col ad coworkers conducted experiments on the condensation
heat transfer of halogenated refrigerants in concert with the pressure drop studies

reviewed abovg2005a 2005h 2006 2010 in circular and rectangular channels with
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hydraulic diameters less than 3 mmingsthe pressure drop model shown in HGs3)-

(2.9), they developed a model to predict heat transfer based on the momentum/heat
transfer analogyCavallini et al, 2005f). For condensation of -R34a and R410A
(Cavallini et al, 20053 at Tsat = 40°C, they found that existing correlations under
predicted the data. In an update to the 2005 paper, tla¢gdsthat the mini and
microchannel modgR005h could predict heat transfer ofE4a,R-410A and R236ea

in 1.4 mm rectangular channels satisfactorily, with a majority of the data within +20%. In
(2009, Cavallini et al. presented a new flowe gi me 1 aependent @mg
independent flow regies) model developed from an extensive database of condensation
heat transfer data in tubes with> 3 mm. Despite being comprised of dé&ba large
tubes, Del Cokt al. found that the model predicted condensation data f@RFiyf in

circular channelsf = 0.96 mm) within £15%.

Bandhaueket al. (2006 and Agarwalet al. (2010 presented experimental results
and new models for condensation of R134a in circ@lar 6 D80 C . 5 Pa#d noam
circular 0.424 ODx O0.839mm) channelsyespectively. Data were obtained for mass
fluxes ranging from 150 to 750 kg “ms!. To predict the shealfriven annular
condensation heat transfer coefficient, they used an approach similar to Btagiss
(1973, assuming a turbulent annular film. To account for microchannel effects, the
pressure drop and interfacial shear stress were determined using the annular pressure drop
models reviewed above in Eq2.12)-(2.13). They found an absolute mean error of 16%

for the nonrcircular channel model and 10% for the circular channels.

Agarwal and Garimella(2014h) conducted condensing-E34a heat transf

experiments in microchannels (0D O0.4 mm) and developed a flonegimebased
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model for predicting condensation heat transfer. They treated the flow according to the
unit cell shown previously in Figure 2.1. As witlke Agarwal and Garimella20143
pressure drop model, they modeled the heat transfer in the vapor bubble and liquid slug
region. The timeaveraged heat tramsfcoefficient was then found to be a composite of

the two, depending on the correlated slug length ratio (Ej9)). They found that for

highly annularflows (high quality and mass flux), the liquid slug length is very small
compared to the vapor bubble length and the heat transfer is dominated by that occurring
across the thin annular film.
a
¢

I, ) & |,
a= @ % slug o ﬁ 1 slug (219)
+| bubble 8 %i slug ‘I'- bubble

slug

Wang and Ros€2005 2011 developed a theoretical model for predicting heat
transfer in horizontal microchannels with annular flow. The model accounts for the
streamwise shear stress on the condensate film and the transverse pressure gradient due to
surface tension. The transverse pressure gradient is particularly important in noncircular
microchannels, where liquid is preferentially drawn to sharp corner#timgsin local
thinning of the condensate film and high heat transfer coefficients. This phenomenon is
generally not accounted for in correlations developed for large diameter channels. Their
analysis makes many of the same assumptions as the classidt Mnsdgsis (e,
laminar condensate film, neglect inertial and convection terms in film), with the inclusion
of the transverse shear and imposed pressure gradient. Closure to the model is provided
through an empirical pressure drop prediction methodeyTitientify a surface tension
and viscosity dominated region where the heat transfer coefficient can be predicted via a

simple Nusselt type correlation.
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Keinath(2012 introduced a new muliegime heat transfer model for condensing
refrigerant in small channelD(< 3.05 mm). The model was based on data for
condensing RI04A in circular mini/microchannel tubes (0.86x< 3.05 mm). The heat
transfer models were developed using Nena (2008 flow map and the microchannel
void fraction model also presented in Keing2012. The wavy flow model was based
on the previous model presented Awydresen(2007) and the annular flow model based
on theThomeet al. (2003 annular film twephase multiplier approach. The resulting

heat transfer model predicted 93.6% of the data witAbPo.

Recently, Kim and MudawgR013 proposed a model for predicting annular and
nortannular condensation in mini and microchannels, developed with the aid of a large
database (4045 data points from 28 sa)roéd varying diameters (0.424 to 6.22), mass
flux (53 to 1403 kg m s1) and fluid types (17 fluids). They developed flow transition
criteria as a function of the Solam Weber number and turbulettrbulent Martinelli
parameter to indicate which moddlosild be used. Based on the analysis of Traatisd.

(1973 and Dobson and Chat1998, they showed that the functional form of the

annular flow heat transfer coefficient could be expressed as:

Nu, =aRe PfI:(—V (2.20)

tt

From a regression analysis, theyfound the constants to be

a=0.048,b =0.69,c =0.3, and the vapor twphase multiplier was calculated from

their pressure drop model, shown above (see Table 2.2). In trennatar regime, they

used the superposition approach of Churchill and U§EEgir4 between the annular
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correlation and an empirical term as a function of the liquid Reynolds and-ealyor

Suratman number.
Nu_ = : Nu )2 ‘(3 2 107 R 38 Sbgg)z 1!/22 2.21
na g a ' % g ( . )

Their model showed good agreement with the gatdicting 86.8% within 30%

for an overall absolute average deviation of 16%.

Most of the studies on horizontal microchannel tube condensation reviewed above
have focused on synthetic refrigerants common to the HVAC&R and automotive
industry. There is lite research on fluids comparable to those of the present study. There
is some work with zeotropic mixtures in larger tubes, which will be discussed in the
following two sections.

2.4 Mixtures Condensation Experiments

Compared to studies of single component fluid condensation in horizontal and vertical
channels, there are few investigations on condensation of binary anecomfionent
mixtures, particularly of zeotropic mixtures. Of the available studies, there is ofte
disagreement in the results from different investigators. This can be attributed to the
inherent difficulties in performing condensation heat transfer experiments, coupled with
the increased challenge of working with zeotropic mixtures. The followingoeec
review some of these challenges, along with experimental approaches and results from
mixture condensation studies of various fluids in vertical and horizontal channels. Several

of the experimental studies reviewed here are used by other investitgateaidate
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mixture condensation heat and mass transfer models, which will be discussed in Section

2.5.

2.4.1 Challenges in Determining Heat Transfer Coefficient
Ideally, it is desirable to obtain condensation heat transfer coefficients for a wide fange o

operating conditions and at qualities ranging from 0 to 1. For a pure fluid, the local

condensation heat transfer coefficient can be defined b{2EQ).
q'=a(T, -T,) (2.20)

Inspection of this equation reveals that three quantities (Aa&t bulk
temperature and wall temperature) must be determined to calculate the local heat transfer
coefficient. Determining the average condensation heat flux is subject to the difficulties
discussed above, particularly for microchannels. In additiothéolocal heat flux, the
inside wall temperaturely,) is required to calculate the local heat transfer coefficient.
Many researcher¢Eckels and Unruh, 199%hilpott and Deans, 20D4ither attach
thermocouples to the outer tube surface or embed them in the wall of the ttdiaiogn
the condensing mixture. Often multiple thermocouples distribciredimferentiallyare
used, with the outer wall temperature assumed to be the average. The inner wall
temperature can then be calculated from R@®3), assuming the thermal resistance of

the tube is known.
qr=1 el (2.21)

The bulk temperatureTg) in Eg. (2.20) is usually assumed to bews] to the

saturation temperature at the pressure under consideration in the tube for a single
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component fluid. This is not always accurate for rcttmponent mixtures, because
these fluids exhibit steep temperature glides andeaguilibrium effects. Fuhermore,

the temperature difference between the bulk fluid and the inner wall can be quite small
because of the high local heat transfer coefficients found in condensing flows in
microchannels. If there is large uncertainty in either the bulk or innértevaperature,

the corresponding measured value of heat transfer coefficient will not be very accurate.

In addition to direct measurement of the tube wall temperature, another
commonly used method of determining heat transfer coefficient is through tioé thee
Wilson plot or modified Wilson plot metho@FernadndeSearaet al, 2007. With this
method, the average condensation heat transfer coefficient can be determined from Eq.

(2.24) (assuming a tubm-tube condenser), whei®, is the heat transfer coefficient of

the coolant in the annulufy the thermal resistance of the wall, amd is the

condensation heat transfer coefficient of interest.

g="lw 1Y (2.22)
UA a 1 ‘R 1
cd. am

When applied to condensation experiments, the annulus heat transfer coefficient
is generally correlated as a function of Reynolds number through some modification of
the Wilson plot method, as detailed in Fernadrflearaet al. (2007. The total
condensation heatuty can be calculated as before. The-togan temperature can be
calculated from the measured coolant inlet and outlet temperature and either the
measured or calculated (from saturation pressure) condensing fluid temperature. The

LMTD concept assumes thtite specific heats of the fluids are constant and that the heat
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transfer coefficients do not vary. Thus, for condensation of single components, this
method is only accurate for small quality changes, where the condensation heat transfer
coefficient variatn is small and the effective specific heat of the condensing refrigerant
is infinity. For zeotropic fluids, the temperature glide reduces the accuracy of the LMTD

approach.

For both methods of calculating heat transfer coefficient, there is difficulty in
defining what should be used as the bulk temperaflpeirf Eq. (2.20) or (2.22). By
inspecting Figure 1.7 in the previous section, it can be seen that the overall condensation
heat transfer resistanc&d from the bulk vapor to the inside of the tube wall is a
function of the heat transfer resistance invhpor core and the liquid film, with driving
temperature differences ofl£Ti) and {Ti-Tw,), respectively. Therefore, the overall
driving temperature difference in the condensing fluidwSw,. For a saturated single
component fluid, it is generallysaumed that there is no sensible heat transfer resistance
in the vapor core and that the bulk temperature, the vapor core temperature, and the
interface temperature are all equal to the fluid saturation temperature. However, defining
Ty as the saturatedrgerature of a muktomponent mixture assumes that both phases
are in thermodynamic equilibrium, a situation that in general does not prevadciua
liquid heat transfer coefficient for a zeotropic mixture should therefore be defined using
the localinterface Tint) temperature. Unfortunately, measuring this temperature directly
is difficult and many of the experimental studies reviewed in the following section report
the apparent overall condensation heat transfer coefficient, defined in terms of the
equilibrium saturation temperature. Tsotsas and Schliu(®87 derived a relation

between the real and apparent heat transfer coefficient as a function of the condensation
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curve and other dimeionless groups. They showed that the ratio of the apparent to the
real overall condensation heat transfer coefficient approached one with increasing heat
flux for a given mixture. Thus, it can qualitatively be expected that the use of the
saturation temgrature will provide reasonable results at high heat fluxes. Using the
equilibrium saturation temperature also facilitates comparison between different sets of
experimental data. Finally, rather than comparing overall condensation heat transfer
coefficiens for different fluid mixtures and conditions, it is also possible to compare

required heat transfer area to achieve a certain percentage of condensation.

Another difficulty in obtaining accurate zeotropic mixture heat transfer
coefficients arises when attempting to use the-WWATD approach to determine the
overall condensation heat transfer coefficient. Adesdtaabove, the LMTD method
requires that both fluids have a constant specific heat. Figure 2.2 shows an equilibrium
temperature versus enthalpy diagram for a 75/25 by mass mixture of ammonia/water for a

quality ranging from 0 to 1. The figure shows a hyghonlinear temperature glide,
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Figure 2.2: Equilibrium temperature versus enthalpy for 75/25 NH/H20 mixture
at constantP = 2000 kPa
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which indicates a variable effective specific heat during the condensation process. Shao
and Granryd1998 discuss the error introduced by using the LMTD method to calculate
condensation heatansfer coefficients with a neconstant specific heat. They show that

the direction of the error is dependent on the shape of the temperathadpy curve.

For convex profiles, the calculated LMTD is lower than the real value, resulting in an
over pralicted heat transfer coefficient, with the opposite being true for concave profiles.
It can be concluded that if the UAMTD method is applied for an experimental point

with a sufficiently small quality change, the error induced by the variable effective
specific heat would be small because the temperantalpy curve would be
approximately linear within that small quality range.

2.4.2 Mixture Condensation in Vertical Tubes
Investigations on the condensation of mixtures inside and outside verticatlatbdsack

further than studies on mixture condensation inside horizontal tubes, due to the
prevalence of the geometry in process equipment (wetted wall towers, distillation
columns, etc.) The studies reviewed in this section encompass a variety of osrafiib

fluid mixtures. A summary of all experimental studies in vertical tubes is presented in

Table 2.3.

van Es and Heertjg4956 conducted experiments with benzearel toluene in a
vertical tubein-tube condenser (ID = 88 mm, = 1.08 m). Vapor generated from an
electric boiler was introduced at the bottom of the inner tube, resulting in célomer
between the vapor and gravity driven condensate film. Experimemesaenducted with
pure benzene, pure toluene and 43/57 and 72/28 by mass mixtures of benzene/toluene

with vapor Reynolds number from 530 to 12,360 at various cooling fluid temperatures.
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Temperature measurements were obtained at the inner tube wall gredviapor core.

The composition of the condensate at the condenser outlet was measured with a semi
micro boiling point apparatus (accuracy +0.2%). The composition of the condensate was

found to vary significantly for each case, indicating a widely diftgpercentage of the

vapor being condensed. Rather than calculating a heat transfer coefficient, they reported
the measured temperature difference between the vapor core and the wall versus vapor
inlet molar flow rate. They then compared the data with tedigtions of an analytical

model with qualitative agreement (discussed below). While limited, these experimental

results are some of the earliest reported for mixtures in vertical channels.

Ondaet al. (1970 conducted a similar experiment, but extended the analysis to
calculate a condensation heat transfer coefficient and mass transfer coefficients in the
liquid and vapor pases. The experiments were conducted with steam and methanol in a
vertical copper tubén-tube condenser (ID = 21 mrh,= 0.33, 0.83, 1.33 and 1.83 m)
with nominal mass fluxes ranging from 3 to 6 ki st (Rey from 5,000 to 11,000). The
vapor and liquid were in counterflow. The temperatures of the vapor and condensate were
measured at the inlet and outlet, and embedded thermocouples were used to measure the
wall temperature. Vapor exiting the top of the testtisea was fully condensed in a
separate heat exchanger and reintroduced as a constafigtl@ilm at the top of the
tube at a neassaturated condition. The flow rate and composition of filme at the
bottom of the test section were measured. Fromittiormation the latent heat rejected
in the test sectiorwas calculated. As expected, the latent heat duty increased with

increased vapor flow rate and increased temperature difference between the vapor and
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tube wall. Neglecting the sensible coolingtbé vapor, they reported the heat transfer
coefficient of the liquid filmshown in Eq(2.25).
o

a, = —t (2.23)

" (Tint - Tw,i)

The interface temperatur&if) was determined by plotting the calculated latent
heat at each mass flux versus temperature difference between the bulk vapor and the
wall temperatureTy T Tw,) and extrapolating the curve back (linear fit) to a latent heat of
zero. At this point, it was assumed that there would be sensible cooling only-and
was equal to thel,-Tw at the zero latent heat flux condition. They claimed good
agreement with the empirical model of Oretaal. (1968 for condensation numbégEq.
(2.26)) as a function of Reynolds number developed for a single component fluid,
although it is difficult to discern how well the model predicts the trends from the

information presented.
o 13
& nf 0O
N =a e 8 (2.29)
con con 3,_L2 e

In their study, the calculated heat transfer coefficient is averaged over the entire
test section and the interface temperature and heaaferassumed to not change over
the length of the test section, which will not be the case if the composition of the

condensate or vapor changes significantly.

The high mass flux vapor and liquid heat transfer coefficients were calculated

from EQs.(2.27) and(2.28), respectively .
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Nl,i = b, @}“ X‘) Nfl'r X, (2.26)

The compositions at the interface were determined from the calculated interface
temperature and the vapor/liquid equilibrium data for the mixture, whiledhdensing
fluxes could be determined from the measured composition and flow rates. The vapor
mass transfer coefficient was found to increase with an increase in vapor Reynolds
number, while the liquid mass transfer coefficient was found to decreasmmevgasing
condensation rate. For the vapor phase, they found that theh&lony analysis of
ColburnDrew (1937 agreed well with their data. In tHeuid phase, they found that
penetration theory could be used to predict the mass transfer coefficient with acceptable
agreement. Unfortunately, no information on how the uncertainty of the experimental

measurements affected the calculated heat and raas$etr coefficients was provided.

Hashimoto and YanagiL996 considered a vécal tubein-tube condenser (ID =
25 mm,L = 3.0 m) with the vapor and liquid in a-flow downward orientation.
Zeotropic mixtures of methanol/ethanol, ethanol/water and ethanol/benzene with mass
fractions of the volatile component varying from 0 to 1 and mass fluxes from 22 to 69 kg
m?2s?! wereconsidered. The saturation pressure ranged from 101 to 118 kPa, the average
heat flux from 37 to 119 kW 1 and the condenser outlet quality from 0.01 to 0.43.
Saturated vapor flowed from a liquid/vapor separator to the inlet of the test section,
where he temperature, pressure and composition were measured by a gas
chromatograph. Wall temperature measurements were made syheKhermocouples

embedded in the wall. The condensation heat duty was determined from an energy
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balance on the coolant and afonin heat flux was then assumed. Unlike the Oeidal.

(1970 study, the measured heat duty included the latent and seositributions. The
average liquidilm heat transfer coefficient was then calculated using @3) as

before, using an average wall temperature and thasored average heat flux. The
average interface temperature was determined by calculating the heat and mass transfer in
the vapor phase from a Colbubrew (1937 type stagnant film analysis. Thus, it is
expected that there will be a large uncertainty in the calculated valugasf it relies on

the validity of the vapor heat and mass transfer correlations used in the stagnant film
model. Finally, tle average liquid Nusselt number was defined by the calculated heat

transfer coefficient, liquid film thermal conductivity, and the test section length.

The experimental values of average Nusselt number were compared with the
calculated values from a moiifl version of an empirical formula of Fujii atkehara
(1973 developed for singleomponent fluid condensation. For the methanol/ethanol
mixture, the experimental liquilm Nusselt numbers were 0 to 20% lower than the
predictedvalues. For ethanol and water, good agreement was observed at ethanol mole
fractions greater than 0.8, which corresponded to an azeotropic region, while agreement
outside this range was poor (experimental values up to six times greater than the
predicted alues). Finally, for ethanol/benzene, the experimental values were up to 30%
higher than the predicted values. Because only the heat transfer resistance in the liquid
film was considered, a model developed for sirgginponent fluids would be expected
to provide satisfactory results even for binary mixtures. Hashimoto and Y ér2@f
speculate that dropwise condensation may occur and contribute to the higher than

predicted liquid Nusselt numbers, despite the turbulent liquid film in a tube. It is also
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possible that a large error was introduced to the experimental Nusselt nurobghttire
calculation of the interface temperature by the stagnant film model. This would also
explain the good agreement of the model in the azeotropic region of the ethanol/water
mixture, where the interface temperature should be equal to the measucedod

temperature.

Panchalet al. (1997 conducted an experiment on the condensation of an
ammonia/water mixte on the outside of the center tube (OD = 25.4 inm]1.22 m) in
a vertical tuban-tube condenser. Experiments were conducted at ammonia compositions
from 89 to 95% by mass, and saturation pressures from 911 to 942 kPa. Samples were
taken at the end of each test run and the concentration of ammoniatermsirted by
chemical titration. The condensation heat duty was determined from an energy balance
on the coolant and the overall UA was determined from (EQ2). The LMTD was
calculated from the measured coolant inlet and outlet temperatures, and the dew and
bubble point temperatures of the ammonia/water mixtures. For the reasons described
above, the use of LMTD method, particularly for complete condensatitimedighly
zeotropic ammonia/water mixture, is not physically valid. However, Paetlzlargue
that the heat transfer coefficient calculated by this method can be compared to the pure
ammonia heat transfer coefficient to gain an understanding ahp&ct of the mass
transfer resistance. Thus, from the calculated UA, the combined heat transfer resistance
in the tube wall and condensing mixture is calculated, with the coolant heat transfer
coefficient calculated from the Wilson plot method. A degradafrom 10 to 4 times at

low (10 kW m?) and high (40 kW m) heat fluxes, respectively, was observed compared
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to heat transfer coefficients of pure ammonia obtained in the same experimental facility.

The data were used to validate an analytical modallddtin the following section.

The previous studies were for binary mixtures in vertical channels where both
components were condensable and miscible in all proportions. The heat and mass transfer
behavior or mulicomponent mixtures, including those withoncondensable

components is also of interest.

The combined evaporation and condensation of ternary mixture in an adiabatic
vertical channel (ID = 25 mnl, = 0.61 m) was studied by Modin@963, with the
results reported in Krishn@d981). A liquid film consisting of a mixture of benzene and
acetone was introduced at the top of the channeVapaolr consisting of acetone, benzene
and either nitrogen or helium flowed-carrently. The inlet temperature and composition
of the vapor and liquid streams were measured at the inlet and outlet of the test section
and the corresponding evaporation anohdensation rates of each species were
deter mined. Numerous test cases were run a
PO 155 kPa), and ga$® D, 6w0)at Eor ( Mp8O0Oc@sR
that acetone condensed while benzeneenaded. Because the column was operated
adiabatically, there was no heat transfer coefficient information obtained, however the
detailed mass transfer data have been used by many researchers to validate multi
component condensation moddlBurno et al, 1986 Braun and Renz, 19%6 as

discussed below.

A multi-component mixture experiment specifically focused emdensation was

conducted by Webb and Sarde€Ed81) . Ternary mixtures of water, isopropyl alcohol
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and either RL2 or nitrogen as the neamondensable component were considered.
Experments were conducted in a vertical test section (ID = 23 lomn]l m) surrounded

by a cooling water jacket. Vapor and condensate flowed downwaadircently. The

mixture was partially condensed, where the condensable components were fully
condensed aftehe test section and circulated with a pump, while thecomaensable
component was separated and circulated with a blower. The temperature, composition
and flow rate of the vapor and condensate were each measured at the condenser inlet and
outlet. Embeddd thermocouples in the tube wall measured temperature along the test
section. Experiments were conducted at a constant pressure of 100 kPa, with molar
compositions of the condensable components ranging from 10 to 60% and vapor
Reynolds numbers ranging f6,000 to 20,000 at the inlet. The heat duty calculated for
the coolant and the gas/ @8&pard4mk¥W)umredwépende
in good agreement with one another. No attempt was made to define a heat transfer
coefficient; mther, the measured heat duties and change in vapor and liquid compositions
were used to validate an analytical mglbimponent condensation heat and mass transfer
model.

2.4.3 Mixture Condensation in Horizontal Tubes
Many of the experimental studies ono#epic mixture condensation in horizontal

smooth and enhanced tubes have been driven by the needs of the HVAC&R industry.
Thus, most of the reviewed studies investigate condensation of mixtures of synthetic
(HFC, HCFC, CFC) and/or natural refrigerants dlocarbons, Cg&. A summary of

experimental mixture condensation studies in horizontal tubes is presented in Table 2.4.

Compared to vertical channels, horizontal tubgestigations typicallyinvestigate
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smaller diameter tube®(< 25 mm) and higher magsix conditions. While gravitational
forcesaresignificant in driving thealling-film condensate flow in vertical channels, the
higher mass flux horizontdlows aredependent on pressure driven floadditionally,
except at very low qualities, annulaowl (thin liquid film distributed circumferentially)

dominates the vertical geometry.
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Table 2.3: Summary ofexperimental studies of condensationin vertical tubes

Study Geometry Fluid (% mass) (kg n(13'2 s?) P (kPa) Tglide (K) Calcjlation
van Es and Heertjg4956 Vertical Tube | Benzene/Toluene 0.05t01.3 ~100 5.41t06.2 -
Counterflow | 43/57
ID =88 mm 72/28
Modine (1963 Vertical Tube | Benzene/Acetone/H - 120 to 160 - -
Co-flow Benzene/Acetone/He
ID =25 mm
Ondaet al. (1970 Vertical Tube | Methanol/Water 3to 6 ~100 0to 13 Measured
Countefflow 0/100A 100/0 (Tw,0)
ID =21 mm Measured Tb)
Webb and Sardes€i981) Vertical Tube | Water/ GHgO /N. - 100 - -
Co-flow Water/GHgO/R-12
ID =23 mm
Hashimoto and Yanagi Vertical tube | Methanol/Ethanol 22 to 69 100to 120| Oto 1.6 Measured
(1996 Co-flow Ethanol/Water Oto11.2 (Tw,0)
ID =25 mm Ethanol/Benzene 0to5.4 Calculated
0/100A 100/0 (Ti)
Panchakt al. (1997 Vertical Tube | Ammonia/Water - 900 67 to 82 UA-LMTD
External 89/11, 95/5 method

OD =25.4 mm




As discussed above, as the refrigerant condenses in horizontal tubes, transitions from
annular to stratified to intermittent/slug flow are obser{/Bdviss and Rohsenow, 1973
Taitel and Dukler, 1976Tandonet al, 1982 Coleman and Garimella, 19992003.

These flow regimesignificantly change the heat and mass transfer processes and must

be modeled using appropriate mechanistic idealizations.

Based on promising results from a computer simulation model of a -vapor
compression refrigeration system using a zeotropic mixtuR I and R114 (Launay,
1981, Stoecker and McCarth{t984 conducted an experimental study of zeotropic heat
pump performance. The experimental facility consisted of a complete heat pump powered
by an open drive reciprocating compressor. Heas$ rejected from the system through
counterflow, wateicoupled low and high temperature teibgube horizontal condensers
(ID = 25.4 mm), each with three passks=(3.12 m). Water and refrigerant temperature
and pressure were measured at the inlet aritetoof each condenser pass. At the
midsection of each pass, the tube wall and vapor core measurements were obtained from
thermocouples attached to the outer wall of the test section and from thermocouples
positioned in the center of the condensing mixtilow. Experiments were run with mass
concentrations of R14 ranging from 10 to 70% at varying mass fluxes to obtain a
constant cooling load (45 & < 50 kg n¥ st) and a mixture inlet temperature of 34.2°C.
Superheated vapor entered the high temperatandenser and the mixture left the low
temperature condenser subcooled. Although an oil separator was installed, there was
probably some fraction of lubricant that entered the condenser. The condensation heat
duty was determined from an energy balancéhenwater side. The local heat flux at the

center of each condenser pass was defined from theapassge heat flux, measured
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bulk refrigerant temperaturd(), bulk water temperaturel{y), and the LMTD of the

pass as shown in E(R.29).

" q (Tr,b - Tc,b)
q “ ot (2.27)

The local heat transfer coefficient was then calculated usin{PE2Q), where the
bulk and wall temperatures were both measugadntities. The uncertainties in the

calculated heat duty and heat transfer coefficient were not reported.

The average measured heat transfer coefficients ranged from 0.8 to 2.8 KW m

1. The variation in heat transfer coefficient with average passtyuwedis not reported.

They found that as the concentration ofLR} increased, the average heat transfer
coefficient decreased, reaching a minimum at arour@0B@ mass concentration of R

114. The steepest degradation was observed as-iid Roncentratiomcreased from 0

to 30%. These results imply that the mass transfer resistance in the zeotropic mixture
degrades heat transfer worse than would be expected from a simple linear weighted
average of the pure-R2 and R114 heat transfer coefficients. Thube expected
increased efficiency of the zeotropic heat pump system was less than that predicted by the

computer model by approximately 6%.

Stoecker and Kornot§1985 continued the tady of R114/R12 mixtures by
developing a test facility for visual observation of the condensing flows in a horizontal
glass tubén-tube condenser, divided into 12 sections (ID = 12.7 y&jion= 1.5 m).
Experiments were conducted at mass conceotrsitof R114 from 0 to 100%, at a

nominal mass flux of 180 kg As*! and an average heat flux between 4.22 and 4.5 kW m
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2, They replaced the compressor with a positive displacement pump, eliminating any
potential for contaminatiohy the lubricant. Theylmsserved flow regime transitions from
annular to stratified and slug flow as the mixture condensed, with no discernible variation
in the locations of the transitions between flow regimes with varying mixture
composition. DeGrush and Stoeck@987 further advanced the study by measuring
local heat transfer coefficients over the length of a horizontal, copperintdbee
condenser (ID = 12.7 mnh, = 19.8 m) while observing twphase flow p#erns in the

same transparent condenser that was used by Stoecker and K@888a Their goal

was to correlate the observed flow regimes in the transparent section with theesheasur
heat transfer coefficients in the copper test section. The tube was instrumented in 8
locations (4 circumferential wall thermocouples and one vapor core thermocdinae).

goal was to correlate the observed flow regimes in the transparent sectiothevith
measured heat transfer coefficients in the copper test sectolensation heat duty and
local heat transfer coefficient were determined using the same method as used by
Stoecker and McCarthy1984). They reported heat transfer coefficients for each
experimental condition as a function of condenser position, although not explicitly as a
function of thermodynamic mass quality. They found an enhancement in heat transfer
coefficient with increasing fraction of-R14 close to the condenser inlet (highalify,
annular flow, as observed in the transparent condenser), with a maximum at a 50/50
mixture of R114/R12. In the stratified and sleiippw regimes, they found a strong
degradation in heat transfer coefficient at concentrations ifARbetween 50 and0%.

Eight condensation heat transfer correlations developed for single component fluids were
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evaluated, with a correlation by Tandenhal. (1985h found to predict the data the best

(97% of data within £20%).

Tandon (1983 investigated the condensation of-2R/R-12 mixtures in a
horizontal tube, with the results summarized in Tandbral. (1986. The test section
consisted of a waterooled tuben-tube condenser divided into three sections (ID = 10
mm, Lsection= 1 m). @ndensation experiments were conducted at concentrations of 25, 50
and 75% by mass of-R2, at mass fluxes ranging from 170 to 530 kg #t and
condensation temperatures ranging from 21 to 39°C. An average heat transfer coefficient
for each condenser gam was obtained from Eq2.20), using the measured average
heat flux (coolant energy balance), mean twad temperature, and refrigerant bulk
temperatureThe calculated heat transfer coefficients varied from 1.4 kK¥\Krhto over
3.0 kW m? K1, They observed that the average heat transfer coefficient was in general
lower than the heat transfer coefficient for pur@ Rand higher than that for-R2 at a
given mass flux. Howeveat low mass flux (< 200 kg ¥s?), the 50/50 mixture average
heat transfer coefficient was slightly higher than that #&2Rwhile at high mass flux (>
500 kg n?s?), the 75/25 mixture heat transfer coefficient was sligltiyer than the R
12 heat transfer coefficient. The change in heat transfer coefficient was not found to be
proportional to the change in-B concentration from 25 to 75%. Thus, the complex
relationship of composition on heat transfer behavior was censigiith that observed
by Stoecker and coworkerd984, 1987 for R-114/R12, a mixture with a higher
temperature glide. It was concluded that definite trends could not be extracted from the

average heat transfer data that they were able to obtain.
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Doerret al(1994 contributed additional work on synthetic refrigerant mixtures,
investigating the condensation of binary mixtures eflZ%/R32, R134a/R32 and
ternary mixtures of RB2/R125/R134a and RL25/R143a/R134a at various
compositions as potential replacements fe2ZR The tests were conducted in horizontal
copper tubes with OD = 3/ 8=36hm Masaflukes t hi c k
ranged fom 125 to 375 kg rAis! and the average of the dew and bubble point
temperatures was between 30 and 40°C. The average heat transfer coefficient was
determined from the UAMTD method (Eq.(2.22)), where the wateside heat transfer
coefficient was determined from the Wilson plot method and the heat duty was calculated
from a waterside energy balance. Inlet and outlet temperatures of the refrigerant and
water were measured with RTD probes with a reported accuracy of +0.05 K. They
reported a maximum uncertainty in heat transfer coefficient of +8.3%; however, the
errors introduced by the use of the LMTD concept were not addressed and may
contribute significantlyto the mixtures with higher temperature glides. All of the
mixtures had a lower average heat transfer coefficient tha® Rhen compared on an

equal thermal capacity rate (equal(,) basis. At higher reduced pressures, the heat

trarsfer coefficient was lower for all mixtures, as expected. Interestingly, the difference
between the heat transfer coefficient of pur@ZRand the zeotropic mixtures was

observed to decrease at higher reduced pressures.

Several studies by Shao and GranrgfP98 2000h a) invesigated the
condensation heat transfer and {pltase flow patterns of zeotropic refrigerant mixtures
in horizontal tubes. They first conducted a detailed investigai898 on the

condensation heat transfer and pressure drop of zeotropic mixture82RR34a and
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compared the resultsvith the predictions ofseveral existing correlations. The
experimental facility consisted of wateoupled heat pump with compressor and oll
separator. The condenser was a timbtibe heat exchanger divided into 10 segments (ID

= 6 mm, Lsegment= 1 M), with the water and refrigerant temperature measured at each
segment inlet and outlet with an estimated accuracy of £ DX. Glass sight tes (ID

=6 mm,L = 0.1 m) at the outlet of each test section allowed for visualization of the local
flow regime. Experiments were conducted with pur82R R134a, and three different
mixtures (26.5, 55 and 74.5% by mass e8F at nominal mass fluxesnging from 138

to 370 kg m? st. The temperature glide varied from approximately 3 to 6°C. The average
heat transfer coefficient for each test section was calculated usir(@.Hg, where the
average heat flux was calculated from the heat transfer area and an energy balance on the
coolant. The average inner wall temperature was calculated by considering the measured
average heat flux, measured coolant terajpee and the calculated thermal resistance of
the coolant (from a DittuBoelter type equationwhich was assigned an optimistic
uncertainty oft5%) and the tube wall itself. The average mixture bulk temperature was
assumed to be equal to the averagelibguim temperature in the test section, calculated
using REFPROP and the measured pressure, composition and enthalpy balance from the
previous condenser segment. A propagation of errors showed an uncertainty generally
between 10 and 15%. It is importdatnote that the equilibrium temperature is used for
convenience, rather than the actual bulk vapor temperature. This study is tre of
earlier studies to plot heat transfer coefficient as a function of average test section mass
quality. For all fluids mvestigated, the heat transfer coefficient was highest at high

gualities, and decreased with increasing liquid fraction. The heat transfer coefficient of
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pure R32 is higher than that of-R34a at all qualities and mass fluxes. Consistent with
the observabns of Stoecker and coworkef4984 1985, they observed a smaller
degradation in measured heat transfer coefficient compared to an interpolated heat
transfer coefficient of the pure fluids (weighted by composition) in turbulent annular flow
compared to the stratified wavy flows. The highest deviation from the interpolated values
was observed for mixtures with ~30%32. Shao and @nryd (1998 also compared

mean heat transfer coefficients over the entire condengérthe minimum heat transfer
coefficient for varying mass flux and average temperature occurring at ~36%2 R
composition, with a degradation from the interpolated value of ~20% 090 kg n?

stand ~16% foiG = 300 kg n?s?.

Shao andGranryd(2000h a) later extended their study to examine flow patterns
and pressure drop for condensing pure fluids and azeotropic and zeotropic mixtures. The
same experimental facility and mixtures oBR/R-134a as before were used, as well as
the neatazeotropic mixture®f R-404A and R407C. Tests were conducted at mass
fluxes ranging from 150 to 400 kgfs® and an average saturation temperature of 30°C.
The flow was observed in glass sight tubes between condensing sections. They observed
three flow patterns (annulanavy, slug), reporting difficulty in distinguishing between
semtannular and wavy flow. Qualitative agreement with the Taretosl. (1982 flow
map was reportetbr the neafazeotropic and zeotropic mixtures. The frictional pressure
drop in each condensing section was calculated by accounting for the deceleration
pressure gain, using the separated flow model and the §ifith) correlation for void

fraction. A new empirical correlation fohe twephase multiplier as function of the
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Martinelli parameter was proposed and found to predict the data well (within +15%) for

pure fluids and azeotropic, neazeotropic and zeotropic mixtures.

As in many of the previous studies, Sreit al. (2002 conducted a study of
condensation of HCFC refrigerant mixturesZRR-142b) in a vapor compression heat
pump system. The system was powered by a 10 kW reciprocating compressor with an oll
separator. Only experimental runs with oil mass fractions less than 0.01 percent were
used in the study. The test section consisted of ther itube (ID = 8.11 mm) of a tube
in-tube condenser divided into eight sectiohs=( 1.6 m). A sight glass installed in
between each test section allowed for visualization of the local flow pattern. Water and
refrigerant temperature were measured at thet and outlet of each test section using
calibrated RTDs (accuracy +0.1°C). The refrigerant pressure drop was also measured for
each condenser test section (accuracy £0.05% of reading). The heat duty of each test
section was calculated from a watete eergy balance, the average heat transfer
coefficient from the UALMTD method, and the wataide annulus heat transfer
coefficient was found using a modified Wilson plot method. They reported an average
quality change of 10% across each test section; tiwesLMTD method may offer
acceptable accuracy because the change in effective specific heat of the refrigerant

mixture is small.

Experiments were conducted with mass fractions-@2Rrom 50 to 100 percent
in 10% increments at a nominal pressure of R#&. The mass flux was varied from 40
to 800 kg nf s, while the temperature glide for the mixture varied from 2.5 (9622R
to 6.5 K (50% R22). The average heat transfer coefficient of each section was reported

and ranged from 0.5 to more than 5 kW iK1, Uncertainties in the calculated heat
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transfer ranged from a minimum of +4% to a maximum of £20% at the lowest heat flux.
They found that the heat transfer coefficient of pu22Rvas greater than that of any of

the mixtures for all conditions. Igeneral, it was found that heat transfer coefficients
were degraded more for the mixtures at lower mass flux corresponding to strasifigd

flow, than the mixtures at high mass flux, corresponding to annular flow. The average
reduction in heat transfeoefficient for a 50/50 R2/R-142b mixture was 25% when
compared to pureR2 in the stratifiedvavy flow regime, while the average degradation
was only 7% in the annular flow regime (quality > 0.7). This is similar to the
observations of Stoecker and carkers(1984 1985 and Shao anranryd(1998. At

lower mass fluxes, the heat and mass transfer coefficients in the vapor phase are expected
to be low, which may explain the observed results. Wafately, data for heat transfer
coefficient of pure RL42b, which would have allowed a comparison of the degradation
of the mixture heat transfer coefficient compared to an interpolated value of the two pure
componentsyere not provided. They found thie heat transfer correlation of Dobson
and Chato(1998, coupled with the correction method of SilM@947 and Bell and
Ghaly (1973 predicted the mixture heat transfer the best, with the deviations betd@en

and +20%.

Condensation of a zeotropic mixture oflR5/R236ea was studied by Cavallini
etal. (2002h The experiments were conducted in a tub&ube heat exchanger (ID = 8
mm ,L = 2 m). Experiments were conducted at mass compositionsl@bmR236ea of
30/70, 46/54 and 64/36 at pressures from 780 to 1420 kPa andlumxassfrom 400 to
750 kg m?st. The temperature of the fluid mixture was measured with thermocouples at

the inlet and outlet of the test section (accuracy +0.05°C) and the mass flow rate was
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measured using a Coriolis flow meter (accuracy +0.4% measoteriide temperature
change of the coolant was measured with a differential cappestantan thermopile
(accuracy £0.03°C). The heat duty calculated from a cosldetenergy balance had a
reported uncertainty of +4.5%. For all tests, the vapor was seged between 10 and

20 K. From the calculated heat duty, the outlet quality of the mixture was determined and
found to vary between 0.25 and 0.99. Rather than calculating an average heat transfer
coefficient, Cavalliniet al. (20028 presented the data as total heat duty versus outlet
vapor quality for the different conditions, which was primarily for validating a condenser

design model procedure, discussed in the following section.

A 50/50 mixture of propane (R90) and butane @O00) in a serpentine tube bank
was investigated by Weet al. (20069. The test condenser consisted of a watempled
serpentine tube heat exchanger. The hydrocarbon mixture made eight serpentine passes
(L = 0.46 m), with each pass consisting of three parallel tubes (ID = 2.46 mm). The flow
between the water and refrigerant was caamterflow. The outer wall temperature of
the tube carrying the mixture was measured with circumferentially distributed
themocouples at nine locations throughout the heat exchanger. The total condensation
heat duty was determined from an energy balance on the water side and it was assumed
that the heat flux was constant for the entire test section. The heat transfer cosfasien
determined from E¢2.20), where the equilibrium temperature was used for the mixture
bulk. The average quality for each tube pass was determined fragneagy balance;
however the calculation assumed that the heat flux was constant for all tubes. A
maximum uncertainty in quality of +4.2% was reported, although a detailed discussion of

the errors introduced by using this approach was absent. Experiwvegetsonducted for
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mass fluxes ranging from 205 to 510 k¢f st at a nominal heat flux of 5.2 kW fmHeat
transfer coefficients ranged from 6 to 13 kW?rK!, with a maximum reported
uncertainty of +4.9%. The data were compared with results of pupamepbutane and
R-134a. The heat transfer coefficient results for the propane/butane mixture were
approximately equal to the average of the pure components, indicating that there was not
a significant mass transfer resistance for this mixture and congmodithen comparing

the data with several correlations developed for condensation of pure fluids in horizontal
tubes, the Dobson and Chdqi®98 correlation was found to replicate the data the best,

with 100% of the data within +20%.

Local heat transfer coefficients for condensing mixtures of @ Dimethyl
Ether (DME) were measured #froz et al. (2008)in a vapor compression heat pump
with a compressor and oil separator. The refrigerant was condensed in a horizontal tube
(ID = 4.35 mm), which was divided into 12 sectiohs=(0.3 m). The temperatures of the
coolant and refrigerarwere measured at the inlet and outlet of each test section with a
reported accuracy of £0.05 K. At the center of each test section, the outer wall
temperature of the refrigerant tube was measured with four circumferentially distributed
thermocouples. Théeat duty of each section was determined from a coolant energy
balance and the inner wall temperature was calculated from the measured outer wall
temperature and the thermal resistance of the tube wall. Finally, the heat transfer
coefficient was calculatefrom the average heat flux, the inner wall temperature, and the
equilibrium temperature of the mixture at the test section inlet. The vapor/liquid
equilibrium properties were determined from the BenédiebbRubin equation of state

as shown in Miyara ahAfroz (1977).
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Experiments were conducted at a saturation temperature of 40°C, mass fluxes
ranging from 200 to 500 kg fs?, and CQ concentrations from 0 to 39%. The heat
transfer coefficients of the mixtures were lower than thos@ure DME, with heat
transfer decreasing with increasing £f€ction. This was attributed to the mass transfer
resistance and the lower thermal conductivity of the mixture. Unlike many of the
previous studies, the largest degradation was observecttio achigh qualities, which
presumably correspond to the annular flow regime. Aétoal. (2008 contend that mass
transfer resistance for this mixture is lower at higher quality, where the vapor phase mass

and heat transfer coefficients would be higher, leadingth®® observed results.
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Table 2.4: Summary ofexperimental studies of condensationin horizontal smooth and enhancedtubes

- G Tsat,avg a
[0) R
Study Geometry Fluid (% mass) (kg m? s P (kPa) °C) Tgide (K) Calculation
Stoecker and McCarthy Horizontal R-12/R-114 45 to 50 380 to 705 32 3.2t08.7 UA-LMTD
(1984 Tube 30/70A 90/10 method
ID =25.4 mm | *lubricant present
Tandonet al. (1986 Horizontal R-12/R-22 170to 530 | 700 to 1400 - 0.41t02.6 Measured
Tube (Tw,0)
ID=10 mm Measured Tb)
DeGrush and Stoeckét987 | Horizontal R-12/R-114 180 280 to 890 - 0to 8.7 UA-LMTD
Tube 0/100A 100/0 method
ID=12.7 mm
Doerret al(1994 Horizontal R-125/R32 (40/60) 125 to 375 - 30to 40 | 0.22t0 4.5 UA-LMTD
Tube R-134a/R32 method
OD = 3/ |(90/10, 75/25)
R-32/R-125/R134a
(30/10/60)
R-404a
Shao and Granry( 998 Horizontal R-32/R-134a 138t0 370 | 77t01,800| 23to40 3to6 Measured
Tube 26.5/33.5A 74.5/25.5 (Tw,0)
ID=6 mm *lubricant present Equilibrium
(To)
Cavalliniet al. (20028 Horizontal R-125/R236ea 400 to 750 | 780 to 1420 - 3.71t0 12.6 -
Tube 30/70, 46/54, 64/36
Smitet al.(2002 Horizontal R-22/R-142b 40 to800 2,430 40 to 58 0to 4.6 UA-LMTD
Tube 50/50A 100/0 method
ID=8.11 mm | *lubricant in system
Wenet al.(2006. Horizontal Propane/Butane 205 to 510 718 40* 13 Measured
Serpentine 50/50 (assumed (Tw,0)
Tube nominal) Equilibrium
ID = 2.46 mm (Th)
Afroz et al.(2008) Horizontal CO2/Dimethyl Eher 200 to 500 | 885 to 2,130 40 0to 32.6 Measured
Tube 0/100A 39/61 (Tw,0)
ID =4.35 mm | *lubricant in system Equilibrium

(Tb)




Table 2.4: Summary ofexperimental studies of condensationin horizontal smooth and enhancedtubes- cont.

99

- G Tsat,avg a
[0) R
Study Geometry Fluid (% mass) (kg m? s P (kPa) °C) Tgide (K) Calculation
Koyamaet al.(1990 Horizontal R-22/R-114 130to 360 | 290to 1,500, 35 to 60 0to 8.5 Measured
spiral groove 0/100A 100/0 (Tw,0)
tube *lubricant in system Equilibrium
IDnominal = (Tb)
8.32 mm
Samiet al.(200Q 2000 Horizontal R-407C, R507, R 140 to 700 1,400 to 3510 80 0to5.5 UA-LMTD
microfinned 408a, R410a 2,300 method
tube *lubricant in system
IDroot = 8.7
mm
Smit and Meye(2002 Horizontal R-22/R-142b 40 to 800 2,430 40 to 58 0to 4.6 UA-LMTD
microfinned 50/50A 100/0 method
tube *lubricant in system
IDroot =8.92
mm




2.5 Modeling Mixture Condensation Heat Transfer
Many different approaches have been taken to model the heat transfer of condensing

mixtures for equipment design. The models can be used to determine the required
condenser area to satisfygiven heat duty and to provide estimates of the composition of
the vapor and condensate at the condenser outlet. This section reviews madals tha
into four categories: 1Models based on theonservation equation®) Norrequilibrium

models based ofiim theory, 3) Equilibrium modelsand4) Empirical models. Many of

the models reviewed here have been validated with data from the experimental studies
described above.

2.5.1 Conservation Equation Models
There have been some attempts to model the osatlen of mixtures by directly

considering the coupled continuity, momentum, energy and species conservation
equations. Sets of equations for the vapor and liquid phase are developed separately, and
linked at the interface through continuity of flux, emerand vapor/liquid equilibrium.

While theoretically rigorous, coupled ndinear equations are difficult to solve and use

for design.

van Es and Heertjefl956 and $arrow and Marschalf1969 considered the
conservation equations for condensation on a vertical surface. van Es and KE@5tes
consider condensation inside a vertical channel with vapor and liquid in counter flow,
while the Sparrow and Marschdll969 model was developed for coemkation on an
isothermal flat plate in an extensive environment. In both studies, the condensate film is
assumed to remain laminar and the results of the Nud€6 solution are used to

model the flow and heat transfer.
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van Es and Heertjgd956 then developed a set of equations with the following
assumptions: 1) condensation occurs as a film, 2) the liquid is completely miscible, 3)
liquid flow is laminar, 4) vapoand liquid phase are in equilibrium at the interface, 5) the
total molar concentration in each phase is constant, 6) the molar specific heat is constant,
7) properties in the film and vaporeaconstant, an8) steady state. The total material
balance, dveloped in cylindrical coordinates with molar units is expressed i(2E3).
The species conservation equation for the more volatile component is gizgn(#131)

and an expression for conservation of energy is given i2E39).

M(Cv), 1 KrCy)

9 (2.29)
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They do not consider conservation of momentum, rather assuming that the molar
fluxes in ther andz direction are known (from the bulk mass flow rate anademsation
rate). Even for laminar flow, they state that no solution had been found at the time,
although they recognize that the solution to the energy and species conservation equation
will be the same if the Lewis numbe&a /(D ) is equal to one. They then extended the
analysis to a situation with a turbulent vapor core. They assume that outside of a thin film
near the condensate, no radial temperature concentration gradients exist and the

developed equations can be applied to a thatous flow layer, where the relative
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thickness of the diffusion and thermal layers are related as a functiogt’dfFinally,
assuming the condensate layer is thin relative to the tube radiug2E§s.and (2.30)

can be simplified using boundary layer assumptions (neglecting temperature and
concentration gradients in thedirection). The equations can then be integrated between
0 and some distanae with the appropriate boundary conditions at the interface and
vapor bulk. The results are identical to those originally given by Colburn and Drew
(1937, detailed in the next section. With further rearrangement and some additional
assumptions, they arrive at an equation for the average tempeatdterence between

the vapor bulk and the wall. Their experimental results showed qualitative agreement
with their expression; however, more detailed experiments would be necessary to

guantitatively validate it.

Sparrow and Marschall1969 developed a similar analysis for gravity driven
condensation of a binary mixture on a isothermal plate and were able to obtain solutions
through an iterative analysis. For the liquid film, the Nusd&li§ solution is assumed.
They assumed that the Nusg@®16 solution could be applied to the liquid film, that the
extensive vapor ambient was saturated, the liquid film remains well mixed, and that
property variations within the film can be neglected. thar vapor boundary layer, they
use the same boundary layer equations as van Es and HEE56s recast in Cartesian
coordinates. Additionally, they introduce the mentum conservation equation including
a free convection term that models buoyancy driven flow of the vapor. The boundary
layer equations were transformed with a similarity variable and the Schmidt, Prandtl, and
other dimensionless terms were evaluatedoae reference temperature and pressure.

The boundary conditions at the vaiguid interface are species concentrations specified
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by vapor liquid equilibrium ( #(Ti)), conservation of mass and conservation of tangential
velocity (neslip assumed). Anterative solution to the problem is obtained using
successive guesses of the interface temperature. They applied their solution to the case of
methanol/water condensation with the difference between wall temperature and bulk
vapor from 35 to a few degre&s As the temperature difference increased (increased
condensation rate), the buoyancy driven flow could effectively be neglected, simplifying
the solution. The temperature difference for when this simplification was valid was
shown to be a combination dhe physical properties of the condensing species.
Additionally, as the condensation rate increased, they found an increase in the
concentration of the less volatile component (methanol) in the condensate, approaching
that of the bulk vapor. With increagircondensation rate, they found a buildup of the
more volatile component (methanol) at the interface, resulting in backflow of the more

volatile component to the bulk and the less volatile (water) to the interface.

Tamir (1973 models a problem identical to that of Sparrow and Mars¢hag9
with the approximate integral method, using the profiles d@esl by Ros€1969. As
before, he found that buoyancy forces could be neglected at high condensation rates and
the problem reduced to one dimension. Evaluating physicglepiies using the same
techniques as Sparrow and Marschall, he obtains the condensation heat flux with iterative
guesses of the interface temperature. For the case of a methanol/water mixture, he
showed that the difference between the exact and integtdalo;m method was around

10%, sufficient for use in design.

Kotake (1978 modeled the condensation of -corrent and countesurrent

vapor/condensate in a vertical channel of varying cross sectional area using an
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approximate integral analysis in the vapor core and the Nussek! in the liquid film.

The liquid film was driven by gravity and either assisted or retarded by the vapor shear,
depending on flow orientation. In the vapor, the-danensional continuity, momentum,
species and energy boundary layer equations wereduted. The vapor mixture was
assumed to have a fully developed velocity profile and uniform temperature profile (at
the saturation temperature) at the condenser inlet, and the wall was assumed to be
maintained at a constant temperature. The liquid andrvapre coupled through the
equality of velocity, heat flux and species conservation and vapor/liquid equilibrium at
the interface. The coupled set of ODEs was solved by a finite difference method stepwise

in the flow direction.

The model was applied tové different fluid mixtures and 3 channels cross
section types (diffuser, nozzle, fixed); however, no comparisons with experiments were
reported. Kotakg1978 found that the condensation rate and corresponding heat flux
decreased rapidly in the developing region as the comtemtiboundary layer grew and
the lessvolatile component was depleted. After the minimum in condensation rate near
the end of the developing region, transfer of the more volatile component towards the
bulk and the less volatile component towards the fater results in an increase in
condensation rate and heat flux. The film thickness was found to vary in the direction of
gravity to the power of 0.15 to 0.3, depending on the channel, mixture and flow

orientation.

Kim (1998 conducted a theoretical study of binary zeotropic mixtures with
turbulent film condensation in horizontal tubes through an integral formulation of the

continuity, momentum, energy and species equations in the liquid and vapor phase. The
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model assumed anlam flow, constant liquid and vapor properties, thermodynamic
equilibrium at the interface, turbulent flow in the vapor core and liquid film, and fully
developed velocity, temperature and concentration profiles. Turbulent profiles of
velocity, temperatur@and concentration in the liquid film were based on the 1/7 power
law and the boundary conditions, while uniform plug distributions of velocity,
temperature, and concentration profile were assumed in the vapor core. The interfacial
friction factor and sheastress was modeled from a correlation in W&lli869, while

the friction factor at the wall was obtained from the Blagii®l3 correlation. The heat

and mass flux at the interface were equated; where the diffusion masertefficient

in the vapor was obtained from the heat and mass transfer analogy, while in the liquid
film, it was determined as a function of a mass transfer enhancement factor, liquid film
density, diffusivity, and film thickness. A total of 11 equascand 11 unknowns were
solved by an explicit finite difference method, with discretization of the equations using
the firstorder forwardtime and backward spaseheme results. Kim applied the solution

to the experimental results from a study by Koyaatnal. (1994 of R-22/R-114 in anID

= 7.9 mm tube with mass fluxes from ranging 170 to 283 Kgst The experimental

and predicted heat transfer coefficients were in good agreement. It was observed that
there was a very small temperature difference between the vapor bulk and the interface,
attributed to a high mass transfer coefficient in the vapae.cbne total condensation

flux was found to be nearly constant along the condenser length, although the
composition of the condensing flux varied. Other trends were as expected, including
increased heat transfer with higher mass flux and reduced hedértrantow qualities

(high liquid fraction).
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The previous studies were developed with binary mixtures in mind. Braun and
Renz(1996 analyzed the coupled heat and mass transfer of a-contponent miture
in a vertical channel with the two phases flowingcoorently. Sets of conservation
equations were developed for the liquid and vapor; however, secondary effects (thermal
diffusion, radiation, surface tension, etc.) were not considered. The vaporwiés
assumed to be turbulent. The turbulent Prandtl and Schmidt numbers were assumed to be
0.9, and the turbulent viscosity was obtained from té kmo d e | of Jones a
(1972. The diffusive mass flux (Eq2.33)) was modeled as a combination of molecular
and turbulent diffusion using the general:]
concentration gradnt (diagonal terms) and diffusion due to interaction with other
species. The multomponent diffusion coefficien{®jj andDjx) were derived from the

StefanMaxwell equationss shown irkKrishna and Standa1979.

i = D, % & D, l]p -S’i—y;“ (2:31)
N ol t=1] G H

- ———
diagonal term turbulent diffusion

cross terms

molecular diffusion

They assumed that the condensate film was well mixed, laminar and could be
described by Nusseltds theory. A computer
eqguations for mulicomponent mixtures through a finitifference method. The results
were vdidated with several experimental data sets. Agreement within experimental
uncertainty for species mass transfer rates with the data of M(k#68 was reported.

Good agreement was also observed withctirelensation rate of isopropyl alcoholtime
experiments of Webb and Sarded#181), while the rates for condensation of water were

15-25% too low, potentially due to inlet effects in the experimental systamvalidated
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model was then used to conduct numerical experiments near the point of osmotic
diffusion, where the concentration profile of a particular species is at a local minimum. It
was found that at higher Reynolds number, the osmotic diffusiort pbifts from the
viscous sub layer into the buffer layer.

2.5.2 Non-Equilibrium Models for Binary Mixtures
Use of the norequilibrium film theory model has proven to be more practical for the

design of condensers for mixtures than solution of the cortsarvaguations. The term
nonrequilibrium refers to the fact that the composition and temperature at the vapor/liquid
interface, where local equilibrium is assumed, is different from the bulk vapor and liquid
composition and temperature. The methodology firas established by Colburn and
Drew (1937 and then reframed by Price and B@l974 in a manner more appropriate

for equipment dsign. The major assumptions in the method developed by Colburn and
Drew are 1) film condensation, 2) condensate is miscible in all proportions, 3)
vapor/liquid equilibrium occurs at the interface at system pressure and interface
temperature, 4) the heatcdhmass transfer resistances in the vapor are confined to a thin
film | ayer of thickness U, 5) uniform temper a
of the thin film, and 6) all heat and mass transfer is in the direction perpendicular to the
liquid film (neglect axial transport). A schematic that represents the modeled system was
shown previously in Figure 1.6. While originally developed for binary mixtures, the
model can be extended to mutbmponent mixtures with some effort. A summary of

non-equilibrium models for binary and mutiomponent mixtures is shown in Table 2.5.

Colburn and Drew(1937 proposed that the molar flux of the more volatile

component to the interface could be described by(E84), where d@ is defined
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fractional distance through the film ang is defined as the loilux convective mass

transfer coefficient.

. N dy;
N =(N )y Ayt (2.32)
dh
By defining a variablez as the ratio between the condensing flux of the more
volatile component and the total condensing flux, ®2) can be integratkacross the
film thickness with the interface and bulk compositions as boundary conditions, resulting

in an expression for total condensing flux (E8.35)). From a mass balance at the

interface, a similar expression for mass transfer in the liquid phase can be derived.

o : az- vy
(N, +N,) =N, b\,ln% (2.33

cZ™ Y

As was shown in Figures 1.6 and 1.7 in the previous chapter, the total heat flux
rejected to the coolant is a sum of the sensible heat from the vapor, the latent heat from
the condensing species, and any sensible cooling of the liquid film. Colburn awd Dre
(1937 consider only the latent heat and sensible cooling of the vapor, neglecting the
condensate sensible cooling. The latent heat flux is caldulsiag Eq(2.36), where the
enthalpy of vaporization of each species was evaluatég ahd any heat of mixing was

neglected.

q=N 0ho N1 DN, (2.34)
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The sensible heat flux from the vapor is shown in(E®7) wherea, is the zere

flux convective heat transfer coefficiantthe vapor phase. As before, the expression can
be integrated across the film thickness with the appropriate boundary conditions, with the

results shown in Eq2.38).
R dT
G =(N @ N GHT T Ay (239

. (Nlc.bp,l 'Nz ~Cpg(-l-v T)'
e N cp N ey " Ve @)
NN

ay

Eq. (2.36) is used to calculate the sensible heat conducted across the film and the
sensible heat required for cooling the condensing flux from the bulk to the interface
temperature. The terma/(1-exp(a)) appearing in E(2.36) is identical to the Ackerman

(1937 correction fator developed for heat transfer with a rm@ro mass flux. The

variable a,, is the zeremass flux heat transfer coefficient, calculated assuming no mass

transfer. Finally, the heat flux at that interface can be set equal to thd beetaransfer

coefficient from the interface to the coolab¥)(as shown in E¢2.39).

Ul(Tl'T:) :q %v

2.3
U =f(a. a.R) (237

The set of equations developed above requires knowledge of the individual zero

mass flux heat transfer coefficients for the vafamy), condensate film4, ) and coolant
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(a.), the thermal resistance of the tube wall, and ther@ss flux convective mass
transfer coefficients in the liquidy ) and vapor 6, ) phase. The equations can then be

solved simultaneously to find the interface temperature, composition of the liquid and
vapor at the interface, and the ratio of the volatile component condensing flux to khe tota
condensate fluxzj. Colburn and Drew state that it is a reasonable assumption that the

condensate film is perfectly mixed, that & = D & A X . This eliminates one

equation and one unknown. They thencukdte the vapor heat and mass transfer
coefficients from the Chiltoi€Colburn(1934) relation as a function of the vapor Reynolds

number and assunté to be constant.

With the above assumptions, they considered a sample case for the condensation
of methanol/water in a vertical channel at the onset of condensation with a composition
equal to that of the condensing flux (function Bf As the temperature difference
between the saturation point and the wall increases, the ratio of the more volatile
component in the condensate increases and approaches the bulk initial concentration in
the vapor. Additionally, as the temperature difference increases, there is an increased
buildup of the more volatile component at the interface, which drives down the interface
temperature. Thus, if only the equilibrium compositions of the condensate arcbudip
are considered, serious errors can be introduced when estimating the required heat

transfer area.

Price and Bell(1979 incorporated the Colburn and Drew equations into a
computer program for condenser design. They used a-pwiseematerial and energy

balance over the length of the condenser for a vertical counterflonirtubbe heat
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exchanger (vapor and condensate ifflow). In addition to the assumptions made by

Colburn and Drew, they assumed isobaric condensation andl-anixedl condensate

(b= D). The tot al heat duty rejected to the

latent heat of condensation, sensible cooling of the condensing flux, sensible cooling of
vapor bulk, and sensible cooling dfet condensate. The vapor zéiix heat transfer
coefficient was calculated by either the Chilton and Colburn correldti®34) or
through a correlation (E¢2.40)) that attempted to capture the enhancement of the vapor
heat transfer afficient over a liquid film due to the disturbance of the boundary layer.
This correlation was developed from a relation between the heat transfer coefficient and
the frictional pressure gradient, where the -pitase frictional pressure gradient was

estimated from the MartineNelson(1948 correlation.

o

.445

eadP g / d& &
Ay = 4 3 (2.38)
i &dz f.%a @nv B

The condensate heat transfer coefficient was found from either the NuS4€jt
equation for laminar flow, or the Colbur(l934 correlation for turbulent film

condensation.

The system of equations for each segment and the energy and mass balances
between each segment were calculated in an iterisheon, where successive guesses
for Ti andz were made until convergence was achieved. They then considered two test
cases: (1) methanol/water condensation as in Colburn and @83#), (2) n-butanen-
octane condensation inside vertical tubes (ID = 21.2 mm). For the methanol/water case,

the results compared well with Colburn and Drew and they found little effect of the vapor
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two-phase enhanced heaansfer coefficient (Eq(2.38)) on composition and heat duty.
Additionally, they found little vapor mass transfer resistance, as the largest temperature
difference was between the interface and the coolant. Forltb&aneh-octane problem,

they found an increased effect of the {pluase heat transfer coefficient and an increased
importance of the vapor mass transfer resistance. Compared to the fesunlttwo
approximate equilibrium method8vard, 1960 Bell and Ghaly, 1973 they found that

their model resulted ia more conservative design (larger condenser heat transfer area).

The equilibrium methods will be described in the following section.

Vuddagiri and Eubank1998 modified the approach of Colburn amidew by
accounting for liquibhase mass transfer and by introducing a modification to the
Ackermann (1937 correction factor when calculating the vajpdrase sensible heat
transfer. The vapor heat and mass transfer and condensate heat transfer coefficients were
calculated as in Colburn and Drewe( Nusselt and Chilton and Colburn). The liquid
phase mass transfer coefficient was estimated from a dmreldeveloped by Palen
(1999 for falling-film evaporation of binary mixtures. Another difference from the
original analysis was the inclusion of a modification to the Ackermann correction factor
for calculatingnon-zero mass flux heat transfer in the vapor phase. The correction factor,
shown in Eq.(2.36), assumed an ideal mixture, that is, the mixture specific \lwaat
assumed equal to the weighted average of the individual molar specific heats. They state
that the proposed correction improves accuracy for polar molecules. Three test cases
were run with their model for methanol/water mixtures (70/30 methanol by) nmaas
vertical wetted wall column at a mass flux of 10 ki &1, P = 0.1 MPa and cooling

water temperature of 37°C. The assumed combined thermal resistance of the tube wall
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and coolant was increased from Case 1 to Case 3. When comparing the regyliseusin
ideal and nondeal correction factor, deviations near the entrance of the condenser,
where condensation rates were high, were observed. However, for most of the condenser
length, there was little deviation between the two models, which was attrifoutiee low

system pressure (which tends to mitigate-itwal fluid behavior) and the small fraction

that the sensible cooling of the vapor contributed to the total heat load. Additionally, they
compared the effect of a finite liquid mass transfer coefft by comparing it to the
perfect and namixing assumptions. For all three cases, the condensers that were designed
assuming a finite mass transfer coefficient were on average 4.7% larger than those
modeled with the perfectly mixed assumption, and Ss#8aller than those modeled with

the nemixing assumption.

Lu and Lee(1994, Cavallini et al. (20020 and Jinet al. (2003 all developed
modifications of the Colburn and Drew nequilibrium film model for the condensation
of binary zeotropic refrigerant mixtures in horizontal tubes. Lu and(1884 assumed
negligible gravitational forces, annular flow with uniform film thickness, one
dimensional vapor and condensate streams and negligible sensible cooling of the
condensate. They modeled the condenser in mesgigd fashion, with the inputs of each
segment coupled to the outputs of the previous segment from energy and species
balances. The vapor zeflox heat transfer coefficient was found from the Gnielinski
(1976 correlation for turbulent pipe flow and the vapor wux mass transfer
coefficient from the Reynolds analogy. No Ackerm#h®37) type correction to account
for nonzero mass flux was used in calculating the vapor heat sensible heat transfer. The

liquid-film heat transfer coefficient was calculated from the SH&879 correlation and
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an estimate of mass transfer in the I|iquid
the local frctional pressure gradient was calculated from the Frig®319 correlation.
A total of 13 equations and unknowns for each segment were solved iteratively for

guesses of; until convergence was achieved.

They compared the modalith the annular flow condensation data of Kornota
and Stoecke(1985 for R-114/R12 with mass fractions of -R2 from 50 to 90%. The
model inlet conditions were specified from the expemts and the local heat transfer
coefficients were calculated from the heat flux and difference in temperature between the
vapor bulk and wall. They reported an average heat transfer erréy.686 with a
maximum error of 8%, and an average pressure drap of-3.2% with a maximum
error of 33%. Additionally, they showed good agreement between the measured and

calculated refrigerant vapor bulk temperature along the condenser tube.

Cavallini et al. (20029 considered a counterflowyatercoupled tuben-tube
condenser. They used a segmented analysis and assumed that the fluid mixture at the inlet
could either be saturated or superheated. In the superheated region, the local heat transfer
coefficient was calculated using the DittusdaBoelter (Eq.(2.41)) equation until the

local temperature is at the saturated condition.

Nu, = 0.023 (&® R#H* (2.39)

They neglected sensible cooling of the condensate and assumed annular flow with
a perfectly mixed condensate. The zBux heat tansfer coefficient in the vapor core
was calculated from the Dittus and Boelter equation and thdllsvwapor mass transfer

coefficient was calculated using Eg-42). The liquid film heat transfer coefficient was
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found from the correlation of Cavallini and Zeccli®74). Finally, pressure drop across
each segment wadetermined using the Fried@l979 correlation and the coolant heat

transfer coefficient was found through measurements.

Sh, = 0.023(RE® P (2.40)

They combined these equations into a model with unknowns of interface
temperature and total condensing flux. For each segment, the local theemcly
properties were calculated at the inlet temperature or the assumed interface temperature
as appropriate. The equations were then solved simultaneously until convergence of heat
flux for the local area was achieved. The composition of the vapor awmsate in the
next segment was then determined from appropriate energy balances, and the pressure in
the next segment was determined from the calculated pressure drop. The calculated heat
duties from the condenser model were compared with the experindataadescribed
previously for zeotropic mixtures of-R25/R236ea. A total of 53 data points at three

different compositions were compared, with a mean deviation of 8.7%.

The model of Jinet al. (2003, proposed for a horizontal tule-tube heat
exchanger with annular flow, included mass transfer resistance in the liquid film, while
neglecting sensible cooling of the vapor and condensate. Additionally, they modified the
calculated lowflux mass transfer coefficients with the correctiondact ( 2 ) pr oposed
Bird et al. (1960, which accounts for the disturbanoé the velocity profile near the
interfaceat high rates of mass transfaimilar in form to the Ackermann correction

factor for heat transfer.
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(2.41)

The vapor phase loflux mass transfer coefficient was calculated from a
correlation by Koyamat al. (1998, while the liquid lowflux mass transfer coefficient
was obtained from the correlation of Lamourede al. (1972, developed for gas
absorption processes. The ligdiin heat transfer coefficient was calculated using the
empirical Shal{1979 correlation, while the local pressure drop was determined tihem

Haraguchiet al. (19943 correlation developed for pure refrigeramsmooth tubes.

The model was solved in an iterative fashion and the results compared with data
from Kogawa(1993 for condensing RL34a/R123 mixtures in a horizontal smooth tube
(ID = 8.4 mm). The model was run assuming perfectly mixed condensate, no mixing in
the condensate, and with a mass transfer correction factor equal to one. Little difference
was observed between the calculations with and without the mass transfer correction
factor; however, the best agreement with the data was observed when the liquid mass
transfer was accounted for. The perfectly mixed model predicted higher heat transfer
coefficients than the measured values, while thenndng model predicted much lower
heat transfer coefficients. The absolute mean deviation of the model compared to the data
was 10.3%, and the maximum deviation of the model compared to a model assuming

perfectly mixed condensate was 12.3%.

Panchalet al. (1997 applied the notequilibrium analysis to condensation of
ammonia/water on the outside of a vertical tub® € 25.4 mm), where the vapphase

Reynolds number was generally less than 2000. They considered cases of perfect mixing
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and no mixing of the condensate. The vapor heat transfer coefficient was found from the
correlation of Chert al. (reported in Knudsen and Kafx958), the vapor mass transfer
coefficient was determined from a correlation in Sherwabdal. (1975 (with a
correction for entrance effects) and the cmmshte heat transfer coefficient was
calculated with the Cheet al. (1987 correlation. They compared the results of perfect
and nemixing to a case that assumed the nmatwas at complete equilibrium. For all of

the simulations, they found that the equilibrium assumption resulted in a condenser less
than half the size of the perfect mixing assumption, consistent with the results of Price
and Bell (1974). For the norequilibrium cases, they found a steep drop in interface
temperature near the condenser inlet as the mass transfer resistance in the vapor phase
increases with decreasing vapor mass flow rate and the concentration of the more volatile
componentat the interface increases. When compared with their experiments, the data
fell in between the perfect and zaroxing predictions, more closely approaching the

results of the perfeanixing model.
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Table 2.5 Summary of non-equilibrium model studies

Heat Transfer Resistance

Mass Transfer Resistance

Study Geometry a, a, b, b,
Colburn and Drew Vertical channel Assumed constant Chilton and Colburn b =0 Chilton and Colburn
(2939 Vapor coflow value (1939 - (1934 analogy

Binary mixture *with high flux correction bL = b
Price and Bel(1974 Vertical channel Nusselt(1916 Chilton and Colburn b= b Chilton and Colburn
Vapa coflow Colburn (1934) (1939 - (1934 analogy
Binary mixture Two-phase enhanced
coefficient(Price and Bell,
1979
*with high flux correction
Webb and Sardesai Vertical channel Nusselt(1916 *with high flux correction | p = Effective diffusivity
(298] Vapor coeflow L Toor (1964
Ternary mixture b|_ = b Krishna and Standart
(1976
Tayloret al.(1986 and | Vertical channel Nusselt(1916 Chilton and Colburn b =0 Effective diffusivity
Furnoet al. (1986 Vapor coflow (1939 L Toor (1964
Multi-component *with high flux correction bL = b Krishna and Standart
mixture (1976
Krishna(1982
Jianget al. (1997 Vertical channel Butterworth(1983 Chilton and Collrn b= b Toor (19649
Vaporco-flow Chenet al. (1987 (1939 - Stewart and ProbgL964)
Multi-component *with high flux correction
Panchakt al. (1997 Vertical tube Chenet al. (1987 Chenet al. (reported in b =0 Sherwoodet al. (1975
(external) Knudsen and Kat¢1958) -
Binary mixture b= b
Vuddagiri and Eubank | Vertical channel Nusselt(1916 Chilton and Colburn Palen(1999 Chilton and Colburn
(1998 Vapor coflow (1939 (1934 analogy
Binary mixture * with non-ideal
Ackermann higklux
correction
Lu and Leg(1999 Horizontal tube Shah(1979 Gnielinski(1976 Fickos Reynolds heat and mass

Annular flow
Binary mixture

transfer analogy
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Table 2.5 Summary of non-equilibrium model studies - cont.

Heat Transfer Resistance

Mass Transfer Resistance

Study Geometry a, a, b, b,

Cavalliniet al. (20028 Horizontal tube Cavallini and Zecchin| Dittus and Boelter b= b Sherwood correlation
Annular flow (1974 -
Binary mixture

Jinet al. (2003 Horizontal tube Shah(1979 Neglected Koyamaet al. Lamourelleet al (1972
Annular flow (1998 *with high flux correction
Binary mixture *with high flux

correction




2.5.3 Non-Equilibrium Models for Multi-Component Mixtures
The primary complication in extending the requilibrium models developed previously

to multi-component systems is modeling the mass transfer in the vapor. Unlike in binary
mixture mass transfer, there is complex coupling between the concentration tgratlien
the multiple species. As detailed in a study by Smith and T&¥k83, Taylor et al.

(1986 and in the reference by Taylor and Kris{a@93, the vapoiphase mass transfer

in the norequilibrium film model can be evaluated using three methods 1) Effective
diffusivity (neglecting any mulicomponent interaction effects), 2) Accounting for
interaction effects (result implicit in species molar fluxes), and 3) Accounting for

interaction effects (withat a priori knowledge of molar fluxes).

The molar fluxes of the species using the effective diffusivity approach are
calculated using EQ(2.44), where the cor e ct i 0 nex) fs adertticalr to that
introduced earlier in Eqg(2.41) and the effective lovilux mass transfer coefficient is
based on an effective #ikivity of the mixture and the flow conditior{Saylor et al,

1986.

Nv,j =G fo ep é(y/,joyj')

~12.n (2.42)

In the second method, the molar flux of each species is expressed 2¥B).

where [beff] a nsflare[matrices of lowllux mass transfer coefficients and correction

factors for each species

(N)=c ol %1% %) N(¥) (2.43)
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The oftdiagonal terms in the matrices are vmmmo, thus the interactions of the
concentration gradients of each species are captured. More information on the evaluation
of these multicomponent mass transfevefficients can be found in Taylor and Krishna
(1993. In general, the mass transfer coefficients depend on concentration, resulting in
highly nonlinear coupled equations. Stewart and Prof364 and Toor (1964
independently proposed a linearization method for solving the coupled equations that
essentially neglects the variation of the mass transfer coefficient matrices with
concentration. Krishna and Stand@dr®76 also proposed a method of solution based on

the exact solution of the Maxwelltefan equations.

The molar fluxes of each species calculated using the third method are given in
Eq.(2.46), where [K] is a matrix of mulicomponent total mass transfer coefficients and
8 Iis a scalar <correction factor. Masr e 1 nf or m
given in Smith and Taylof1983 and Taylor and Krishn§993. Use of this method

does not require a prior knowledge of the mass transfer rates.
(Nv) =G, [(Kv] 4 COY/ Oy) (2.44)

Webb and Sardesdil981) developed a noeequilibrium film model for the
condensation of ternary mixtures with or@wtondensable component in a vertical tube.
For the vapoiphase mass transfer, they considered the effective diffusivity model (Eq.
(2.42)) and a model thahccounted for interaction effects (E.43)) with the flux
evaluated from the linearization method of T¢b®64) or the exact solution of #shna
and Standart1976. The multtcomponent mass transfer coefficients are functions of the

binary mass transfer coefficients of the species, which were evaluated using the Chilton
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and Colburn analogy, wherkée vaposside heat transfer coefficient was calculated from

Eq. (2.47).

a, =0.039 @e** (2.45)

The liquidfilm heat transfer coefficient was evaluated from Nusselt theory, where
the perfectly mixed and unmixed condensate cases were consiieliadll the models,
vapor/liquid equilibrium was assumed at the interface. These equations were applied in a
segmented fashion, with energy and species balances specifying the conditions for the
subsequent segment. The models were compared with datavdtar/isopropyl
alcohol/N> and water/isopropyl alcohol/R2. They found essentially no difference in the
predictions of t h e-phasevmassfitransfer entoddisoori 10840 v ap o
Krishna and Standart, 19y.6Additionally, they found that the interactive maglahd the
effective diffusivity approach predicted the total condensation rate within +5% of one
another. However, the interactive models were better able to predict the condensation rate
of each species, thus they are better suited for a more detailgd ded analysis. When
considering mixed and unmixed condensate, they observed a negligible difference in the
accuracy of the model. Finally they compared the predictions of the vapor temperature
from the model with and without the Ackermafi®37) correction for vapephase heat
transfer coefficient. It was found that omitting the Ackermann correction factor resulted

in an overestimation of the vapor buémperature by 5 to 20%.

In the work of Tayloret al. (1986, a nonequilibrium film model was developed
and evaluated for a range of different assumptions. For all variations of the model, heat

transfer in the condensate was estimated using tisselt approach and the vajmirase
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low-flux heat transfer coefficient was approximated using the Chilton and Colburn

(1934 correlation. Two different approaches to modeling vagase mass transfer were

used. The first was a film theory based approach, identical to those used in all of the other
studiesreviewed here. With this appach, the molar fluxes were calculated through both

the effective diffusivity and fAinteractiveo
turbulenteddy diffusivity model developed by Krish{982, which attempts to account

for the molar flux of each species to the interface resulting from bulk turbulence and
molecular diffusion. This model predicts that as the vapor Reynolds number increases,

the importance of muktomponent diffusion decreasawdathe transport is dominated by

bulk turbulent transport. In the liquid phase, the condensate was assumed to be either

completely mixed or unmixed.

A single system of equations was set up and solved simultaneously through the
finite difference method. Fkw problems were considered) methanol/water/air2)
methanol/watehelium, 3) a straighichain hydrocarbon mixture, arl) a straighichain
hydrocarbon and hydrogen mixture. When comparing the film and turbulent model, there
was little observed differee, and therefore, they concluded that the use of the simpler
film model for design is unlikely to lead to significant discrepanditswever, vien
comparing the effective diffusivity model and the interactive models, they concluded that
the effective diffisivity model was less accurate, resulting in a condenser 43% larger for
the methanol/water/air problemhen not accounting for mwtomponent mass transfer
interaction effects The use of either the perfectly mixed or unmixed condensate
assumption was mamportant when a nenondensable gas was present (consistent with

Webb and Sardeséi981)).
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Furno et al. (1989 used the model developed by Tayler al. (1986 and
compared it with experiments from Modi(963 and Webb and Sardegab81). When
compared to Modineds experimentsenmulthe modeé
component interactions were considered in the vapor phase. Of the models that
considered muktomponent interactions, those based on a mass reference frame
(constant mass density) performed slightly better than those based on a molar reference
frame (constant mol ar density). Poor agreem
no mixing of the condensate was assumed, while a perfectly mixed assumption provided
significantly i mproved agreement. When con
interactive models again provided better agreement, although in this case, the molar
reference models performed slightly betteri
there was a negligible difference in agreement when using either the perfectly mixed or
unmixed assumption. Thus, it could not be definitively concluded whether the molar or
mass frame interactive models were superior, or what assumption of condensate mixing

would provide better results for all conditions.

Jiang et al. (1997 developed a neequilibrium film multr-component
condensation model for simulating the performance of a cooling unit of an industrial
polyethylene reactor system operatingamdensatiomnode. A segmented approach was
developed for vapor flowing downwarth a vertical tube in a shedindtube heat
exchanger cooled by water. Pressure drop in the tube was neglected and the liquid
condensate was assumed to be completely mixed in each segment. Theheggamass
transfer coefficient was modeled using H@.43), assuming all components were

condensable. The linearized solution method of Td®64 and Stewart and Prober
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(1964 was used to evaluate the molar fluxes, with the rooithponent mass transfer
coefficients determined from estimates for the binary-flow mass transfer coefficients

of each species. The liqufdim heat tansfer coefficient was calculated using the
correlation of either Butterwortfil983 for shear stress controlled condensate flow or
Chenet al. (1987 for laminar and turbulent condensate flow. The vapwase zerdlux

heat transfer coefficient was determined using the Chilton and Colburn analogy. The
highly nonlinear set of equahe was solved numerically through a variety of
computational methods. The model results were compatitbddata from an industrial
source, predicting the outlet vapor bulk temperature with very good results. Additionally,
the nonrequilibrium model providednuch better agreement with the data than the two
equilibrium models that they compared to their results. Unfortunately, more detailed
experimental data (heat duty, composition, etc.) were not available for comparison.

2.5.4 Equilibrium and Empirical Models
While more theoretically sound, the nrequilibrium method of condenser design for

binary and mulicomponent mixtures can require substantially more computational
resources. Calculation of the mass transfer in the vapor phase is particularly dltfecult

to high uncertainty in the mass transfer coefficients, particularly when-ooufiponent
interaction effects are considered. To overcome the challenge of modeling vapor phase
mass transfer, a simplified calculation procedure was presented in simdigssby

Silver (1947, Ward (1960 and Bell and Ghaly1973. As stated in Bell and Ghaly
(1973, the following assumptions underlie all of the studies reviewed in this section: 1)
The liquid and vapor compositions are in equilibrium at theowdyulk temperature, 2)

Liquid and vapor enthalpies are those of the equilibrium phases at the vapor bulk
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temperature, 3) Sensible heat is transferred from the bulk vapor to the interface by
convective heat transfer, where the heat transfer coefficiesdldsilated for the given

geometry assuming only vapor is present, using vapor bulk properties and vapor mass
flux, and 4) The total latent heat of condensation and sensible heat of cooling of the

condensate and vapor are transferred through the entikedgb& of the condensate.

Unlike the norequilibrium methods, where equilibrium only existed at the
vapor/liquid interface, complete equilibrium is assumed in both phases. Due to this
assumption, the calculation method is often referred to as the eguililonodel, or the
Silver-Bell-Ghaly (SBG) model, named for those who first popularized it. However, the
primary simplification is neglecting the mass transfer in the vapor phase. The argument
provided by Bell and Ghaly1973 is that calculahg the sensible heat transfer
coefficient in the vapor phase will result in a significant under prediction, because no
two-phase enhancement effects are considered. The idea is that the additional resistance
from mass transfer that is not calculated Wwél compensated for by underestimating the

vapor zereflux heat transfer coefficient.

Consider the idealized representation of racdimponent condensation as
presented by Bell and Gha(t973 in Figure 2.3. Note that only the heat fluxeg a
considered. The sensible heat removed from the vapor is defined (@.48), while the
total heat rejected to the coolant is defined in(24.9).

dQ,
dA

=a, (T, T) (2.46)
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In Eq. (2.46), the zereflux heat transfer coefficient is calculated from some
correlation for vapor flow. In Eq2.47), the overall hetatransfer coefficient is a function
of the thermal resistance of the coolant (calculated from some known method), the tube
wall and the condensate layer. The heat transfer coefficient of the condensate is
calculated from a correlation for the geometry #ad regime of interest, using the bulk
properties of the condensate. For true equilibrium, the temperature of the condensate,
interface and vapor bulk would all be the same. However, if this were the case, there
would be no sensible heat transfer frone thapor to the interface. Thus, despite the
assumption of equilibrium composition in the vapor and liquid at the vapor bulk, it is
assumed that the interface is at some unknown tempefatuess than the bulk vapor
temperature. The unknown is eliminated by combining(E46) and Eq.(2.47), yielding

Eq.(2.50).

Figure 2.3: Schematic oheatfluxesconsideredby Silver (1947, Bell and Ghaly
(1973

94



by

d@ ¢ 14dQ, 6
—=L=Udl, —g o gk 248
dA Igv avg dA @C ( )

Bell and Ghaly(1973 then defined the ratio of the sensible heat flux to the total
heat flux as s. I nt r o(248)@and mgggratiry over the desiedne t e r

total heat duty yields the expression for the total condenser area given(2:6€g.

QL av .:. e

As the vapor sensible cooling approaches zero, B49) reduces to the
expression expected for pure fluid condensation. Furthermore, as the ratio ofesensib
heat duty to total heat duty approaches one, the expression reduces to that for cooling of a
vapor. Bell and Ghaly(1973 compared this model with a proprietary data set for
condensation of steam/air and several hydrocarbon mixturesmétieod calculated a
condensation area from 1 to 2 times greater than the actual area, which they argued was

desirable due to the resulting conservative designs.

The SBG approach has been used by many researchers to predict heat transfer in
condensing fluidnixtures, including recently by Del Cet al. (20095 and Cavalliniet al.
(2006. The study of Del Cokt al. (2005 was based on a flow regime map and heat
transfer nodel developed by El Hajakt al. (2003 and Thomeet al. (2003 for
condensation of pure refrigerants in smooth horizontal tubes. The model considers the
local flow regime (stratified, stratifiedriavy, intermittent, annular and mist flow) and

models the contribution of fallinfiim (Eq. (2.52)) and forceeconvective condensation
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heat transfer (Eq(2.53)) to the overall locaheat transfer coefficient. The two heat

transfer coefficients are combined as a function of the calculated falling film afhgle,
shown in Eq(2.54).

N . " 5 1/4
g 9B &2 (250
e m® (W, T.) g

a, =0.728

a,=0.003 @é™ F@E’% f (2.51)
L
a. 0g
L2400 pig. 252
2p

Assuming the flow regime map is valid for fluid mixtures, Del €bhl. (2005
modified the Thomeet al. (2003 model for convective and fallirfil m heat transfer

coefficients according to the method of Bell and Gl{a873 as shown in Eq2.55) and

Eq. (2.56) respectively.
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For the convectiveneat transfer coefficient, the zeltax vapor heat transfer
coefficient is calculated from the Dittus and Boelter equation (£89)) and corrected
with ainterfacial friction factor, whiclthey arguedccounts fowaporphaseheat transfer
area enhancement from surface waves. For the fdllmgheat transfer correction they
include the empirical terfim, which accounts for neaquilibrium effects in thetratified
regime {.e,, the vapor and liquid are not in direct contact). The modified heat transfer
coefficients are combined together as in the pure fluid model, depending on the local
flow regime. The model was compared with condensation heat traesidtsr of ten
different refrigerant mixtures with temperature glides between 3.5 and 22 K. The
proposed method predicted 98% of refrigerant heat transfer data from Cagialihi

within £20%, and 70% of the data from other independent researchers @08

Cavallini et al. (200§ developed a simplified model for condensation of pure
refrigerants in horizontal tubes (ID > 3 mm). The model was valid over a range of flow
regimes, with heat transfer coefficients determined from curve fits of data f
experiments with RL.34a, R125, R32, R-410A and R236ea. For zeotropic mixtures of
refrigerants and hydrocarbons, the SBG approach was used to account for the sensible
heat and mass transfer in the vapor phase, with the details presented in Gatvallini
(20023. The model was compared with several datasets. 7R, the SBG corrected
model had an absolute average deviation of 21% for 250 data points, while for mixtures
of R-125/R236ea, the average absolute deviation was 22%. The reported agreement for
mixtures of propanefbutane and propane/isobutene was better, with an absolute average

deviation of 7% for 659 data points.
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Webb et al. (1996 report a comparison between the Colburn and Drew non
equilibrium design method and the equilibrium SBG method. In the equilibrium method,
where the mixture is assumed to be saturated, the change in temper#tubee whange

in bulk vapor compositiondT, / dy, ) is tangent to the vapor/liquid equilibrium curve.

In the norequilibrium method, the change in vapor temperature is a function of the

relative rates of heat and mass transfer in the vapor phase. They show that the slope

dT,/dy, is a furction the vapor Lewis numbetd(/D12). For Le greater than 1, the

vapor temperature slope is greater than the slope of the condensation curve and the vapor

bul k tends to be subcool ed. In this case, t he
results in ahigher than actual vapg@hase heat transfer coefficient and the condenser will

be undersized. When Le < 1, the vapor tends to superheat and the SBG method can be
considered fAsafeo. They -sduilibhumtimbtilotsatebndy equi | i b
in ageement when Le is in the range of 0.6 to 0.8. Further, they theorize that the

equilibrium method has shown good agreement with data because over the range of

complete condensation, the vapor Lewis humber can vary from greater than one to less

than one, radting in a compensatory effect over the length of condenser. To account for

these differences, t h @,ya fupherocpreedtiendo tke SBGw v al ue
method, which brings the nesqguilibrium and equilibrium methods into Dbetter

agreement.

The poposed correction factor does not require a film model analysis to be
carried out, thus it still provides the advantage of reduced computational complexity. The
predictions with the new factor are compared with data for benzene/nitrogen and

toluene/nitroga. Without the new correction factor, the equilibrium model resulted in a

98



40% and 80% error for condensation of benzene and toluene, respectively. When the new
correction factor is applied, the model predicts data within 10 to 15%, consistent with the
accuacy of the norequilibrium method applied to the same data. It is not clear how the

new factor performs when considering mixtures where both components are condensable.

An approach similar to the SBG method for modeling mixture condensation heat
transferwas proposed by Granryd989 with the esults most accessible in Shao and
Granryd(1998. The model, shown in Eq2.57), corrected the condensation heat transfer
codficient calculated for a pure fluid with the mixture properties by attempting to

account of local nowquilibrium in the gas (factak) and liquid phase (fact@x,)

amix - 1 (2 55)
apure 1+A1 "Az .
. ac, 0aa,. ©
=q C% Ao P
Al Q Q p,eff qg(} av qg (256)
Z,=1.1G(1 exg 16( 1 ¥
. ac, 03a,,. ¢
A=0q0 %QL* g S
C peeff q+(; aL q (257)
Z,=0.9(1-q)
aut &
C .y = 5 2.59)
T8 ‘

The single component condensation heat transfer coefficient was calculated from

an empirical correlation for annular flow of refrigerants in horizontal tubes by Tastdon
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al. (1985h.The liquid and vapor heat transfer coefficients were calculated from the
Dittus and Boelter equation based on the liquid or vapor Reynolds and Prandtl numbers.
General agreement ‘itthe data of Shao and Granrgf®98 (within +20£30%) and
DeGrush and Stoeckét987) (agreement not quantified) for condensation of refrigerant

mixtures vas reported.

Finally, many purely empirical models for condensation heat transfer of mixtures
in tubes have been proposed. These correlations are generally validated for a specific set
of mixtures and concentrations over a narrow range of operatingiomsdiThey are not
expected to be as widely applicable as the modeling methods described above.etandon
al. (1986 proposed an empirical correlation (E8.61)) for predicting condensation heat

transfer of R22/R-12 mixtures inside a horizontal smooth tube.
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The correlation was developed from lesgtiare regression analysis of data in an
ID = 10 mm tube. Similar empirical correlations were developed for condensation of R
22/R-114 in internally grooved horizontallies by Koyameet al. (1990, and for
refrigerant mixture alternatives to-Z in enhanced surface tubing by Sami and Grell
(2000.
2.6 Summary and Need for Additional Work
Compared to condensation of pure fluids, condensation of zeotropic mixtures in
horizontal channels remainslatively unexplored. Furthermore, most of the experimental

work on binary and ternary mixtures has focused on large vertical channels, where the
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condensate flow is more analogous to falfitign condensation on a vertical surface. In
horizontal channelghe effects of gravity, interfacial shear and surface tension will affect

the local flow regime and directly impact the momentum, heat and mass transfer
mechanisms. As the channel size decreases to the order investigated in the current study
(D ~ 1 mm), srface tension forces become increasingly important in governing the flow
regime. Several researchers have shown that flow maps and heat transfer and pressure
drop models developed for large tubes do not extrapolate well to small channels for pure
fluids. Extrapolation is even worse when attempting to predict momentum, heat and mass
transfer in fluids with vastly different properties than those for which the original work
was developed fore(g, air/water models for refrigerants). In comparison to studres
microchannel effects for condensing pure fluids, the impact of channel diameter on
condensing zeotropic mixtures has received little attention, particularly for horizontal

channels.

A summary of the important experimental studies reviewed was provided i
Tables 2.3 and 2.4. In the studies reviewed on primarily organic and natural working
fluids in vertical tubes, experiments have been conducted on vapor-flonwcand
counterflow in tubes with inner diameters ranging from 21 to 88 mm. In horizontal
tubes, many experiments have been conducted with mixtures of synthetic CFC, HCFC
and HFC refrigerants, with a primary focus on HVAC&R applications. The horizontal
tube sizes investigated vary from 2.45 mm to 25.4 mm and consist of both smooth and

enhanced suates.

In the studies where heat transfer coefficients were calculated, either the UA

LMTD method or direct measurement/calculation of the local tube wall temperature,
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fluid bulk temperature and heat flux were used. The experimental heat transfer
coefficierts were reported either as averages for the entire condensation process (quality
change of 100%) or for some smaller average quality change. The quality changes
investigated varied considerably from study to study. For studies that determined the heat
transfer coefficient from wall and bulk fluid temperature difference, the definition of bulk
temperature was inconsistent, with some studies assuming the equilibrium temperature
and others attempting to directly measure the bulk temperature. Furthermoral sever

the studies in horizontal tubes reported the presence of compressor lubricant in their test

sections, which can confound the results.

Many of the studies, particularly those with mixtures of synthetic refrigerants,
showed degradation in condensatlweat transfer coefficient. Thus, when considering a
weighted average of the heat transfer coefficients of the pure components, the measured
heat transfer coefficient is lower for certain compositions. This implies that the additional
mass transfer resistee in the vapor and liquid phases adversely affects the heat transfer.
Additionally, most of the mixtures considered exhibit some temperature glide, ranging
from near O K for the neaazeotropic mixtures to over 80 K for mixtures of ammonia and
water. Ths leads to an additional sensible heat transfer resistance in the vapor phase,
further reducing heat transfer. Moreover, for the ammonia/water mixtures investigated

here, the heat of mixing is not insignificant and should be accounted for.

While there hasbeen significant work on experimental evaluation of mixture
condensation in channels, several gaps in understanding remain. Many of the binary and
multi-component studies measured heat transfer coefficients over large quality

increments, including completondensation. For design of total and partial condensers,
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as well as to better verify analytical models, it is important to be able to obtain heat
transfer coefficients at varying quality in fine increments and varying operating
conditions. This would adlw better characterization of trends in local heat transfer,
yielding a better fundamental understanding of the mixture condensation process. Many
of the studies in horizontal tubes were conducted with mixtures of CFC, HCFC and HFC
refrigerants, some witbompressor lubricant present. While these are important for use in
the HVAC&R industry, it would be illustrative to investigate heat transfer in different
fluids with higher temperature glides and vastly different heat and mass transfer
characteristics sitc as ammonia/water and hydrocarbon and hydrocarbon/refrigerant
mixtures. It is also extremely important to isolate the effect of trace amounts of lubricant
on the heat and mass transtfarhorizontal tubes, the flow undergoes many transitions as

it is cordensed. More work is needed to account for the effects of these transitions on
multi-component condensation. Finally, as pressure to reduce fluid inventory and
equipment size increases, investigations should be conducted in mini and microchannel

geometriesvith binary and higher order mixtures.

In addition to the experimental work, four different categories of models for
mixture condensation were reviewed. Nearly all of the models are developed for an
idealized case of a cooled surface separated from foe g a liquid film with a smooth
interface. This idealized model is most applicable to wetted wall vertical columns or for
annular flow in horizontal tube¥®Vith the increased focus on use of horizontal channels,
more work is needed on understandingdbeditions under whicHifferentflow regimes
are present in twphase fluid mixtures and the best methods to model the heat transfer

and pressure drop using the modeling approaches reviewed in this study.
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The models based on the conservation equations are the most theoretical and also
most difficult to use in practice. Additionally, these models require specification of some
condition such as interfacial friction factor to provide closure to the set ofi@ggiarhis
condition is usually found from some empirical or sempirical model. Further
complications arise when attempting to consider deviations from ideal annular flow and
when the vapor and/or liquid are turbulent. Application of the conservajuetiens to
low mass flux flow in microchannels may have some promise as laminar flow will tend

to dominate, simplifying the required model.

The nonequilibrium Colburn and Dre\{d937 film model analysis has been used
extensively in both vertical and horizontal geometries. It lends insight into the coupled
heat and mass transfer processes, particularly in the vapor core, but so far, its application
hasbeen limited to annular type flow. The formulation of the film model, which was first
introduced by Colburn and Dre(@937), provides a framework foaddressing the heat
and mass transfer problem. As can be seen, the methodology is only as accurate as the
correlations used for determining the liquid and vapor mass and heat transfer coefficients
and diffusivities. In the vapor phase, the mass transkfficent is usually determined
from the Reynolds or Chilte@olburn analogy from either a calculated heat transfer
coefficient or interfacial friction factor. Further research on models for predicting heat
and mass transfer coefficients in the vapor aquid phases would greatly improve the
accuracy of these types of model. Other items of particular interest include addressing the
effect of a norsmooth interface, a condition that will be very prevalent in horizontal tube

condensation. Additionally, fanigher order mixtures, it is critical to be able to predict
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the multtcomponent mass diffusivities and mass transfer coefficients in the vapor phase

to more accurately account for mutbmponent interactions.

The equilibrium and empirical models reviewkdre may be useful for design
within narrow operating bands for specific fluids, but are not broadly applicable. Neither
method captures the impact of mass transfer on the underlying heat transfer phenomena.
Despite their narrow application, they areldtiequently used in design due to their
simplicity. Thus, more thorough experimental validation with various fluid mixtures,
compositions and properties in different channel geometries should be conducted to
extend their range of applicability.

2.7 Objectives of Present Study

From the above review of the pertinent literature, it is clear that there is no validated
method for predicting zeotropic condensation of kgjdle mixtures in small channels.
Thus, the primary objective of the present study isdinelopment of a model for the
condensation of higkemperaturgylide ammonia/water mixtures to enable the
development of highly efficient, compact, thermal conversion devices. As channel size
decreases, surface tension forces become increasingly impattatting prevailing

flow regimes and transitiondriplett et al, 1999 Serizawaet al, 2002 Coleman and
Garimella, 2008 Thus, models developed for predicting heat transfer and pressure drop
of condensing flows in large channels do not extrapolate to small géssndtis work
departs from the available literature by investigating the combined effects of coupled heat

and mass transfer resistances in microscale geometries for condensing mixtures.

The objectives of the present study are to:
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Develop an experimentatethodology and data analysis procedure for evaluating the
| ocal condensati on hge aondengatidn rangfer coefficienn c r e me n t
(for pure ammonia), and apparent heat transfer coefficient (for zeotropic

ammonia/water mixtures) with low untainties.

. Conduct condensation heat transfer and pressure drop experiments with pure
ammonia and ammonia/water mixtures of varying composition at multiple mass

fluxes, vapor qualities, and tube diameters.

Develop and validate a flow mechanitrased modefor predicting microscale

condensation heat transfer of pure ammonia.

Develop and validate a zeotropic condenser design model based on film theory for
predicting microscale condensation heat transfer and condensation heat duty by
considering the coupled &eand mass transfer resistances for {gghperaturaglide

zeotropic mixtures.
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CHAPTER 3

EXPERIMENTAL APPROACH

Condensation experiments on pure ammoniazjNtid zeotropic mixtures of ammonia

and water (NHH.0) were conducted over a wiDdDe rang
2.16 mm) and nmaG s2 X32sQgrerpule NB;, experiments were
conducted at saturation tempeP®tOr@8)rawpi
the zeotropic mixture experiments were conducted at a single saturation prBsgare (

1500 kPa) with a bulkmass fraction 00.80, 0.90 and> 0.96 ammonia As noted in

Chapter 2, a significant challenge in microchannel condensation heat transfer
experiments is accurately resolving very low condensation heat duties and very high heat
transfer coefficients. In the present study, this challevegovercome by decoupling the
measurement of the heat transfer coefficient and heat duty through the use of accurately
measured electric heat inputs, {eater, posheater and test section energy balances,

and a detailed analysis of the wateupled tst section. The formal data analysis is
presented in Chapter 4. The general experimental approach was first presented by
Agarwal and Garimella(2010, who developed a microchannel phase change
experimental facility for the condensation of-1B4a in rectangular, multiport

mi crochannedy® (6500 Oo® BO0AQG). The facility
used, with modifiations, by Fronk and Garimell2010 for CO, condensation
experiment D@ 1D®0 OGMmsO® 1255 ACC kinath (2G1L) fir heat

transfer, pressure drop, and flow visualization experiments on condengdi®4AR0.508

ODO 1.55 mwm® &MIA MY present study, the general operating principles

are the same as in the previous investigations; however, the facility was completely
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redesigned and rebuilt for compatibility with the working fluids under consideration and
the desired operating cdmions. The new test facility design, instrumentation, test
section details, and experimental procedures are presented in the following sections.

3.1 Facility Design and Instrumentation

A schematic and photograph (prior to the installation of insulation and safety shield) of

the condensation test facility are shown in Figures 3.1 ahdr8spectively. The test

Coolant
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Figure 3.1: Experimentalfacility schematic
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- | s R ——
JWater Inlet/Outle

Figure 3.2: Photograph ofexperimental facility
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facility is composed of two coupled, closed loops. The working fluid loop (shown with a
solid line), nominally operates at a single pressure and includes the primary components
of the preheater, test section, pastater, postondenser and working fluid pump. The
condensation heat duty from the working fluid loop is rejected into the water loop (shown
with dashed line) which includes the water pump, heater, the test section, and a chilled
glycol-water coupled heat exchanger.

3.1.1 Working Fluid Loop Description
Due to material compatibility issues of BEnd NH/H20 with copper and aluminum, all

rigid wetted components were fabricated from stainless steel. All soft wetted components
including seals, valve seats, etc., were aldected for material compatibility, with most
components made of Teflon. The primary components in the working fluid loop are
connected with seamless, stainless steel tubing with an outer diameter of 3.2 mm, wall
thickness of 0.89 mm and pressure ratih@® MPa. To minimize heat loss/gain from

the system, all working fluid piping and components were insulated with low thermal
conductivity K = 0.042 W m' K1), rigid and wrap type fiberglass insulation with a

minimum thickness of 25.4 mm.

As an introdgtion to the primary components of the working fluid loop, it is
illustrative to proceed through the thermodynamic stdtés 4 in Figure 3.1). Starting at
point 1, subcooled NEl or zeotropic NH/H2O mixture enters the pi#eeater assembly,
where it is pdially evaporated using a measured electric input. The heater assembly is a
custom designed, all stainless steel construction, fabricated by the Georgia Tech Research
Institute (GTRI) machine shop. A cross sectional schematic (showing the heater installed

of the assembly is shown in Figure 3.3. The working fluid enters from the top through a
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Figure 3.3: Schematic oheater housingassembly withinstalled cartridge heater

1 / -@70NPT fitting, and is heated in the annulus formed between the cylindrical heating

element and the assembly wal( a

5.

2

mm) .
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measurements are obtainadhe mixing region at the outlet of the heater. The flow area

is then further reduced and the fluid enters the adiabatic portion of the test section (state

2).

The heating element is a single phase, 120V, 1000 W, cylindrical cartridge heater

from Watlow (P/N: SEL0705). Detailed dimensions of the heater and dslseare

provided in Table 3.1. The dimensions are important for determining the ambient losses

from the heater assembly, discussed in Chapter 4. For material compatibility, the heater

threaded connection is fabricated from stainless steel, welded tce#ter tbody and

pressure tested to 4,650 kPa. The heater power input is manually controlled using a

variable voltage Variac device (0 to 120 V, 3 A max current) to achieve the desired test

section inlet condition.

From the préheater, the working fluid fl@s through the test section (detailed in

Chapter

3.

2)

and

Oy = Op28) r Att theatdstl sgction auteti(st8)es e d (o

the working fluid enters the pekeater assembly. The assembly construction and post
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Table 3.1: Heater andheater housingassemblyspecifications

Symbol
Max Power (W) - 1,000
Heater Length (mm) Lheater | 172
Diameter (mm) Dheater | 12.7

Outer diameter (mm) ODassy | 38.1

_ Inner diameter (mm) IDassy | 17.9
Heater Housing
Minimum insulation tins 25.4

thickness (mm)

heater specifications are identidal those of the prbeater (Table 3.1). The heated
mixture leaves the pos$ieater (statel), where the thermodynamic state is determined
from the measured temperature and pressure (and bulk concentration for mixtures). The
mixture is then completely adensed in the pesbndenser section, which is composed

of two stainless steel Exergy brand stalbtube heat exchangers connected in series.
The condensing mixture flows on the tedide, while a chilled glycelvater solution

flows on the shell side ofhe heat exchanger. The chilled glyemter solution is
provided by a standlone recirculating chiller (Neslab Merlin M75, S/N: 109194014)

with a nominal capacity of 2225 W and a temperature rangbdb 35°C.

Finally, the subcooled fluid is pumped back to thelprater by a variable speed,
stainless steel gear pump from Micropump (GKRIL.P9FS.A). The pump gear set
(X21) has a displacement of 0.017 mLtewith a maximum differendil pressure of 5.2
bar. The maximum operating pressure of the pump head is 345 bar, and it is fitted with all
Teflon seals for material compatibility. The pump head is magnetically coupled to a

variable speed DC motor, controlled by a variable voltage D®ep supply (B&K
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Precision Corp, Model #1627A). Complete specifications of the pump, motor and voltage

controller are provided in Table 3.2.

The working fluid loop pressure is maintained by the use of a rigid, 150 cubic
centimeter stainless steel accumulator (Swagelok, P/N: -BIRF-150). The
accumulator is isolated from the main loop by a Swagelok expansion and shutoff ball
valve installed inseries. There is no diaphragm or bladder in the rigid accumulator to

adjust system pressure; rather, during operation, the valves are opened to meter working

Table 3.2: Working fluid pump, motor and power supply specifications
Micropump Pump Head (GAH-X21.P9FS.A)

Displacement 0.017 mL rev
Max differential 5.2 bar
pressure
Max operating pressur, 345 bar
Temperature range -46t0 177°C
Maximum speed 8,000 RPM
Micropump DC Motor (306 A)
Type DC-Brush type
permanent magnet
A-mount
Speed 500 to 4,000 RPM
Max torque 0.21 Nm
Power 112 W/0.16 HP
Weight 1.14 kg
B&K Precision Corp DC power supply (1627A)
Voltage range 0to 30V
Max current 3A
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fluid in or out vessel depending on the operating condition of interest.

3.1.2 Water Loop Description
Like the working fluid loop, the water loop is primarily constructed of stainless steel

tubing with an outer diameter of 3.2 mm, wall thickness of 0.89 mm and pressure rating
of 75 MPa. The loop is insulated with low thermal conductividy= (0.042 W m* K™,

rigid and wrap type fiberglass insulation with a minimum thickness of 25.4 mm.
Depending on the desired system operating condition, the water loop can be operated
above or below the ambient temperature. Thus, both a heater and a chilleaglpted

heat exchanger are included in the loop.

The water loop is operated at a very high flow rate (~ 5 LYjnio minimize the
waterside thermal resistance and change in temperature in the test section. This leads to
more accurate condensation heatngfar results and an approximately isothermal
boundary condition for the condensing fluid. The waide annulus hydraulic diameter
in the test section (detailed below) is very small (0.7 to 2.6 mm), which leads to very high
waterside heat transfer coeffents and a further decrease in the watde resistance.
However, the small flow area coupled with the high water flow rate requires the use of a
large pump to drive the water loop and overcome the friction head. The pump head is a
positive displacemérgear pump from Micropump (Model GKa25) with a displacement
of 1.87 mL rev*. The maximum differential and operating pressures of the pump are 8.7

and 103 bar, respectively.

The pump is driven by a-gBhase AC motor (WEG P/N: 10022031). A variable

frequerty motor drive (Allen Bradley Power Flex 4) is used to operate the \patap at
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variable speeds to achieve the desired flow rates. Detailed specifications of the water

pump, pump motor, and variable frequency drive are provided in Table 3.3.

Downstream of the pump, the water enters the water heater assembly. The heater
assembly and heater specifications are the same as thengrpostheater (Figure 3.1
and Table 3.1), discussed above. However, here, the heat input is controlled
automaticaly with a Watlow EZZone (P/N: PM6C1CJ) PID temperature controller. A
T-type thermocouple at the heater assembly outlet provides the set point. The PID
controller and heater are coupled through a solid state relay (Watlow P/N2ZRSIRA-

DC1) with an outpurange of 24 to 240 VAC, and a max current of 10 A.

Table 3.3:Water pump, motor and drive specifications
Micropump Pump Head (GC-M25)

Mount type NEMA 56C
Displacement 1.82 mL revt
Max differential 8.7 bar
pressure
Max operating pressur 103 bar
Temperature range -46t0 177°C
Maximum speed 6,000 RPM

WEG AC Motor (306 A)

Voltage

3-Phase 208/230

Power

373 W/0.5 HP

Allen Bradley Power Flex 4 VFD
(P/N: 22A-A9P6N103)

Input 240 V 50/60 Hz Iphase
Max current out 9.6 A
Max power out 3.0 HP/2.2 kW
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Finally, after flowing through the test section, the water flows through a stainless
steel Exergy brand shandtube heat exchanger, that is coupled to a circulating glycol
water solution. The glycedolution is conditioned by the same standalone chiller coupled
to the posttondenser in the working fluid loop. Here, the glyaaiter solution flows
through the shell side, while the water flows through the tube side. The glycol flow rate
through the heagxchanger is controlled manually with a Swagelok expansion valve. This
valve, combined with the water heater outlet temperature controller, provides coarse and

fine control over the water loop operating temperature.

During operation, the water loop is pré ur i z € Buae(O1l .08 50 bar ) wi
nitrogen diaphragm accumulator (Accumulators Inc., P/N: AM631003, maximum
operation pressure of 21 MPa). Operating at elevated pressures allows experiments to be
conducted at water temperatures greater than 1@0fCalso minimizes the potential for
pump cavitation due to the large loop pressure drop.

3.2 Test Section Design
The test section consists of a stainless steel counterflowirittbbe heat exchanger. A
photograph and schematic of the test section amvrshin Figures 3.4 and 3.5,

respectively.

For all experiments, the watside annulus is a thiekalled stainless steel tube
with OD = 6.35 mm and a wall thickness of 1.245 mm, yielding an inner diameter of 3.86
mm. The working fluid flows through the innéube, where three different test section
diameters (0.98, 1.44, and 2.16 mm) are investigated. The two smaller diameter tubes are
fabricated from SS 304 hypodermic tubes from Component Supply Company (P/N:

HTX-18T (forD = 0.98 mm) and HTXL6X (for D = 1.44 mm)). The large tubé(=
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Figure 3.5: Testsection schematic
2.16 mm) is standard SS 304 seamless tubing. As can be seen from Figure 3.5, two
length dim@sions in the test section are important. The overall test section léngih (
includes the adiabatic and condensing lengths, while the heat transfer lepgth (
corresponds to only the wateoupled length. As will be shown in ChaptelLdp is used
for calculating pressure gradient abdr for calculating the condensation heat transfer
coefficient. The adiabatic lengths at the entrance and exit allow for flow development and
mixing, mitigating entrance and exit effects on the heat transfer processndbome

details of each test section investigated are shown in Table 3.4.

The inner and outer tubes are joined in the webepler assembly, with a

schematic of the cross section shown in Figure 3.6. In the schematic, the coupling at the
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Table 3.4: Testsection dimensions

Test Section Inner Diameter (mm)

Symbol | 0.98 1.44 1.44 2.16
(NHs only) (NH3/H20
only)
Outer diameter (mm)| OD; 1.27 1.651 1.651 3.175
Inner diameter (mm)| 1D, D 0.98 1.44 1.44 2.16
Wall thicknesgmm) twall 0.145 0.108 0.108 0.508
Inner tube total lengtf  Lpp 248 381 248 248
Inner (mm)
Tube Heat transfer length LuT 127 249 127 127
(mm)
Reducer length (mm)|  Lred 9.9 9.9 9.9 9.5
Reducer diameter IDred 2.0 2.0 2.0 3.6
(mm)
Outer diameter (mm)| ODo 6.35 6.35 6.35 6.35
Inner diameter (mm) IDo 3.86 3.86 3.86 3.86
Annulus length (mm) Lann 127 249 127 127
Outer Annulus hydraulic DH,ann 2.59 221 221 0.69
Tube diameter (mm)
(ID,-0ODy)
Minimum Insulation tins 63.5 63.5 63.5 63.5
Thickness (mm)
Water Inlet
l Outer Tube
To post-heater /
\ Inner Tube
Lred

Figure 3.6: Crosssection schematic ofworking fluid/water coupling assembly

water inlet/working fluid outlet is pictured. The assemblies were custom designed and
fabricated from stainless steel by the GTRI macisinep. As can be seen from Figure
3.6, the custom design minimizes the stagnant or dead water zone due to the flow

reducer. This scalled reducer length_fd), represents an area of low heat transfer, and
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must be accounted for when determining the cosaleon heat transfer coefficient
(Andresen, 2007 as will be shan in Chapter 4.

3.3 Instrumentation and Data Acquisition

During the experiments, various temperature, pressures, flow rates and electric heat
inputs are measured. The location of the temperature (13 total), absolute pressure (4
total), differential presge (1 total) and flow rate (2 total) measurements were shown
previously in Figure 3.1. By maintaining low measurement uncertainty, the overall
uncertainty of the calculated heat duty, average quality, condensation heat transfer
coefficient and twephase fiictional pressure gradient are minimized. Full details of the

instrumentation used in the working fluid and water loops are provided in Table 3.5.

In the working fluid loop, the fluid temperatures at the test section inlet and outlet
(states2 and 3 in Figure 3.1) are measured withwdre platinum RTDs (JMS Inc., P/N:
3SSDNK3BzZz3(72)ZWTA with an uncertainty of £0.2°C. The other temperatures in the
loop (preheater inlet, posheater outlet, postondenseputlet and glycelwater post
condenser inlet/outteare measured usingtype thermocouples (Omega, P/N: TMQSS
0626) with an uncertainty of +0.5°C. For fluid compatibility, both the RTDs and
thermocouples have stainless steel sheaths. The higher accuracy RTDs are selected for
the test section inlet anoutlet temperature as these variables have a more significant
effect on the uncertainty of the calculated parameters. Absolute pressure measurements at
the inlet and outlet of each heater assembly are obtained using Rosemount 3051 series
transducers witla set span of 3,500 kPa (uncertainty: £ 2.625 kPa). Differential pressure
between the test section inlet and outlet is measured with a Rosemount 3051 CD series

transducer with an uncertainty of £0.075 kPa. The working fluid mass flow rate is
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measured usin@ highaccuracy Coriolis type mass flow meter (£0.25% of reading)
installed for measurement of liquahly flow. Finally, the pre and postheater power
inputs are measured with Ohio Semitronics (P/N: GMWE) Watt meters, with an

uncertainty of £0.2% othe reading.

In the coupling fluid loop, the test section water inlet and outlet temperatures are
also measured usingwire platinum RTDs, to minimize experimental uncertainty. The

other loop temperatures (heatelet/outlet, glycolwater inlet/outlet) are measured with

Table 3.5: Details ofexperimental facility instrumentation

Instrument Location Supplier Model Serial # | Uncertainty | Set Span
Pressure Preheater | Rosemount 3051 2036883 +2.625 kPa | 0 to 3,500
transducer inlet CA4A22A1A +0.075% of kPa
M5 span
Pressure Preheater | Rosemount 3051 0921022 +2.625 kPa | 0 to 3,500
transducer outlet TA5A2B21A +0.075% of kPa
E5M5 span
Pressure Postheater| Rosemount 3051 0921024 +2.625 kPa | 0to 3,500
transducer inlet TA5A2B21A +0.075% of kPa
E5M5 span
Pressure Postheater| Rosemount 3051 2036884 +2.625 kPa | 0to 3,500
transducer outlet CA4A22A1A +0.075% of kPa
M5 span
Pressure Water Rosemount 2088 138872 +6.9 kPa 0to 2,760
transducer pump A3M22A1M +0.25% of kPa
outlet 7 span
Differential Test Rosemount 3051 CD 1719727 +0.075 kPa 0to 100
pressure Section 4A22A1ADF +0.075% of kPa
transducer Inlet/Outlet MS span
4-wire platinum - JMS Inc. 3SSDNK3BZ - +0.2°C -200 to
RTD Z3(72)ZWTA 250°C
Thermocouple - Omega TMQSS - +0.5°C 0 to 350°C
062G6
Mass flow Working Micromotion CMFO010 12088639 +0.25% 0to50¢g
meter fluid loop 521NOBAEZ mint
zZ
Volumetric Water loop Omega FTB- 254551 +0.5% 0 to 300
Flow Meter 902/FLSG gal hrt
62A
Watt meter Preheater Ohio GW5-10E 11031821 +0.2% 0to 1,000
Semitronics w
Watt meter Postheater Ohio GW5-10E 11031822 +0.2% 0to 1,000
Semitronics wW
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T-type thermocouples. The water loop pressure at the pump outlet is measured with a
Rosemount 2088 series absolute pressure transducer (uncertainty 6.9 kPa). The water
volumetric flow is measuredising a turbine type flow meter (Omega, P/N: FTB
902/FLSG62A) with an uncertainty of £0.5% of reading. The water heater input power

is not used in any calculations and not directly recorded in the experiments.

3.3.1 Data Acquisition System
Data are acquired with a National Instruments SCXI modular data acquisition system.

The system consists of SGX000 chassis containing a-8Bannel thermocouple/voltage
input module (SCx1102 with SCX11303 terminal block) and a dghannel RTD input
modue (SCXF1503 with SCXi1306 terminal block). The thermocouple/voltage
terminal block (SCXI1303) features a builh cold reference junction for use in
thermocouple measurements, while the RTD terminal block (SGB6) features inputs

for differential irput signals and current excitation signals. The chassis and its
submodules are connected to a PC through a National Instrumebis REMCIA
acquisition card (P/N: DAQCa6036E). Signals are read and manipulated using
National Instruments LabVIEW versioB.6. A graphical interface is developed in
LabVIEW to monitor instantaneous values and trends in all measured parameters.

3.4 Experimental Procedure and Safety

Experiments are conducted with pure ammonia and zeotropic mixtures of ammonia and
water &uk = 0.80, 0.90 and 8.960f NHs). The charging and test procedures are slightly
different depending on the working fluid of interest. Due to the moderate toxicity of both
fluids, special safety precautions are taken during system charging, operatidowshut

and storage.
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3.4.1 Charging Procedure
Prior to charging with either a pure fluid or zeotropic mixture, a dry nitrogen pressure test

is conducted to ensure system integrity. The system is pressurized to approximately 3,500
kPa and allowed to come toteliprium before the pressure measurements are recorded.

If the system pressure is constant for a minimum of 24 hours (accounting for small
pressure variation due to fluctuations in the ambient temperature), it is deemed
satisfactory and the charging preseproceeds. However, if the system exhibits
indications of a leak, a combination of visual bubbling soap film, ultrasonic detection,
and R134a vapor charge and leak detection (United Refrigerants Inc., Model 69336) is

used to isolate the problem.

Air and residual water are then evacuated from the facility using a 3 CFM rotary
vane vacuum pump (J.B. Industries, Model -B5N), with the vacuum pressure
monitored with an analog gauge (Thermal Engineering Company, Model 14571). Due to
the presence of water dliid at ambient conditions) in the zeotropic mixtures, care is
taken to flush out the system with nitrogen when making system modifications, changing
system concentrations or switching between pure component and mixtures. Despite these
precautions, residliavater can accumulate in system and then in the vacuum oil,
increasing the oil vapor pressure and limiting the lowest achievable vacuum. Thus, it is
sometimes necessary to change the vacuum pump oil during the system evacuation
process. Once a vacuum @ere less than 300 micron of mercury (< 40 Pa) is achieved,

the pump is shutoff and removed from the system.

For pure ammonia experiments, a tank of anhydrous ammonia is connected to the

system as shown in to Figure 3.7. To ensure a liquid charge, thealverientation in
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Figure 3.7a is used if the tank has a dip tube installed, while the inclined orientation in
Figure 3.7b is used for tanks without a dip tube. Prior to charging, the chilled-glycol
water and coupling water loops are turned on and sesstdambient temperature. This
lowers the temperature of the working fluid loop and assists in condensing saturated
vapor, ensuring enough mass of Nl introduced. Finally, a mass of 150 to 200 grams

of NHz is charged into the system, measured with a\Mel refrigerant charging scale

(PIN: 713202-G1).

For zeotropicNH3s/H20O mixtures, the charging procedure is somewhat different.
Because the saturation pressure at ambient temperature for water is much lower than that
of ammonia (2.5 versus 886 kPaTai:= 21°C), the water is introduced first, followed by
the ammoniacharge. After completing the same leak testing and vacuum process as
described above, a stainless steel distilled water charging vessel is connected to the
system. The glycelvater and coupling water loops are again turned on and set te a sub

ambient temeprature to condense introduced vapor and to remove the heat liberated by

(a) Dip tube installed (b) No dip tube installed
B
Psat
Psat
L
L ]
L

Figure 3.7: Schematic otharging procedure (a)with tank dip tube and (b)
without dip tubeinstalled
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the mixing of water and ammonia. Then, depending on the desired bulk mass fraction,
between 10 and 40 grams of liquid water are introduced into the system. The water tank
is then rermved and the ammonia cylinder attached as before (Figure 3.7). Finally, using
the previously measured water mass charged, the required mass of ammonia is calculated
from Eq.(3.1). As an example, for a desired bulk NiHass fraction ok.uk = 0.80, and

an initial water charge of 40 g, the required ammonia mass charge is 160 g.

Xy =Ny 3.2)

3.4.2 Test Procedures
Prior to starting an experiment with either the pure fluid or zeotropic mixture, the

presence of saturated Uigl at the pump inlet is confirmed visually through inspection of
the sight glass. The accumulator is fully opened to the system, and thewghteoland
closed water loops are both turned on and set t@subent temperatures. As the system
cools to sukambient temperatures, working fluid is drawn from the accumulator into the
system. Once the glycelater and closed water loop are operating stably, the working
fluid pump is started. As the circulating working fluid temperature continues to decrease,
more mass enters the working fluid loop, increasing the density and thus increasing the
mass flow rate (for fixed speed positive displacement pump). Once an approximately
steady state working fluid mass flow rate is achieved, the accumulator valves are closed
and the couplingvater temperature is increased to the desired set point. Then, the pre
and posteaters are energized and the power of each of them is increased in small
increments (~ 5 W) until the desired test section inlet andhmzder outlet condons is

achieved. As additional power is added through the heaters, the system pressure tends to
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increase. To maintain the system pressure, the operator can either 1) Meter working fluid
mass into the accumulator, or 2) Decrease the set point of tHedchiaterglycol
solution. By controlling these two parameters, fine control over the system pressure is

possible.

All data are reported in reéime in the LABView interface as instantaneous
digital readouts and as graphs as a function of time. Oncealaks/ reach a constant
value for a minimum of fifteen minutes, the system is assumed to be at steady state and
data are captured at a rate of 100 Hz for a minimum period of five minutes. After the data
capture is complete, a second set of data at the samagions is obtained and compared
with the first set to ensure that the system is truly stable. Each data point is then analyzed
using Engineering Equation Solvesoftware(Klein, 2012 to calculate the condensation
heat duty, inlet and outlet quality, condensation heat transfer coefficient (for pure fluids),
and to verify the bulk ammonia mass fraction (zeotramixtures). These analysis
procedures are discussed in Chapter 4.

3.4.3 Safety Considerations
To mitigate concerns about working with ammonia and ammonia/water mixtures, several

safety precautions are taken during system charging, operation, and .sDuameg
charging, when the risk of a release of ammonia is greatest, the operator wears a full
respirator that offers protection of the eyes, face and throat. The charged system is housed
under a building chemical ventilation hood and surrounded by edsealyl curtain at all

times. The ventilation fan is run continuously, both during system operation and
shutdown periods. This results in a negative pressure inside the sealed curtain area,

directing any ammonia that may have leaked from the system toutisele of the
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building through the vent and preventing it from entering the laboratory space. All system
controls (valves, keypads, controllers, etc.) are accessible to the operator without having
to open the curtain. Finally, when discharging the systéhe ammonia or
ammonia/water mixtures are vented into large volume containers of water, resulting in a

dilute solution which could be safely disposed.
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CHAPTER 4

DATA ANALYSIS

Condensation experiments on pure ammonia and zeotropic mixtures of ammonia and
water were conducted at varying tube diameters, mass fluxes, sataa@iditions and
test section inlet quality using the approach described in the previous chapter. The

nominal test matrices are shown in Tables 4.1 (ammonia) and 4.2 (zeotropic mixtures).

Using the measured temperatures, pressures, flow rates, armhgrpstheater
input power, several important parameters were calculated for the two fluid types. For

ammonia, the following were determined from experimental measurements:

1. Inlet and outlet qualitycfn, Cour)

2. Condensation heat duty(, )

3. Average condensation heat transfer coefficieny ()

4. Frictional pressure gradierdR/d2)

From the measured NHH-O variables, the following quantities were calculated:

1. Bulk ammonia mass fractiomi(i)

2. Inlet and outlet qualityin, Gouy)

3. Condensation heat duty( )

4. Averageapparentcondensation heat transfer coefficieat |
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5. Frictional pressure gradierdR/d2)

For both fluid categories, all data were analyzed usindetiggneering Equation

Solver (EES) platform (Klein, 2012). In addition, the uncertainties in each of the

calculated parameters were determined using EES, assuming all measurements were

uncorrelated and randorfTaylor and Kuyatt, 199% The heat transfer data analysis

methods for pure ammonia are presented in Chapter 4.1, and those for zeotropic mixtures

are presented in Chapter 4.2. A discussion of the frictional pressure gradient data analysis

for both fluid typess presented in Chapter 4.3. Detailed discussions of the experimental

results and uncertainties for ammonia and zeotropic mixtures are provided in Chapters 5

and 6, respectively.

Table 4.1: Matrix of ammonia experimental conditions

Mass Flux (kg m? s?)
75 100 150 225
D (mm 30 (40| 50(60|30|40(50|60|30|40|50|60|30| 40|50 60
sat (°C)
098mm | X [ X [ X[ X | X[ X][X]X
1_44mmxxxxxxxxx‘x‘x‘x‘x‘xlxlx
216 mm | X X[ X[ X[ X]|X]X
X = Data obtained
Table 4.2: Matrix of ammonia/water experimental conditions
Mass Flux (kg m? s?t)
50 75 100 150 200
D (mm 8090 [ >9800 [9 > |8 [9[>9]8 ]9 [>9]80][ 9 [>9
Xbulk 6 6 6 6 6
0.98 mm X | X | X | X | X | X | X]|X]X
1.44 mm X [ X[ X[ X[ X[ x| x| x| x[|x]Xx]X
216 mm/| X ‘ X ‘ X | X[ X[ x| x| x| X
X = Data obtained
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4.1 Pure Ammonia Data Analysis
In the ammonia analysis, the thermodynamic and transport properties of water, air, and

ammonia were determined using thermophysical property functions embedded in the EES
platform. For air, the thermodynamic properties were calculated from the equation of
state of Lemmoret al. (2000, and the transport properties from correlations in Lemmon
and Jacobsef?004). Water properties were obtained using 1885 Formulation for the
Thermodynamic Properties of Ordinary Water Substances for General and Scientific
Use issued by the International Association for the Properties of Water and Steam

(IAPWS). For ammonia, the thermodynamic properties were determined from the

Table 4.3: Sampleammonia data point measured parameters

Nominal

Condition
Test Number 143
IDi (mm) 1.44
ODi (mm) 1.651
G (kg m?s?) 150
Tsat (°C) 40

Measured

Value

T1(°C) 26.2
T2 (°C) 40.4
T3 (°C) 40.1
T4 (°C) 53.7
Tw,n (°C) 37.5
Tw,out (°C) 37.3
Tamb (OC) 29.1
P:1 (kPa) 1570
P2 (kPa) 1569
Ps (kPa) 1561
P4 (kPa) 1563
P (kPa) 8.08
m (g min‘l) 14.8
Qe (W) 142
Qpost (W) 204
V, .o (92l hrt) 72.4
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Figure 4.1: Experimentalfacility schematic
equation of state of TilndRothet al. (1993, the viscosity from Feghour,et al. (1995,

the thermal conductivity from a modified version of the Tuéewal. (1984 correlation,

and the surface tension from Ya@@®99.

In the following sections, the basic analysis method for determining test section
average quality, condensation heat duty, average condensation heat transfer coefficient,
and the associated uncertainty in each of these quantities is presented. For illustrative
purposes, an analysis of a sample data point at the conditions shown in Table 4.3 is
presented along with the calculation procedure. A detailed-bstspep sample
calcuhtion for pure ammonia using this sample point is presented in Appendix A.

4.1.1 Ammonia Average Quality and Condensation Heat Duty
For reference, the test facility schematic is shown in Figure 4.1.

Starting at stat&, the measured temperature and presstere used to determine

the specific enthalpy of the subcooled ammonia.
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h=f(T,R) =f(26.15° C,1570 kPa =323.4 °0.95kJ} (4.1)

In the preheater, electric power (Table 4.3) was added to the system, yielding a
two-phase mixture at stat® From an energy balance on the-peater assembly, the

specific enthalpy at the pteeater outlethz) was determined:

(Qpre - Q‘pre,losg
m (4.2)

142- 0.3 W
898° 2.1kJ kg =323 kJ Kk K :
Y § 2.47Q40" kg &

h,=h

The energy balance in E@.2) includes an ambient heat loss te@m,m- Details

for calculating the prand postheater ambient heat losses are discussed in the following
section. Withh, andP> (measured) known, the test section inlet quatity yas found as

follows:
q, = f(h, B) =f(898 ki kg ,1569 kPa =0.46 °0.0( (4.3)

The ammonia then entered the test section and was partially condensed3o state
Here, the thermodynamic state was indeterminate with only the measured saturated
temperature and pressure. Thus, the fluid was then evaporated in tHegtesto a
superheated staté, with 10 to 20 K of superheat, depending on the specific test
condition. Using the measurdd and P4 of the superheated vapor, the specific enthalpy

was determined as follows:

h,= f(T, B) =f(53.65° C,1563 kPa =1534 °0.64 kJ* (4.4)
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The specific enthalpy at staBewas then determined from an energy balance on
the postheate (Eqg. (4.5)). The test section outlet quality was determined from the

calculated h3 and measured P3 (&®)).

_ (onst_ onst,los;
h, = h, :
) (204- 0.89 W (49
710° 3.2 kJ kgt =1534 kJ Ki -
Y 9 2.47010" kg &
o, = f(h, B) =f(710 kI kg ,1561 kPa =0.29 °0.0I (4.6)

Finally, with the specific enthalpy at the test section inlet and oudedan(d hs)
known, the condensation heat duty and the average quality were determined from EQs.

(4.7) and(4.8), respectively.

Qcond = m( |’b - h?:)

. (4.7)
46.4° 1.1W £ 2.47 @ kgy( 898.3kikg -710 k'k
+
Gy = 5 %
0.46+ 0.2¢ (48)
0.38° 0.001=—— —<~

For this sample point, the uncertainty in the condensation heat duty was less than
2.4% of the measured value. In general, the largest contribution to the uncertainty in the
calculated condensation heat duty was the uncertainty in the measured masseflow ra
and the preand postheater electric power. A complete summary of the procedure for

calculating the thermodynamic states, condensation heat duty and average quality is
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provided in Appendix A.1. Details of the uncertainty propagation analysis inatahcu

the ammonia condensation heat duty are presented in Appendix B.1.

4.1.2 Ambient Heat Loss/Gains
For determining the heat losses/gains, the coupled conduction, natural convection and

radiation loss mechanisms (E@.9)) from the heater assemblies were considered. A

schematic of the thermal resistance diagram used is shown in Figure 4.2.

T

Q’ _ 'preavg” Tamb
p

re,loss — Rmt
(33.27- 29.)° C
21.28°CW*

(4.9)

0.2 W=

Here, Tpreavg is the average of the pheeater ammonia inletT() and outlet
temperatureT2), andTamb is the measured ambient temperature inside the safety shield
area. As shown in Figure 4.2, the total thermal resistdigedonsisted of the refrigerant
convective resistancdr¢r), the heater assembly wall conduction resistaRegyal EQ.

(4.10)), heater assembly insulation conduction resistafG, (Eqg. (4.11), and the

Figure 4.2: Resistancaetwork for pre- and post-heater ambient heatloss
analysis
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parallel natural convectiorR{ssy,cony and radiationRassy,rag resistances (E¢4.12)) from

the insulation surface. A constaefrigerant heat transfer coefficient of 10,000 W it

was assumed in calculatif®jer, which was insignificant compared to the other thermal
resistancese(g, Rer = 0.01 K W! versusRins = 18.29 K WY). The assembly wall and
insulation conduction sistances were calculated using the standard approach for hollow

cylinders:

IN(OD,..,/ID ...

Ichssy,we\llz
2p Leff kassy (4 10)
0.047 K Wi = (0.0381 m 0.01786 jn
20(0.1715 m)( 14.94 W ih K
R — ln (g)DaSSy-l- Z:inS /@Dass)
ns L Kk
Zp effklns (411)

In([0.0381 m +£0.025 i 0.0381)r

18.29 K W* =
2p(0.1715 m( 0.043Wth K)

Here, Les is the heat loss length between the temperature and pressure
measurements at the heater assembly inlet and outlet. The other required geometric
parameters of the heater assembly and insulation were presented in Chapter 3. The
thermal conductivity of thetainless steel heater assembly and the fiberglass insulation
were evaluated at the ambient temperature. At the surface, the natural convection and

radiation thermal resistances were considered in parallel:
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o -1
a 1 1 (0]

Rassy,surf = 8
gi issy,conv Rassy,rad = (412)
o -1
203KW =5 1 . 3

81167 KW' 391K W

Here, the natural convection from the surface was determined from the Churchill
and Chu(1975 correlation for natural convection from artamntal cylinder, and the
radiation heat transfer coefficient was determined assuming an insulation emissivity of
0.8. Both the radiation and natural convective heat transfer coefficients were functions of
the insulation surface temperature. This requihed Eqs.(4.9) through(4.12) be solved

in an iterative maner for each data point.

A conservative uncertainty of £50% was assigned to the final calculated heat
loss/gain. For pure ammonia, the calculated losses were very small (< 1% of
condensation heat duty), with greater losses observed at higher satgatpmratures.

For zeotropic mixtures, where the fluid operating temperature could be much higher than
t he amb?® H0OK), the tpeat losses were of greater importance. A detailed, step
by-step calculation procedure for the ambient heat/loss gains is presented in Appendix
A2

4.1.3 Ammonia Condensation Heat Transfer Coefficient
Once the ammonia condensation heat dudg walculated, the next step was to find the

average condensation heat transfer coefficient using the VPD approach (Eq(4.13)

)-

Qcond = UA OTQ/I (4-13)
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Table 4.4: Comparison ofuncertainty of measured andcalculated testsection
inlet and outlet temperatures

Nominal Psat Uncertainty of | Uncertainty of

Tsat (°C) (kPa) measuredT calculated T
30 1167 + 2.625 +0.2°C +0.076 °C
40 1555 + 2.625 +0.2°C +0.061 °C
50 2033 + 2.625 +0.2°C +0.050 °C
60 2614 + 2.625 +0.2 °C +0.041 °C

The logmean temperature difference (E@l.14)) was calculated using the
measured water inlet and outlet temperatures, and the saturated inlet and outletaamm
temperatures calculated from the measured pressfeen@ P3). The waterside flow
rate was sufficiently high such that the change in measured water temperature was very
small, for most cases, less than the experimental uncertainty. For the witridrgjde,
the calculated saturation temperature was used as it had a lower uncertainty than the

measured temperature, as shown in Table 4.4.

As a check, the calculatetsa{P) and measured were compared for each
datapoint. For the sample point, the difference between the calculated and measured
temperature was 0.08 ar@l07 K at the test section inlet and outlet, respectively. Both of
these are within the experimental uncertainty, indicatjood measurements and the

absence of contaminants and noncondensables in the ammonia.

DT _éTsat( PZ) - Tw,o 9 Ts( P; :rWyi
LM Y
nQTsat(PZ)- Tw,o g
e /5y +— U
éTsat(P3)_ Tw,i l:l
[40.3- 37.3 { 40.1 -37]
o035 3730
840.1- 37.5 Y

(4.14)
2.8° 0.15K
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Using the calculated condensation heat duty and themkan temperature

difference, thaJA, or overall heat transfer conductance was calculated as follows:

UA: Qcond
DTLM (4.15
16.47° 0.9 WK 46.43 W |

2.8K

The overall heat transfer conductance in the test segteman aggregate of the

condensationRcond), tube wall Rwyai), and waterRuwate) thermal resistances:

1

A: I%:ond-l- vaall +Rvater (416)

By calculatingthe wall and wateside thermal resistances, the condensation
thermal resistance and heat transfer coefficient was deduced. [A.H), Ruai is the

standad hollow cylinder resistance:

aop, 0
Nee — 6
Rl = D - (4.17)
! 2@ (an 2-Lredxjkwall .
R, =0.006 K W!

As shown in Figure 4.3, the watside resistance was the composite of the

resistance in the regions of forcdgd) convection in the annulus, and free convection
(Rred) in the reducer sections.

1 l_Ql

= 4.18
I:<1\1<':1ter Rann Rred ( )
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Figure 4.3: Schematic oparallel water-sidethermal resistance incondensation
testsection

The heat transfer coefficient in the annulus was calculated from curve fits by
Garimella and Christensefi995 for the laminar and turbulent Nusselt numbers in
annuli that were originally proposed by Kays and Le(t#63. The average wateside
heat transfer coefficient for tHg = 0.98, 1.44 and 2.16 mm test sections were 42.6, 46.7,
and 49.0 kW it K, respectively. The primary difference in waside heat transfer can
be attributed to the changing annuhygiraulic diameter and watsrde flow rate for the
different tubes. For calculating the uncertainty in the condensation heat transfer
coefficient, a conservative £25% uncertainty was assigned to the annulus heat transfer
coefficient. The annulus thermaésistance was then calculated from the following

eqguation:

_ 1
B aann Op Lan O[D

1
0.017 K W' =
(45.311Wnf K)@ (®.2489 n( (00165)

Rann
(4.19)

In the reducer section, the heat transfer coefficient was calculated using the

correlation reported in Incropera and Dew#002 for natural convection between two
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horizontal, concentric cylinders.€., the test section and the reducer). The correlation
defined an expression for the effective thermal conductivity for the gapebn the two
cylinders as a function of the modified Rayleigh numlia*( Eq. (4.20)) and the water
Prandtl number. FoRa& < 100, the problem was condumti dominated andes was

equal to the thermal conductivity of water.

Qo

Dred

In
goD, Ba (4.20)

(OD[ 54D -3/5)5 L,

1-O:On

Ra* =

red

For all data in the present studga® << 100 andkert = kwates resulting in the

reducer thermal resistance shown in @R1).

B
Rred:#[)if.
2@ LQd keﬁo

a 2mm

ng’i.651 mm
2 (G009 ) (GBI WM K)

(4.21)

1-O: Ot

49 KW=

Using the calculated annulus and reducer resistances, the heat duty through the
annubis portion is foundo be 43.8 W (94% of total heat duty), with 2.6 W total
transferred through the two reducer sectiofise total watesside resistance was then
calculated by considering the annulus and reducer thermal resistances in parallel, as
definedin Eq. (4.22). For the sample data point, the wadete thermal resistance was
0.0169 + 0.004 K W. By maintaining a low wateside thermal resistance, the

condensation thermal resistance was dominant, and was calculated from the following:
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DT,
Rond = Q HL - RNaII Rvater
cond (4.22)

28K
v ( 0.006 K w) ( -0.0169 K \?y

0.038° 0.005 K W

For the sample point, the resistance ratQ ((R...+ R.)) IS 1.7, ensuring that

the condensation resistance dominates the heat transfer processhé&humdensation
heat transfer coefficient was determined from thedemsation thermal resistance, and

the geometry of the test section:

a. . = !
eone R:ond(.l7 (OHT 2|:t-red) D O

21,91F 3,222Wrh K = 1 m -
(0.0376 KW' )@ (®.249m 2 0.G09)( 0.D14)

(4.23)

Here, the uncertainty in the calculated condensation heat transfer coefficient was
+14.7% of the calculated value. The average uncertainties for the 0.98, 1.44, and 2.16
mm test sections were +8.9%, +15%, and £20%, respectively. The primary caoorribut
to the condensation heat transfer uncertainty was the £25% uncertainty in thsideater
heat transfer coefficient. A detailed, siepstep calculation procedure for the
condensation heat transfer coefficient is presented in Appendix A.3, and adletail
uncertainty propagation analysis of the average heat transfer coefficient in Appendix B.2.
4.2 Zeotropic Ammonia/Water Heat Transfer Analysis
The general data analysis procedure for the zeotropic ammonia/water mixtures is similar
to that for pure ammoaj with some modifications to account for the mixture
thermodynamics. Unlike pure ammonia, where the thermodynamic state could be fixed

with two, independent, intensive properties, the binary mixture required a third property
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(i.e., bulk ammonia mass frach) to completely define the thermodynamic state.
Thermodynamic properties of the BYH-O mixtures were obtained from the correlations

of Ibrahim and Klein(1993, while the vapor and liquid transport properties were from

the correlations of Meachaif2002. The following section reviews the data analysis
procedure for determining bulk ammonia mass fraction, test section averagg, quali
condensation heat duty, apparent heat transfer coefficient, and the associated
uncertainties of each. These equations are evaluated for a sample point corresponding to
the test conditions shown in Table 4.5.

4.1.1 Mixture Concentration Verification
Thefirst step in the mixture data analysis procedure was to verify the bulk mass fraction

of ammonia. During charging, the masses of water and ammonia introduced into the
system were measured, allowing the global system level mass fraction to be calculated.
During operation, fluid was metered in and out of the rigid accumulator to maintain a
constant saturation pressure, which could lead to small variations in the actual circulating
mass fraction. Thus, the bulk mass fraction of ammonia for each data pant wa
calculated from an energy balance on the anel postheater assemblies:

Qe Quresoss TN T, Py Xousip) T B X e @

219W- 1.7W =158 th kgtgh,( 101 C1510kRa,,) hf ZENS10kPax,,) (429
Xbulk,pre =0.92 °0.005

Qs Qosios :mgh‘( Ta Py Xbulk.pﬂ)t -h(3 Ts By Xbulk‘D)st 8
113W- 36 W =158 0 kgsgh,( 146 C,1507 kR@yp) Nf  STAL505 kPaXy, ) (4.25)
Xhulk,post = 091 00002
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Table 4.5: Sampleammonia/water data point measuredparameters

Nominal

Condition
Test Number 501
IDi (mm) 1.44
ODi (mm) 1.651
Xbulk 0.90
G (kg m?s?) 100
Psat (kPa) 1500

Measured

Value

T1(°C) 26.1
T2 (°C) 101
T3 (°C) 57.4
T4 (°C) 146
Tw,n (°C) 47.9
Tw,out (°C) 48.4
Tamb (OC) 284
P:1 (kPa) 1510
P2 (kPa) 1510
Ps3 (kPa) 1507
P4 (kPa) 1505
P (kPa) 5.6
M (g min) 9.5
Q. (W) 219
Qpost (W) 113
Viaer (921 07 74

In Egs. (4.24) and (4.25), the temperatures, pressures, heater ipower and
mass flow rates were measured quantities. Heat losses from thangrgostheater
assembly were calculated using the procedure described above (Section 4.1429)=gs.
(4.12)). Thus, the only unknown in the two equations was the bulk mass fraction. For the
sample point, the difference in the calculated mass fraction from the inlet to the outlet
was 1.8%. For the remaining data analysis procedures in this section, the ntass frac
calculated from th@ostheaterenergy balance was used. The reason for this was that the
average quality at the pelseater inlet @s) is lower for all data points than at the pre

heater outletdz), because the fluid has been partially condensedtighier qualities, the
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slope of the temperature versus quality and/or mass fraction curve is very large. Thus,
small errors in temperature measurement can yield large swings in calculated mass
fraction. Therefore, the mass fraction calculated from the-Ipeser resulted in lower
uncertainties. As a check on the quality of the data, the inlet and outlet calculated mass
fractions were compared for every data point, with an average difference of less than 5%.
A stepby-step calculation of the bulk mass fiact for the sample point is provided in
Appendix A.4.

4.2.2 Mixture Average Quality and Condensation Heat Duty
Similar to pure ammonia, the test section inlet and outlet quality, and condensation heat

duty were calculated from energy balances on théngater, posheater and test section
itself. For reference, the state points referred to in this section correspond to the test
section schematic shown previously in Figure 4.1. At sfatéhe enthalpy of the
subcooled zeotropic mixture is found from theaswed temperature, pressure and

calculated bulk ammonia mass fraction (from @R5)):
h=f(T, R %) =f(26.1°C,1510 kPa,0.91 = 54.69°1.96 kI  (4.26)

The mixture was then partially evaporated in thelpgrater to stat@, where the

enthalpy was found from an energy balance:

(Qpre - Qpre,loss)
m 4.27)

219- 1.) W
1427° 5.7 kI kg =54.7 kI K { )
Y 9 1.5840' kg &

h,=h
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Unlike a pure fluid, the specific enthalpy at stdteould also be calculated as a
function of the measured temperature, pressure and the calculated bulk mass fraction. For
the sample point, the enthalpy calculated in this manner was 1399 + 5.81k& kg
difference of-2%. The uncertainties of the two metis for the sample are comparable,
with the enthalpy calculated from the energy balance method slightly better. However, at
low qualities, where the change in temperature from thé@aéer inlet to outlet is much
smaller (< 1 K), the uncertainty becomgseater for the enthalpy calculated from
measured’, P, andx.uk. Thus, the energy balance method in @(R7) was used for all

zeotropic mixture data.

The quality at stat& was then calculated from the measured pressure, calculated

enthalpy and bulk mass fraction of ammonia:
0, = F (N, B %) =f(1427 kI kg 1510 kPa, 091= 0.92° 0.00 (4.28)

The mixture was partially condensed in the test section and then heated in the
postheater, where the specific enthalpy at the outte} was determined from the
measured temperature, pressure and bulk concentration. Using the same energy balance
as in the pure ammonia experiments, the specific enthalpy aBgtde(4.29)), and then

the condensation heat duty (E4.30)) were calculated as follows:

onst - onst,los;
m (4.29)

113.4- 3. W
996° 9 kJ kg =1690 kJ k§ (1134 3.9 :
1.5800" kg§s

hy =h, (
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Qcond = m( hZ - h5)

68.2° 21W 4 1583 8 kg§( 1427 kikg -996 ki) (4.30)

Using this method, the average uncertainty in the condensation heat duty for all
data was +4.15%. The primary contribution to the uncertainty in condensation heat duty
was he uncertainty in the preand postheater heat loss terms. The heat loss
contributions were more significant for the zeotropic mixtures compared with those for
pure ammonia, due to the much higher temperatures (> 100 °C for some points). A step
by-step c&ulation of the concentration for the sample point is provided in Appendix A.5

and an uncertainty propagation analysis in Appendix B.4.

4.2.3 Apparent Heat Transfer Coefficient
The final mixture parameter of interest was the apparent heat transferieoeffi’).

Recall from Chapter 2 that because it is not possible to directly measure the interface
temperature, the apparent heat transfer coefficient is defined using the mixture

equilibrium temperature:

(4.32)
eq w,i
The apparent heat transfer coefficient is an aggregate of the coupled heat and
mass transferesistances, and is less useful from a fundamental modeling perspective.
However, it is a useful metric for illustrating the degradation in heat transfer due to
mixture effects. In the present experiments, the average apparent heat transfer coefficient
was calculated from the UAMTD method, as above (Eq4.13)). The logmean

temperature difference was defined as:
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_éTZ(PZ’ hZ’ )%ulk)_ Tw,o H“ T£ P3’ @ )gulk) -R,i

|n 2T2(PZ’ hZ’ )%ulk)_ Tw,o g
éT3(P31 ha’ )%uu() B Tw,i u

[103.1- 47.3 { 91.8 -47]5

8103.1- 47.8 g
n———— <
£891.8- 475 {

DT,

(4.32)

49.4 K=

Here, the mixture inlet and outlet temperatures were the equilibrium temperatures
at the measured pressuspgcific enthalpy and bulk ammonia mass fraction. The water
inlet and outlet temperatures were the measured values. The niidwalue was then

calculated as:

UA: Qcond
DT,
:SMS oW (4.33
1.38 WK'=—
494K

The mixture apparent thermal resistance was then found from the following:

DT,
Rond = Q—LM - Rwall Rvater
Fong (4.34)

494K ( 0.011 K vv) ( 0.030 K W)
68.2 W

0.683 KW' =

Here,Rwai andRuwaterwere calculated in the same manner as in the pure ammonia
analysis (Eqs(4.17)-(4.21)). Finally, the mixture apparent heat transfer coefficient was

calculaed fromRcondand the geometry of the test section:
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a'= r ..l .
Rond@ (oHT 2H'-red) D O

(4.35
2,231Wnf K = 1 - -
(0.6833K W) (®.127m 2 0.609)( 0.(014)

4.3 Ammonia and Zeotropic Mixture Frictional Pressure Gradient Analysis
The final parameter of interest for both fluid types was the frictional pressure gradient.

The measured pressure drop was a function of the frictional pressure drop, pressure
change due to flowantractions and expansions at the test section inlet and outlet, and the

pressure rise due to the changing momentum of the condensing flow:

I:]:)measured = FDric-I- Fiﬂ%t FgutIQ Pdetelelja?( (436)

Thus, to isolate the frictional component, it is necessary to calculate the other
parameters. The sample data point of pure ammonia detailed in Table 4.3 is used to
illustrate thepressure gradient analysis procedure in this section. As shown in Figure 4.4,
there were three flow contractions (labeled A, B, and C) at the test section inlet. At the
outlet, the fluid expanded through the same geometry in the reverse oeder (
CA BA A). The diameter of each cross sectional area for the three different test sections

is given in Table 4.6.

The three contraction losses at the test section inlet were calculated from the

approach proposed by Hewst al. (1994):
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f

Figure 4.4: Schematic otestsectioninlet area contractions

Table 4.6: Expansion¢ontraction diameters for eachtestsection

Test Section Diameter (mm)
0.98 1.44 2.16
D1 (mm) 17.8 17.8 17.8
D2 (mm) 8.8 8.8 8.8
D3 (mm) 3.2 3.2 3.2
D4 (mm) 0.98 1.44 2.16
28 a1 g0
DPcontraction = a Aratio é4L 1 tlp
L& . 0?
C _
o :
where (4.37)
1

C

ar 0
Yu=le= 1@

¢lv

i 0634+ A" +

Here,Aratio IS the ratio of the smaller area to the larger a@ais the contraction
coefficient and) ,is the homogenous multiplier. The quality and liquid/vapor densities

were evaluated at the pheater outlet. Using this approach, ta¢culated losses for each

contraction are given below:
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DR, =0.41 Pt
DP,., =24.5 Pz (4.38)
DP,_.. 581 Pa

cont,C

Here, a positive value indicates a decrease in absolute pressure. Thus, the total
inlet pressure drop due to minor losses was 0.605 kPa, or 7.5% of the measured pressure

drop (8.08 kPa).

At the outlet of the test section, three flow expansions in sec&sr,ofrom the
test section to the reducer couplin@, (in Figure 4.4), from the reducer to a NPT
coupling bushing ), and from the bushing to the heater assemBl)y, &s shown
previously in Figure 4.4. Each loss was modeled with the following equatggesied

by Hewittet al.(1994):

DP — GzAatio (1_ Aatio)ys

exp
r
L

where (4.39)

3 5 )
y.=1 m—;L t §0.25q(Q q) -of
¢/v. *

Here, theArto Is the same as above, apd is the separated flomultiplier. The

quality and liquid/vapor densities were evaluated at the-lpzeter inlet. The leading
negative sign indicates that the absolute pressure increases in the expansions due to

pressure recovery. The pressure recovery for each expansiomwis lsblow
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DP. = 47.6 Pe

exp,C
DP,,s = .39 Pe (4.40)
DP,,. = 0.03 Pe

Thus, the total pressure recovery at the outlet dfiewoexpansion is 0.05 kPa or
0.6% of the measured pressure drop. The final parameter calculated was the pressure
recovery due to the momentum change of the condensing flow. The axial momentum

balance on the separated flow derived in C§2698 was used:

DR, i :ng q32 + (- 9.3)2 SGZ 2122 2 '-(1 -q2)2 -
eceleration érv,30§ ¥ (D 3) eg 62 r, O?z (l r 2¢ (4.41)
aadeceleration: -253 Pa

Here, the subscripts 2 and 3 refer to the quality, void fraction and phase density at
the test section inlet and outlet, respedyivéhe negative sign in the calculated pressure
change again indicates a pressure recovery due to the deceleration of the flow. The void
fraction at the inlet and outlet was calculated using the Bar(@§5 void fraction

model (Eq(4.42)).

o -1
& %1.q ar, 6am 6 0

e=@ 45 gp¥ gl 5 O (4.42)
Eca ¢t sc= 2

The total minorloss was the sum of the expansion, contraction and momentum
changes, which for the sample point was 0.302 kPa or 3.7% of the measured pressure
drop. A conservative uncertainty of £50% was assigned to each of the minor loss terms.

The frictional pressurerdp and gradient were then found from the following expression:
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mric = [Péxp - Qinor
(4.43)
7.78° 0.338 kPa= 8.08 kPa- 0.302 I

4dP & _ DP
&= 0~
cdz & Ly (4.44)
20.4° 0.88 kPa rh m
0.381m

Here, the uncertainty in frictional pressure gradient is +48%h the greatest
contribution coming from the uncertainty assigned to the minor losses. A detailed step
by-step calculation of all of the minor losses is provided in Appendix A.6, and an

uncertainty propagation analysis of the frictional pressure gradié&mpendix B.4.
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CHAPTER 5

RESULTS AND DISCUSSION: PURE AMMONIA CON DENSATION

In this chapter, an overview of the experimental results on ammonia condensation is
presented, followed by detailed condensation heat transfer and pressure drop results and a
comparison of the results with models and correlations from the literaturemmeasy of

the test conditions is presented in Table 5.1.

Overall, 301 data points wegbtained. In the smallest test section, experiments
were conducted at mass fluxes of 75 and 100 Kgst At higher mass fluxes, the
refrigerant pump was not able to provide the desired flow rate due to the increasing two
phase pressure drop, particwaat high vapor quality. Similarly, for thB = 2.16 mm
tube, the highest mass fluxes and high qualities were not achievable due to a combination
of pump flow and pressure differential limitations. Despite these limitations, sufficient
data were obtainedver a wide range of conditions to facilitate the analysis of the effects
of tube diameter, mass flux, quality, and saturation temperature on ammonia

condensation heat transfer and pressure drop.

For each data point, it was desired to obtain the localtreegfer coefficient and

Table 5.1: Summary ofammonia data

Mass Flux (kg m? s?) Number
of Data
Points
75 100 150 225
0.98 mm X X 110
1.44 mm X X X X 144
2.16 mm X X 47
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frictional pressure gradient at small quality increments with low uncertainty. Balancing
these two requirements presented a significant challenge. Consider the expression for

condensation heat duty (E§.1)).

Q,..q = UADT,, (5.1

ond —

As shown in Eq(5.1), given an approximately constant experimehtAlvalue,
the heat duty and corresponding rege in quality could only be reduced by decreasing
the temperature difference between the water and the condensing fluid. However, as the
temperature difference is decreased, the uncertainty in the calculated heat transfer
coefficient increases due to maemment uncertainty in the refrigerant and waiede
temperatures. Thus, a careful balance of small quality changes and temperature difference
while maintaining reasonable uncertainty in the calculated heat transfer coefficient had to
be maintained. Forhe pure ammonia experiments, the average closest approach
temperature difference was &5 with a standard deviation of 1.3 K (minimum of 2.2 K
and maximum of 10 K). This yielded an average quality change of 0.27 for all data, with
a range from 0.06 to ®. Plots of the average quality and the calculated uncertainty for all

data are shown as a function of tube diameter and saturation temperature in Figure 5.1.

The average uncertainty in the calculated average quality was very low, +0.6%.
For a given tessection, the change in quality was greatest for the lowest mass flux,
highest saturation temperature (due to smatiigrand highest inlet quality (due to higher
average heat transfer coefficient). As shown in Table 5.2, the change in quality was
largest for the smallest tube. The average quality decreased with increasing tube

diameter. Because an approximately equal approach temperature difference was
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Figure 5.1: Averagequality of ammonia condensationdata

maintained for all three test sections, this can primarily be explained by the much larger

heat transfecoefficients for the smallest tube.

The average test section heat duty for the 0.98, 1.44 and 2.16 mm test sections
was 36.4 W, 57.6 W, and 35.6 W, respeslly. For all ammonia data, the measured heat
duty varied from 15 to 103 W. The average uncertainty in the calculated heat duties for
all data was £2.8%. This low uncertainty allowed for more accurate determination of the

condensation heat transfer coei#fnt. Table 5.2 summarizes the average change in
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Table 5.2: Summary ofammonia condensationheat duties anduncertainties

Averageqy Average Average
Heat Duty Quong
W) Uncertainty
0.98 mm 0.37 36.4 +3.1%
1.44 mm 0.25 57.6 +2.2%
2.16 mm 0.11 35.6 +4.2%
Total 0.27 46.5 +2.8%

quality, average condensation heat duty and heat flux, and average uncertainty in the
calculated condensation heat duty.

5.1 Heat Transfer Results

The local heat transfer coefficient was determined dach point following the
procedures outlined in Chapter 4. In this section, the results and trends are presented first,
followed by a detailed discussion on the uncertainty in heat transfer coefficient. The

local heat transfer coefficient data for all ekments are shown in Figure 5.2.

The average heat transfer coefficients for the 0.98, 1.44 and 2.16 mm test sections
were 31.8, 24.0, and 8.1 kWK™, respectively. The average afl heat transfer
coefficients was 24.5 kW %K1, with a range from 4.2 to 55.4 kWK™, The general
trends were consistent with previous investigations on condensation heat transfer in
mini/microchannels(Bandhauer et al., 2006A\garwal and Garimella, 201Keinath,

2012, and macro channel®obson and Chato, 199&avallini et al., 2001 Thus,
higher values of heat transfer coefficient were observed at higher qualities, higher mass

flux, smaller tube diameters and lower saturation temperature
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5.1.1 Uncertainty and resistance ratio
One of the most challenging aspects of the present investigation was measuring very high

condensation heat transfer coeffi¢eemith low uncertainty. Recall from Chapter 4 that

the condensation resistance was found from the following equation:

DT,,,
Qcond

Iiond = _Rlvall R\/ater (52)

Thus, high resolution of the condensation heat transfer coefficient required that
the dominant thermal resistance was due to condensation. The relative importance of the
condensation resistance to the combined water and wall thermal resistances can be

expressed as the resistarkRgo:

Rond

Raio =
e I%Nall + I%/ater

(5.3)

For very high resistance ratiohie condensation resistance governs the overall
heat transfer, and thus, can be resolved with low uncertainty. A summary of the
resistance ratios and heat transfer coefficient uncadsaag functions tube diameter and

saturation temperature shown inTable 5.3 and graphically in Figure 5.3.
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Figure 5.3: Summary of (a)resistanceaatio and (b) uncertainty in condensation
heattransfer coefficient

The resistance ratio and uncertainty are clearly inversely propaltidhe
resistance ratio is larger at higher saturation temperatures, lower mass fluxes and larger
tube diameters (due to lower condensation heat transfer resistance). Thus, these points
have the lowest uncertainty. The highest uncertainties are at paihteigh mass flux,
low saturation temperature and very high quality. In the present study, the average

resistance ratio was 1.75, and the average uncertainty in heat transfer coefficient

uncertainty was £15.9%, with a maximum and minimum of £5.3% ab®d%a

5.1.2 Effect of Mass Flux and Quality
Figure 5.4 shows the effect of mass flux and average quality on heat transfer coefficient

for a given tube diameteD(= 1.44 mm) and saturation temperatureE 40°C).
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Table 53: Averageresistance atio and uncertainty in heattransfer coefficient

D (mm) Tsat (°C) Average | Average @, Average a_,
Rratio (kW m=2K"1) | Uncertainty (%)

0.98 mm 30 1.02 33.6 +22.5

40 1.15 31.8 +19.8

50 1.24 30.8 +18.7

60 1.37 30.6 +19.2
1.44 mm 30 1.31 29.0 +19.3

40 1.72 23.9 +15.1

50 1.90 22.4 +14.0

60 2.10 21.6 +12.7
2.16 mm 30 2.78 7.5 +7.9

40 3.6 6.0 +7.2

50 3.8 6.2 +6.4

60 2.11 10.8 +9.9
TOTAL - 1.75 24.4 +15.9

For all data, a higher mass flux yields a higher heat transfer coefficient. The mass

flux effect is more pronounced at higher average qualities. As an example, consider the

80 v G=75kgm?s’
D =1.44 mm © G—100kgmzs
T, =40°C O G=150kgm?s’

60 | A G=225kgm?s’

%t%ﬁ
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Figure 54: Effect of massflux and quality on ammonia condensationheat
transfer coefficient for D = 1.44 mm,Tsa:= 40°C
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four data points with an average quality of approximately 0.3 in Figure 5.4. Starting with
the lowest mass flux@ = 75 kg n¥ s?), increasing the nominal mass flux to 133%,
200% and 300% of this value yields values of heat transfer coeffizieti8%, 140%,

and 167%of the nominal respectively. Contrast this for data with an average quality of
approximately 0.75, where the samereases in mass flux yield heat transfer coeffisient

that arel15%, 169%, and 200%f nominal At high quality, the condensation process is
shear dominated, and increases in the mass flux yield higher vapor core velocities,
increasing interfacial sheama thinning the condensate film, thereby resulting in
increasing heat transfer coefficient. However, for the largest tube, gravity effects are of
increased importance, and thus the effect of increased vapor shear is somewhat lower.

This effect can be seem Figure 5.5.

Here, there is essentially no change in the heat transfer coefficient as the mass

80

Tsat - GOOC ) G = 100 kg m-2 s-1

*8 %w L 9] w ¥ v

0 1 I 1 | I 1 I
01 02 03 04 05 06 07 08 0.9

Average Quality
Figure 55: Effect of massflux and quality on ammonia condensationheat
transfer coefficient for D = 2.16 mm,Tsat= 60°C
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flux is increased from 75 to 100 kgs?. Furthermore, there is very little increase in the
heat transfer coefficient with increasing quality. This santeaer was observed by
Dobson and Chat(il998 for condensation for a neazeotropic mixture of B2/R-125

in a similarly sized tubel = 3.14 mm) at mass fluxes from 75 to 150 kg st. For

these points, they stated that vapor shear forces were relatively less important, as the flow
is expected to be a combination of wavy and wangular type flow. In tls regime, the

heat transfer is controlled predominantly by gravity driven condensation. Thus, the effect
of flow regime must be accounted for in the development of a heat transfer model.

5.1.3 Effect of Tube Diameter and Saturation Temperature
The effects of tube diameter and saturation temperature on condensation heat transfer

50
= T, = 50°C ® D=098mm
a G=100 kg m?s™ A D=1.44mm
a"—; 40 ¢ = D=216mm
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oX 3! % t I
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iy BALS
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-
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St ;
Bz, BT e e
; el i @ §i A Tsat=4ouc
g 10 m T,=50°C
T o (b) v T,,=60°C
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Figure 5.6: Effect of (a) diameter and (b)saturation temperature onammonia
condensationheattransfer coefficient
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coefficient areshown in Figures 5.6a and 5.6b, respectively. A clear trend of increasing

heat transfer coefficient with decreasing diameter was observed for all data.

For the range of reduced pressures investigated here (B1€ 6.23), the effect
of saturation tempature is within the experimental uncertainty for most points. Still, the
general trend shows slightly higher heat transfer coefficients at lower saturation
temperatures. There are several different mechanisms that contribute to this. As shown in
Table 5.4the enthalpy of vaporization, phase properties and surface tension change as
the saturation temperature increaseg,(liquid-vapor density ratio and surface tension

decrease by 60% and 34%, respectively, for a 30 K increase in saturation temperature).

For nonannular flow regimes, gravity driven film condensation becomes
increasingly important. The result of the Nuss@®16) laminar film analysis for
condensation on a flat plate can be used to illustrate the influence of fluid properties on

heat trasfer coefficient:

_k &r (- MohK o
n= d _(E‘,E 4 m(Tsat_ Tw) Q (54)

Using Eq.(5.4) as a basis, the heat transfer coefficient is expected to increase with

Table 54: Saturated ammonia properties

Tsat Pr (-) htg (kJ kg™?) r.] ¢ m/ @ | SN m)
30°C 0.10 1144 65.7 12.6 0.0186
40°C 0.14 1099 48.2 11.0 0.0164
50°C 0.18 1051 35.7 9.7 0.0143
60°C 0.23 997 26.6 8.6 0.0122
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increasing liquidthermalconductivity, enthalpy of vaporization, and ligtudpor phase

density ratio as the saturation temperature decreases.

In the annular regime, the condensation heat transfer mechanism is shear
dominated. Thus, a decrease T yields larger differences ithe vapor and liquid
densities and viscosities. This results in larger differences in phase velocities and higher
interfacial shear, increasing the heat transfer coefficient. The effects of saturation
temperature on condensation heat transfer in both riégimes are expected to be more
pronounced across larger ranges of reduced pressure.

5.2 Heat Transfer Comparison with Literature

The heat transfer results were compared with various macro, mini, and
microchannel condensation heat transfer models an@latons from the literature,
shown in Table 5.5 and previously introduced in Chapter 2.

5.2.1 Flow Regime Predictions
It is well established that flow morphology has a significant influence on condensation

heat transfer mechanisms. To that end, many different maps for predictiqzhase

Table 5.5: Evaluatedcondensationheattransfer models

Study Channel | Flow Regimes
Size
Bandhaueret al. (2009 Mini/Micro Annular
Shah (2009 Mini/Micro Annular
Keinath (2012 Mini/Micro Annular
Kim and Mudawar (2013 Mini/Micro | Multi-regime
Traviss et al. (1973) Macro Annular
Shah (1979 Macro Annular
Dobson and Chato(1998 Macro Multi-regime
Thomeet al. (2003 Macro Multi-regime
Cavallini et al. (2006 Macro Multi-regime
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flow regimes and transitions have been introduced and were reviewed in Chapter 2. In the
present study, there was no direct observation of the prevailing flow regime. Rather, as
discussed above, the dominant heat transfer mechanism can be qualitat@redgifrbm

the operating conditions, tube diameters, and trends in the heat transfer data. As observed
from the trends of heat transfer coefficient with mass flux in Figures 5.2 and 5:3, non
annular flow appears to be more prevalent than annular flodaédatgest tube diameter

under investigation.

The models of Dobson and Chgtt998, Thomeet al. (2003, Cavallini et al.
(20006, and Kim and Mudawaf2013 considered the effect of flow regime on the heat
transfer mechanisms. The percentage of the data for each different tube predicted to be

either annular or neannular flow is shown in Table 5.6.

From a qualitative comparison of the flow regime predictions with the observed
trends in the heat transfer data, the Cavadiiral. (2006 flow transition criterion appears
to be the most realistic, namely that annular flow is predicted to damioatheD =

0.98 mm and 1.44 mm tubes, and that-aanular flow takes on increasing importance

Table 5.6: Percentage oflata predicted in annular and non-annular flow regime
0.98 mm 1.44 mm 2.16 mm
A N-A] A N-A A | N-A

(%) | (%) | (%) | (%) | (%) | (%)

Study

Dobson and Chato(1998 83 | 17| 74 26 | 44 | 56

Thomeet al. (2003 0 100] 21 79 0 100

Cavallini et al.(2006 100 O 96 4 80 | 20

Kim and Mudawar (2013 69 | 31 72 28 63 | 37
A = annular flow; N-A = non-annular flow
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for the largest tubd) = 2.16 mm).

5.2.2 Heat Transfer Results

The heat transfer models were compared based orvéhnagadeviation (AD, Eq(5.5))

and the absolute average deviation (AAD,(&6)).

— 100%é amod - %xp
n i=1 a

AD

exp

%.7 |@mod -
ADD - 100 A)a mod ‘%xp

(5.5)

(5.6)

The absolute average deviatiganovides an indication of the bias of the model.

For instance, a model with a very high degree of scatter could have a very low AD (for

equal positive and negative errors). However, the same model would have a very large

AAD. A summary of the AD and AADdr all the models and correlations is shown in

Table 5.7. A graphical representation of the agreement of the six best performing models

is shown in Figure 5.7.

Table 5.7: Comparison ofmeasured versugpredicted heattransfer coefficient

Study AD (%) AAD (%)
Bandhaueret al. (2009 -23 38
Shah (2009 -66 66
Keinath (2012 -1.0 32
Kim and Mudawar (2013 -33 44
Traviss et al.(1973 -20 36
Shah(1979 2013 -38 45
Dobson and Chato(1998 -17 37
Thomeet al. (2003 -23 44
Cavallini et al. (2006 -38 46
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From the table and the figure, it is clear that all of the models under predict a large
percentge of the data, except for some data fromDhe2.16 mm tube. Of the evaluated
models, the microchannel correlation of Keiné2012 has bah the lowest AAD and
AD. In his annular model, a twphase film heat transfer multiplier is introduced as a
function of the phase velocities. These quantities were determined using-Buxirift
based void fraction model developed from flow visualization R#404A in
mini/microchannels. Despite the large property difference between ammonia-and R
404A, the use of a void fraction model developed from microchannel data appears to

improve the predictive accuracy.

100
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AAD = 36.2% s ,/ AAD =37.1% i T
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7

AAD =42.7% 7 7| [AAD=37.6%

AL T20%

-
o
©

Predicted o, (kW m? K™

100

Keinath (2012) -20% -~ | [Kim and Mudawar (2013)  _20%_~
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Figure 5.7: Comparison ofammonia condensdion heattransfer data with
literature correlations
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Table 5.8: Absolute average deviatiorfor annular and non-annular flow

0.98 mm 1.44 mm 2.16 mm
A N-A A N-A A N-A
Study (AAD) | (AAD) (AAD) | (AAD) | (AAD) | (AAD)

Dobson and Chato(1998 | 48% | 31% | 26% | 9.5% | 55 73
Thomeet al. (2003 - 49% | 47% | 27% - 64%
Cavallini et al. (2006 57% - 41% | 50% | 33% | 41%
Kim and Mudawar (2013 | 57% | 48% | 40% | 31% | 33% | 58%
A = annular flow; N-A = non-annular flow

Interestingly, the agreement of the models developed for mini/micro and macro
scale channels were not significantly different, with AAD ranging from 32 to 46%
(excluding the Shah (2009 microchannel model). In fact, the Sh§2009 model,
developed for mini and microchannel applications, exhibited the poorest overall
agreement. In addition, the mutégime models did not offer a significant improvement
in overall predictive capability. A breakdown of the agreement by predictedréigime

and tube diameter for these four models is shown in Table 5.8.

Here again, there is no clear trend in the agreement between different flow
regimes. The poor predictive capabilities of the condensation models and the variation
between each of theadels are not surprising. S al. (2009 showed that many heat
transfer models developed forIB4a had exhibited good agreement with one another
when applied to R34a in a microchannel. However, when they were applied to
ammonia in the same tube, they exhibited wide scatter with one another. An example

case is shown in Figure 5.8.

Thus, while the models examined here may show good agreement ppisd a

to the fluids for which they were developede( synthetic refrigerants), they do not
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Figure 5.8: Comparison ofpredictions of mini/microchannel condensationheat
transfer models for R134a andammonia

extrapolate well to the new fluid and geometry of interest here. As a refereree, at
saturation temperature of 50°C, the liqwabor density ratio, surface t&an, liquid
thermal conductivity and enthalpy of vaporization are 2.2, 2.9, 5.9, and 6.9 times greater
for ammonia than R34a, respectively. These large property differences potentially
explain the poor applicability of models developed forl¥a and dter synthetic

refrigerants to ammonia.

5.3 Pressure Drop Results
Condensation pressure drop datrevobtained concurrently with the heat transfer data

reported above. The pressure drop data and observed trends are reported first, followed
by a comparison of the data with the literature. A complete summary of the pressure
drop results for different saration temperatures, tube diameters, mass fluxes, and

qualities is shown in Figure 5.9.

The trends in pressure drop closely mirror the observed trends in heat transfer
coefficient. An increase in mass flux and quality yields higher pressure drops, as shown

in Figure 5.10 foD = 1.44 mm andsa:= 40°C.
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Figure 5.9: Ammoniacondensationfrictional pressuregradient data
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Figure 5.10: Effect ofmassflux and quality on ammonia condensationfrictional
pressuregradient for D = 1.44 mm,Tsat= 40°C

The effect of increasing mass flux at a fixed quality is comparable over the entire
range of quality. As an example, for a quality of 0.3, for changes in hominal mass flux
from 75 kg n? st to 133%, 200% and 300%, respectively, the resultingsgure
gradients were 203%, 406% and 880% of the nominal value. Similarly, for an average
quality of 0.7, the resulting pressure gradient was 169%, 352% and 837% of the nominal
for the same change in mass flux. This trend is different from that obsewduabdt
transfer coefficient, where the effect of mass flux was less pronounced at lower qualities.
This can be explainebly consideringhat for heat transfer, the underlying condensation

mechanisms change at low qualities (from shear to gravity domjnated

However, for pressure drop, the underlying mechanism is less sensitive to the
expected change in flow morphology from annular to wavy flow. As shown in
Garimellaet al. 2005, a change in the trend of pressure drop is observed as the flow
transitionsfrom annular and disperseave to intermittent flow. In this regime, the vapor

phase is no longer continuous, but rather separated by liquid slugs. In this type of flow,
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the pressure gradient is a combination of bubble and slug shear contributions, as well
pressure losses associated with the flow area changes of the liquid film at the leading and
trailing edges of vapor bubbles. Due to the different pressure drop mechanisms,
Garimella et al. (2002 and Agarwal (2006 each developed pressure drop models
specifically for intermittent flow. In the presestudy, a more pronounced change in
observed pressure drop with qualitye( liquid fraction), mass flux and tube diameter
would be expected if significant intermittent flow were present. Thus, the pressure drop
results further validate the assumption tththe flow is primarily annular, and

annular/wavy and wavy type flow.

At the same quality and mass flux, the pressure gradient is larger for smaller tubes
and at lower saturation pressures. These effects are illustrated in Figurelérd 1the
trends arghe same as for the heat transfer coefficient. As discussed previously, at lower
saturation temperature, the ratios of saturated liquid/vapor density and viscosity increase,
yielding more significant interfacial shear effects and an increase in fricjpoessure

gradient.

5.3.1 Uncertainty in Pressure Gradient
In Chapter 4 it was shown that the frictional pressure drop could be calculated as follows:

DP

fric

= [Br)neasured h %Iet _Pou'f-lgt Paeccl atic (57)

The uncertainty in the measured pressure drop was very low (£0.075% of span or
+0.075 kPa). Thus, the primary contribution to the uncertainty in the frictional pressure
drop was the +50% uncertainty assigned to the calculated inlet, outlet and deceleration

pressure changes. Figure 5.12 shows the percent uncertainty in the frictional gradient,
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Figure 5.11: Effect of (a)diameter and (b)saturation temperature onammonia
condensationfrictional pressuregradient

and the ratio of the calculated frictional pressure gradient to the measured pressure

gradient, as a function of tube diameter and mass flux.

The average uncertainty in the calculated frictional pressure gradient was +9.5%,
with a minimum of 5% and a maximuafi +23%. The average uncertainty for the 0.98,
1.44 and 2.16 mm tubes was +8.9%, £6.5%, and +20.2%, respectively. The uncertainty
was largest for the 2.16 mm tube. This was due to small mass flux and large diameter,

which resulted in small measured pressirop.
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Because the magnitude of the minor losses and deceleragéissupe change for
each tube were approximately the same, they accounted for a larger percentage of the
total pressure drop for the = 2.16 mm tube (as shown in Figure 5.12), resulting in
larger uncertainty in the frictional pressure drop. From this reasoning, it may be expected
that the 0.98 mm tube would have the lowest uncertainty because the frictional
contribution to pressure drap dominant. However, the pressure drop length was 1.5
times greater for the 1.44 mm tube, and experiments were conducted at larger mass fluxes
which increased the frictional component in the data, yielding slightly lower average

uncertainty.
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5.4 Pressure Drop Comparison with Literature
The calculated frictional pressure gradient data were compared with pressure drop

models developed for adiabatic and condensing flows in macro and mini/channels, as
shown in Table 5.9. An introduction to the underlyinguagstions of these models was

provided in Chapter 2.

The pressure drop models were compared based cawvénage deviatiofAD,
Eq. (5.5)) and theabsolute avage deviationAAD, Eq.(5.6)). The results are shown

graphically in Figure 5.13 and in Table 5.10 as a function of tube diameter.

Of the models considered, the Fried#b79 macrochannel and the Kim and
Mudawar (2012 microchannel condensation correlations predicted the data most
accurately. Both of these correlations were developed using a large range of data from
varying tube diameters, mass fluxes and saturaimrditions. Interestingly, as can be
seen from Table 5.7, the Fried@979 correlation exhibited the best agreement for all
three tube diameters. The microchannel models of Mishamd Hibiki (1996
(developed for smaller channels and with air/watektureg exhibited the poorest

overall agreement. The Garimelkt al. (2005 microchannelcondensation model was

Table 5.9: Evaluatedpressuredrop models

Study Channel Boundary

Size Condition

Mishima and Hibiki (1996 | Mini/Micro Adiabatic
Garimella et al. (2005 Mini/Micro | Condensation
Keinath (2012 Mini/Micro | Condensation
Kim and Mudawar (2012 Mini/Micro | Condensation

Lockhart and Martinelli Macro Adiabatic

(2949
Friedel (1979 Macro Adiabatic
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developed using R34a data. Here, the model predicted the general trend of the
ammonia pressure drop well, but the data were under predicted overall. This again
illustrates the difficulty in extrapolating correlations outside their original range of
applicability.

5.5 Ammonia Results Summary

The ability to accurately measure ammonia heat transfer coefficient and frictional
pressure drop for small channels (0.9B < 2.16 mm) and range of mass fluxes (56 <

< 225 kg m? s!) and saturation temperatures was demonstrated in this chapter. The
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Table 5.10: Pressurarop model agreement

Absolute Average Deviation (AAD)

Study 0.98mm  1.44mm | 2.16 mm Total

Mishima and Hibiki (1996 56% 55% 37% 53%

Garimella et al. (2005 25% 48% 25% 36%

Keinath (2012 69% 23% 55% 46%

Kim and Mudawar (2012 23% 40 % 17% 31%

Lockhart and Matrtinelli 29% 40% 34% 35%
(2949

Friedel (1979 20% 25% 14% 21%

measured heat transfer coefficients ranged from 4 to 55 K#WKnm with an average
uncertainty of +£15.9%, and a maximum of £35.9%. The dependence of pressure drop and
heat transfer on quality and mass flux was consistent with previous investigations;
however it was shown that existing heat transfer models were not able to accurately
predict the results. The Keina(B012 correlation exhibited thbest agreement, with a

mean absolute percentage error of 32.5%. The coupled effects of ammonia properties and
microscale geometry are outside the applicable range of most condensation heat transfer
models. The available pressure drop correlations showéerbagreement, with the

simple Friede(1979 correlation predicting the data the best.

To improve the predicative capabilities for design of ammonia condensers,
a new, flowregime based heat transfer model accounting for ammonia properties and
microchannel effects is introduced in Chapter 7. In addition to enabling more accurate
design of amonia based components, the model can be applied within the non
equilibrium framework to predict the liguiilm heat transfer coefficient of condensing

ammonia/water zeotropic mixtures, as will also be shown in Chapter 7.
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CHAPTER 6
RESULTS AND DISCUSSION: ZEOTROPIC MIXTURE

CONDENSATION

In this chapter, an overview of the zeotropic ammonia/water condensation experimental
results is presented, followed by a detailed discussion of the condensation heat transfer
and pressure drop results and a comparison of the results with predictiondeté arad
correlations from the literature. A summary of the zeotropic mixture test conditions is

presented in Table 6.1.

Overall, 438 data points were obtained at mass fluxes ranging from 50 to 200 kg
m?2 st and bulk ammonia mass fractiotu) ranging from 0.80 to > 0.96. For data in
the >0.96 category, the calculated bulk mass fraction of ammonia ranged from 0.96 to
0.98. All data were obtained at a nominal saturation pressure of 1500 kPa, with an
average deviation of +3.2% from the nominal. As with the pure ammonia data, the
lowest masdlux for theD = 0.98 mm and the highest mass fluxes for@he 2.16 mm
were limited by pump, heater input and/or mass flow meter operational limits. For each

data point, the bulk ammonia mass fraction, condensation heat duty, apparent heat

Table 6.1: Summary ofzeotropic mixture data

Mass Flux (kg m? s?) Number
of Data
Points
50 75 100 150 200
0.98 mm X X X 153
1.44 mm X X X X 138
2.16 mm X X X 147
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transfer codfcient, and frictional pressure gradient were calculated according to the
procedures detailed in Chapter 4.

6.1 Bulk Ammonia Mass Fraction Results

As outlined in Chapters 3 and 4, the system was initially charged with the appropriate
mass of ammonia and water to achieve the desired nominal bulk mass fraction. During
operation, zeotropic mixture mass was metered in and out of a rigid accumulator to
control system pressure, which could cause small local shifts in the actual circulating
bulk mass fraction. To account for this, the local mass fraction was calculated using both
a pre and postheater energy balance for each data point. As also detai@daipter 4,

due to lower overall uncertainty, the value obtained from thelpester energy balance

was used in subsequent analysis. Table 6.2 shows the average percentage deviation of the
calculated bulk ammonia mass fraction value from the nominal ¢omdiand the
average percent difference betweefikpre and Xouikpost for each tube diameter. The

average uncertainty in the calculatggk is also reported.

The experimental uncertainty in the bulk ammonia mass fraction was very small,
with an average of less than +0.6% of the calculated value. The primary contribution to

the uncertainty was the test section outlet mixture temperature and the uncertaiaty in th

Table 6.2: Summary ofzeotropic mixture bulk massfraction (Xbuik) and
uncertainty

Average Deviation Avgrage Percent Average
: Difference of .
from Nominal Uncertainty
Xbulk,pre and Xbulk,post

0.98 mm 2.7% 6.7% +0.6%
1.44 mm 1.9% 4.3% +0.5%
2.16 mm 2.6% 5.3% +0.7%
Total 2.5% 5.5% +0.6%
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heat loss of the posieater.
6.2 Mixture Heat Duty and Average Quality

Unlike for pure ammonia, the zeotropic mixture exhibited a strong temperature
glide during condensation. Because the wat#e change in temperature was negligible,
there was a potenti al for a temperature Api N
andthe water inlet temperature, resulting in inactive heat transfer area as the temperature
difference between the two fluids became negligible. This pinch could be avoided by
reducing the wateside temperature. However, this resulted in a larger averagagdr
temperature difference, which yielded greater heat duty and change in quality. Thus, a
careful balance of maintaining an adequate temperature difference without significant
pinch points and minimizing the average quality change was necessary. Ruxtie
experiments, the average closest approach temperature difference between the water and
ammonia/water mixture was 8.2, 6.3, and 5.6 K fon¢ghe = 0.8, 0.9 and > 0.96 points,
respectively. The average temperature gligde, the difference between the mixture inlet
and outlet temperature€hange in quality and uncertainty in quality for each data point
are shown in Table 6.3. The average quality with calculated uncertainty as a function of

tube diameter, ammonia mass fractiand mass flux is shown in Figure 6.1.

Table 6.3: Summary ofaveragetemperature glide, change inquality and average
guality uncertainty

Tglide, avg Cavg
Xeulk P (K) FHavg Uncertainty
0.80 35.6 0.32 +2.3%
0.90 23.1 0.27 +1.4%
> 0.96 7.0 0.27 +1.3%
Total 26.3 0.28 +1.7%
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Figure 6.1: Averagequality of zeotropic mixture data

As seen from Table 6.3, the uncertainty in the average test section quality is low
(x1.7%). However, the uncertainty ightly larger than it was for pure ammoniee(,
+1.7% versus +0.6%), due to the additional uncertainty in calculating the bulk mass
fraction. From Table 6.3, it is also observed that the average temperature glide decreases
with increasing bulk ammonia ass fraction. For reference, a plot of equilibrium
temperature for each bulk mass fraction versus quality at a constant pressure of 1500 kPa

is shown in Figure 6.2. As can be seen from the figure, as the mass fraction of ammonia

179



160

140
120 -
100 ¢

80

Equilibrium Temperature (°C)

0.0 0.2 0.4 0.6 0.8 1.0

Average Quality
Figure 6.2: Equilibrium mixture temperature versusquality at P = 1500 kPa

is increased, the tempereguglide is confined to a narrower quality range. Because data
are collected over the entire quality range, the average temperature glide achieved for the

high ammonia mass fraction points is smaller.

The average test section heat duty for the 0.98, 1.44 and 2.16 mm test sections
was 61 W, 84.5 W, and 85 W, respectively. The average uncertainty in the calculated
heat duties for all data was42%. This low uncertainty allowed for an accurate
determination of the apparent condensation heat transfer coefficient, as well as an
accurate basis for comparison of the film model described in the following chapter.
Figure 6.3 summarizes the averagedmrsation heat duty, and the average uncertainty in
the calculated condensation heat duty.

6.3 Mixture Apparent Heat Transfer Coefficient
The mixture apparent heat transfer coefficient was calculated for every data point,
according to the procedures debed in Chapter 4. The calculated parameter is due to an

aggregate of the heat and mass transfer resistances. In this section, the apparent heat
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transfer coefficient is presented for all data, and then compared with heat transfer
coefficients for pure ammonia at similar conditions and correlations from the literature
using the equilibrium SilveBell-Ghaly approach to approximatiee additional mixture
resistance. Figure 6.4 shows the apparent heat transfer coefficient as a function of tube

diameter, mass flux, and bulk mass fraction of ammonia.

181



28T

D =0.98 mm D =0.98 mm D=0.98 mm
X = 0.80 Xpun = 0.90 X, > 0.96
~— 60
: T
E 4
: % P gk
b ﬁ
20 ags¥ % 5 L R
8°0y &0 s 2oy .0 @n «®
o BetTggs of ® e goug
01 02 03 04 05 06 07 08 09 01 02 03 04 05 06 0.7 08 0901 02 03 04 05 06 07 08 09
a0 Average Quality Average Quality Average Quality
D =1.44 mm D=1.44 mm D =1.44 mm
Xy = 0.80 Xy = 0.90 X > 0.96
< 60 r L
¥
E 40 | |
E %
® 20| @ @ i 3 i § {. ﬁ% g].i‘I 1
éi a D g ) §gj 5@% o ;;j .@ﬁ a ; (]
0
01 02 03 04 05 06 07 08 09 01 02 03 04 05 06 07 08 0901 02 03 04 05 06 07 08 09
Average Quality Average Quality Average Quality
80
D=2.16 mm D=216 mm D=216 mm v G=50kgm?s”
X = 0.80 Xou = 0.90 Xy > 0.96 ¢ G=75kgm’s
60 f ® G=100kgm?s”
4 0 G=150kgm?s”
o A G=200kgm?s”
E 40 L
2
=
= 20
® @t § % o Qo
© )
@ v
. v v"v”}w‘.\. MQ‘. MR R E Y W‘\ﬂ PO ic% :%‘ 7 7 Koo v ol
01 02 03 04 05 06 07 08 09 01 02 03 04 05 06 07 08 0901 02 03 04 05 06 07 03 09
Average Quality Average Quality Average Quality
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Some interesting trends are immediately evident. Unlike the pure ammonia data,
the apparent heat transfer coefficient does not increase with increasing quality. Rather, a
local maximum or a continuous gradual decrease in apparent heat transfer coefficient is
observed with increasing quality, depending on the conditions. This behavior can be
attributed to two effects: 1) the reduction of the interface saturation temperature below
the eaqilibrium temperature due to mass transfer resistance and 2) the change i liquid
film heat transfer coefficient with quality. If there were no mixture effects, it would be
expected that the heat transfer coefficient increase at higher qualities (consiiten
pure ammonia results), due to a thinner liquid film and increased vapor/liquid shear,
enhancing transport across the film. However, this region of favorable-htidheat
transfer coefficient is negated due to mass transfer resistance effeicts,regult in a
vapor/liquid interface temperature lower than the equilibrium saturation temperature,
degrading heat transfer. Consider again Figure 6.3, which shows the zeotropic mixture
equilibrium temperature as a function of quality for each massdra@t higher quality,
the slope of the equilibrium temperature is greatest. Physically, this can be attributed to
the condensation of the mostly less volatile water at high qualities. At lower qualities,
most of the water has condensed, and the amnwegaiier mixture increases in
concentration toward pure ammonia, leading to much smaller mixture effects. The
combination of high liquidilm heat transfer coefficient and large mass transfer effects at
high quality, and low liquieiilm heat transfer and lomass transfer effects at low quality
result in the fairly flat apparent heat transfer coefficient profiles that are observed here,
particularly at lower mass flux and larger tube diameter (where ioidheat transfer

coefficients are smaller). This efft is more clearly illustrated in Figure 6.5, which
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compares the ammonia condensation heat transfer coefficiehit:at 40°C and the
apparent heat transfer coefficient of the zeotropic mixture xith= 0.90 in aD = 1.44
mm tube. For reference, tlequilibrium temperature of the zeotropic mixture is plotted as

a function of quality.

It can be seen that for the mixture, a maximum apparent heat transfer coefficient
is reached at about a quality of 0.55. This peak corresponds well with the change in slope
of the Teq Versus quality line. In this region, for an equivalehange in quality, the
temperature glide increases sharply, indicating a large change in phase concentration that
results in significant desuperheatilike behavior of the vapor. The relatively poor gas
phase sensible heat transfer mechanism, couplédtiae vapor and liquid phase mass

transfer resistances, can potentially explain the observed degradation in Figures 6.4 and
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Figure 6.5: Comparison ofpure ammonia and zeotropic ammonia condensation
heattransfer coefficients for D = 1.44 mm andG = 100 kg m? s
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6.5.

The trends of increasing apparent heat transfer coefficient with increasing mass
flux and decreasing tube diameter are siniéathose observed for the pure ammonia
case. This can be attributed to the higher ligfuid heat transfer coefficient at these
conditions.

6.3.1 Uncertainty and Resistance Ratios
For the pure ammonia experiments, maintaining a low uncertainty in the calculated heat

transfer coefficient was difficult due to the very higkpected coefficients (up &b kW
m?2 K1). Due to the zeotropic mixture degradation, the average values of apparent heat

transfer coefficient are much Ioweasz;(,g = 15 kW m? K1), This resulted in much larger

apparent resistance ratios for the mixture, as seen in Figure 6.6. Here, the average
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resistance ratio is 3.4, compared to an average of 1.75 for pure ammonia.

From the figure, the lowest resistance ratios occur at high th&s§.e., regions
of high liquidfilm transfer coefficient), with most of the values of resistance ratio well
above 1. Thus, while it was still important to maintain a low wsige thermal
resistance, the primary contribution to the apparent heatfé@raocoefficient uncertainty
was the uncertainty in the measured heat duty and the bulk mass fraction of ammonia.
The average uncertainty of the apparent heat transfer coefficient for the 0.98, 1.44 and
2.16 mm tubesvas 17.6, 13.9, and 11.4%, respectivelyie lower uncertainty at the
largest tube can be attributed to the smallest lijlnd heat transfer coefficients,
resulting in a larger resistance ratio.
6.4 Apparent Heat Transfer Coefficient Comparison with Literature
The apparent heat transfer comént data were compared with various macro and
mini/microchannel condensation heat transfer correlations. Each correlation used for
comparison utilized the equilibrium Bell and Gha(§973 approximate mixture

resistance:

_&qQ,, 81

= ?Q—T g;v (6.2)

In EqQ. (6.1), the vapoiphase heat transfer coefficient is calculated from the
Churchill (19778 correlation. The condensation correlationgl ahe Bell and Ghaly
(1973 method were both introduced in Chapter 2. The macro and mini/microchannel
condensation correlations considered here were the same as those considered for pure

ammonia in Chapter 4. The results from the best panfig models are shown
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graphically in Figure 6.7, while a summary abverage deviatioifAD) and absolute
average deviatioffAAD) is shown in Table 6.4. For comparison, the AAD for pure

ammonia is also shown

The figure and table show that all the models under predict the data. In addition,

all models using the mixture coat®n exhibit poorer overall agreement than the
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uncorrected models for pure ammonia, indicating the additional complication of
accounting for mass transfer effects through the approximate equilibrium approach. Of
the evaluated models, the Keing#912 model predicts the data best. It is interesting to

note that this model also predicted the pure ammonia data the best (see Table 6.4).

This consistent agreement suggests that while mass transfer effects are important
for the zeotropic mixture condensation, the underlying liquid film heat transfer
mechanisms are similar between ammonia and ammonia/water mixtures. However, for
the case ofzeotropic mixtures, it appears that the mixture resistance (ED) is
overestimated, resulting in poorer agreement than for pure ammonia (AAD = 40% versus
32%). This over prediction of apparent mixture resistance can potentially be attributed to
the very large temperature glide of BMH-O mixtures, which leads to a very large
effective resistance. Still, the similarity in trend of liqyopdase heat transfdretween
pure ammonia and mixtures will be used in the development of @aquhbrium film

model in the following chapter.

Table 6.4: Comparison ofmeasured versugpredicted apparent heattransfer

coefficient
Zeotropic Mixtures 100% NHs
Study AD (%) AAD (%) AAD (%)

Shah (2009 -65 66 66
Keinath (2012 -38 40 32
Kim and Mudawar (2013 -47 48 44
Traviss et al. (1973 -46 a7 36
Shah (1979 -52 52 45
Dobson and Chato(1998 -45 46 37
Thomeet al. (2003 -47 49 44
Cavallini et al (2009 -51 51 46
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6.5 Mixture Pressure Drop Experimental Results
Frictional pressure gradients for zeotropic mixtures were measured at the same

time as heat duty and apparent heat transfer coefficient. The results for all tubes, mass
flux, and bulk ammonia concentrations are shown in FigureTé&results are consistent

with the trends for quality, mass flux, and tube diameter observed in the sorglen
ammonia data (Chapter 5.3). The effect of changing bulk ammonia mass fraction is
shown in Figure 6.9As the bulk mass fraction of ammonia decreases, the pressure
gradient slightly increases at a given mass flux, tube diameter, and quality. HoWwesver, t
effect is less pronounced than the effect of changing tube diameter and mass flux. The
slight change in pressure drop can be attributed to changing properties of the fluid,
namely surface tension, liquidhpor density ratio, and liquidapor viscosityratio (see

Table 6.5). It should be noted that the properties in Table 6.5 are evaluated for saturated
liquid at a quality of O and vapor at quality of 1. At a given point during condensation, the
actual liquid and vapor properties will be different, doesérying composition of each
phase. The properties in Table 6.5 are the bounding values. As the bulk fraction of water
is increased at a fixed pressure, the value of the hegaebr density ratio increases,
which yields larger differences in phase veliesi and higher interfacial shear, increasing

frictional pressure gradient compared to pure ammonia.

Figure 6.10 shows the percent uncertainty of the frictional gradient as a function
of mass flux and tube diameteas well as the ratio of calculated frictional pressure
gradientdropto measured pressugeadient Here the data for the largest tube and lowest
mass flux D = 2.16,G = 50 kg m? s1) are excluded, as the measured pressure drop is

extremely low, resting in very large uncertainties
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Figure 6.8: Zeotropic mixture condensationpressuredrop data
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Table 6.5: Comparison ofsaturated properties of ammonia and zeotropic
ammonia mixtures

Psat= 1500 kPa
Xbulk o Tiide htg (kJ kg™?) r.] ¢ m/ g | S (Nm?
0.80 93 1705 82.8 11.3 0.0211
0.90 78 1501 74.0 9.5 0.0190
0.96 60 1349 66.8 10.9 0.0172
1.0 0 1099 48.2 11.0 0.0164

The average uncertainty in the calculated frictional gradient was *9.5%
(excludingD = 2.16,G = 50 kg n¥ st data). The average uncertainty for each tube for
the 0.98, 1.44 and 2.16 mm tubsas +5.8%, +4.5%, and £23.5%, respectively. The
average uncertainty was lowest for ihe 1.44 mm tube because the highest mass fluxes
(G = 200 kg n? s?1), and thus venhigh frictional losses, were possible in this test

section. Due to the very low frictional pressure drop in the largest tube, the minor losses
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Figure 6.10: (a) Uncertainty offrictional pressuregradient and (b) ratio of
calculated frictional pressuredrop to total measuredpressuredrop

accounted for a much greater percentage of the measured value, resulting in significantly

greater uncertainty.
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