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Introduction

This report describes progress made during the period January through
June of 1975 under NASA Grant NSG-2054. The work has been monitored by Jack
Kirkpatrick of Ames Research Center and Stan Ollendorf of Goddard Space Flight
Center.
The goals of the project as described in reference 1 are:
1. To predict steady temperature profiles in a cr&ogenic heat pipe
in zero and one g gravity fields as a function of heat transfer

up to and including capillary dry out conditions;

2. To predict transient zero g temperature and pressure in a cryogenic
heat pipe resulting from sudden changes in heat fluxes; and

3. To develop equations for predicting the ceffects of puddling during
one g operation of a cryogenic heat pipe.

' Significant progress has been made towards these goals during the report
period. Simplified models have been developed for use in parametric studies-of
steady state capillary limitations, sonic limitations, and thermal resistance.

In addition considerable progress has been made in using analog computers to
predict transient behavior of cryogenic heat pipes.

The present capillary limitation model is believed to yield reasonably
realistic results based on limited comparisons with experimental data. The present
simplified model for predicting thermal resistances yields temperature differences
which are considerably smaller than published measured values. This model is now
being altered to account for several real affects including contact resistances,
partial evaporator dryout, and vapor Reynolds Number influence. Transient
studies to date have produced approximate information on amplitude and phase re-
lationships among heat fluxes and temperatures at various points in a heat pipe
under step, ramp and sinusoidal inputs. The allowable complexity of the model
is limited by the analog capacity (approximately fifty amplifiers). A new transient
model is now being developed for use on a digital computer. This new model will

facilitate very accurate computations. However, the analog computer will continue




Introduction

to be useful for design purposes,

Work has not yet been started on jitem three of the proposal which relates
to puddling during one g operation. It is anticipated that this problem will
be addressed in the near future,

One master of Science Thesls (References 2) has been published under the
grant thus far. Several other graduate and undergraduate students are presently
working on the project and it is anticipated that additional reports, papers,

and theses will be produced.




RESULTS TO DATE

The effort during the period being reported on has been directed toward
development of both steady state and transient computational techniques. The
models developed to this point are rather simplified. However, present efforts

are being directed towards improving the models to account for real effects.

Geometrz

The heat pipe under consideration is 91.4 cm in length and 1.27 cm in outside
diémeter.. The tube and capillary structures are made of 304 stainless steel
and the working fluid is nitrogen. Schematics of the tube and capillary structures
are shown in Figures 1 and 2. The capillary structure is formed with three
different types of screen. A thin layer of fine mesh screen is used on surfaces
where evaporation and condensation occur. The central slab is formed using fine
mesh screen on the outside of several layers of coarse mesh screen. For steady
state computations the temperatures on the outside of the tube are assumed to
be known thus uncoupling the source and the radiator from the heat pipe. How-
ever, in the transient analysis a saddle and radiator have been included on the

cold end of the pipe.

Steady State Operation

When designing a heat pipe for steady operation, one must consider various
1imitations on performance-capillary failure, entrainment, boiling, and vapor
choking-and thermal resistance, During the six months being reported on, capillary
and sonic limitations and thermal resistances have been studied.

Writing momentum, energy and continuity equations for steady operation of
the model heat pipe at capillary limited heat transfer and making the standard

simplying assumptions the following equation is obtained.
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where

6
6. = 2N/r
CL  — 2.
Rlegr | Kb vl BugPrlers
b6T 4ncéc Qe L
¢ T MRy
QCL = Capillary limited heat transfer rate
o} hf oL
N= —8_-2 = "geat Pipe Number"
a?
o = surface tension of liquid
hfg = heat of vaporization
P = liquid density
By o= liquid dynamic viscosity
rp = pore radius at evaporator surface
= T3 s = effective inverse permeability for slab
A A + BB based on approach velocity.
KA KB
6T = total thickness of slab
nA = number of layers of fine mesh in slab
nB = number of layers of coarse mesh in slab
6A = thickness of a single layer of material A
6B = thickness of a single layer of material B
KA = inverse permeability for material A based on approach
velocity
KB = inverse permeability for material B based on approach
velocity
Qeff = effective length of liquid path in slab
b = width of slab
K = inverse permeability for material at evaporator and condenser

surfaces based on approach velocity
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L = average distance traveled by liquid in circumferential
capillary structure at evaporator or condenser (approxi-
mately 45° arc)

number of layers of capillary material on circumference

n =
c
GC = thickness of a single layer of material C
Ze = axlial length of evaporator section
RC = axial length condenser section
My = dynamic viscosity of vapor
Py = density of vapor
r, = hydraulic radius of vapor space

The thermal resistance of the pipe may be used to compute the heat rate in

terms of overall temperature difference.

Te-Tc

R

Q=
where

Te = temperature of outside wall of pipe at evaporator
Tc

K

The overall thermal resistance includes resistances in the pipe wall at

temperature of outside wall of pipe at condenser

overall thermal resistance

evaporator and condenser, in the combination of wick and working fluid at both

ends of the pipe, at liquid-vapor interfaces at both ends, and in the vapor.

) in (rA/rB] . in (rB/rC] .
1T e Ir k. R
Pe Yy ®
8u, L T, (.1 _1.
(am) 112 g3/2 1 5/2 Veff "3 (5= - )
+ 2 + v L 4
4r r. % P h2 g 1/2 T p h2 T 4
Ce V fg ®c vV fg., v
: 2 3
(2“)1/2 2372 T55/2 , In (ry/r.) +_1n (z,/x5)
+
2 1/2 2n k& 2n k_ 2
b r. A, PV hfgs g, Wy c P ¢
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where

kw , kw = effective thermal conductivity of wick and working
2 5 fluid combination at temperatures T2 and T5
.1_(."1= 1 +2‘0 +.].'_..
1 A [2D+C] ADB B2
kL = thermal conductivity of liquid working fluid.
Y
A=;£ + 1.0
WS
Tus
B=——+ 1.0
T
P
T
c= £ - 1,0
T
ws
kL
D=1
P
k.p = thermal conductivity of pipe material
r, = outside radius of pipe
Iy = inside radius of pipe
r. = inside radius of circumferential wick
R = specific gas constant
T2 = temperature of liquid -~ vapor interface at evaporator end
T3 = temperature of vapor at evaporator end
TS = temperature of liquid - vapor interface at condenser end
PV = saturation pressure corresponding to 'I‘2
2
PV = saturation pressure corresponding to 'I‘5
5 .

gc = conversion constant

Figures 3 and 4 show block flow diagrams of computer programs used to solve

for capillary limitations and for thermal resistances.

These programs have been




READ: K,KC,ST,rp
1
COMPUTE: T,

K

READ: Polynomial
coefficients of

oL,pV,G,uL,uV,hfg
equations

Y

I =1

Y

T(1) = 119
>

I = I+1
. 1
T(I) = T(I-1)+1
A K’
COMPUTE : N(I),QCL(I)

No

Yes

WRITE: TV(I),N(I),QCL(I)

Figure 3. Flow Diagram of Computer Program Used for
Calculating the Heat Pipe Number and the
Capillary Limited Heat Transfer Rate
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Y

Tc(l) = 110

A .

TC(I) = T{I-1)+10

Y

T (1) = T (D)

IJ = J+1|

Te(JJ = Te(J-1)+.5

Y
ICOMPUTE: Average vapor TE temp., thermal resistances,

unrestricted heat transfer rate

No

A

WRITE: TS’ka kws’Rpe’ we’ 1e’RV’R1e ch’
AT, kpe’kpc kpZ’ pS’RT’Qmax

\

(Stop)

Figure 4 Flow Diagram of Computer Program Used for
Calculating the Thermal Resistance
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used to study approximately one hundred different capillary arrangements.
Results of coﬁputations made for one of these arrangements are shown in Figure
5. In this case the total slab thickness was 0.34lcm and was formed using

four layers of 400 mesh screen and five layers of 30 mesh screen. The capillary
structure on the evaporator and condenser surfaces consisted of two layers of
400 mesh screen., A study of Figure 5 shows that this pipe is capable of trans-
porting a very respectable heat rate. The temperature drops shown on this
figure are ideal numbers based on the equation listed previously in this report.
Real temperature differences for this type of heat pipe are considerably larger
than the values shown. Contact resistances where source and sink are connected
to the heat pipe cause large temperature drops. In addition several other
factors associated with the heat pipe itself affect overall temperature drop.

It is well known that the capillary structure at the evaporator partially drys
out even at fairly low heat fluxes and the majority of the surface is often dry
as the capillary limit is approached. This partial dryout causes a smaller zone
of evaporation and hence larger thermal gradients are required to give a certain
heat rate. Small clearances between layers of capillary structure and between
the structure and the pipe walls cause rather large temperature drops. Vapor
velocity profiles affect condensation and hence resistance. These real affects
are now being incorporated into the thermal resistance model and it is expected
that results of computations using the more realistic model will be reported on

in the next status report.
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Transient Operation

A rather simplified transient model of a cryogenic slab type heat pipe
with radiator comnected is shown in Figure 6, Due to limited analog computer

capacity relatively few nodes were used, The equations written for this model

are:
27 Qek P Ca dTe
Qe = r,,r Ty - Tl) + & g = de
In (CA/7B)
daT 4t ¢ k
del=[ v+ e57]1( y (Te = Ty
ppcpe P PuCwe P ATp/T
4 zekw
o+ (T - T.)
[opcpevp + pwcwve] In (rB/rC) vap 1
dT 4 k&
vap _ w e (T. =T )
ds [pwcwve + pwcchw + Zmaca] In (rB/rC) 1 vap
4 kw 2c
+ (T, - T _)
[owcwve + pwcwcvw + Zmaca] In (rB/rC) 2 vap
dT 4 k&
2 _ w_C (T~ - T.)
ds [ppcpCVp + pwcwcvw] in (rB/rC vap 2
4 %E,QC
+ (T - 1T,)
[ppcpcvp + pwcchw] In (FA/FB) ¢ z
dTC 4 kp 2,(' b4 ra IZ,C
= ~ (T, - T)+————— (T._~-T)
ds ppcpcvp In (;A/rB) 2 c ppcpCVp RC r c




Radiator

T T T T / T
Tvap - vap vap 2 c F~j r
% Tube L Tube L Wick Slab and L Wick 12 Tube L Tube
wall wall adiabatic wall wall
and section and
L wick L owick
Evaporator Condenser

Figure 6,

Analog tlodel
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Transient Operation

dTr 27 r lc e A O 4 QS ace
= (T -T) - T 4 <2RACS
do m_c c T m T m_c

rr rr rr

Limiter
Qcp, In (rB/rC)
(Tl—Tvap) é 2n k%
w e

where

Ar = area of radiator

c, - effective specific heat of adiabatic section and slab

c_ = specific heat of pipe material

P

c. = specific heat of radiator
ma = mass of adiabatic section and slab
m_ = mass of radiator
Qe = heat flux into evaporator
Q = heat flux into radiator

space

Qr = net heat flux from radiator
RC = contact resistance between node ¢ and node r
Te = temperature node e

Tl = temperature node 1
T = temperature node vap

vap

Tz = temperature node 2

TC = temperature node c
Tr = temperature node r
e p = volume of pipe material in evaporator
CVp = volume of pipe material in condensor
ve = volume of witck material in evaporator
V.= volume of wick material in condensor

15




Transient Operation 16

e = emmissivity of radiator

density of pipe material

Dp =

Py = effective density of wick and working fluid
g = Stefan-Boltzman constant

8 = time

The limiter equation allows one to include the capillary limitation in
computations.

Figure 7 shows a schematic of the analog computer circuit, ©Note that
inclusion of the radiator introduces non-linear terms in the equations. How-
ever, these non-linear terms have thus far caused no difficulties in the com-
putations.

Figures 8, 9, and 10 show sample results of the computations., Figure 8 shows
performance for a step change of 5°K in the evaporator temperature. Notice that
heat transfer at the hot end (Qe) is limited for some time due to capilllary
limitations. The system has essentlally stabilized after 60 seconds. Figure 9
shows how all paramameters vary for a relatively fast sine wave. Notice that?
the capillary limitation considerably affects heat transfer through the evaporator.
As expected, the computations indicaté progres;ively smaller oscillations in
temperature as one moves away from the evaporator and finally the radiator
increases with time but oscillates very little., There 1s a considerable phase
shift between oscillations in different temperatures. Figure 10 shows the’system
changes for a relatively slow variation in evaporator temperature. Ev?porator
heat transfer is again limited by capillary restrictions. The amplitude of tempera-
ture oscillations tends to be more uniform throughout the pipe than in the case
where fast oscillations were considered. There are large phase shifts.

Work is currently under way towards a goal of developing a much more accurate
transient model for use on a digital computer. It is anticipated that both digital

and analog computers will be of use in the future in predicting transient behavior.




Figure 7.

Analog Circuit
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INTRODUCTION

In January of 1975 work was started at Georgia Tech on a project
aimed at gaining a better understanding of the various design parameters
which affect steady state and transient operation of cryogenic heat
pipes. This report briefly describes the progress made on the project
during the period January through December of 1975. Financial support
has come from NASA under grant NSG-2054 and the work has been monitored
by Jack Kirkpatrick of Ames Research Center and Stan Ollendorf of
Goddard Space Flight Center. One M.S. thesis (reference 1) which is
directly related to the project was published in June of 1975 and a
second thesis in the area i1s currently being prepared and should be
published about July 1976. It is anticipated that several papers will
be published in recognized technical journals over the next few years
as a result of the work.

Heat Pipe Under Study

A 304 stainless steel heat pipe with slab type capillary structure
and nitrogen as the working fluid was studied in the temperature range
of 60°K to 120°K. The pipe is 1.27 cm in outside diameter and 9.14 cm
in total length. Figures 1 and 2 show geometry of the pipe and the
configuration of the capillary structure. In the transient studies,
described in detail in this report, saddles are included at evaporator
and condenser ends and a radiator is included at the condenser end.

Summary of Results to Date

The work performed under the grant is divided into two main areas.
The first area includes development of accurate steady state equatioms

for predicting capillary limitations and development of equations for
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predicting thermal resistances. Extensive computer surveys were run
using the equations developed and it was found that a heat pipe of the
type described above could transfer as much as 30 to 40 watts with an
overall temperature drop of a few degrees Kelvin. The second area of
study was the transient operation of cryogenic heat pipes. The problem
was first studied with the aid of an analog computer and currently a
digital computer approach is being pursued. Results of the analog
work, which is limited to small transients and does not account for
fluid dynamics, show the effects of small step temperature changes and
the effects of fast and slow sine wave variations of small amplitude
on heat pipe operating parameters. The digital program now under
development will be much more powerful in that large transients, even
including the case of start-up from the supercritical state, can be
studied. At preéent a simplified model, which does not include fluid
dynamic effects, is being successfully examined on a digital computer.
The next step is to incorporate fluid dynamic effects.

Future Plans

The main theoretical effort is now being directed towards making
the transient model, which is being examined on\a digital computer, more
realistic and more flexible. It is expected that this work will require
another six months assuming that current levels of effort are maintained.

Some effort is now being directed to planning some low temperature
heat pipe experiments which could be used to generate data for verifying
and modifying both steady state and transient models. In the near term
the experiments would be carried out in a laboratory on earth. Also
some initial thought has been given to the idea of a space experiment.

The National Aeronautics and Space Administration currently is designing



a "Long Duration Exposure Facility" and a '"Sky Lab" either of which

would be ideal for this type of space experiment,



RESULTS TO DATE

During Calendar 1975 significant progress has been made both in
the steady state and transient parts of the work. Computer programs
are now on hand for predicting capillary limitations, and steady state
thermal resistances for slab type cryogenic heat pipes. An analog
scheme has been developed which handles small transients and work is
progressing on a much more powerful digital solution scheme which will
be able to handle large transients including startup from the super-
critical region. Each of these steady state and transient approaches

will be discussed in detail.

Steady State Thermal Resistances

In the typical design of a heat pipe, little attention is given to
predicting thermal resistances. This is the case because accurate pre-
dictions are extremely difficult in most systems. It is not uncommon
to underestimate overall heat pipe temperature drops by an order of
magnitude.

In the present analysis resistances are considered in the pipe
wall at the condenser and evaporator, in the layers of capillary material
around the circumference of the evaporator and condenser surfaces, in
the fluid gaps between layers of capillary material, at liquid vapor
interfaces, and in the vapor region. In addition it has been assumed
that the circumferential portion of the capillary structure partially
drys as heat transfer is increased towards the capillary limitation.
This problem is discussed in detail in references 2 through 5. Results
of several studies, see reference 2, suggest that in long heat pipes

part of the condenser surface may not be active at relatively low heat




transfer rates. This effect has been considered in developing a thermal

resistance model at the condenser end.

The following nomenclature is used in computing thermal resistances.
distance between centers of screen filaments

conversion factor

enthalpy of vaporization of N

2

conductivity of stainless steel screen filaments or of the
stainless steel pipe

conductivity of liquid nitrogen
conductivity of stainless steel pipe
conductivity of the liquid filled screen portion of the wick
axial length

active condenser length

length of condenser at design conditions
length of evaporator section

effective length of wvapor path

number of screen layers

vapor pressure

heat transfer rate

capillary limitation

ideal gas constant

outer radius of pipe wall

inner radius of pipe wall

inner radius of wick

hydraulic radius of complete wick structure
distance between centers of screen filaments

resistance of interface at condenser



resistance of liquid vapor interface at evaporator
resistance of pipe wall at condenser

resistance of pipe wall at evaporator

total resistance

resistance of vapor

resistance of wick at condenser

resistance of wick at evaporator

temperature of outer surface of pipe at condenser
temperature of outer surface of pipe at evaporator
temperature of liquid at the liquid vapor interface
temperature of inner surface of pipe at condenser
temperature of inner surface of pipe at evaporator
vapor temperature

wall thickness of pipe

thickness of liquid layers between screen layers
TE - TC

viscosity of vapor

density of liquid

density of vapor

angle within each quadrant over which liquid is present in
the wick at the evaporator

thickness of central slab

The equations developed for computing resistances are given in the

following list.

The resistance of circumferential layers of capillary structure and

working fluid gaps is (see Figure 3)
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N N-1

R=ER+E'R,2
w n n
n=1 n=1
. Ty - (n—1)4rf - (n-1)B
n rp - nér, - (n-1) B
R =
n 2m k2
w ax
rp - n4rf - (n-1)B
An r, - ndr_ - nf
B £
R =
n, % 2m k2 zax

Dry out of the evaporator'surface is accounted for by (see Figure 4)

r
A
1+3
Quax

0

Assume that the active condenser length is

The wick resistance at the condenser then becomes

N N-1

RWC - z :Rn + z : Rn,£
n=1 n=

Q Ty - (n—1)4rf - (n-1)B
MAX fn
—_— r, - 4nr. - (n-1)B
R = Q B f
n 2m k2
w cd
QMAX Ty - 4nrf - (n-1)B
——— in
Q rp - 4nrf - nf
R =
nf 2T k2 zcd

The wick resistance at the evaporator is

N N-1
RW:[1+6QMA_;] ZRH+ ZRH,2
=1 ne1

10

(1)

(2)

3

(4)

(5)

(6)

)
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e rp - (n-1) 4rf - (n-1)B
r, - 4nr,. - (n-1)B
n 2 k&
w E
rp - 4nrf - (n-1)8
n
Ty = lmrf - nf
R = . 10
n, 2 2n kg EE (10)
The effective thermal conductivity of the fluid-metal combination in a
typical single layer is (reference 2)
_ 1
ke =k |73 k d
f 2 f
7w, | 2%t 2
f f f
2
7% or (11)
f 2 f
2r k. J|d, - 2r +1
f f f f
" 1

The resistance of the pipe wall in the condenser and evaporator sections is

TA
QMAX o ;;
- (12)
Rpe Q 21 kg L
r
n A
Q ) (13)
= 1 + .
RPE QMAX 2T kf RE

The interfacial resistances at condenser and evaporator ends is approx-

imated as



Dryout

MAX

Figure 4.
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Q (2ﬂ)l/2 R3/2 T 5/2
RIC = gAX bmr & h EI 1/2 (14)
c “cd Py fg e
0 (2w)1/2 r3/2 TLI5/2
Rig = |1+ 3 172 . (15)
MAX 4 r, QE P, hfg 8.

The resistance of the vapor is computed by assuming fully developed
laminar flow and accounting for the obstruction presented by the slab

with a hydraulic diameter.

(22
Rv - 8 uv 2eff TV 13v Py (16)
2

T Py hfg e

. 2
m rC 2 rC GT

£ = - : an
CHD 27 rC -2 GT + 4 rC

Hare (reference 1) has developed equations, based on National Bureau
of Standards data, which give nitrogen properties and stainless steel
properties in the temperature range of 60°K to 125°K.

Vapor Pressure [lbf/ftz]

p, = 1.71041 x 107% (T)> - 1.20901 x 1073 (T)* + 3.71275 x 107! (T)3

- 5.70868 x 10(T)2 + 4.28513 x 103 (T) - 1.25125 x 10 (18)

Density of Liquid and Vapor [lbm/ft3]
p, = = 5.8917 x 10713 (T)7 + 4.50297 x 10710 (T)® -~ 1,15298 x 10~7 (T)°

+ 4.95327 x 1076 (T)* + 2.9749 x 1073 (T)3 - 5.98552 x 1071 (T)2

(19)
+ 4.54425 x 10 (T) - 1.21455 x 103
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p, = 1.39324 x 10713 (1)7 - 1.042325 x 10710 (T)® + 2.638736 x 1078 (T)°
-~ 1,14015 x 10 ¢ (T)* - 6.78395 x 107% (T)3 + 1.385389 x 107! (T)2
- 1.07628 x 10 (T) + 3.10045 x 102 (20)
Viscosity of Vapor and Liquid [(lbf - sec)/ft?]
n, = 8.55910 x 1072! (T)7 - 6.55918 x 10718 (T)6 + 1.70105 x 10715 (T)°
- 8.08553 x 1071% (T)% - 4.27309 x 10711 (T)3 + 8.90377 x 1072 (T)2
— 6.94007 x 10~7 (T) + 1.99577 x 10~5 21
u. o= 4,48282 x 1071% (T)% + 2.34251 x 10711 (7)3
. (22)
- 3.55312 x 1079 (T)? + 3.14221 x 1078 (T) + 2.16226 x 107°
. Btu
Thermal Conductivity of Liquid Nitrogen [ T ft °R ]
k, = 1.0970566 x 10711 (T)® - 9.2427627 x 107 % (T)* + 3.090593 x 1076 (T)3
— 5.1457532 x 10~% (T)2 + 4.2210737 x 102 (T) - 1.26105 (23)
Heat of Vaporization [Btu/lbm]
hfg = - 4,11334 x 10711 (T)® + 2,0908 x 1078 (T)S - 1.43119 x 1076 (T)*
- 1.03235 x 1073 (T)3 + 2.6159% x 107! (T)2 - 2.40246 x 10 (T)
(24)
+ 8.89614 x 102
Surface Tension [lbf/ft]
o = 6.70239 x 10712 (T)* - 4.60497 x 109 (T)3 + 1.19096 x 10°6 (T)2
- 1.44813 x 10~% (T) + 7.58324 x 1073 (25)
Ratio of Specific Heats of Nitrogen
k = 1.572403 x 10" 6 (T)2 - 8.6844907 x 10™"* (T) + 1.52913275 (26)
Thermal Conductivity of Stainless Steel [Btu/ft hr °R]
k. = - 4.02016 x 10~° (T)2 + 3.20878 x 1072 (T) + 1.30266 Q7

f

where T = temperature in degrees Rankine.
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For any heat pipe of specific structure there are four primary

varlables directly related to the thermal properties of the heat pipe.
These are TE’ TC’ TV’ and Q. Among these four variables any two are
independent while the other two are dependent.

The present numerical procedure involves first specifying Q and
TC and then making use of the fundamental relationship of temperature,
resistance, and heat transfer rate to calculate temperatures at several
locations along the path of heat flow and to calculate the thermal

resistance of the various sections of the heat pipe. The temperatures

calculated are only approximate since the simple resistance equation

is based on the assumption of constant conductivity across the heat
flow path between the two locations at which the temperatures are
known. This approximation should not lead to apprecilable errors since
the length of each heat flow path considered i1s small and consequently
the value of AT is small.

The equations which results from applying this method cannot be
solved analytically because of the presence of high order terms, so
an iterative solution 1s necessary. The iteration process used in this
analysis converges rapidly on the solution, partly as a result of
knowing the range in which the solution lies, so that the computer
time required for this portion of the numerical analysis 1s not large.
The iterative procedure converged on the solution to an accuracy of 4
decimal places in an average of only 2 iterations.

An outline of the numerical procedure 1s now given
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I. Specify Q and TC
(Q will vary from 10 Watts to 30 Watts)
(TC will range from 60°K to 125°K)

Approximation: TLI = TV

This is an excellent approximation since the resistance of the
liquid-vapor interface is extremely small. (RI is typically
about 0.0001 °K/Watt)

The properties of each section will be evaluated at a temperature

which is the mean of the temperature of the boundaries of the sectionm.

Algebraic manipulation of the equation Q = (TPCI - TC)/RPC yields

2 2
o AP B 1 T s (T U B v 1 N e A e JA O
4 PCI 2 2 4 PCI 4 2 3 2 2 PCI
o o Q r
L p3__2q02_ .S Ay,
+i ( 4 TC 2 TC 0‘BTC 274 n T ) 0 (28)
cd B
where o, = - 4.02016 x 10”5 ay = 3.20878 x 1072 ag = 1.30266
IT. Solve equation 28 for TPCI'
'=
III. Assume a value for TV and compute T (TV + TPCI)/Z.
IV. Compute kz from equation 23 for T = T'.
=T'.

V. Compute kf from equation 27 for T
VI. Compute kw from equation 11,
N
VII. Compute z: Rn from equation 6.

n=1

N-1
VIII. Compute 2: Rn 3 from equation 7.
n=l

IX. Solve Equation 29 for T, using linear interpolation method,

A%
repeating steps IV, V, AND VI,
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. Ty - TPC§_1 1 = o0 (299
QZ R+ Q ZR“"L
=1 n=1
X. Compute RWC from equation 5.
X1, Take T' =[IPEI + TV]/ 2
XI1I, Compute k2 from equation 23 at T'.
XIII. Compute kf from equation 27 at T'.
XIV. Compute kw from equation 11 at T'.
XV. Assume values of TPEI and determine TPEI using iteration, repeating

steps XI through XIV and using equation 30.

-1=0 (30)

XVI. Compute RWE from equation 8.

XVII. Solve equation 31 for TE'

Substituting metal conductivity equation into Q = (TE - TPEI)/RPE gives

7 g E
o s ] o
e %2 Qe %2
+( 7 pE1 "2 Tper T % Tprr t3 TPE1+°‘3)TE (31)
r
) . Q tn
wl-Lr3 o Zq2 T - B =0
i Teer T 7 'eEr T %3 PEI T 48 iy

XVIII. Compute ka from equation 27.



XX1II.

XXIII.

XXIV.

XXVI.

XXVII.

XXVIII.

Compute RPE from equation 13,

Compute hfg from equation 24 at T = TV

Compute P, from equation 18 at T = TV

Compute R_, from equation 14 at T = T

IC v

Compute R__, from equation 15.

IE
Let #_ . = 3.0 £t - £/2 -(zcd/z)q/qu .
Compute , from equation 21.
Compute Py from equation 18.
Compute p, from equation 19,

%
Compute RV from equation 16.

Compute RTOT = RPE + RWE + RIE + RV + RIC + RWC + RPC and

alternate equation RTOT =(TE - TC)/Q.

The complete computer program is given in Appendix A.

The effects on thermal resistance of changing the size of liquid

gaps, wall thickness, mesh size, and number of circumferential layers

of capillary structure has been examined on the computer for a nitrogen

heat pipe. Table I shows some of the geometries studied. Figures 5

through 21 show how temperature difference and resistance change with

changes in operating temperature and heat flux for the cases described

in Table I.

order of magnitudes for resistances for these two extreme cases.

Several figures related to Cases 1 and 6 are included to show

one plot is given for each of the other cases. It is interesting to

note that overall temperature difference may increase or decrease with

increasing vapor temperature at constant heat flux. For example in

Case 1 the heat pipe temperature difference increases as the vapor

temperature increases while just the opposite is true in Case 6.

Only

18



Wall Filament Distance Between  Number of Thickness of
Case Thickness(mm) Mesh Size Radius(mm) Filament Centers Screen Layers Fluid Layers(mm)

1 1.0150 400 0.0155 0.06919 2 0.03048
2 0.3968 400 0.0155 0.06919 2 0.03048
3 2.0300 400 0.0155 0.06919 2 0.03048
4 1.0150 250 0.0241 0.1198 2 0.03048
5 1.0150 100 0.0815 0.2937 2 0.03048
6 1.0150 400 0.0155 0.06919 1 -

7 1.0150 400 0.0155 0.06919 3 0.03048
8 1.0150 400 0.0155 0.06919 2 0.01524
9 1.0150 400 0.0155 0.06919 2 0.06096

Table I. Values of Parameters for Cases Considered in This Study

61
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The reason for these different trends is that the thermal conductivity
of liquid nitrogen decreases with increasing temperature while the
conductivity of stainless steel increases with increase in temperature.
In Case 1 the conductivity of the metal controls the effective conduc-
tivity of the fluid metal combination whereas in Case 6, the liquid

nitrogen controls the effective conductivity of the combination.
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Capillary Limitations

Writing momentum, energy and continuity equations for steady operation
of the model heat pipe at capillary limited heat transfer and making the

standard simplying assumptions the following equation is obtained.

. 2N/r
Kegee K /1 1\ Bugep 2
b, Time  \ ti )t ¥
T c’c \*e *c T ¥ Pyty

where

QCL = Capillary limited heat transfer rate

Oheo P |
N = —-:fi——- = "Heat Pipe Number"
L

o = surface tension of liquid

hfg = heat of vaporization

P, = liquid density

by, = liquid dynamic viscosity

rp = pore radius at evaporator surface

— 6T

K= 3 5 - effective inverse permeability for slab
AA + BB based on approach velocity.,

Ky Kg

§,, = total thickness of slab

T

n, = number of layers of fine mesh in slab

ng = number of layers of coarse mesh in slab
GA = thickness of a single layer of material A
GB = thickness of a single layer of material B

KA = inverse permeability for material A based on approach velocity

KB = inverse permeability for material B based on approach velocity
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leff = effective length of liquid path in slab
b = width of slab

K = inverse permeability for material at evaporator and
condenser surfaces based on approach velocity

L = average distance traveled by liquid in circumferential
capillary structure at evaporator or condenser (approxi-~
mately 45° arc)

n, = number of layers of capillary material on circumference

§ = thickness of a single layer of material C

% = axial length of evaporator section

2 = axial length condenser section

= dynamic viscosity of vapor

= density of vapor

2
i

hydraulic radius of vapor space

Approximately one hundred different capillary arrangements were
studied in order to determine capillary limitations. Table II shows
geometric parameters for six of the combinations examined. Capillary
limitations as a function of vapor temperature are shown in Figure 22
for each of the combinations listed in Table II.

Transient Analog Computer Studies

A rather simplified transient model of a cryogenic slab type heat

pipe with radiator connected is shown in Figure 23, Due to limited

I’

analog computer capacity relatively few nodes were used. The equations

written for this model are:

27 le k ppcpevR dTe
= e—— P -
In (r./r.) (Te Tl) + 2 de (33)
A""B

e



Table II. Description of Composite Wick Systems Considered in this Study

Total Thickness

Wick Screen Mesh Size  Number of Layers Screen Thickness - m of Slab - m
Composition
v T =
) Number A B C n, n, n. 6A310 GBxlO 6Cx10 GT nAGA + nBGB
1 250 100 250 2 8 1 0.867 0.314 0.866 2.68
2 400 50 400 2 5 1 0.744 0.448 0.744 2.39
3 400 30 400 2 4 1 0.744 0.622 0.744 2.64
4 400 30 400 4 5 2 0.744 0.622 0.744 3.41
Wick Wire Diameter Pore Radius Inverse Permeability-1/m?2 Effective Permeability - 1/m2
Composition "C" Layer "C" Layer
Number I I -9 -7 -g _ n,d )
m x 10 mx 10*  K,x107° K107/  Kx10 Boo/(2A TBB 07
T K KB
A
1 0.482 0.359 58.4 2,610 58.4 2,716
2 0.311 0.191 163 195 163 207
3 0.311 0.191 163 63.5 163 67.3
4 0.311 0.191 163 63.5 163 69.6

v
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dT1 4 ze kp
= (T'T)
de [ppcpeVp + pwcwevp] 1n (rA/rB) e 1
(34)
4 zekw
+ (T - 1))
[ppcpeVp + pwcwévw] 1n (rB/rC) vap 1
Tva 4 kw L
de k- [pe V +pc Ve +2mc ] In (r, /r,) (Tl - Tvap)
wwew W WC W aa B °C
(35)
b4 kw £c
+ (T, - T )
[pwpweVW + pwpchw + 2maca] 1n (rB/rC) 2 vap
dT2 4 kw £c
de ~ [pe V. +pec V] 1n (r /r)) (Tvap - TZ)
PpPcCDPp W We W B °C
(36)
4 kP £c
+ (T ~-T))
[ppcpcvp + pwcchW] 1n (rA/rB) c 2
T 4 kp 5. 4n ro 4
de pc V 1n(r /r)) (TZ - Tc) + c R (Tr - Tc) (37)
PpPcp A" B PPC P C
dTr 2n r, £c € Ar c " QS ace
8 m_c (Tc - Tr) “m ¢ Tr + m ¢ (38)
r r r r T r
Limiter
Q. In (r /r.)
. -7 ) S XL B’ ’c

1 vap’ 2m k_ &
w e



where
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A = area of radiator

c_ = effective specific heat of adiabatic section and slab

cP = gpecific heat of pipe material

c. = specific heat of radiator

m_ = mass of adiabatic section and slab

m . = mass of radiator

Qe = heat flux into evaporator

Qspace = heat flux into radiator

Qr = net heat flux from radiator

Rc = contact resistance between node c and node r

Te = temperature node e

T1 = temperature node 1 f
Tvap = temperature node vap ‘

T2 = temperature node 2

Tc = temperature node c

Tr = temperature node r

eVp = volume of pipe material in evaporator
cVP = yolume of pipe material in condensor

eVW = volume of wick material in evaporator
cVW = volume of wick material in condensor

£ = emmissivity of radiator

p density of pipe material

P

Py

effective density of wick and working fluid
o = Stefan-Boltzman constant

8 = time
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The limiter equation allows one to include the capillary limitation
in computations.

Figure 24 shows a schematic of the analog computer circuit. Note
that inclusion of the radiator introduces non-linear terms in the
equation., However, these non-linear terms have thus far caused no
difficulties in the computations.

Figures 25, 26, and 27 show sample results of some computations
performed for a nitrogen heat pipe of configuration. Figure 25 shows
performance for a step change of 5°K in the evaporator temperature.
Notice that heat transfer at the hot end (Qe) is limited for some time
due to capillary limitations. The system has essentially stabilized
after 60 seconds. Figure 26 shows how all parameters vary for a rela-
tively fast sine wave. Notice that the capillary limitation considerably !
affects heat transfer through the evaporator. As expected, the compu-
tations indicate progressively smaller oscillations in temperature as
one moves away from the evaporator and finally the radiator increases
with time but oscillates very little. There 1s a considerable phase
shift between oscillations in different temperatures, Figure 27 shows
the system changes for a relatively élow variation in evaporator
temperature, Evaporator heat transfer is again limited by capillary
restrictions. The amplitude of temperature oscillations tends to be
more uniform throughout the pipe than in the case where fast oscillations ¢
were considered. There are large phase shifts.

Transient Digital Computer Studies

The analog computer program described above is limited to small
transients and thus 1s of limited use. For this reason a digital computer

program 1s now being developed to handle transient computations. The
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new approach will allow predictions to be made for various start-up
situations including start-up from the supercritical state.

The digital work is now in the early stages of development.
Fluid dynamic affects have not yet been incorporated. However, it is
anticipated that these iImportant affects can be readily included at
the appropriate stage.

In the preliminary model now being studied several assumptions
are made. (See Figure 28)

Evaporator sadle: lumped mass, contact resistance to pipe wall,
known heat input or fixed temperature.

Wall: nodes in r and 6 directions, contact resistance
to wick.

Wick: dryout circumferentially as £(Q) innermost layer
of nodes at same temperature as vapor.

Vapor: lumped system, includes mass of slab, linear
temperature drop along tube.

Adiabatic section

and condenser: nodes in r,z directions, nodes become active as

£f(Q), innermost node of wick at same temperature
as vapor.

Wick: contact resistance to pipe wall.

Wall: contact resistance to radiator.

Radiator: A lumped mass with known heat input or fixed temperature.

Axial conduction: evaporator temperatures averaged for boundary

condition in adiabatic section, weighted fraction
of total heat transfer in axial direction subtracted

from each evaporator node.






Thermal properties: constant at the temperature of the last time step.

The nomenclature used in the digital approach is:

Az

NIE
NJE
NIC

NJC

area of radiator

specific heat of radiator

specific heat of saddle

specific heat of vapor and slab

thermal conductivity of wick

length of adiabatic and condenser section
length of evaporator

mass of radiator

mass of saddle

mass of vapor and slab

number radial nodes in evaporator

number circumferential nodes in evaporator
number radial nodes in condenser

number axial nodes in condenser

heat input to radiator from space

heat input to saddle

contact resistance pipe to saddle or radiator
inside radius of pipe

radius at node i

outside radius of pipe

temperature of condenser node i,j at time step n

evaporator node temperature at i,j

radiator temperature

saddle temperature
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Ay
Az

A8

g

vapor temperature

thermal diffusivity of pipe wall

1/N1 1n(ro/rI) (see coordinate transformation)

27/NJE (circumferential node width)

QC/NJC (axial node width)

time increment

emissivity of radiator

Stefan-Boltzman constant
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It is convenient to transform from cylindrical to rectangular coordinates.

In cylindrical coordinates V2T 1is

32T
Brz

aT

1
+ r dr

1 32T
+_.
r 8¢2

Make the following substitutions

thus

x = 1n r/rc

y=4¢

z =z

3T _ 3T dx
r Ix dr
a1 _ 3 (1
or or r
32T _ %1
37 T ay?

32T
+ 3z2

{See Figure 29).

Tdy _ 13T

3 dr r 99X
) = §3%”l S Y §
%2 r? r? ?x
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Substitution into V2T

1,2t 13T 181 13T . 3%
T2 3x T2 3x r? 9x r? 5;2 dz
or

1920 1 %t . 9%

T2 3%2 r2 Byz dz

Figure 30 shows the transformed computer grid for each of the vari-

ous regions. The computational procedure for each time step

AO(n » nt+l) is: 1) Explicit Balance on TS
NJE
T n+l _ QIE he + 240w o ze E : (1B Ty 47 n
= - H
5 m_cC_ (NJE)(mS)(cS)(Rc) - Ei,j s s
j=1
2) Explicit Balance on Vapor
: NJE
T o+l _ 248 kw jz'e T 2 : (T n o n)
v Ax mvcv NJE — ENJE—l,j v
j=1
200 k 8T os . .
Ax m_ ¢ NJC 2 : (Tc . Tv )+ Tv 3
vy NJC-1,3
i=1
3) Explicit Balance on Radiator
NJC
T n+l - 246 zc i ro (T n - n)
R ch R NJC ci . R
R ¢ J=1 |
g € AB Q.. AP
_..A;R___...____.... (T .*) +_..I_R__._.+Tn ;
chR R chR R

4) Alternating direction implicit evaluation of evaporator grid.

(developed next page); and

5) Alternating direction implicit evaluation of condenser grid.
(similar to 4)
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As an example of the implicit equations used, consider an interior

evaporator node for an 1 sweep.

n+l/2 n
r2 g - Ty
i 1,1 i, _ 1 T nt+l/2 T nt+l/2 o n+l/2
Z -
a A672 (Ax) Ei—l,j Ei+l,j Ei,j
1 n n n
+ Tisy? T + T - ZTE
y i,j-1 1,441 1,3
TEn NJE L \2
i,3 T® 1 2 : T B i
NJE c NJE E, . Az
i1 e i,]
I,
Tg
i-1 i,j

The equation can be rewritten as

. 2
A8 n+l/2 1 a8 nt1/2) [ a8 ntl/2) _
s )(TEi-l,j) +( - (A")z)(TEi,j ) (2“")2) (TEi,j+1)

2
r
A6 n n i A6 n
= [T + T +(—-—-—- 2)T
2(Ay) ( Ei,j+l Ei,j-l ) a (Ay Ei,j
n
2 T NJE
N Eiq .o L .
2(Az)“ /| NJE c, NJE E
o D i,1 Py 1,3
2 : E, | J
j=1 ?

References 6 through 9 have been utilized extensively in developing

w

the approach described above.



58

CONCLUSTIONS

The primary general goal of this project was to develop techniques
for predicting transient operation of cryogenic heat pipes. 1In particular
the work was aimed towards development of schemes for predicting start up
from various initial conditions such as those encountered in the super-
critical regime. In accomplishing these goals it was necessary to first
study steady state operation. The steady state work included prediction
of performance limitations and thermal resistances. The transient part
of the project has been divided into two areas: subcritical operation
and supercritical operation.

.During calendar 1975 the steady state part of the program was essentially
completed and some results of computations are included in this report.

The development of schemes for predicting transient operation is pro-
gressing well at this time and some preliminary results are included herein.
It is significant to note that several graduate and undergraduate

students have received valuable training while performing tasks under
this grant. One M.S. thesis, directly related to the project, was pub-—
lished during 1975 and it is expected that another one will bg completed

about July 1976,
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PROGRAM MATIN

7111

712e2

7229

7H/74 0PIz FTN 4,44R401
PROGRAM MAINCINPUT, OUTPUT, TAPES=INPUT, TAPE6SOUTPUT)

THERMALL ANALYSIS DF A CRYDGFENIC HEAT PIPE
WRITTEN BY DAVID RUIS 10/29/75
UNTTS OF INPUT QUANTITIES ARF AS FOLLOWS ===
TFMPERATURE R 3 ===BTU/HR LENGTH ===FT

DIMENSTON AYTV(P03),AYDT(203),AYG(203),AYRTOT(203),AYRPE(2DY),

CAYRWETZ2D3) , AYRTE(P03) ,AYRV(203),AYRIC(203),AYRAC(203),AYRPC(203),

CAYTC(203)
DIMENSION TR(512)

DIMENSTON TVS5(203),RTS(203),RPES(203),RWES(203),RIES(203),RV5(203)

CoRICS(203),RACHT1203),RPCS5(203)

DIMENSION TVI(203),TVI1(203),RT1(203),RT11(203),RWEL1(P03),
CRWENL1(203),RwC1(203),RuC11(20%)

RFEAL NyKW,KF, KL

REAL LCALLE,MIV,LFFF,LCD,LASTT

INTEGER CNUNT,CT

INTEGFR SYM

KH(TZVISKE(TZVY/C(DF/(2,0xRF)IX(2,0x(KL(TZVI/KF(TZV))+OF/(2,0#RF)

C=2.0)) 4P D*KL(TZVI/C(DF/(2,0%RFY)I*((KL(TZV)/KF(TZ2V))I&((2,0%RF)/
CINF=P , 0xRFI+1 OV +KL(TZVI/ (2. 04RF/(DF =2, 0*RFI+1 ., 0)%x%x2,0
KF(TYV)z=d  02016E~SaTYV222 0+3,20RT7TRE=22TYV+1,30266
FUNCBIDTIV,DTAV)IS(DTIV=TPCI)/((OMAX /(2 . 0%xPToKW(DTAVIA|.CN))xSIIMA
CHOAMAX/ (P2 UXPTAKL (DTAV)ALCD))I*SUUMBI=1 , 0
KLOTXV)IS1 ,097056hF= 112 TXV2AS D=9 ,2U42762TF=9%xTXVaad 0O
C+3.090903F«naTXVARE 0=S 1USTSI2F = TXVAX2 Q44,221 073/E=2%xTXV
C=1.2610%
FONCCIDTPRPFI,D2TAVIS((DTIPFT=TV)I/((PLI/(P2.0*xTHFTA)YX((1,0/(2.0*PT
CAKW(NZ2ZTAVIALEY ) ASUMA+ (1 ,0/{(2.0*PIxKL (D2TAV)ALF))xSiIMBR)}))=0
FUNCACTI)=(A1 /74, 0)xT1 %23 D+ (A1xTC/2. 044272 . 0=A1xTC/74,0)xT1%xx
C2.0+ (AN RICATIC/U D#A2RXTC/2 , 04¢A3=AIxTCATC /2. 0=APXTC/2,0)2T1=pA1 2T
Cxx3 , 0/0,0=A22TCATC/2.0=A34ATC=(OMAX/(2,0*xPTxLCDIIXALOG(RA/RR)

FUNCD(DTE)=(A1/4,0)2DTEA23 0+ ((=A1/4,0)4TPET+(AL1/P2.0)*TRPETHA2/2,V)

CADTFANTF 4+ ((=A1/P . 0)ATPET&TPEL=(A2/2 . ) *xTPFI+(A1/74,0)2TPFIxTPFT
CH+OAP/2. 0)*xTPET+ARIADTE+((=A1 /74, 0)xTPFI*x %3, 0=(AR/2.,0)*TPETRTPF]
C=A3*xTPFI~Q*ALOGIRA/RBY/ (G, 0xTHETAXLF))

CALL PLOIS(IR,512,9,00)

CALL PLOTMX(34R_0)

CALL PLOTCES,0,2,0,=3)

XPxie2,0

DO 400 L=6,6

GATF=0,0

SYMmzo

WRITE(6,33373) ‘

REAN(S, 7111 Y¥WT ,RF,DF,N,BFTA
FORMAT(TT7,F12.8,T19,F12.,8,131,F12,8,T43,FS,.1,T4R,F12.8)
WRITE(b,7272)L

FORMAT(T70,"CASF #",T77,12)

WRITE(H, 7777

ARTITF(6,7279)

FORMAT(TAS, "WT®, TR0, "RF", T6S,"DF", T77,"N",TR7,"RETA")

WRITF (6, 7230)NRT,RF,DF,N,RETA

e e R
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PROGRAM MATN Tas74 NnkrT=z] FIN 4,44RA01

“

7230 FORMAT(T30,F12.R,TUS,F12.,R,To0,F12.,8,T75,F5,1,T82,Ft12.8)
WRITE(H,7777)
SLARTH=8,0F*3%
LE=0,.S
LCH=1,0
RAZ0,04167
d=102,39
WMAX=102,39
DR==b6,826 .
PT=3,14159
Al==4 ,02016F=R
AP=4,20RT7RE =2
A%3=1,30266
TCINC=0,95R79394698%
RR=RA=WT
RC=RB=4 ,0*RF *N=RFETA*(N=1,0)
RCHN=(PTARCARC=? ,N*RC*SLABTH} /(2. 0*xPTARC=2.0#SLABTH+4,0%xR()
DO 300 K=1,2
IC=10R,0
N 190 Js1,200
1 THETA=(PT/2. 00 /(1,04 (0Q/7QMAX)) N
NT=INT(N)

COMPUTTING TPCT AND RPC

O,

COUNT=zO
EPSt1=0,001
TPCT=TC
LASTT=1C
“ i F=FIINCACTPC D)

TF(F)}S,:20,7

5 Fi1=¥F
IRP1=TPCT

b6 1PCYI=TPCI+0,5
F=FIUNCACIPCT)
IF(FYK, 20,10

7 FP2=F
TRP=TPRCIT

B TPCTI=TRPCI+0,.5
F=FUNCACIPCT)
TF(F)9,20,8

9 F1=F
TP1=TPC1T
GO T 13

10 Fe=F
TP2=TPCT
Go 10 13

13 TPA3=(TP1*F2=TP24F1)/(F2=F1)
FIZFUNCA(TPY)
JTA=AHS(LLASTT=TP3)
ILASTI=TP}
IF(ZA'EPS‘)PI:Q‘,IU

14 TP1=1PR?
TPe=TPY .
Fl1=F¢2
FPzF3
COUNT=COUNT 41



PROGRAM MATIN Tis74 opPT=1 FIN 4,44R401 7
. GN 10 13
20 WRITE(G6,1030)TPCT
1030 FORMAT(T30,"TPCTI =2",138,F7,2,750,"00UBTFUL")
GO TO 30
21 TPCI=TP3

TF(GATE . NF.O.0)GH TN 30
WRITF(6,1040)TPCI,COUNT,F3
1040 FORMAT(T30,"1PCT =", Y3R,F7.2,T50,"COUNT =%,T59,15,T65,"F =",Th9,
CFh.3)
ARTTE(H,PPP?)
30 TAVE(TPCI+IC) /2.0 .
RPC=ZALOG(RA/RBY/ (2 0P LA (AI«TAVATAVHARATAVIASI AL CNA(B/OMAX))
s
C COMPUTING TV AND RHW(C
C
PSM=0,0
DN A40T=t,N1
FISFLONAT(T)
TFRMZALNGE(RR=(F1=1,0)4%4 ,0%xRF=(FI=1,0)ARETA)/(RA=H ,0%F [*RF=(FT=1)
C*RETA)Y)
PSUMZTERM+PSIIM
440 CONTIMUF
SIIMA=PSHIM
PSIIM=0.,0
NMI=NT=1
10 4271=1,NM1
FI=FLNAT(T)
TFRM2ALNG(IRR=B,042FTaRF=(FIet ,0)ABETAY/(KR=4 , O%xFJ«RF=FI*RFTA))
PSIIM=TERMAPSEIIM
u4p CONTIMUF
SIIMB =P SHm
[F(NMY FO,0)SHIMR=Z0, 0

[TERPATIVE SOLUTTON BY LLTNFAR INTERPOLATION METHOD

0 Tv=TPCI
EPSP=0.001

51 TAVE(TV+TIPCTY/P2.D

52 FFIINCR(OIV,TAV)
IF(F)a,90,70

w0 F1=F
Tvxi=T1y:

61 TV=TV45,9
TAV=(TV+TIPCI) /2.0
FZFHNCRITV,TAV)
IF(F)A1,90,673%

63 FP=F
TvP=1v
60 T 79

bR FP=F
Tve=1yv

10 Tv=lIvaes, 0
TAV=(TVHTPCT ) /2.0
FFUNCR(TV,TAV)
1IF(F)71,90,70

71 Fl=F

TVX1=TV




PROGRAM MATN 1as74 nPT=1 FIN d,44R401 7
79 COUNT=0
80 TV3I=(TVX1+F2=TV2xF1)/(F2=F1)

J TAVZ(TV34TIPCI) /2,0
' COUNT=COUNT 41
| ZR=ABS(TV3=Tyv2)
| IF(78.,0 F.EPS2IGO TO 91
! F3=FUNCR(TV3, TAV)
Fi1=Fp
FVX1=TV?
FP=F3
Tve=T1v3
GO IO RO
90 WRITE(H,2010)T1V,COUNT
2000  FORMAT(TS0,"TV =", T85,FR.2,T65,"COUNT =",T73,15, TAS, "DOURTFUL")
91 Tv=TV3
TFCGATE ,NFLO,0IG0 TN 95
WRTTE(H, 200001V, CNUNT,F3
2000 FORMAT(T30,"TV =", 135,FR.2,150,"COUNT =", 158,14, 165,"F =", 169,
CF6.3)
WRTTF(h,2222)
95 CONMTINUF
RECZ() a0/ (2, 0APTAKW(TAVIALCD*R/AMAX) ) &SUMAR(] 0/ (P 0*PT oKL (TAV) #1.C
COxJ/OMAY Y Y & Q1IMHY

-~

AT FVARNRATNR === COMPUTATINN OF TPFT AND RWF

FRFI=TvV
TAVEZ(TRPET+IVY/Z2,.0
F=FUNCCCTPET, TAV)
TF(FY100,129,11%
104 iPI=1PET
F1=t
toe TPEI=TPFI+%.,0
TAV=(TPET+TV) /2,0
FEFIINCCOTPET, TAV)
TFIFY1u2, 125,108
108 IP2=1PE]
Feo=F
GOOTO 1P
115 Te2=TPF |
F2=F
tte TRPET=TPF 44,0
TAVZ(TPET+TV)Y /2,0
F=FUNCCOTPET,TAV)
IFIF)116,12%,119
119 IP1=TPE !
Fi=zF
120 COUNT=D
FPS3=0,. 001
121 IRPI=(TP1AF2=1P2%xF 1)/ (F2=F 1)
COUNT=COUNT 4+
JAVE(TP34+TVY/2,0
/C=ARS(TPI=TPR2)
IF(7C.LF.FPS3)GO T 124
FI=FUNLCOTRY,TAV)
F1z¢?
fP1=ipP?




PROGRAM MATIN f4/741 UPT=| FTN d,4+Ry40} 7

F2z=F3
TP2=TP3
GN 10 121
125 WRITE(6,20RD)TPFT,COUNT
/ 2080 FORMAT(TSO,"TPET =",1587,FR,2,T67,"COUNT =",T75,15,T85, "DOURTFOL™)
124 IF(GATE NFL0,0)G0 TO 1350
176 ARTITE(6,20U0)TPI,COINT,FS
2090 FORMAT(T30,"TPET =",137,FR.2,TS0,"COUNT =",T5R,15,Te4,"F =",T1684,
CF6.3) ‘
WRITE(6,22772)
1390 TPET=TP}
RWES(PTI/(P.NaTHETA)IX ({1 ,0/(2,0%PT*xLE))*(SUMA/KW(TAVI+SUMR/KL (TAY
"))

]
-~

COMPYUTATINN NF TF AND RPE

[aNe

TF=TPFI
F=FUNCDC(TF)
[FIF)180,1K0, 165
150 TFI=TF
FizF
151 TE=TE+1 .0
FFUNCDOTE)
IF(F)151,181,15%
1873 TFR2=TF
F2=F
GHTY 170
164 TE2=1F
FP2=F
166 TE=TE+1,0
FFUNCD(OTF)
IF(F)16R, 181,166 :
VA #H TF1=1¢ !
F1=F q
170 cT1=0
ERSU4=0.001
171 TF3=(TE1*F P=TF Pkt 1)/ (Fa=F1)
CT=CT+]
/N=ABS(TE3=TF?2)
TF(ZC. I FLFPSAIGN Tu (R0
FR=FUNCD(TER)
Fl=F¢2
TF1=TF?
FP=F 3}
FFP=TF 3 |
GOOTH L7 !
1RD TF=TE3 i
F=F3
IF(GATF NF,D,NIGOH 10 1A%
1R WRITE(6,3030)TE,F,(T
5030 FORMAT(TI0,"TE =",FR.2,TUS,"F =",Td4hA,F10,3,T60,"CT =",165,19)
tRY TAV=(TF+TPF1)Y /2.0 :
RPEZ(PI/(P2.,0xTHFTA)I*ALNG(RA/RBY /(2. 04PTxFxkF(TAV))

C COMPUTATTON OF TNTERFACIAL RESISTANCE

HFGSTTB 1 ox (=0, 1 1334E=114TVaxb, 042 , NFORE=R2TVAXS ,0=1,44119F =62




PROGRAM MATN

oOo0

Ta/s74 0pT=1 FIN a,4+4R401 7

CIVvard  0m=] ,03235F=32TV43 042, 61594E=1#TVATV=2,402486FE+1xTV+8 K614
Ce+?)

PV, 7T1041E=6ATVARS 0= 2090 1F=3aTVaxd 043, 71279E~12TVX23,0

(=5, T0R6GARF+12TVATV4+4 2851 3F+3xTVe] 25125F+S

LCASLCD*I/0OMAX

UNTTS OF RTIC AS COMPUTED HFREF ARF (SFC R / LBF FT)

RIC=14.4NRxTV222 5/ (RCA CA*PVAHFG&HF ()
RIE=(PT/(2,02THFTA)Y*RIC*LCA/LE

COMPUTATINAN OF VAPDR RESISTANCE
UNTTS ARF (SFC R / LRF FT )

LEFF=3,0m= E/2,0=LCDXx0R/(2,0%xQMAX)

MUVSB A8 E=2t&TVA2T7 ,0=6,5591RE=1R2TVAx25 041, 70105E=15*xTVax2G (=8,
CORLAAF=1URIVARrY 0= 27309 =11 aTVAx4 048 9037 T7E=Q2TVATV=6,9400TF =7
CaTV4] ,995T77F =%

ROV (30320F =132 TVaxT7 ,0=]1 ,0U2325E=10xTVxxb6,0+42 6387/ 36F=RATVA2L 0
C=1 14018 E=bxTVARA )=l , TRAOSF ~UaTVRA3 0+1,3854R9FE=12TVeTV=] DT7HZR
CE+1xTV+3,10045F+¢ i

ROL==S, RO 7F=135xTVaxT7 ,044,50297F=10%xTVh2rp 0=t 15298 =7*xTVAr8 _0O+4,¢
CH327E~0xTVrkd 042 ,9749F =3 2TV 223 0=5_9RS[2F =1 xTVATV+4,54425F +1ATy=1
C.21458E+3

RV=B,0xMUVA[ FFFATVA(L ,0/ROV=] ,0/ROLY/(PTAROVAHFGXHFGARCHDA24,0)

UNTT CONVFRSION

S51=0,4097
RVST=S1aRYV
RIEST=S1%xR]|F
RICST=S1aRIC
52=1.,R957
RPCS[=S5P*RPC
RPEST=S2%RPE
RWCSI=SP*RWC
RWES | =SP*RWF
53=0,5595%6A
FeSI=S3«]C
FTRCTST=S3%+1PCT
TYSTI=83%1V
TPETST=S3xIPHT
TEST=S3+x1F
NST=Q*x0,293%0
RIDT=RPFST+RWFSTI+RIFSTHRVSTI+RICST+RWCSI +RPCSIT
$14=304 ,R
XRINT=(TESI=TCST) /08T
DFST=S4*DF
RFST=S4xRF
BFTAST=Sd+*RBF T A
RAST=SU*RA
WIST=S4+nT
DELTAT=TESI=ICSI

WRTTING AND SETTING 1P ARRAYS

IF(K NEL1YGO TO 1AS



PRAOGRAM MATN

i 185

187

1R

194
$33%

LTS

7777

5005

5000

T4/74 aPT=t FIN d,d+R401 7

TVIC))=TVSI

RTICJ)I=RTIOT

RWET(J)sRWEST

RWCH1(J)=RWCS]I

GO TO 1ARH

IF(K.NEL11)GO T0O 1847

TVILI(1)Y=TVST

RTI1(J)=RTOT

RWET1{(J)=RWFS]

RWET1(J)=RWCS]

GO TU 18R

TF(K,NE L 5)IH0 TO 1RA

VS (J)Y=TVvST

RIS{JI=RINT

RPFS5(.J)=RPESI

RWFES(J)=RWEST

RIES(J)I=RIFS] ~

RVH(JI=RVSI

RICS(I1}Y=RTCST

RWCS(J)=RWCS]T

RPCS (. J)=RPCST

CONT INUF

AYTVLJ)=TVST

AYDTCE)=DELTAT

AYRN(J)=NST

AYRTOT(JYI=RTOT

AYRPE(.JY=RPEST

AYRWF (J)=RWFST

AYRIFLI)=RIFST

AYRV(J)=RrVES]

AYRTIC(JI=RICS]

AYRAC (JYSRWEST

AYRPC(.J)=RPCST

AYTICCIY=TCST

GATE=1,0

TC=TC+TCINC

CONT ITMUF

WRITE(h,3333)

FORMAT(1HT)

ARTTE(H,60607)

FORMAT(TP0,"HINITS ===", T4, " TEMPERATURF == K", TS55,"RESISTANCE == K
C/ZWATT",T179,"HFAT TRANSFFR RATF == WAITS")

WRTTE{o,7777)

WRIITE(6,7777)

WRIETE(G,177T)

WRlITFl6,7777)

FORMAT(1HNO)

WRITE(H,500%)
FORMAr(TH."Q“,TPP,"TV",TRO,"DFLIAT",T%H,"RIHI",TUQ."RPE“.TbO.
C"RV"F""Il 'UCR"E“' THI""”V"'793'"RIC“'TI('L""RWC"']11‘5'"RPC"'T1P6'"1C”
)

WRTITE(H,P272)

DO PO J=1,200,46
ARTTE(6H,SO000YAYQCT),AYTVII),AYDT () ,AYRTOTCT) ,AYRPE(IV,AYRPWE (1), AY
CRTIECJY,AYRV(J)Y  AYRICCIY , AYRWC(J) L, AYRPC(IY,AYIC (D)
FORMAT(TZ2,Fha? s T20,F6,2,T28,Fb.2, T35, F10,4,T06,E10,4,TS7,FE10,4,
CTARAL,E10, 8, T79,F10,4,T90,E10,4,T101,F10,4,T112,F10,4,1123%3,F8,72)



PROGRAM MATIMN

200

C
c
C

S10

400

InBelel

S Rt

74714 npT=1 FTN 4,1+4R401

CONTINUE
RH=4+00

PLOTTING DT VS, TV AT CONSTANT Q

IF(K NEL1IGN 10 510
CALL SCALFC(AYTV,6,0,200,+1)
FVIVZAYIV(201)
DVIVZAYTV(202)
AYDT(P01)=20,0
CAalLL SCALF(AYDT,T7.0,201,41)
FVDT=AYDTI(202)
DVDNTSAYDT(203)
CALL AXTS(0,0,0,0,17THVAPOR TEMPERATURE ,=17,6,0,0,0,FVTV,DVTIV)
CALL AXTS(O0,0,0,0,7HDFLYA T,47,7.0#90,0,FVDT,NDVNT)
CONMT INUF
AYIV(2O1I=FVIV
AYTV(202)=DV TV
AYDT (201 )Y=FVDT
AYNDT(202)=DVNT
CALL LINF(AYIV,AYDT,200,1,4+4%50,5YM)
SYM=5YMe
CONT [NUE
CALL PLOTIXP,N, 0,=3)
ARRAY as
PLOTTING RTOT,RWF,RWC, VS, TV

CALL SCALFLTIVSR,6,0,200,+1)
FVIVTVS(201)

NVIV=TVS(202)

RTIH(201)=0,0

CALL SCALF(RTS,7.0,201,1)
FVR=RTH(202)

OVREIRTS(20%)

RIS(2N1)=FVR

RIS{2N2)=DVR

CALL AXTS(O0,0,0,0,17HVAPOR TEMPFRATIRF,=17,6,0,0,0,FVTV,DVIV)
CALLL AXTS(OD,0,0,0,184THFERMAL RESTSTANCE,+18,7,0,90,0,FVR,DVR)
SyM=1

CALL LINE(TVS,RTH,200,1,+50,8YM)
SYM=5YM+ |

RWES(PN1)=FVR

RWES (2021 2DVw

RWCR{(201)=FVR

RWCH(202)=DVR

CALL LINECTVS,RWES,200,1,¢50,5YM)
SYM=SYM+1

CALL LINE(TVS,RECH,200,1,450,8YM)

PLOTTING RPF,RPC, VS, TV

SYM=S5YM+]

CALL PLOT(XP,0,0,=3)
IF(RPEST1).GT . RPCS(1))610,61%
RPES(201)=0,0

CALL SCALF(RPFS5,7,0,201,1)
FYR=RPES(202)



PROGRAM MATN

61y

618

]

650

h585

HH9

fa/1 P 1=t FTH d,4+4R001

NDVR=RPES(203)

GN T 614

RPCKR(201)=0,0

CALL SCALF(RPCSHS,7.0,201,1)

FVR=ZRPCS(202)

DVR=RPCR(203)

CONT INUF

RPES(PU1Y=FVR

REBES(202)3DVR

RPCS(POY)=FVk

RPCS(202)=NVH

CALL AXTS(0,0,0,0, 17HVARPOR TEMPFRATURE ,=17,A,0,0,0,FvIV,DVIV)
CALL AXTSI0,0,0,0,18HTHERMAL RESTISTANCE,+18,7,0,90,0,FVR,DVR)
CALL LIHNECTVS,KRPES,200,+1,+50,8YM)

SYM=SyMe |

CALL LINFCTVS,RPC8,200,+1,+50,8YM)

PLOTTING RTE,RTC VS, TV

SYM=GYmMe

CALL PLOI(XP,0,0,=3%)

FRFRTESOIY ,GT.RICS(11)650, 6585
RIES(AD1 =00

CALL SCALF(RIFS,7,0,201,1)
FYRZRIER(2GP)

DVHZWTIES(203)

G T As9

RICK(PH1)=0,0

CALL SCM F(RICS,7,0,201,1)
FVRIRICR(P0P)

DVRIRICH(P04)

CONTINUF

RIFES(POY)SFVR

RIFH(P02)=NDVK

HICK(PUV)YSFVR

RICS(AN2)=DVR

CALL AXTS(U,0,0,0, 1 7THVAPUR TEMPEFRATURE ,=17,A,0,0,0,FVIV,DVTIV)
CALL AXTS(0,0,0,0, 1RHTHERMA] RESTISTAMCE, ¢18,7,0,90,0,FVR,DHVR)
CALL FINECTVS,RIFS,200,1,+450,8YM)
SYMzSYM4 1

CALt LINFOTVS,RTLES,200,1,450,S5YM)

PLOTTING BV VS, TV

SYM=SYMe |
CAILL PILOT(XP,0,0,=3)
CALL SCALF(RVS,T7,0,200,+1)
FVR=RVR(201)
DvrzrYS(202)
CALL AXTST0,0,0,0, 1 7THVAPDR TEMPERATURF,=17,6,0,0,0,FVIV,NhVTIy)
CALL AXTST0,0,0,0,1RHTHFRMAL RFSTSTANCE,+18,7,0,90,0,FVR,DVR)
CALI LiIMNEGIVR,RVY,200,1,0,0)
ARRAYS = 1

RTIUGT, Rk, Pur;

SYMz=SYM¢+ |




PROGRAM MATN

aialkalele

400

2227
99

7h/74 nePi=zi FIN 4,4+412401

CALL PLOT(xP,0,0,=3)

CALL SCALF(TV1,6.0,200,+1)
FVTIV=TVI(201)

DVTVETVI(2D2)

RT1(201)=0,0

CALL SCALE(RIN,7.0,P201,1)
FVR=RTI(202)

DVR=RTI(203%)

RT1(201)=FVR

RI1(202)Y=DVR

RWFT(PO1Y=FVR

RWEF1(202)=DVR

W1 (201)=FVR

RWC1(202)=DVR

CALL AXIS(0,0,0,0,17HVAPDOR TEMPFRATURE ,=17,6,0,0,0,FVIV,DVIV)
CALL AXTS(N,0,0,0,1RHTHERMAL RESISTANCE,+18,7.0,90.0,FVR,NDVR)
CALL LAIMFCIVI,RTL,200,1,450,5YM)
SYM=5vmM¢ 1

CALL LINECIVILI,REEL,200,1,4+450,8YM)
SYM=SYM+ 1

CALL LINECIVEI,RHCL,200,1,+¢50,5YM)

ARRAYS # 11
RIDT ,#Wk, HuWC

S5YM4=H5¥YMe

CALL PLDI(XP,0,0,=3)

CALL SCALF(TV11,0,0,200,41)
FvivsTvii(z2o)

pvIvV=IviI202)

RT1I1(201)=0,0

CALL SCALF(RT1Y,7.0,201,1)
FVR=RTI11(2072)

DVR=RTIT(A0T)

RT11(201)=FVR

RT11(202)=DVR

RWELL1(201)=FVR

RWEL]1(202)Y=DVR

RWC1I(201)YSFVR

RWCt11(202)=NVR

CALI AXTS(O,0p 0,0, 1RHTHERMAL RESISTANCE, +18B,7.0,90,0,FVR,DVR)
CALL AXISOC,0,0,0, 17HVAPUR TFEMPFRATURE ,=17,6,0,0,0,FVIV,DyTV)
CALE B INFLTVIT,RT11,200,1,4+450,5YM)
SYM=5yYM4 |

CALL LINECIVII,R4F11,200,1,4+4%0,8YM)
SYM=S¥YM+ I

CALL LIMECTVII, RACIY,200,1,450,8YM)
CALL PINT(XP,0,0,=3)

CONT ITNUF

CALYL PLOT(1.0,1,10,999)

FORMAT(IH )

s510P

FMD
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SUMMARY

This report describes work performed in the School
of Mechanical Engineering at the Georgia Institute of
Technology under NASA grant NSG-2054. The project was
started in January of 1975 and completed in March of
1977. Two M.S. theses [8,28], which are directly related
to the project, have been published and it is expected
that at least one paper will be published in a technical
journal as a result of work performed under the grant.

The main goal of the work has been to study theoret-
ically the transient behavior of very low temperature heat
pipes. A powerful technique has been developed for pre-
dicting transient three dimensional temperature distrib-
utions and heat fluxes for heat pipes operating under a
wide variety of conditions. Radiating, conducting, and
convecting external environments can be handled. In addi-
tion, startup from the supercritical state can be accom-

modated.
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NOMENCLATURE

cross-sectional area of slab

constant coefficient for node 1

surface area of radiator
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composite specific heat for cooling jacket
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surface coefficient

heat of vaporization of working fluid
effective inverse permeability of slab
thermal conductivity of pipe wall
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ix

mass of cooling jacket and fluid

mass flow rate of coolant

mass of radiating heat sink

total mass of heat pipe and cooling jacket

total mass of vapor region

number of radial nodes in condenser grid
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scaling factor for wick nodes

.6 temperature of node 1, 2, ..., 6 in analog model
time

representative time used for scaling analog



temperature of cooling jacket
temperature of condenser

temperature of condenser node i,k at time n
temperature of evaporator

temperature of evaporator node 1,j at time n
incoming temperature of Coolant
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velocity of fluid in slab
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volume of wick in evaporator
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width of fluid gap
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emmisivity of radiator

viscosity of liquid nitrogen

density of liquid nitrogen

density of pipe wall |

density of wick
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I. INTRODUCTION

A. Statement of Problem

Investigations into the performance of cryogenic heat
pipes have been in progress at the Georgia Institute of
Technology for several years. In continuation of these
investigations the goal of this study has been to gain a
better understanding of the transient response of cryogenic
heat pipes and heat pipe systems. A method for predicting
behavior of heat pipes during startup or changes in thermal
transport has been developed. Included in the model are
provisions for simulating startup from temperatures above

the critical point of the working fluid.

B. Background

A heat pipe is a device that transfers large quanti-
ties of heat with a relatively small temperature gradient.
The containing envelope has an internal wick structure and
a 1iquid in near equilibrium with its vapor phase. The
phenomena of conduction and phase change are combined to
make high thermal conductance possible. The basic theory,
design, and operation of heat pipes are well discussed by
Cotter [1], Chisolm [2], and others.

As heat is added to the evaporator of a heat pipe



some of the fluid in the wick evaporates thus increasing the
vapor pressure. The increased pressure drives some of the
warm vapor to the condenser. The condensing vapor gives up
energy which is conducted through the wall and transferred
from the heat pipe. Due to evaporation the liquid-vapor
interface recedes into the capillary structure and thus
decreases the radius of curvature of the meniscus in the
heated end. Condensation on the capillary structure at the
cool end increases the menisus radius in the condenser.
This difference in radii of curvature creates the driving
force to pump the liquid back to the evaporator [1].

The heat pipe startup mode described above assumes
the vapor density at the ambient temperature is high enough
for a continuum flow to exist and that the capillary struc-
ture is filled with working fluid. Such startup is referred
to as uniform startup by Cotter [3]. A second mode of start-
up occurs if the vapor pressure is low and molecular flow
exists at ambient temperatures. Heating produces a continuum
in the evaporator and transition zone between the evaporator
and condenser. Often the working fluid is in a frozen state
and must melt before startup can occur. This mode takes
about two and one half times longer than uniform startup
assuming the working fluid is not frozen prior to startup.
Non-condensable gases, when present in the vapor space,
creates a third mode of startup. During heating the non-

condensables are swept into the cold end of the condenser.



This method of startup can be accomplished very quickly or
very slowly depending on the quantity of non-condensables
present.

At steady state, for some types of capillary struc-
tures, that part of the evaporator capillary furthest from
the condenser may be dried out. The wick geometry and
meniscus radius determine how much of the evaporator is
actively working. Colwell and Williams [4] suggested that
the axial vapor Reynolds number may determine the length
along which condensation actually occurs in the condenser.
Assuming a saturated wick before startup the development of
these phenomena do affect startup times.

If the heat pipe is at a temperature above the criti-
cal point of the working fluid before startup, all of the
fluid will be in a single phase supercritical state. Before
the evaporation-condensation cycle can begin the fluid must
first be cooled below the critical temperature at the cool
end. Capillary action will then pump the liquid along the
wick back to the evaporator. The velocity of the fluid in
the wick is on the order of centimeters per minute [5]. The
entire heat pipe must be reflexed before any significant heat
transfer can take place.

In the design of a heat pipe system it is important to
understand the startup of the system and the response to a
change in power level. The parameters affecting transient

response of a heat pipe must be determined. The goal of



this project was to develop a technique for predicting the

startup and response times for various heat pipes.

C. VLiterature Survey

The performance of heat pipes in an outer space envi-
ronment was evaluated by Kirkpatrick and Brennan [6] using
the Applications Technology Satellite (ATS-F). They con-
clﬁded that for space applications heat pipes can be useful
temperature control devices. Sherman and Brennan [7] per-
formed a study of low temperature heat pipes for spacecraft
uses. Nitrogen and oxygen were determined to be best fluids
for operation in the cryogenic temperature range. The compos-
ite slab wick was said to be a reliable porous media for
present day and projected NASA applications.

Recent work at the Georgia Institute of Technology has
been directed to understanding the steady state performance
of a heat pipe similar to the one in this study. Hare [8]
performed a theoretical study of a performance of a cryogenic
heat pipe using nitrogen as the working fluid. Polynomial
expressions were developed for predicting the thermal prop-
erties as a function of temperature. Mass- and heat-trans-
port equations were combined to give capillary and sonic
limitations on the performance of the pipe and the thermal
resistances of each heat pipe component. A study was made
on the effects of changing the composite slab and wick
structure. |

Colwell [9] used a similar approach to study the effects



of fluid gaps in the circumferential wick. Partial dryout
and vapor Reynolds number effect were added through a sim-
plified approach. The effect of changing wall thickness,
number of wick layers and mesh size was also modeled.

A coupled heat transfer diffusion model was used by
Saaski [26] to model a gas controlled heat pipe. The de-
vice was 45.48 cm long with an inside radius of 1,288 cm
and used methanol as the working fluid. Experimental re-
sponse curves were compared with curves predicted with the
model. Agreement is very good, both curves reaching 95 per-
cent of steady state values in about 130 seconds.

In a study of the dynamic behavior of heat pipes Groll,
et al. [10] determined that small power variations around
the operating point of a heat pipe present no special prob-
lems. The discussion is primarily concerned with heat pipes
in the 200 K to 500 K temperature range. A one-dimensional
model was developed for prediction of heat pipe response and
examples of normal startup and startup failure were presented.
Groll concluded that the dynamic response of heat pipes can
be adequately treated with a simple mathematical model.

Another startup model was developed by Cotter [3].
Linear relationships were found for predicting uniform start-
up and startup with non-condensable gases present. Various
modes of heat pipe startup are described and mechanisms which
might affect successful startup are discussed. From this

model the response time for most high performance heat pipes



is between 10 and 100 seconds.

Chato and Streckert [5] ran a series of tests with a
water heat pipe. The device was 81.9 cm long with an inside
diameter of 7.62 cm; Experimental values of maximum heat
flux were in the middle of the range predicted by horizontal
wicking tests. During normal operation, temperatures in the
vapor region did not vary by more than 1/2 %L Attempts to
measure transients failed since the heat pipe responded
faster than the heating and cooling system. They estimated
the response time of the heat pipe at less than twenty seconds.

Smirnov, et al. [11] developed a model for predicting
startup of gas controlled heat pipes. Their calculations
were in good agreement with experimental results. The dynamic
response of buffered and unbuffered heat pipes was modeled by
Rice and Azad [12]. Their model agreed with experimental
data for a sodium heat pipe and for a water heat pipe.

‘To operate, a heat pipe must have a source and sink.

Any measured response must take the source and sink into
account. Should the heat sink radiate the incoming energy

a phenomenon referred to by Anand, et al. [13] as temperature
choking takes place. The radiating surface must adjust its
temperature up or down to be in equilibrium with the incoming
energy. This movement in turn forces the heat pipe to adjust
1ts operating temperature. The response of such a system
would be different from a system with a condenser bath for

cooling.



Calimbas and Hulett [14] ran tests on an avioni; heat
pipe. The device used water as a working fluid. The inside
diameter was 6.35 cm and it was 60.96 cm long. Condenser
cooling was accomplished by a forced air heat exchanger. The
system took fifteen minutes to adjust to a change in the
heater level.

A water heat pipe with a glass bead capillary structure
was built and tested by Cosgrove, et al. [15]. Cooling was
accomplished by evaporation of methanol. A steady state
model was developed consisting of basic mass, energy and
momentum balances. Predicted values were in close agreement
with experimental results. After a change in power approxi-
mately thirty-five minutes were required for the system to
reach a steady state.

All of the literature indicates that heat pipes have
very small response times. Since the mass of heating and
cooling systems is greater than that of a heat pipe they
respond more slowly. Transient data from experiments reflect
the response time of the heaters and cooling jackets used in
the experiments. Any attempt to model such a system must
include an accurate model of the heating and cooling appa-

ratus.



I1. THEORETICAL DEVELOPMENT

This study is concerned with a cryogenic heat pipe
with a composite slab wick. Geometry and physical charac-
teristics were suggested by the sponsoring agency. Dimen-
sions and materials are given in Table 1 and Figure 1. The
configuration of the composite slab and wick is shown in
Figures 2 and 3.

The response of this heat pipe has been studied on
analog and digital computers. A system of nodes is used to
develop a set of time dependent equations accounting for the
heat capacity of the system. Due to a limited capacity, the
nodal system used for the analog model is fairly simple and
limited to small transient. The model assumes constant
properties and does not include any effects of fluid dynamics.
The digital model includes a much finer nodal system and
fluid dynamics. Property equations in the program permit the
variation of properties with temperature. Both models pre-

dict response and temperature profiles for the heat pipe.

A. Description of the Digital Model

For the digital model the heat pipe is breken into
its three main parts: evaporator, vapor region, and condenser

which includes the adiabatic section. Figure 4 shows the



9
Table 1. Dimensions and Materials for the Heat Pipe
Considered in this Study
Total length .9144 meters
Length of evaporator .1524 meters
Length of condenser .3048 meters
Length of adiabatic section - .4572 meters
Outside diameter of pipe .635 centimeters
Wall thickness .1015 centimeters
Working fluid Nitrogen
Material of pipe and capillary
structure 304 stainless steel
Wick configuration circumferential wick
with composite central
slab
Slab 4 layers 400 mesh around

5 layers 30 mesh screen
Circumferential wick 2 layers 400 mesh screen

Fluid gap .003048 centimeters
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parts of the heat pipe and the nodal system used for solutions.
Basic heat transfer equations are written for each part and
the equations are coupled at the boundaries.

A two-dimensional model of the evaporator has been
developed that permits temperature variation in the radial
and circumferential directions. Symmetry is assumed such that
only a 90° section is modeled. In this way the effects of
partial burn-out in the circumferential wick can be studied.

The vapor region is modeled as a lumped mass system.
The system includes the vapor, the slab, and the innermost
part of the wick along the entire length of the heat pipe.

The vapor temperature is assumed to vary only with time
having the same value in both the evaporator and condenser.

Condenser and adiabatic sections are modeled as two
dimensional in the radial and axial directions. This arrange-
ment permits study of Reynolds number effects and axial
conduction.

Conditions at the surface of the evaporator and
condenser can be modeled in several ways. The surface tempera-
ture can be fixed, a known heat flux can be made to exist at
the surface, or an evaporator or condenser saddle can be
added. The condenser saddle can be cooled with a cooling

jacket or a radiating surface.

B. Solution Methods

Basic heat transfer equations can be written for each
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section of the heat pipe. The result is a system of three

coupled differential equations:

Evaporator:
2 2 2
1 STE _ 9 TE 1 STE 1 9 TE 9 TE
o 3t 7ty s YT 7" 7 (2.1
dr 3¢ 3z
Vapor:
dTV STE BTC
mVCV a—_t——' = ZTT rI .Q;E KW —ar— + ZTTI‘I.Q;CKW ‘a—'r—" (2.2)
r=r, r=r;
Condenser:
2 2
1 3TC ~ 9 TC 1 BTC 9 TC ‘
o 3t 7 rar ¢ 2 (2.3)
or 9z

These equations are transient conduction equations and
do not account for fluid dynamics directly. As will be shown
in the next section, in uniform startup with a fully wetted
wick the time for fluid velocity response is very small. In
the case of startup from the supercritical, these effects can
be handled by manipulation of boundary conditions in the
nodal system.

The equation for the vapor region is first order in
time only. Finite difference techniques permit solving for

the vapor temperature explicitly at each time step. The
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equation can be written in finite difference form as:
n+1l n
e Ty -Ty ) %ﬂrIQEKW NgE (75D o n)
VvV tn+1_tn NJE Ax 1y j=1 NIE-1,j \Y
. ZmephoKo Ngc (1ch P (2.4)
NKC ax ¢c] o Nic-1,k 'V )
Which can be solved explicitly
T n+l _ 2T QE KW At NgE (1E o n)
\% NJE Ax myCy =1 NIE-1,j] \'%
2m 2. K At NKC '
C w n n n
+ Z (TC - Ty) + T (2.5)
NKC Ax MyCy =1 NIC-1,k \% \Y

Note that the heat transfer into the vapor region is
equated to the heat transfer across the inner nodes of the
evaporator and condenser sections.

The partial differential equations that describe heat
transfer in the evaporator and condenser sections can be
solved with a grid system of nodes. The curvilinear system
is made rectangular with a change of variables. Details of
this variable change are given in Appendix A. A heat
balance is written for each node equating net heat gain with
the change in temperature of that node. The resulting systems
of equations are solved with an alternating direction implicit

method.
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Two finite difference approximations of equation
(2.1) are used alternately to sweep through the evaporator
grid for each time step. These two equations are given by:

For the first half time step

TEML/2 pgn o g
2 "7i,j i,j _ p n+l/2 n+l/2 _ n+l/2
PppTi tnil/z-tn =T Ax* (TEja1ls * TEi-1,5 - 2TE; 37 0)
+ £ (TED + TER - 2TED )
A}’ i’j+1 isj'l 1’J
2
K TED . NJE T,
- NpE—— (I TE} . - TC} 1) (=) (2.6)
gd | -1 »J 217 Ag
501 i,j
And for the second half time ste
p
Tgttl o ppt*tl/Z 0
2 i,j i,j _ P n+1/2 n+l/2 n+1/2
PppTi T weirz T oz (TEiadly * TEjqly - 2TEy 500D
t -t Ax
- (re™ 1 e TR L et
A}’ i’j"'l i’j'l i’j
n T 2
K TE. . NJE n n i
§ Er . - TCY 2.7
- . E 1’J ('z T 1,J Cl’lj(gz—z) ( )
y TR . J=1
j=1 1,)

Note that the equations are implicit in only one

direction and this direction changes with each half time step.
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The last term in each equation accounts for heat
conducted axially along the tube. An artificial node is
created at the evaporator end of the adiabatic section. At
each radial location the artificial node has a temperature
equal to the average temperature of the evaporator nodes at
that same radial location. This node provides‘a constant
temperature boundary condition for the condenser and adiabatic
grid. A weighted fraction of the total heat conducted
axially is subtracted from each evaporator node.

Casting equation (2.6) in a different form gives

At K At X

- D ) TER*L/2 4 (1 4 P )y TER*1/2
Z(Ax)zp c r-2 i+1,3 (Ax)zp c r.2 15)
PP1 PP 1
- A; " ) TE?t%/g = ( AtzKP P (TE] 5. * TED 5 p)
H ] ]
2 (Ax) ppcpri 2(Ay) ppcpri
At EP n
(1 - - ) TEY .
s )
(Ay) oty
At K TE? ; ; NE
- ( ( 2 ) ( I TE. . - TC. ;) (2.8)
prCP(AZ)z NgE gh NJE j=1 i,] i,1
j=1 isj

This equation can be used to construct a matrix of
NIE equations for each value of j. Each equation is of the

form:
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n+l/2 n+l/2 n+l/2 _
Ai TEi—l,j + B, TEi,j + Ci'TEi+1,j = Di (2.9)
and the resulting matrix is shown below:

B1 C1 0 0 0 D1
A2 B2 C2 0 0 0 D2
0 Ay  Bg Cq 0 0 _
¢ 0 0 ... Ayrp-1 Byie-1 OnNiE-1

D
0 0 0 ces 0 A Byig NIE

NIE

This matrix is tridiagonal and can be solved with a modified
Gaussian elimination technique [16]. This particular sub-
routine permits any combination of boundary conditions at
either end of the array. A matrix is constructed and solved
for each value of j giving values at each ldcation for the
first half time step. The second equation (2.7) is then used
to construct and solve a matrix of NJE equations for each‘
value of i. This solution technique is known as the alter-
nating direction implicit. It has the advantage of being
very stable with respect to time and yet being fairly simple
to solve numerically.

A similar derivation in the condenser and adiabatic

section gives:
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At K At K

n+l/2 n+1/2
- (Z(sz)p 72 TCielx (1 + 0% }; N 7 TC5 x
ppi ppPi
At K At K
) p n+l/2 _ p n n
(Z(Ax)zp c rfz) Tci’l’k Z(Az)zp c ) (Tci:k+1 " Tci,k-l)
pPpi PP
At X N
+ (1 - ——F—) 1y | (2.10)
A ]
(Az) P5Cy

In the formulation of the equations the thermal
properties are assumed constant. Expressions were developed
by Hare [8] which permitted evaluation of properties as a
function of temperature. These expressions have been modified
to work with International units and additional expressions
have been developed for specific heats. Appendix B lists the
polynomials used. These expressions are used to calculate
new properties whenever the vapor temperature has changed by
more than a specified amount.

Special coefficients are required for the interface
of the pipe wall and the wick. These expressions are
developed in Appendix C.

The three equations were coupled at the boundaries.
Figure 5 is a schematic diagram of the computational grid
and boundary conditions. The temperature of the innermost
node of both evaporator and condenser is calculated as a part

of the vapor region and held as a constant temperature



Evaporator Condenser

Wall Vapor and Wall
Q=20 Slab Q=20
' Ty Ty |Te Tes
T —_—
v or Qur
B
Heat Sink
Q=20
. Q=20
j(circumferential)
k(axial)
i(radial) i(radial)
Ave, TE,i

Adiabatic Wall

Figure 5. Computation Grid

1¢




22

boundary for both regions. Due to symmetry both ends of
the evaporator grid can be assumed adiabatic. Also the
outer surface of the adiabatic section and the lower end of
the condenser are insulated. The vapor equation.is in time
only and therefore requires only an initial condition,
Boundary conditions at the outer surface of the evaporator
and condenser can be modified to better model the total
system of which the heat pipe is a part.

Cooling of the condenser saddle can be accomplished
either of two ways. For a radiating condenser a heat balance

gives
m,cC = 27r 2-h. (T.-T,) - A,0eT 4y Q
R*R dt 0"CC C 'R R R space

which can be solved explicitly as:

n+l _ ZAtprOAzhC NKC n n ARoeAt n4
TR 7 = ¢ L (TCx1c,x TR ) - s Tr
rRR k=NKA+1 VAL, RER
Q" At
+ SE&CB + T n
chR R

If a cooling jacket is to be used the following equation has

to be solved:

dT
cJ ) . )
megCey —at - - 2"rodche (Te-Teg) + mecp (Ty-Tey)
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or
n+l _ ZAtﬂrOAzhC NKC n n mefAt a.n
Tes 7 7 = o (TC1c, kT ? * e (Tr-Tey)
c3Scy k=NKA+1 ’ cIcy
n
* Teg

This equation assumes a cooling jacket as shown in Figure 6.
Both of these heat sink models are coupled to the condenser

with a surface coefficient.

C. Fluid Dynamic Effects

If the startup of a heat pipe is to proceed smoothly
fluid must be able to reach the evaporator capillary struc-
ture at the same rate that evaporation occurs. Fluid flow in
the slab can be modeled as shown in Figure 7. A one dimensional
momentum balance can be written for the case where evaporator
burnout has occurred:

mL

% - 12 _d
'i:;— AC - K m AC = a? (AC vaz) (3.1)

If the length is assumed equal to the distance from
the midpoint of the condenser to the midpoint of the evapora-
tor the equation can be solved for the velocity as a function

of time. The result is:
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M,
(K Ot
Py
V(t) = —=— (1-e ) (3.2)

From this expression it can be seen that the time
required for the fluid to reach a steady state velocity in
an initially wetted capillary structure is a function of
viscosity, inverse permeability, and density. For the
particular heat pipe under study the fluid velocity reaches
better than ninety percent of its steady state value in less
than 0.05 seconds. Although this model is no doubt over
simplified it does show that fluid velocities do develop
very rapidly and would present no problem to startup in this
heat pipe.

Velocity in the slab can be used to predict the

capillary limited heat transfer rate with

QCap = ngAC hfg (3.3)
Heat transfer from the evaporator can be limited to this
value by restricting the number of nodes interacting with
the vapor region.

In simulating startup from the supercritical an
expression must be developed to predict the location of the
fluid as it is pumped back towards the evaporator. Assume
uniform and rapid condensation over the entire condenser

surface when the temperature drops below the critical value.
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Equation (3.1) can be solved explicitly in finite difference
form:
M NN
n+1 A 20 LV 2

t % . n n
v =85 ¢ R — - vy sy (3.4)
noCToey, Py

=

The length in equation (3.4) is allowed to vary with
time as the fluid moves along the slab. The location of the

fluid can be calculated from:

t
L=/ V dt (3.5)
0
or in finite differences:
Pl ooy gt sy (3.6)

An initial condition is needed for each equation.

The initial velocity is assumed to be zero and the initial
length is assumed to be one half the length of the condenser,
measured from the midpoint of the condenser.

This length L, the distance from the center of the
condenser to the fluid front, is used to calculate the node
through which the fluid is currently moving. All nodes
containing fluid are coupled with the vapor region. Those
nodes still without fluid are insulated from the vapor. This

manipulation of boundary conditions, made possible through
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the use of the tridiagonal subroutine, permits any combina-
tion of nodes in the evaporator or condenser to actively

working with or insulated from the vapor region.

D. Logic of Solution

The preceding equations were solved simultaneously on
a Control Data Corporation Cyber-74 computer. A flow chart
outlining the solution procedure is shown in Figure 8. The
computer program is listed in Appendix D.

After reading dimensions and initial conditions a
subroutine is called that calculates the properties and
coefficients for each equation. The time steps are then
started, each step requiring one pass through the program.
Each of the equations is solved in a subroutine.

For each time step the new values of the vapor region
and the heat sink temperatures are calculated first. These
solutions are explicit and use evaporator and condenser
values from the last time step. The new temperatures of the
vapor and heat sink are then used as boundary conditions in
the implicit solution of the evaporator and condenser system
of equations.

The same subroutine that solves for a new vapor
temperature also calculates the position of the fluid in the
slab and determines which nodes in the evaporator and
condenser are currently active. Because the vapor solution

is explicit and has little mass it tends to become unstable,
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A discussion of stability is presented in Appendix E. This
unstable tendency is overcome by allowing the program to
calculate a smaller time step for the vapor region and iterate
a sufficient number of times to complete the total time step.

The equation for the heat sink is solved in a separate
subroutine. This routine can handle either a radiating heat
sink or a cooling jacket. The solution is explicit but the
mass is sufficiently large that stability is no problem.

Both the evaporator and condenser matrices are solved
separately in the same subroutine. Inputs to the subroutine
are temperatures at each node, coefficients, and boundary
conditions. The subroutine calls the tridiagonal subroutine
for solution of each row of the matrix. This technique is
described in detail in references [16, 17, 18].

After each time step several checks are made. The
current vapor temperature is compared to temperature used
for calculation of property values. If the new value is
different from the old by more than 0.1 K new coefficients
are calculated using properties calculated at the new
temperature.

Another check is performed to determine if the system
is changing rapidly. If the system is changing temperature
at a rate less than that specified the time step is doubled
and new coefficients are calculated. Thus several different
time steps may be used during a single run. The response

time of the vapor region is less than the time steps normally
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used. This presents no problem since inherent in the solution
technique is the assumption that the system response is
linear across a single time step. Thus the vapor temperature
merely tracks the temperature changes in the evaporator and
condenser sections. However when the time step is changed
the vapor response is solved explicitly with evaporator and
condenser temperatures calculated for the old value of the
time step. The vapor temperature will then lag the rest of
the solution by one half of a time step slowing down the
response of the entire system. To correct for this problem
the change in the vapor temperature is always multiplied by
the ratio of the new time step to the old time step. In
essence this procedure amounts to predicting the temperatures
of the eVaporator and condenser nodes that interact with the
vapor for the new time step. Since this change of time step
only occurs when the system is changing at a very slow rate
any error that occurs would be small,

In startup from the supercritical the average specific
heat of the slab changes as the fluid moves through it.
Whenever the fluid reaches a new node the values are calcu-
lated again taking into account the additional fluid in the
slab.

Values used for thermal conductivity of the wick are
a weighted average of the thermal conductivities of the fluid
and the screen. Effective thermal conductivity of the screen-

fluid combination is evaluated using the method of Williams
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[24]. Details of this development are in Appendix F.
Specific heats of the wick and slab are also weighted

averages of the specific heats of the components.

E. Description of the Analog Model

A simplified model of the heat pipe was used for
transient studies with an analog computer. This model
assumed one dimensional conduction in the radial direction.
Overall temperature drops and response times can be predicted
with this technique for small perturbations.

The approach used for the analog computer was to break
the heat pipe into nodes. A heat balance was written for
each node equating the net heat gain with temperature increase.
The result is a system of first order differential equations
in time with temperature the dependent variable.

Since the computer capacity was limited only five nodes
are used. Node 1 is composed of the outer half of the
evaporator wall and is located at the evaporator surface.

The inner half of the evaporator Qall and the outer half of
the wick make up node 2 which is located at the interface of
the wick and wall. The vapor region, slab and adiabatic wall
and wick are the components of node 3 located at the inter-
face of wick and vapor region. Like node 2, node 5 is
composed of one half of the wick and the inner half of the
condenser wall and is located at the interface of condenser

wick and wall. Node 6 is the outer half of the condenser
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wall and like node 1 is located at thé surface. Figure 9
is a schematic diagram of the nodes and their locations.

Equations for the six nodes are listed below. See
Appendix G for a discussion of scaling the equations for use
on the analog computer.

Condenser cooling is accomplished by means of a jacket
with a circulating fluid. An additional node, number 6
permits the modeling of this jaéket.

The analog computer circuit for these equations is

shown in Figure 10.

- ity (T el (D
“pp"pE o/ B °p“p'p
dT2 4m QE Kp
v = (T,-T,) (4.2)
at [ppcpva + pwcwvwéTln(rO/rB) 1 2
4w RE Kw
ey o ey oty (T3 Ty)
p p pE Py w'wE B' "1
dT 4w 2. K
3 E "w
= (T,-T,) (4.3)
dt [ppcpva Y 0LCWVwE T maca]ln(rB/rI) 2 73
4w %, K
MR R A B e Ty (a7 T3)
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ITI. RESULTS AND COMPARISONS

The digital model has been used to model the heat
pipe studied by Saaski [26]. The heat pipe modeled had an
evaporator and condenser each 15.24 cm long and a 15.0 cm
adiabatic section. Methanol was used for the working fluid.
The inside radius was 1.288 cm and the wall thickness was
0.080 cm. One layer of 200 mesh screen was used as a circum-
ferential wick. An air gap of 0.022 cm was maintained between
the condenser surface and the heat sink for a per-unit-length
gap conductance of approximately 0.0443 W/cm-K. The tempera-

ture of the vapor region is non-dimensionalized by defining

ATy ) TV(t)-TVo
ATy TymTyo
where TVO is the initial vapor temperature and Tyvm is the

steady state vapor temperature. Saaski's data reaches 95
percent of steady state values in approximately 130 seconds.
The predicted curve using the technique of this study responds
more slowly reaching 95 percent of steady state in 160
seconds. Both curves are shown in Figure-ll.

The digital model of the heat pipe has been used to

study three different cryogenic heat pipe systems. Systems
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are varied by changing boundary conditions on the condenser
surface. The effect of varying heat pipe design parameters
was studied using a model with the condenser surface tempera-
ture fixed. Other systems modeled used a cooling jacket and
a radiating surface as heat sinks.

Similar studies have been performed on the constant
condenser temperature heat pipe and the cooling jacket using
the analog model.

An even simpler model can be developed if the system
is assumed to be a lumped mass. Details of this development
for a heat pipe with a cooling jacket are given in Appendix
H. The result is a simple exponential equation. This model
should have a faster response than the more complex models,
since no temperature gradient must develop. A comparison
of digital, analog, and exponential models for startup from
isothermal at 100 K to a heat load of 15 watts is shown in
Figure 12. In each case the condenser heat sink is a cooling
jacket with liquid nitrogen at 100 K as the coolant. All
three models predict similar responses.,

The digital model of a system with a constant condenser
surface temperature was used to study effects of varying design
parameters. In each case the heat pipe is initially isothermal
at 100 K. A heat flux of 15 watts is imposed on the evaporator
surface and the heat pipe adjusts to steady state. Table 2
lists the various cases studied.

Figure 13 compares analog and digital response curves
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Table 2. Parameters for Cases Studied

Case Modification
1 Standard Heat Pipe as described
Table 1
2 Wall thickness .2030 cm
3 Wall thickness .4060 cm
4 Circumferential wick of 4 layers 400 mesh
5 Circumferential wick of 8 layers 400 mesh
6 Fluid gap .006096 cm
7 Fluid gap .012192 cm
8 Slab 2 layers 400 mesh
2 layers 30 mesh
9 Slab 8 layers 400 mesh

10 layers 30 mesh

In each case the heat pipe is initially isothermal

at 100 K. A heat flux of 15 watts is imposed on the

evaporator surface. The only modification from the heat pipe

of Table 1 is that listed.
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for case 1. The slower response of the analog curve is due
to the different nature of the nodal systems employed.

The effect of changing the wall thickness is shown in
Figure 14. Since the pipe wall is the major portion of the
heat pipe mass, any change would have a great effect on heat
pipe response. The pipe wall is also the largest thermal
resistance in the heat pipe. Thus increasing the wall
thickness requires a larger overall temperature difference.
The time required for this temperature profile to develop
slows response.

Increasing the number of layers of circumferential
wick also increases the steady state temperature drop from
evaporator to condenser. This effect as well as the added
mass slow response as shown in Figure 15.

Figures 16 and 17 show the effect of changing the size
of the fluid gap and the configuration of the composite slab.
As the curves show the change in response time is very small.

Due to the nature of the model the response takes fhe
same time for any heat input. Figure 18 shows the response
for a heat input of 5 watts and 15 watts. Also shown is the
response of a heat pipe to a power change from 5 to 15 watts.
Each curve is for a heat pipe with a constant temperature
condenser. In all thfee cases 95 percent of total change is
achieved at the same time.

The thermal properties used in the model vary with

temperature. The effect of this phenomena on response 1is



Heat Transfer out of Heat Pipe (Watts)

44

15.0

14.0

13.0

12.0

4,06 mm

11.0

10.0

Time (seconds)

Figure 14. Effect of Changing Wall Thickness



45

15'0F 2 Layers

14.0F
4 Layer

12.0¢ 8 Layers

Heat Transfer out of Heat Pipe (Watts)

i i 1 ¥ M| . | 1 f I |

i 1
2.0 4.0 6.0 8.0 10.0 12.0
Time (seconds)

Figure 15. Effect of Changing Number of Wick Layers
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shown in Figure 19. All three cases show an initially
isothermal heat pipe with a constant condenser surface tempera-
ture. A heat flux of 15 watts is imposed on the evaporator.
Curves are shown for startup from 80, 100, and 120 K. At the
lower temperature the specific heats are smaller and the
response is faster. At 120 K the capillary limitation 1is
less than 15 watts. The effect of capillary limitation 1is
also shown in Figure 19. The development of the overall
temperature difference is shown in Figure 20. Note that at
120 K capillary burnout causes evaporator temperature to
increase rapidly.

A heat pipe system with a cooling jacket and one with
a radiating surface are compared in Figures 21 and 22. Since
the heat leaving the radiating surface is dependent on the
temperature alone the response time is much greater. This
demonstrates the phenomena of temperature choking referred to
by Anand, et al. [13].

Startup from the supercritical is shown in Figure 23.
A heat flux of 5 watts is imposed on a heat pipe initially
isothermal at 130 K. Cooling is imposed at fhe same time
with a jacket with a coolant at 100 K and a surface coeffi-
cient of 1000 W/mz-K. The evaporator surface temperature
climbs sharply until fluid reaches it. The temperature falls
rapidly and the heat pipe begins working.

Figure 24 compares wicking velocity calculated using

equations 3.4 and 3.6 with velocities from the work of Symons
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[27]. For both curves the working fluid is methanol. Since
the capillary structures are not the same the velocities do
not agree exactly. However they are of the same order of
magnitude.

Wicking velocity in the composite slab is shown in
Figure 25. The velocities are much larger than those of
Figure 24 because of the nature of the composite slab. The
effective inverse permeability is relatively small due to
the presence of the 30 mesh screen yet the pumping pressure

1s relatively high due to the outer layers of 400 mesh screen.
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IV. CONCLUSIONS AND RECOMMENDATIONS

This study has developed a technique for predicting
transient response of heat pipes. Predicted response curves
were compared with experimental data from the literature and
agreement was good. Results from the digital studies have
been compared with those from more simple analog and exponen-
tial models and trends are found to be similar.

The analog model provides a good method for estimating
response for small transients. Because of the large node
spacing and assumption of constant property values the results
are not as accurate as the digital model and the effects of
fluid dynamics and startup from the supercritical could not
be included. An attempt to improve the analog model would
have required more analog computing capability than was
available.

A much better technique for modeling transients is
provided by the digital model. Thermal properties are allowed
to vary with temperature ahd the effects of fluid dynamics are
included. It was found that in accurately modeling experimen-
tal data it was difficult to account for responsé times of heat-
ing and cooling systems and the added masses of instrumentation

and insulation. A simple approach was developed for including
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startup from the supercritical.

The stability of the alternating direction implicit
solution procedure was found to be very good. (See Appendix
E for a discussion of stability.) The program remained
stable for time steps as large as thirty seconds. Had an
explicit sélution of the same node system been attempted, time
steps on the order of 10-° seconds would have been necessary
to maintain stability. With the ADI method some oscillations
would occur near the boundaries when the time steps were
large and the system was changing temperature rapidly.

In any continuation of this work many improvements
could be made in the computer code to decrease running time.
In addition the equations which are used to predict wick re-

priming after dryout could be improved.
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APPENDIX A
TRANSFORMATION OF COORDINATE SYSTEMS

It is convenient to transform the cylindrical
coordinate system that describes the heat pipe to one that

is rectangular. In cylindrical coordinates 521 is

o’1 , 1aT, 1a’r, 2’1
arl T T T 5,7 )2
Make the following substitutions
X = 1n(ro/rI)
y = ¢
Z = z
Thus
2°T _ 3 (L 3Ty . 2’11 ar
2 or ‘T 09X 2 2 7 9%x
or X~ T T
3%T _ a’T
262 ay?
3T _ 3T
2 2

Q
o]
Q
o]
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Substitution back into ﬁzT

1 8% 1 aT , 1 8T . 1 T, 8%t
2.2 7T ZT3>x .7 .2
r° 90X T T T 3y 0z
or
1 8%, 1 8%, 8fr
2.2 72,72 2
r° 90X rT 9y 0z

This transformation simplifies calculation and makes finite
difference approximation of the equations easier. Figure 26

shows the result of this transformation.
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APPENDIX B
THERMODYNAMIC PROPERTY EQUATIONS

In his thesis Hare [8] developed polynomial expressions
for the thermal properties of nitrogen and stainless steel
as a function of temperature. A least squares regression
analysis program on a Wang 720 calculator was used. These
equations have been converted to International units and are
presented here. Expressions for the spetific heats of
nitrogen, stainless steel and aluminum were developed using
the same technique and data from references [23,25].

T = temperature in degrees Kelvin

Properties of liquid nitrogen

Density (Kg/ms)

o, = -5.7784 x 10710 17 + 2.45356 x 1077 1% -3.49017 x 107> 717
+8.3300 x 107%™ + 2.7704 x 1071 T3 -3.10677 x 10 T2
+1.31038 x 105 T - 1.94571 x 10%

Viscosity (N-sec/mz)

u, = -2.25319 x 10711 14 +6.541176 x 107% T3 -5.51203 x 1077 77
+2.708099 x 10°% T +1.0352066 x 1073

Surface tension (N/m)

= 1.026812 x 1070 T* -3.919365 x 1077 T> + 5.631364 x 10> T2

9
3 1

- 3.804096 x 10 ° T + 1.1066907 x 10
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Heat of vaporization (J/Kg)
hp, = - 3.25198085 x 107% 79 + 9.1831855 x 1074 T°
- 3.4922526 x 1072 T% - 1.3994675 x 10} T3 +
1.9701130 x 105 T2 - 1.005187 x 10° T + 2.0678544 x 10°

Thermal conductivity (W/m-X)

-10 5. 7 4

K, = 3.586226 x 10 T 1.6795344 x 10" T +
3.120013 x 10> T3 - 2.8859648 x 10> T2 +
1.3152021 x 1071 T - 2.182878
Specific heat (J/Kg-K)
c, = 3.543145 x 10°% T - 1.0894305 x 1071 17 +
1.2 2 4

1.2632769 x 10~ T 6.500754 x 10 T + 1.4495738 x 10

Properties of 304 stainless steel

Thermal conductivity (w/m-X)

4 .2 2

K, = - 2.25468 x 107% T + 9.99792 x 107° T + 2.2549
Specific heat (J/Kg-X)

C, = - 1.037895 x 1072 12 + 4.982373 T - 1.5772696 x 102
Specific heat of Aluminum (J/Kg-X)

Cyy = - 8.1727423 x 107° T3 - 4.3008433 x 1077 T +

8.9683338 T - 2.8647838 x 10°
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APPENDIX C
WICK-WALL INTERFACE NODES

Due to the change of variables used (see Appendix A)
nodes are spaced exponentially through the wall and wick.
It was found that for best results three nodes were needed
in the wall and two in the wick with one for the interface.
The wick nodes are smaller than the wall nodes and a scale
factor SF was calculated so that the same value of DX could
be used. Figure 27 shows nodes néar the interface in the
evaporator.

To place the fourth node on the interface of the
wick and wall an artificial radius had to be calculated.
This artificial radius was then used for calculating the
locations of all nodes in the wall and the scale factor for
the nodes in the wick.

The artificial radius is given by:

(NIE-1)
. 1/(NIE-1) | (Z-NIE)
0
Tart ?E

Wick nodes are smaller than wall nodes by the factor

SF given by:

SF = %_ (NIE-2)1In(rg/r)/In(xr /T )
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Wick-Wall Interface Nodes

Figure 27.
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A heat balance on node 4 gives:
1/2 n
TER L/ - e . K
2 x+SFAx 4,j 4, _ p n+l/2 .n+l/2
Ty PyCy AzAy ( ) ;n+1/2_tn » o AyAz (TES,j TE4’J )
K AvAz (TEn 1/2 TED . ;E Az (Ax+SFAx)(TE .
Ax SF 27 )3 4,7 y 7z 4,j+1
TE} . . - 2TED .
4’3'1 4’3)
which can be rearranged for the subroutine to give
y K, bt /2, K, bt .
7 7)TE3 5 ( 7 2
2(Ax) (1+SF)p4c4r4 2(Ax) (1+SF)p4c4r4
Ky At n+1/2
Y)TE4,J
2(Ax) SF(1+SF)p4 Ry
Kw At n+l/2 _ Kp At n
- ( 7 7) TEg 5'° = 2 7 (TEg 541 ¥
2(Ax) SF(l+SF)p4c4r4 ’ 2(Ay) P4C4Ty ’
TEy . , - 2TEY . TED .
4,j-1 4,3 4,7
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75

85

23C

3nc

430

450

70

PROG-AM MATHN (TNPUT,QUTPUT,, TAFFRS=INPUT, TAPEF=QUTPUT
1y VATAGZTAPZZ2=NATALLIST,,TAPZZ=LIST)

DITATHNSTIIN TE (A7) o TO LS 70y THALIL Iy DNUAT) 4T (204 F LT WM
130T (0 ATC(D) s A1) JAX T (R 30L) 4AYF (R ,30) 4AXC{6,30),AYC (6,30}
108039 XI (A2 )4 CYE (€ 7L 4y TXC D, TRV ZCYCLESY 30 )y AXCON(R) RSTIZ L B)
1 200V L5

COAON T4 TS RIS TE, TVGTCy TR OIF,ZQARIEV +sNCRWOMAX G NIZ4NIESNIC W NJC
1y LAFE g LWF L0 LNASCXT 3L VEZCXCoCYC 4 CVaVeTLyEL4ASU, ISU,XL,CC, ICRIT
1o AXT gAY, AXNLAYC, AV RV 25,35, AC,BCCI,CIN, 418,010
1eMOT RUASSHy UT 4 dTOGIX 4 KF oF 3 G4 IXCoDYC+CL HIALCRESIST
LaHT OF s FalLsDBETALPORPSTY

PEAL NLsKLsMDOT oKF o HFG KW

WRALTZB8455)

FOYAT (IHPUT CASE NUMBF R*)

REAY(34*) NO

WPITZ(5,75)

FORMAT (" INPUT NT,NOT*™)

PEAN(G+*)0T4NDT

WRITZ (5, 85)

FORMAT (™INPUT MINT,RMASS,QTS,0I°, AR, TI,MRESIST™)

Q.":»’-\") (L','*l MOOTIPMASS'QIS'QIR]AQ.TIVCFESISI

HOTITo(6,130)

FORMAT (**TYPE 1 TO INPUT ALL DATA™)

READ(S,¥) INPUT ‘

ITFITNPUT.MEL.1) GO TO 25¢

HPLTS (5,230)

FORMAT [*INPUT NIEWNJEWNIC,NJC,NJA")

RFAD (54%) NIFWNJELNIC,NJC,HIA

HRITE (5,390)

FO24AT ("INPUY TSILVEL,TVI,TCI,TRI™)

REA) (54%) TSISTETLTVILICI,TR]I

WRITZ (6,407C0)

FORMAT ("INPUT LWFE,LBO,LWFC,LNA)

PEADY (5,%) LWFELLRO,LWFC,LNA

HRITz (6,050)

FORMAT("INPUT WT,0FRF,ML,ACTALPORSTY")

PEAD(S,*) WT,0FRF,NL,BETA,POFSTY

C INITIALIZ= VALUES

25(
350

S58¢

ET=5
TS=TSI

D0 2 J=14NJE

00 1 L=1,NIE

Ta(I,d)=T3L

CONTINUS

Tv=TvIl

NN« I=1,N]IC

no 3 J=1,NJC

TC(l,J41=TCI

CONTINUZ

re=T]

XL=.152%

60 10 35C

caLy OATAIN

oTn=0r

“T=2,

WOLTE (3,502) RMASS,AE,MDOT

COSMAT IS X 4" MASS OF HIAT STNK”,F11.3,1X,"K6  APSA™,F11.3,1%,
L17MEe2%  IX"FLOW RATE™ 3 IX,10215,6, 2X,“KG/TEC™)
ND 4 T=i,NIz

ATCtIV=).

N 5 Jd=1,4J7

ATIUIY=TE(T,d) #ATE(])
ATF(IN=ATZ(T)IZFLOATINGE)



uoe

Fa= 72

[coanrs=;

1°Td=1V

NF=5.953=35

RF=1.5%5c-05

PO25TY=,53%

SMASS=1,E+22

LWFCN=LWF S

HRITTE3,4321N0O

FORIUATIT Z,"CAST NUMARER"™ LTI4%)
CALL RAZAMTO

AP =5,HD37 7«3 MEfDRTOS¥ L 4+(CR*{IR~TT)
caALL OUTPUT

C START TI4Z CYZLZES

20

10
i1

12

10C3

70 1072 N=1,M0T

ICOUNT=ICOUNT+

IF (LAFS«ZA.LWFZ0Y GO TO 23

CALL PA2AMTR

OPTV=TYV

LWFLO=LWFG

6N 10 Al

IF(AQSHITVY-0PTV).LTsel) GO TN 30

CALL PA2AMTR

oPTVY=TY

GO TO Af

IF(A3S(DT=5) LT, GC1)Y GO TO 8C
ITFIN=10)8048 0440

IFARS(IR=-TPNY=,0C12)50,8(,42

IF(ARS{TV=-TV0D) -.0310Y655,80,A0

nT=2*0T

IF{DT=-3.Y70,70L 460

NT=3¢

CALL PA2AMTE

nery=TV

CT=ET+N07

N0 3% I=1,NIE

AXGCONIT) ={TC (I 2)V=-ATE(IY I *KF/ (OYC**2*NJE*R*C*ATE(I)}
TRO=TR ’

Tva=Ty

CALL VA2OR

CALL CIILER(BCAC4CCaTIoa TO ¢ NJCeNJA S TRYyEMy ARWUIR,QRHQCRY
CALL GRID2D (TF AXEZAYS sCXE4CYZTINIE JNIELAXCON,
LA o T AT s 0 as TSedenlant es291424290+CIE91.9LKFE,LLDD)
DO 11 T=1,NIZ

ATZ(I) =343

DO 1¢ J=1,NJC

ATZAIY=TE (T, J) AT (I}

ATSH(I)=ATI(IY/7FLOATINGE)

CALL GRID2D (1C,AXCsAYCHCXCosCYGWNIC,NUCLATGC,
IATGCeTV AT Z e o9 TP 104101100391 91424NIALCIC,,CUCLLWFC,HLNA)
NJAPL=NJA+]

IFLICOUNTLENLSY GN TO 12

GO TO 1701

CALL QUTPUT

ICOUNT =S

CONTFINUZ

GCALL DATAQUT

STIP

END
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(o] [ T >

S o O

o o (2] o

LN

42

T
STV ATC AR, ICY 4 AXI (R T2 4 AYF (A G21L) 4AXCIB33) Y

SUSIQITLNS 2R
(Fy:
Ba 2l aCYLlEyTJi)oCACLALZTL) CYCLEL2L) 4 AXCON(B)

NIM ESTON Te
IAYC(n,y3.) 042
1.R3I2(H)

COMMOL ZT 4TS NISeTESTYWTC TRy NIRPyARP ATV OCR GMAX G NTIT 4 NJZ W NIC ¢ NJC
Lo LAF ZaLAFC gL AU GLHA gUX S oG YT g OX Ly OYC o0V aV o TLYEL 2ASU s dSUWXLCCHIGRTY
Lo AX Iy AYIZAXC 4AYCH AV AV 4AS 43S, AL,NC,L,CIEVWCIC,ALIELWAIC
LaMDIT s 29ASSy DT o NTO W IX W KF 4P 4 CyDXCyDYCHCLyNJASZCRESIST
LaWT ilF g ZFyNL s 15TA,PO9STY

RZIAL LKL MDOT (KF ¢HF G4 KW MCPSLAB

CTV=Ty

IF(LIVST 125 TTV=125

VISCOSITY (1 SEC/m**2)

XMYUz=2,25219F=11*CTV**4+H.541176E=-9*CTV**3-5,512C2c-7*CTV**2

1 ¢2.77RIYIE-520TV+1.03529662-23
SURFACHY TENIION (1s4)
SIGMA=1.02BRL12E=-9*CTV**4=-,7319365F -B6*CTV**3+,56313I0LE-4L*CTY®*2
1 =e383:4,90E-2"0TV+1.1.H697 7E=-1
INVERSE P43 ATLITY OF SLAE (1/7M%%2)
FKX=5,40%E8
PORE 2ADIJUS (M)
RPJ%r=1.9.5-5
DENSITY OF PIPE WALL (KG/H**+ )
P=7317
SPECIFIN HEAT QF PIPE MWALL (MWATT SEC/KG K)
C==1..37805¢=-2*CTY**2+L,QR2373I*CTV-1,5772696F 2
SPECIFICN HIAT OF SADILE (WATT SEC/KG K)

CS==841727U23C =S+ CTYX* =4 A 0RLGITZ-3¥CTY**2+6.706835338*CTY

1 =2.4647838E2
QUTSIOc RAJTUS OF 2IPE (M)

,
A
{

RO=.03535

EMMISTIVITY OF HIAT SINK
gEM=,72

HEAT PIPE TOTAL LENGTM (M)
TL=.9144

EVAPORATOR LENGTH ()
FL=.1524

CONDENSIR LINGTH (M)
CL=.30 43

VAPOR DIMSITY (KG/M**3)
RHOY=4,047¢

SPECIFIC HIAT 0OF VAPOP (WATT SEC/KG K)

fV=1172.3:

RA=A0=-AT

PI=xd=%, 3"RF*NL=-AETA*(NL-1.,1)
PSUM=_.]

NI=INT (L)

N0 4lI=1.NI

FI=FLIAT(D)
TERA=ALIG(IRA-(FI=1 0 ) * 4 0*PF=(FI=1,C)*85TA)/ (RB=4{*FI*RF=-(FI-1)
CeartTan)

PSUA=T IRM+PSUM

COAMTINUC

SUMaA=23UM

PSUME. L

NML=NI=Z1

NY uw2i=iL, 4l

SI=FLIAT(])

TE2=AL)G(IF Q=L S *FI*RF= (FT=1,})*3FTAY/(RB=-U,C*FI+*RF-FI*BETA))
PRUM=T I M S UM

TONTINUF

FUM =P Sy

IFINML.20.2)5UM3=1,0
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C STV DX DY, 3X0,0Y0Cy AND DT
NIcHMyi=NIE=1
HIZA2=NIZ=-2
HTGA2=MIN-2
HJSH41=Nji=-1
HICH1=NIC-1
NJCMi=MJC=1
RAQLGUS={=~0** (L, I/7FLOATINTFM2Y I/ (BRY )R
1 (FLOAT(NLEM2) (L, C=-FLOCAT(MITM2)))

DXZ=(ALIGIRG/-BIGYSY) /FLOATINESEM2)
DY TzR.243/FLONAT(IYFML)
DXGC=CALDGI2O/-)GUS) I /FLOAT (NTOM2)
IYC={TL=CZLI/FLNATHINJOML=-1)

C THEFMAL COANIUGTIVITY OF STAIMNLTSS STEAL (WATT/M K)
KF==24250Ln8. ~L4*0TY%%2 , :+3,907927-2%CTV+2.2549

C THECAAL CINOUCTIVITY OF LIQUIO NITROGEN (WATT/M K)
KL=3,.981226F =130 TV**5 1L =1 , 795 L4 =7¥CTY**L,

G430127313=5%(TV**3,0=2,3453R43C=-3*CTV**2,041,3152G621c-1*CTV
C=2,1482873
C THZFMAL CONJUCTIVITY 0OF SCRTEN (MATT/M )
i KASKLZULDF /712 D% 2RIV {2, O IXKL/KFY+DF/ (2.1 *RF)
C=231) 42, %KL/ (PF/{2.0%&F 1)+ ({KL/KFY*({2,0%FF)/
CIDF=2.G*FFI+ 1011 ) KL/ {2, *2F/LUF=-2,,L*RFI+1.()**2,"
C THEEMAL CONIFUGTIVITY 0OF WICK (WATT/M K)
TRA={ {A*SUMA+KL*SUMR) /(SUMA+SUAR)Y

C DINSITY AF LINUID NTTOOGEN (KG/4v*+3)

PHO ==5.7730 -1 .%CTV*¥ 742 L5358 =7¥CTV**5-3, 43517 ~5%CTV*%5
1 #RB,232) _F-LrCTY** 442,779 LE-12CTV**3-3 1 677EL*CTY**2
1 #1.3L03853*0TV=-1,94571: 4

C DENSTTY OF 4IGCK ({KGri**3)

RHJW (SUMAF (PORSTY*IHOL+ {1 ,=POSTYI*RI+SUMBR¥*FHOL ) 7 {(SUMA+SUMB)

C SPECIFIN HEATYT OF LITUIN NITROGEN (WATT SEC/KG K)
CPL=3¢543145C54* CTY*%4-1,.3943)5E-12CTV**3+1,632763E1%CTVy**2

1 =%.53 17540 2%CTV+1,449572324

C HEAT OF VAPIRTIZATION (WATT SEC/ KG?

HFG==7,2619R 45 7-6*CTY** 649 ,1831R566Z=4*CTY¥**E
1 =3.,49225262-230TY%4 =1, 399476 c+1*CTY>»+3

L #1937 J11350 432 CTY**2-1,(C:5187245*CTY

1 +2..5735447 4k

20(¢C FNR4YATILELS,.R)

C SLAJZ PRJIPZIRTIZS
0FLA=7,4327Z-5
DELI=Z6.213F=4
NLA=#

NL 3=5

FA=,5706)

TP=.6532

FROTNAL= (MJC -LWFC)Y /NJCH1

MCPSLA=2 ,*TL*PI* (DSLA*MLA{ZA*PHOL*CPL*FRPCTNWL #{1,~EA)*R*(C)
1 #0ZL 1ENLA®(ZE*THOL*CPL*FrCTNWL +(1 o ~£ER) *R*(C) )

C SPECTFIC H®AY QOF THZ WICK (WATT SEC/KG K)
CW={{1,=C)RSTYV*D2%C+PCOSTY*COL*FHOL) /7 ({1,-PORSTY)*C+PORSTY*RHOL)
CHZ{CH*SUMA+CPLASUMT) / {SUMA+SUMRP)

WOTITZ(3,2020) FHLPLyFFOTHNRL sAHOL
C OIMINSIONS OF SNCLING JACK- T (M)
RCO=..197
RPCI=,.133
EW=,.0314
RMASSL= L, iL1R* ((CL*(PCOM*2 <O I*¥2 ) 42, * WX (ROC**2=R0O**2) ) 2C*R
1 ¢CL*(RLI**2«r0**2)*CPL*RHEDL)
IF(4DIT.LT.2,5=9)Y GO TO 113
AIMAS 5= AMASS]
nS=1.



11

10¢
200

10033

30¢C

wocC

Ca=anQr+Coey

CIZ=KF*)T/{Ce(*IX ¥¥2 ,%50%*2,)
CIC=0T/0RISIST/ZIP*OAOXC*2,%R0)
AGC=0,233%CL¥>N/{CFESIST)

BC=T/ (PMASS*CS)
ATZ==NX*QIS/(KF*6.,2332*ZL)
AIC==-KF*OISTIST/ZIOXC R0
ASU=2.*3IGMAZ(SP0RE*RPHOL)

RSU=K*XMU/EHAOL
OMAK=G®STSMAYS I* (NLA®DEL A#NLA*NELRY *2HILY
1 (RPN s IR XMUR(TL=-{SL¢CL)/2,)) *HFG

00 20 T=1,NIFHM2

L=NIZ41-T+1

RSI2(I1=(XBNGUS*(PO/RBIGUSI** (FLOATIL~1)/NILM2))**2
DO 14, J=Ll.NJFE

AXEATL, JY=KF*DT/(UXE*® 250 *(*2,*RSTI2 (1))

AYZ(I L J)=KF*DT/(DYC**2+R¥C*2,*RSI2 (1))
XTIy I =aXe (1))

GYRCLyJ)=AYE (I,4)

CONTINUZ
SF=.5*NTcM2*ALOGISQRT (RSI2 (NI ¥2)) 721 /7ALOG(KEC/RAOGUSY
RT2=[**2
RNIM12=(PHIGUS*(RO/RAQGUS)** (Z/NIEM2/2) ) **2
RINMO2={FTI* (SURT(RSIZ (NIEM2))/R[)**»,75)%*2
QST2INIZML) =(FI*(SCRT(PSI2(NIEM2V ) /OT) **,5)**2
XNSH=( (RS2 (NI=M2) =RINMD2) *RHOA*CH + (ONIM1 2-PST2{(MIZM2)) *R*C}/
1 (RNIM12-PINMD2)

AV=TRA*IT 2, *0YE*E L/ (UXZ* (RHOV*TL* (3, 1416*R]2=
12,#2]+SLBTHK)*CV#MCRSLAR+TL* (RINMD2=-RI2)*
2 3.141H%CH)I*SF)
BY=TKW*NT*2,%6,283%DYC/ (CXC* (FHOV*TL* (3.141E*RI2~
12 *RI*SLUBTHK I *CU+MCPSLAG+TL*(RINMDZ2=-RI2)*

2 3.lL1R*CUWY*SF)

IX=INTCAV*NJECAYENGO) 410

AV=AV/FLOAT(IX)

AV=AY/FLOAT(IX)

CV=2TKA*IYZ 2 L/ (IXE*SF)

WRITZ(2,2305) RP4ASS,CW,MCPSLAR,CS

FOARYAT (2F 13.5)

No 3%0 J=1,NJf

AXTUANIZAZ4 ) =KFEOT/(DXE**2*XDSH* (1, +SF)*PSTIZ(NIEM2Z))
CXIANTEAZ,J) =TI *NT/ANXE M 22X OSHY (1 ,+SF )P *ST2(NIEM2) *SF)
AY ZINTZA2,J) =KF2OT/Z(DXE#*2#XOSH*2, *25T2 (NIEM2))
CYFEANIZMZ 23y =AVIAINIFM2,44)

CXE(NICEA1y J) = TKA* DT/ (OXZ*224SF*¥22 CH*FHOW*2*RST2(NIENL))
AXEANTIZAL W Y =CXTUINTEML, )

AYI(HIZHL 4 J) =FXUROT/(UYE** 2% PHON*CW* 2, ¥RI2)
CYEUNIIMLJY=AYT(NIEML LI}

AX I (NI, J)=RPSTZ2(NIZML) /R I2*CXTANIEML, )
CYZ(NIZI,J)=8XC(NIT,LJ)
AYZINIZgJ)=TKW*DT /(DY 2*2 ¥PHOW*CHW*2,%R]2)
CYFUNIZyJ)=AYF (NIE 4

No 500 I=Li,NICM2

DT Wy J=1.MJC

AXCUI, J}=XF*OT/(DXC**c*R%C*2,*RSI2(I))
AYS (I M =XFeNT/7(DVCr*2308082,)
CXCUIa Iy =aXC (I,J)

CYCAILJ) =AY (L,J)

74



80C

CONT I

No 520 §=1,040

AXCUHIGAZ 3 0) =XF2NT/(NXZ¢*2+XO5H* 1] ,+53F) *CST2INICH2))
AYS(NIC AL, J) =TKA*DT/ (DY X220 HA*CHE2, )
AYCINICA2,J) =k F*DT/(DYC**2*XDSH*2,)
CYCUINLGAZ, I =AYCANIGCMZ S

CYCINIGHL , DN =AYCINICHL,J)

CXCINITHZ2 4 I =TXAXOT/ (CXC¥*¥22YDSHY (L4 +SEY*RSIZINICM2)Y*SF)
CXGUIICAL ) STKA*NT/(NXC**2¥SF*+22 CHA*RHON®2*FSTIZ(NICML))
AXDHICL 4 J) =CXCINICML v D)
CYGINICyJI=TKA*NT/ (DY ¥ 2¥DHNWECH 2 ,)
AYC(HNIN, D) =CYC(YIC N
AXC(HIC,yJ)=PSI2(NTEML) /P I2*CXCINICML, )
CXGINICy )Y =AXCINICS)

ReETURAN

END
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29
10¢c
20¢

23

29

30

35
49

45

51

55

938

76

SHUINTINT VAPAR

DIAHLINN Fr e T2 T0 (a7 Yy AXT {30 AYF (6,301 ,AXC{6,3]),
TAYC {043 4yCXFE LRy 32 4y OYF (B4 22) ,CXC LB+ 4CYO(E430)4AXCONIR)
1 L Joviis)

COMADN =T 3 TS GISTESTVTC, T=30IF3QP 30V OCRSCHMAXZNITZNJELNIC, NJC
L1y LAFS G LAFC o L0 LNA JOXE G CYF 4 OXN, Y0 3 CV Vo TLLEL 4 ASU,BSULXL,CC, ICRIT
Lo AXS gAY G AL AYG AV 3V s ASe 34 8C 430 ,CIC,CICyATELAIC
1oMOIT 4 248 5S e DT oNTDy IXsKF o P4 Lo NGy NYNLLL s MIALCRESTIST
1o WT 3 UF 7 F 4 NL s AETA,PORSTY. .

AL ML KLy MNOT KF g HF G oKW

G0 TD 21]¢

XL 3D=MJT* (1/7{1+A3S{2CVI/ZOFAXY ) ¢}

XUNA=(VIN=NJAY *QIV/NMAXENJA ]
LRI=IITIXLADY+INT (2,2 (XL AO=TNT (XLBO}Y))

TF (L3O, GRT {NJF+L) )Y LPO=NJE +1

LNA=THTIXLNAY+THY (2, * (XLNA-TINT{XLNA} Y}

IF{LNALLE. (NJA#LIIGD TO 1C1

IF (LNAGTL.INJC+1)Y) GO TO 329

GO 12 23¢

LNASNJO+L

G0 T0 23¢C
LNA=NJA+2

NJARL =NJA+]

SUMTC=0.9

no 28 J=NJAPL,NJC

SUATC=SUMTC+TOINICHML L J)

SUMTC=SUMTS/ZFLOATI(NJC-NJAY

IFISUATC,6T.125) GO TO 6§

IF(ICRITLLT.1) G50 1D 58

00 29 [=1,15aC

V=DT/72)3C ¥ LASU-3SURVAXL -V**2)/XL+ V

XL=XL+V*DT/LCCC,

CONTINUS X

IF{XL.GTITL=-CL/72.Y) ICRIT=(

LOF=INTU(FLOAT(NJC=NHJA) 72 )+ INTIXL/OYC)4INT{2*¥(XL/DYC=INT(XL/DYC)))
1 +1

LWFC=NJC=-LOF

IF(LNFC"NJA) 3‘) u-!aJ |3C

LWFC=NJA

GO TI 45

ITF(LWFC=-1) L,45,45
LWFC=1

XLAI=(XL-TL+OL/24EL) 7 L*NJE

LBO=INTIXLA0Y+ INT{2* (XL"O-INT(XLRO))) +1

IF(LAdOT (NJE+LY Y LRO=NJF +1

GO TO 55

LWFC=NJS

LRO=1

Ic2IT=1

CONTINUZ

TF (L3J.5Q.1) G2 TO 1201

Q=V=y,

OCVI1Y=,5*CY

DCVINIT)Y=5*CV

NMJFEL=NJE -1

N0 493 J=2.NJZME
orvJY=Cy

If0=¢

NO 12.2 J=1,NJ7

IF (I3J.E2e1) 6N TO 16

DEY=0CV(IN*(Te (NIZ =L DV =TFEIMNTIELJV) +9FY

IF (QSvV.LT.QMAXY GO TO 1353

I739=1



13¢G¢C
11C1

11
13
16
15
16

20

21
23

24
25

25

49
8937

ICRIT=1
LR0=J+1

CANTIH®
CONTINIG
AVITT=0.C
AVITTY=1,
AVZTCV=].

AVETL=],0
Lni741=130-1
LEAML=LIA-L
LWFIPL=LWFZ+1
LWFZRL=LWFC+1
SACTIVA=FLOAT(LOANMI-L WF=0Y+1)
CACTIVA=FLIAVILNAMI-LWFCPL+)
IF(L?ILIJLWFEIPL) 6O TO 14
NN 15 1=LAFEPL,LHOM
AVETEY=AVITEV+TI(NIF, J)
AVETZ=AVE TS+ TTUINIE-1,J)
AVETFV=AVETIV/EACTIVE
AVIT==AJETE/FACTIVE
IF (NJR-LR0ML) 11,111,112
TACTIVE=EACTIVE-,6

IF (2-LNFIP1)1AR,173,13
EAGTIVE=ZACTIVE=45
Gn T2 1%
EACTIVE=749
IF(LNALLZWLWFCPL)Y GO TO 24
N0 &0 J=LWFUPL . LNAME
AVITCVY =AVSTCV+TICINIC, J)
AVETG=AVFTC+TCINIGC=1,J)
AVZTOV=AVZTCY/CACTIVE
AVITC=AVETC/CAGTIVE
IF(NJC-LNAML 21,21 ,22
CACTIVI=TAGCTIVE-,S
TIF(2=-LAFCP1) 25,23,23
CAGCTIVE=CAGTIVE=-4S
Gn 10 25
CACTIVI=(.3J

TVvO=TV
nn 26 I=1,IX

TVSAVAEACTIVE* (AVETE=AVE TEV=-TV+TVD)+TY
1 +3WACACTIVE*(AYFTC-TVO=-TY+TVO)

TY=(TY=-TVO)Y*DT/NTR+TVO
NTN=0T
WRITZ(Z,L3)LA0LLNA,LHFC, VXL
FORMAT (3I4,221€.5)
FORMAT(4E15.8)

RCTURN

END

77



19

SURTOUTINT COLLIY (A" 3 TT T UC, NJA, TR EGAF 4NIR,NP,ICR)

DIMINSIAN TLh, 70)
SYAT=1,!

P25 ,RR )7 ~4¥ AP TR+ R+ C*(TRP=-TI)
HJA2L=MNIA+L :
02 123 J=NJAR Ly NJC
SUMT=S11MT+T{1,J)-TR
AQC~=A*SUMT/ZFLCATI(NJIC-NJIA)
TR=3*[WReQLR=-NZ) + TR

RCTYPN

IND

78



79

SUIRIUTINT A21920 (T, 8%, AV CY Y MY NJ AYTALSAT1,ATM A1 4 AIM,
AT LI Quly DIMLIL LI, LU, LJMaNJALCIT 20 dl yLWF L3 D)
DIMINLAION TOARa3TN 4NN HIT ) 35 UT0) yF(37)4AJLI(R) 4 AX{A,20),
TAY (b, 30V s OX(H 3L 4 CY U6, 3N ) AL75),CU3) 4 AXTAL(R)

NIMi=NT-1
NJML=N =1

C MAKI I Sw-=-»
C PICK LIFT ADUNINARY CONATITINM

12
14
15

16
17

1340
206

800Q

1100

21

25

39

101
201
331
671
5171
6J1
701

801

IF (LJ1-2) 14,15,1083
00 15 [=2,NIM
DOI)=A 1 (T

G T0 1)3

N0 17 T=24,NI%2
NEIV={1a =20 AY (Lo i) *T T 1) 42 *AY (T 42)>*T(I,2)Y+T{I,1}*AXIAL(])
G0 T0O 12C

IF(L=-"JAY 205,227,300
LIN=2

ATN=C43

GO 10 431

LIN=LI?

AIN=AT1

CONTINUZ
IF(L=LWF)ARIC+607 4500
IF(L=L N T7374E30,6807
LIN=2

AIN=C.1

GO TO 8)0

LIJ=LIN

AIN=AT™

CONTINUZ

N0 1233 I=1,4NT
A(I)=aX(TI,1)
ClIN=CX{T,1)

CALY. <~7JACHE (AsCeDeNT4E4FyWsLINLLIO,
1AINLALID,NI1,QIM)

DO 473 J=2.NJns

D0 25 T=2,.MIMt
DOLY=CY (L) 2T T Jt1) +AY (T U} 2T (I, J-1)
1 +(La=8Y (L) =CY (T4 *T (T, J)+F (T JI*AXTAL(])
D0 30 I=1.NI
T(IsJd=1) =4 (T)
IF(J=NIAY201,201,201
LIN=2

ATMN=C40

60 TN 431

LIN=LI1

ATN=AT1

COHTTHUE
TFJ-LAFYANT,671,531
IF(J=-LRDY7014611,601
LIn=2

ATD=4.1

GO TN 3.1

LIN=LIM

ATO=AT A

CONTTHUE

NN 1u21 I=1,NT
ACTY=AXIT.
C(II=3X(I.D)

CALL 201CHE (a0 DeMT 3 CeFoedaLINGLIO,
1ATINLALOLQTIL, AT
CONVIMUT



C PICK 2IGHE A0HDASY SINATFION

bl
3
512

602

7ce

a02

10¢2

68

NG %At T=2¢MT144

DUOTI=(2em2,* Y (I NI *T{T 4 NJI+2 *AY (I NJ)*T(INJ-1)

T AT (I N *AXTAL(TY
ng 39 I=1,NI
TOIyid=2)=H(I)
IF(NJ-LAF)IBC2+622,502
IF(NU-LIOY7 2,R32453
LIN=2

ATN=2,2

GO TO 432
I7=L1IM

AIO=AI™

CONTIMUS

00 ${72 I=1+N1
A(T¥=AX(I.NI)
CIV=CXI(TI NS

CALL R0ACHZ (AGCyDWNI,Z,F,W,LIL,HLTI0,

18T1,A10,011,Q1IM)

no 4A TI=1,NI

TOI.NJI=RIT)

2
2

C MAXE J SWIZP

49
59

51
52

53
192
2ne

302

g2

56

10C3

55

56

60

65

1004

70

IF (LI1-?) 53%,51,53

A0 53 J=1.NJ

neJr=Aar1

G0N TH 55

DA 52 )=2,4,NgM1

DUII =01 =2 28X MLy JXDP*TLL 4 U) 42, %BX (1,J)*T(2,J)-CIT1*ATL
GO TO 55

DO 54 3=2,NJIML

IF(U=-"J1) 232,232,302

LIN=2

CIN=".2

GO TO 492

LIN=LT1

CIN=CI1

CONTINUE

DI =(10=2, AN (LoJ) =2 *CINI*T(1,J) #2,%AX (1,00 *T (2,4}
162, *CINI*JT1+T(L,J)*¥AXTIAL (LY
IFILINGEG.1Y 0€JY=ATI1

NN 1023 J=1,yNy

AlJI=AY(1,3)

cl=0vY(1,3)

CALL 2OACHE (A4CoeNoMNIsEsFyWyLJLLUM,
1AJ1(1),A4JdM,0J1,AQUM)

NO Tu I=2.8IM

0D 24 J=24%JM8

DO =3I *T(T#1,0) $AX (T J¥*T(T=-1,)
1 010~ ALl a ) =CX(T W *THI s D +THI, ) *AXIALLT)
N0 A5 J=1.NJ

T{I-1,0)=d ()

NO L3774 J=1,NJ

AlJI=aY(I,))

CtN=CY(I.N

CALL R2ACHS (A WDeDoNIsTsFaWaLILsLIM,
1AL s AIMGIL s IIM) ’
couTIHYS

€ PICK QATFOM RIUNODARY CONNITION

T2
73

DO 75 Jz1.MJ

IF(=LAF)IT3,472,72

IF(J-L3NN 74472473

DIV 0Le =7 *CX NI UMV *TANT W I +2%AX (NI L) * TINI-1,J)
1 #T(NT, U *AXIALINDY

GO 19 75

80



T4 DOJY=ATH4
75 CONTINYL

03 59 J=1.NJ
63 TUINI-1,J) =W ()

NN 1005 J=14NJ

AULJ)=AYINL,J}
1205 C Ul =CYINL,J)

CALL POACHE (A4CyDaNJIWEsFaloLJILaLIM,

1AJLIINDI) y AdM.NDJ L 0dM)

DO 74 J=1,NJ
78 T{NT J) =K (J)

PETURN

END

81
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82

SUMIQUTTH. <0ACHT (AgCaMaM a7 Oyl Ll LMeAL1, AN,
101 ,73M)

DTYMSNSIIN ACMDILC UMDY ¢ DIMDY 5 (47D 4 F (MDY o W (MDD
TF (L1=211,2,3

E(ir=)

F(1r=a1

G0 I0 @

c(1r=1,

F(1y==Aa1

60 10 &

T(1V=AL/LAL=1,)

FlyYy=a1/7(L.-A1)

TRERLES]

N0 5 4=2,MM

NDEN=1, +A(MI+C(MY =« A (M) *T (M=q)
Eli)=n (1) /702N
FUM)I=({M)+A (M)*F (M=1))/D0°N

IF ‘LM"E)Dv?sE

W{v]J) =41

GO TO 9

WALHMOY = (F M) $AM) 7 (L, =S (MM))

GO TO 9

WMD) = (F (M) +GM7AMY 7 (L, $AMY /AM=F (MM}
NO 13 MK=1y4M

M= N-K

WEMIZ (M) *W (M L)+ F (M)

PETURH

END



10
3C
4)
50

€19
70
83

SHAFOJUTING ouTeyr

ATATHSTIN T2 (6370 3 TO LR ITY JAYS (6,3 331, AYF {ALE0),AXC(6,30)
1¢AYN(b430) s CKE (R, 30 4 0Y = (R, 20 ) 4 AXCNN(H)

COMMON TT o TS TS TEWTV T TRy TIRsQ2 oif V4 OCR,GMAX NIE yNIJE 4 NIC, NJIC
Lo LAFZ s LAFC L0 LNASCY Z4CYE L CACCYC s CV oV TLHELASU, 3SUSXLsCCHy ICRIT
L1y AX 4 AYZ yAXCH+AYCyAVsRY4AS,3SyACBCCIEWGTGy AIE,AIC
1o MNDT o RMASSy DT G IT D IX 4y KF 9Py L. BXCyOYC,CL,MNJALCRESIST
1o WT g NF 4 2F 4 NL 3FTA,PO2STY

R:,AL HL‘KL"“.DOr'KFvHFG|<N

WPITE(3,5)

WRITS (410 ET

WRPLITE (3,33)

D0 1 [=1.NIE

WRITZ (3,40) (TI(Isd)Jd=1.J%)

WRITe (3453) TV,GEV,Q4AX

APITE (3,60)

90 2 T=1.NIC

N=NIC-T+1

WRTITS (3,700 (TOUINGJYLJ=1,NJC)

HRITE {3,A0) TO,NOR,QR

FORMAT ()

FCXAAT ILX,"ELAPSED TIMIM4F3.341Xs"SECONNS™

FOIMATISX T VAPGPATOR GRIN®)

FOSMAT(3I{FB.3)

FORMATASX 4" VAPD? TEMPERATURE" s FB.T 93Xy "HEAT IN",F8.3,2X
1 "OMAX" s FB e 343X,y "WATTS*)

FORMATI(SX,"CONNINSER GPID™)

FOIMATL25F8, 3) ‘

FORAATISX "HEAT SINK TEMPIRATURI®SFR,Zy1X,,"HEAT IN",FB, 3v
11X, "HIAT QUT™,Fy43,1X " "WATTS™)

RETUR:

END

83



[——

10¢

500

sUaUTrur QATAIN

OTHAZHIIN TT ST 0 TC IR T g TIB4I0 Y o DUTL N 40 4F L35, W3]
14 ATI (Y ATOUR) JAJL (R JAXE TR 43L) yAYE(B+IL) sAXC (64,304 AYC(H,30)
1o 0033 s X T B 4301 9sCYE(He30Y4CXCIH3 7TV GCYCIHLIL) AXCON(A) 4RSTZ2(HR)
COMA0 TT TS, 3T TE s Ty TC o TR NI Q2,0FV,OCRLCMAX,NIE,NJELNICyNJC
LTe LHFE s LAFCoaL A0 sLNA sCXE yCYE 4 CXCaCYC s CV oV TLWEL yASU»BSUWXLLCCLICRIT
1o AXZ gAY = G AXC s AY L AV, 4 AS 43S, ACWRC +CIF,CIC, AIF,AIC

1000 T g AIASS DT 4NTO TN G KE 4Ry Ly OXCeDYCs CLaMJACRESIST

Lo WTaNF yPF 4 NL+B3ETALPORSTY

REAL NMUyKLyMNOT,KF yHFG4KW

PTAN? B30 INIZWNJESNIC NIy NJA

RPEADL2 7O VLNFE GLRNGLWFC,LNAL,ICRIT

PEANE2 4 ACINT 4 OF 4PF 4NL+AETA,POPSTY

READ(2,172VTS,NSE

N0 1 I=1sNIC

REAN(2475C) (TE(L$JYeJd=14NJF)

RZANLZ2430G5)Y TV,V.XL

NO 2. I=4,4NIC

RSAD (24473) (TCUI4J)yJ=14NJC)

REAN(2,4,5c8) TRPLACR IR

FASMAT (5T 3)

FCO=4AT(S5TIAR)

FORMATL3Z10454F6.24251G45)

FOR4AT(?FAR,3)

FORMAT(15F3,. )

FROMAT(FB,3,2F16.5)

FORAAT(LEFE. D)

FORYIAT(IFA,3)

PETURN

END
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SUI-QUTINS DATANUT

JT HIIIN TR 0 )y TR 3 o TUAZIIY NI ) JFII0) ,FL3,) W(3T)
1o AT (b ATCHLA) JAJLIURD) G AXF (D43 20 JAYE (R e L) JAXC (A, 20}y AYC (6, 30)
Lo Al32) oYX (6,3M 4 CYTUEIT)OXC(A,IT ) Y[R, 30, AXCONLA) ZKSIZ (H)
COMENTL T3 TSy IS TE TV TCa TP NI 0R,IFV,OCR 4L MAX 4N ISy MJS, NIT 4 NJC
1aLWEC W LHFD LRI G LNALCXE yCY Ty CXCoCYC s CV Vo TLyEL4ASU,3SUSXL+CCy ICRIT
1y AXT s AY I AXC o BY Ty AV BY 485y XS, ACLAC W CIZ,LIC, AIFLAIC
1o 4 RAASSe DT A NTO L IX KF 4y R4 Gy MXCe 0¥, CLoyNJASCRESIST
1y HT 3 00F 4 2F yNL 4y PCTA L PORSTY

BEAL ILy XKL yMNOTWKF yHFG oKW

WP LTE (2,6 INIF G NJEGJHIC yNJC W NJA
WRITZ(2475)LWF= LR LHWFC yLNA,ICRIT
WRTITE(2,ACIWTLDF,RFyNL+ACTA,PORSTY

W2TTE(2,139) TS4ISE

70 1¢ [=1,NIE

WRITZ(2,250) (TE(T,Jd) 9Jd=1,NJF)

WRITE(2,3.0) TV, ,XL

10 21 I=1,.NIC

WRPITE (2,405) (TCU{T,J)4d=1,NJ0)

WRPITZ(2,53)) TR,ACR,QF

FORMAT (5T 4)

FORAAT (3138)

FOIMAT (3E10454FH42,2F10.5)

FOJMATI2FR,.3)

FORIMAT (15FR, 7)

FOR4AT(SR,.%,251R,5)

FNZ48T(1HF3, 7)

FORMAT (3F34.2)

PETURN

£ND
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APPENDIX E

DISCUSSION OF STABILITY AND ACCURACY

OF NUMERICAL TECHNIQUES

The technique used for solution of the vapor tempera-

ture is essentially a one dimensional heat balance of the

form:

RN SR RN S o

n
i i Tieg * By Tyop * (I-A4#B) Ty

For stability it is necessary that [16,17,18]
(Ai + Bi) <1

All elements of A and B are fixed except the time step.
Thus the time step must be adjusted to maintain stability.
In solving for the vapor temperature the coefficients

A and B are calculated. New values are then defined by

Al = A
i (A;*B;)
B,
1
~ i
B, = A+3



The solution is then iterated (A + B) times to complete
one time step.
The alternating direction implicit method used in

2 ax%,ay%) [16].

this study has an accuracy of 0(At
According to a von Neumann stability analysis the

method is unconditionally stable [16,18]. However in

practice this method, although it does permit larger time

steps than standard explicit method, will become unstable

if time steps used are too large.
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APPENDIX F
CALCULATION OF THERMAL CONDUCTIVITY FOR THE WICK

Since the wick is é composite of screen and fluid
gaps, a method must be developed for estimating its thermal
conductivity,

The thermal conductivity of the fluid gaps is given
by the polynomial expression given in Appendix B.

The thermal conductivity of the screen was calculated

using the method of Williams [24].

_ 1
=% o= =3
7w 2y oy 7 2
f P f
2
T IX, 7T
+ 1]
7y &) lagz;

The overall thermal conductivity is then a weighted
average of the values for the screen and fluid. Weighting

factors are given by
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NL
% screen = I ln[(rB-(4rf+B)(N-l))/(rB-4Nrf—(N-1)B)]
N=1
NL-1
$ fluid = NZ 1n [(rB-4Nrf-(N-l)B)/(rB-(4rf+3)N)]
=1

Total thermal conductivity is calculated to be

K, = K, (% screen) + K, (% fluid)
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APPENDIX G
ANALOG SCALING

Due to the nature of the analog computer equations
must be scaled before they can be solved. This scaling is
accomplished by making a change of variable. Each variable
in the unscaled equation is non-dimensionalized by some
maximum value, For example the unscaled form of equation

4.1 1is:

dT
dt

4w, K 2Q
= = ™ (Ty-Tp) + e
ppcp va n (rO/?B) ppcpva

1

Make the following changes of variable:

T* = T Thin
Thax Tmin
Q*-Q——QE
E max
t*:._‘_t__._
max

gives



& & e & L S [ — | |

- ES -
(Tmax Tmin) dTl - 4m QE Kp (Tmax Tmin) (T, *-T %)
tmax dt¥ ppcpva in (rO/rB) 2 1
ES
+ 2QE Qmax
°p“pVpE

which can be simplified to:

*
dT1 _ 4 lE Kp tmax

T " Foovp In Ggrry (2t

p p pE

2 Qmax tmax

- Qg*
ppCprE(Tmax Tmin E

Similar scaling for each equation gives a new system of

equations that differs from the first in only the time

scaling term.
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APPENDIX H
DERIVATION OF EXPONENTIAL MODEL

Assume entire system approximated as lumped mass

with composite specific heat. Then

dT _ .
mpcr g = Qy * mecy (Tp-T)

Define T* = (T-TI). Equation becomes

c ézi = Q - MmecC T*
DrCt 3T IN £CF

This first order differential equation can be solved

to give

Q.. MpCT
: IN (1, )
meCe

T* =

and

= 7 %
Qoyr = MeCel
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Georgia Institute of Technology

A UNIT OF THE UNIVERSITY SYSTEM OF GEORGIA
SCHOOL OF MECHANICAL ENGINEERING
ATLANTA, GEORGIA 30332

15 September 1982

Mr. John Shuster

Gas Research Institute
8500 West Bryn Mawr Avenue
Chicago, Illincis 60631

Subject: Monthly Report for May 82
"Natural Gas I.C. Engine Heat Pump Study"
Contract No. 5081-341-0503

Dear John:

During this report period the heating data analysis and
correlation was completed. The effect of cycling was
studied and is reported as follows.

Heating and cooling systems yield field performance which is
lower than steady state performance due to cycle losses. The
present water-to-water gas heat pump is turned on/off by space
hating/cooling demand and domestic hot water demand. Due to
the continuous logging of data during each cycle, the cycle
"on" time and prior "off" time is known. Basic thermal
analysis indicates that the cycle losses for a given system
should be primarily dependent on two variables. One is the
length of time the system has been off prior to starting up.
If it has been off for several days, the entire system is at
ambient temperature and heat will be required to bring the
hardware up to operating temperature.  This heat will be
subtracted from the heat pump output and will not be available
for useful heating thereby lowering efficiency. On the other
hand, if the system has been off only five minutes, very little
cooling of the hardware will have occurred and this hardware
heat-up penalty will be small.

The second dominate independent variable is expected to be the
.time duration for which the heat pump runs; i.e., the cycle on
time. If the system runs continuously for three hours, steady
state performance will be approached and the hardware heat up
time, and associated penalty, will be a small percentage of the
total run time. The efficiency and heat output for the total
three hour cycle will therefore closely approach the steady
state values. On the other hand, if the unit comes on and
runs only five minutes, more of the total cycle heat output
will be used for hardware heatup and little will be available
for useful heating.

AN EQUAL EDUCATION AND EMPLOYMENT OPPORTUNITY INSTITUTION
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Since the data logging system measures, calculates, and
records on disc the performance of each individual cycle,

a correlation study was made to determine the relationship
between a given cycle's performance (heat output, gas con-
sumption, and heating COP) and the two independent variables;
1) the given cycle on time, and 2) the off time prior to that
particular cycle. Since the performance is expected to also
be dependent on whether the particular cycle was to satisfy
space heating or domestic water heating, the operating mode
was used as a third independent variable.

Because of the complexity of the data a multiple linear
regression (MLR) program was written to correlate the data.
The MLR program assumes a linear relationship between
independent and dependent variables. :

The MLR program used an equation of the form:
X = A+B.Y1l + C-¥Y2 + D*¥3

where A, B, C, and D are constants determined by the computer.
The variable Y1 represents the cycle on time in minutes, Y2
represents the prior time off, and Y3 is equal to zero for a
domestic hot water (DHW) cycle and edqual to one for a space
heating (SH) cycle. The coefficients B, C, and D show how
much the independent variables Y1, Y2, and Y3 respectively
effect the dependent variable X.

The results of the MLR analysis were as follows:
For the gas heat rate:

62960.9 Btu/hr

-25.5 Btu/hr.min.

-3.7 Btu/hr.min,
-3211.5 Btu/hr

cOQwp

The coefficient of multiple correlation (CMC) was 0.265.

For the heating COP:

A=1.5 _,
B = 2.11 10 > 1/min.
C = -3.65 107> 1/min.
D = 0.08

with CMC = 0.272
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For the total heating rate:

A = 99478 Btu/hr
B = 105.4 Btu/hr min.
C = -7.5 Btu/hr min.
D= -176.0

with CMC = 0.249

Looking at the total heating rate as an example, we see

the heat pump has a nominal heating capacity of 75,544.6 Btu/hr
with a slightly increasing capacity with longer cycle on time,
a very slight decrease in capacity with increasing previous

off time, and a slight decrease in capacity if space heating
rather than domestic hot water is the heat rejection mode.

The coefficient of multiple correlation (CMC) is an indication

of how well the data fits the linear relationship. Unfortunately
the CMC for all cases is far below the maximum possible value

of 1.0. The reason for the low coefficient is either the
relationship is a function of another parameter or the relation-
ship cannot be accurately modeled as linear. A more complex
exponential relationship may correlate the data more closely.

The analysis also showed that the average cycle on time was
16 minutes and the average off time was 34 minutes. The
average values were as follows:

Space Heating Domestic Water Heating
Gas Heat Rate 59,216 Btu/hr. 62,427 Btu/hr.
Total Heating 100,733 Btu/hr. 100,909 Btu/hr.
Heating COP 1.69 : 1.61

The results are as expected and all trends follow the theory.
Space heating COP exceeds the domestic water heating
performance due to the necessary higher condenser pressure
required to heat the domestic water to 135°F.

Respectfully,

7 . PRV AR St '
Voo O G
Sam V. Shelton

Associate Professor and
Principal Investigator

jv




Georgia Institute of Technology

A UNIT OF THE UNIVERSITY SYSTEM OF GEORGIA '
SCHOOL OF MECHANICAL ENGINEERING
ATLANTA, GEORGIA 30332

15 September 1982

Mr. John Shuster

Gas Research Institute

. 8600 West Bryn Mawr Avenue
Chicago, Illinois 60631

Subject: Monthly Report for June 82
"Natural Gas I.C. Engine Heat Pump Study"”
Contract No. 5081-341-0503

Dear John:

During the report period the transient and steady state
performance of the gas heat pump was determined by use
of the data system. Some modifications were required to
obtain data with a time resolution of one minute.

The data acquisition system was completely calibrated and
modified to increase the number of accumulating counters

from one to three. This allows continuous monitoring of the
gas flow rate and the two water loop flow rates. The heat
pump's transient performance from cold start to steady state
was evaluated by monitoring changes in water side temperatures
and all flow rates as the heat pump started up from a 'cold’
condition operating in the cooling mode. An energy balance
was used to check the accuracy of the results.

Figure 1 shows the cooling capacity, (Q.), the gas consump-
tion, (QG), and the total heat rejection, (QH), as a function
of time from cold start up. The steady state gas consumption
is 66,000 Btu/hr. The increased gas consumption on start up
is due to an increased o0il viscosity at low engine temperature
and an increased load on the engine due to higher initial
compressor inlet refrigerant gas density. The sum of the
steady state energy input to the system (gas plus evaporator
input) is 118,000 Btu/hr, while the total heat output is
113,000 Btu/hr. This represents a small net heat loss of
4.2% for agross 95.8% energy use. The drop in heating
output from 15 minutes through 20 minutes can be explained

by an intermittent drop in the water mass flow rate through
the condenser due to air in the water loop. The transient
response time of the system is on the order of 25 minutes.

AN EQUAL EDUCATION AND EMPLOYMENT OFPPORTUNITY INSTITUTION
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Figure 2 separates the recovered engine heat from the condenser
heating rate. The sum of the two heat rates gives the total
heating output shown as Qh in Figure 1. At steady state,
approximately 40% of the total available heat output is
recovered engine heat with 60% being condenser heat.

Figure 3 shows the heating and cooling COPs with respect to
time. The steady state COP is 1.67 for heating and 0.79 for
cooling. This is an increase from previously collected

data using the less accurate Btu accumulating meters.

Respectfully,
VA SR A

Sam V. Shelton
Associate Professor and
Principal Investigator

jv
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Georgia Institute of Technology

A UNIT OF THE UNIVERSITY SYSTEM OF GEORGIA
SCHOOL OF MECHANICAL ENGINEERING
ATLANTA, GEORGIA 30332

15 September 1982

Mr. John Shuster

Gas Research Institute
8600 West Bryn Mawr Avenue
Chicago, Illinois 60631

Subject: Monthly Report for July 82
"Natural Gas I.C. Engine Heat Pump Study"
Contract No. 5081-341-0503

Dear John:

During the month of July 82, no contract funds were expended.
Less than $2500 remain in the budget. However, the heat pump
is continuing to be monitored with over 1500 hours having been
accumulated. Also, an analytical design study is ongoing to
determine the optimum sizing of condenser and evaporator air-
to-refrigerant coils which need to be fitted to convert the
present water-to-water heat pump to an air-to-air unit.

During July, the brief study was completed to calculate the
order of magnitude of present day heat pump running hours.
To this end, an air-to-air electric heat pump model coupled
to a "typical" house model developed by NBS was used. The
computer listing was obtained from the NBS publication
NBSIR 80-2145 (DOE).

This NBS program assumes 68°F/78°F indoor Winter/Summer
thermostat settings. For Chicago and Atlanta the following
results were obtained for actual running hours.

Chicago Atlanta
Cooling hours 317 hours 520 hours
Heating hours 2083 hours 778 hours
total hours 2400 hours 1298 hours

These numbers would obviously differ depending on the heat
pump capacity vs. house load. These results were obtained
using the NBS assumptions without modifications. Their
results for Atlanta agree amazingly well with the actual
running hours measured in this project.

AN EGQUAL ERUCATION AND EMPLOYMENT OPPORTUNITY INSTITUTION
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It is felt that a design goal of 2000 hours per year for ten
years is a reasonable gas heat pump design goal. Greater than
2000 annual hours does not appear to be justified in light of
present day thermostat settings and actual in-the-field sizing
practice. Since house loads may only be estimated with the
most elaborate computer programs to 20%, (differences in the
large main frame programs are at least this), field estimates
by less sophisticated methods are even more uncertain.
Therefore, it would not appear that any contractor would risk
not oversizing by at least 25%.

Regarding the method of sizing gas heat pumps, the trade off
between heat pump capacity and heat pump life in years should
be considered. 1If a gas heat pump has a 20,000 hour life,

one may size it to a house load so that it has to run 3000
hours per year to meet the house load yielding a 6.7 year
life; or the heat pump size may be doubled so that the running
time is 1500 hours per year yielding a 13.3 year life.

Doubling the size of the heat pump will not double the cost,
but means a replacement unit will be required only one-half as
often. This economic effect will tend to drive gas heat pump
sizing to larger units, independent of the corresponding higher
efficiency resulting from the lower temperature balance point.
The increased cycling losses may or may not be important.

As reported last month, the cycling losses on the present unit
appears to be very small (less than 3%). This is the result
of the absence of flue losses and good insulation.

Work in the heat exchanger sizing will continue next month
along with continued heat pump monitoring.

Respectfully,

-

Sam V. Shelton
Associate Professor and
Principal Investigator

jv
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A UNIT OF THE UNIVERSITY SYSTEM OF GEORGIA
SCHOOL OF MECHANICAL ENGINEERING
ATLANTA, GEORGIA 30332

14 September 1982

Mr. John Shuster

Gas Research Institute
8600 West Bryn Mawr Avenue
Chicago, Illinois 60631

Subject: Monthly Report for August 82 "Natural Gas I.C.
Engine Heat Pump Study"”
Contract No. 5081-341-0503

Dear John:

The work on modeling the performance of the heat pump after
conversion to air-to-air has progressed during August with
no dollar expenditures from the contracts. This modeling has
been carried out as follows:

1) The performance of the present engine/compressor
system with varying evaporator and condenser
refrigerant temperatures was experimentally
determined. This data made possible the deter-
mination of equations for the heating rate, cooling
rate, gas use rate, and COP's as a function of
only the condenser and evaporator refrigerant
temperatures.

2) Air-to-refrigerant evaporator and condenser heat
exchanger models were then developed with the size
of each specified by inputting a "UA" value for
each. Air flow rates and temperatures were also
input.

3) By coupling of the engine/compressor performance
model and air-to-refrigerant evaporator/condenser
model, the complete system performance of the
converted air-to-air heat pump package can be
calculated.

The results of one such calculation with both evaporator and
condenser "UA" equal to 4000 BTU/hr°F and air flow rates of

2000 cfm are show in the attached figure. The assumed indoor
return air temperatures are 68°F and 76°F for heating and cooling
respectively.

AN EQUAL EDUCATION ANO EMPLOYMENT OPPORTUNITY INSTITUTION
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These results will be coupled with a house heating/cooling
load model and weather data so that annual COP performance
can be calculated. The evaporator and condenser "UA's" will
be varied to determine the trade off between air evaporator
and condenser heat exchanger sizes and annual gas consumption;
i.e., capital investment in heat exchangers vs annual dollar
gas savings.

The heat pump has presently accumulated over 1700 hours of
operation. It still has received zero maintenance (excepting
putting a crankcase cover plate on that was omitted by the
manufacturer) with 100% reliability. Cooling SEER is over
0.7 and heating SEER over 1l.6.

Respectfully,

s P4

/'Wvln\’v-\',fr""

Sam V. Shelton
Associate Professor and
Principal Investigator

jv
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GRI DISCLAIMER

LEGAL NOTICE This report was prepared by the Georgia Institute
of Technology as an account of work sponsored by the Gas
Research Institute (GRI). Neither GRI, members of GRI, ﬁor
any person acting on behalf of either:

a. Makes any warranty or representation, express or
implied, with respect to the accuracy, completeness,:
or usefulness of the information contained in this
report, or that the use of any apparatus, method, or
process disclosed in this report may not infringe
privately owned rights; or

b. Assumes any liability with respect to the use of, or
for damages resulting from the use of, any
information, apparatus, method, or process disclosed

in this report.
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Natural Gas I1.C. Engine Heat Pump Study

Georgia Institute of Technology

S. V. Shelton, Ph.D.

May 81 - October 82
Final Report

To.experimentally assess the technical feasibility of
natural gas I.C. engine heat pumps using presently
developed technology

Space heating and cooling constitutes the major use of
natural gas in the U.S. Increasing the efficiency of
this process would therefore provide a dramatic impact
on the industry. The second law of thermodynamics shows
that a natural gas heat pump concept can offer the
theoretical potential of improving this present gas
heating and cooling technology by as much as a factor
of 3. Many efforts to develop a gas heat pump have
failed. The I.C. engine heat pump is one gas heat

pump technology which uses existing component technology
and therefore offers the possibility of early develop-
ment of a commercially viable gas heat pump. This
project carried out field tests on an I.C. engine heat
pump providing heating and cooling to a residence over
two heating and two cooling seasons to assess the
development barriers,

Experimental data from a gas I.C. engine water-to-

water heat pump showed steady state and seasonal heating
coefficient's of performance (COP) of 1.4 to 1.5 with
cooling COP's 0.5 to 0.6. These efficiencies were in
spite of the low 16% efficiency of the 1600 cc four
cylinder industrial engine due to being loaded only to
about 25%.

Using experimental engine/compressor data in conjunction
with an air-to-air heat pump system configuration

model, seasonal heating COP's of 1.33, 1.45, and 1.53
were predicted for Chicago, Atlanta, and Orlando respec-
tively with cooling COP's being 0.73 in all three cities.
Higher engine loading would improve all COP's.

No maintenance was required over the 2400 hours of
operation during two heating and two cooling seasons.

0il analysis showed the o0il was fully serviceable.
Reliability was 100% except for some failures to start
during a fixed five second starter engagement period.
Noise in the equipment room was 63 dB with 61 dB measured
outside next to the exhaust outlet.




Technical
Approach
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The project has shown that automotive derivative gas
industrial engines operating at low speed have the
necessary efficiency, noise, maintenance, and short
term reliability to serve as the prime mover for an
I.C. engine heat pump. It is recommended that
available small I.C. engines suitable for I.C. engine
heat pumps be surveyed and selected models tested
for long life characteristics. Also, it is recom-
mended that an air-to-air system be field tested to
verify performance and to study outside coil defrost
control strategies.

A West Germany manufactured water-to-water packaged
gas heat pump was installed in an Atlanta residence
supplying all space heating and cooling over two
heating and two cooling seasons. Well water was
used as a heat sink and source after which it was
disposed into a creek. An inside water circulating
loop carried either hot or chilled water produced
by the heat pump through a water coil in the air
handler. The hot water loop passed through the
condenser, exhaust gas heat exchanger, and engine
cooling jacket. The system was fully instrumented
for both long term and transient data acquisition.
Total accumulated heating and cooling energies were
measured along with accumulated gas flow over entire
seasons to calculate seasonal performance factors
(seasonal COP's). Steady state and transient per-
formance was measured by a microcomputer data
acquisition system with a one minute time resolution.
Performance of the engine/compressor subcomponent
was also measured as a function of condenser and
evaporator temperatures. A model was developed to
use this engine/compressor data in conjunction with
air condenser and evaporator coils. Optimization
of the indoor vs. outdoor coil size was established
Also, performance with varying combined total air
coil sizes was calculated for Chicago, Atlanta,

and Orlando.
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SECTION I

INTRODUCTION

Background

Thermal environmental control presently accounts for
the greatest percentage of total energy use in the residen-
tial and commercial sectors of the U.S. 1In 1977, the energy
required for heating and cooling of residential and
commercial establishments alone represented 217 of the U.S.
total energy consumption and two-thirds of the U.S. total
natural gas consumption. Increasing the efficiency for space
heating and cooling would therefore amount to a significant

reduction in the nation's total energy use. From the second

law of thermodynamics, the maximum efficiency possible for space
heating and cooling is that obtained by the ideal (reversible)
heat-driven heat pump which is over 3 times that of ideal
natural gas furnaces and boilers. 1In practice, this ideal
efficiency can be approached but never attained.

One of the more promising practical natural gas heat pump
systems that has emerged in recent years is the natural gas,
internal combustion (IC) engine-driven heat pump. This system
offers an attractive efficiency (performance) for space heating,
as compared with other heating systems such as the gas furnace,
electric heat pump, and electric resistance heating. At the

same time, it is capable of a space cooling performance




comparable to that of the electric heat pump (i.e., elec-
tric air conditioner).

In the U.S., I.C. engines serving as stationary prime
movers were displaced in the 1930's and 1940's by electric
drives made possible with the rural electrification program.
Therefore, small [less than 2000 cc] I.C. engine technology
in this country has moved toward high speed, short term, high
specific power output to serve the automobile, portable drive,
and emergency drive applications. Therefore, in this country,
small I.C. engines are not viewed as being applicable to
gtationary, high running hours service.

In Europe, however, the use of small I.C. engines in
stationary applications, while diminshed, is still considered
viable and a small market has been maintained. These are low
speed, lightly (507) loaded engines which are designed
specifically for the stationary application, or are automobile
engines modified for that service.

For this reason, when energy prices escalated in the mid
70's, Europe started looking seriously at the I.C. engine
heat pump as a viable energy conservation concept.

In September 1978, a conference on '"Drives for Heat
Pumps" was held at the University of Essen, West Germany
at which the choice of electric motors vs. combustion motors
for heat pumpswas the primary topic. 1In the forward of the

conference proceedings, it states: 'This issue of Drives for




Heat Pumps, as well as the conference in Essen, show that

- either means of drive has its justification and that there

is ample room for both of them ;n the market.'" Eleven of

the 17 papers presented were on I.C. engine drives for heat
pumps. One paper was a survey of 14 I.C. engine heat pump
systems installed and operating. Since then, several hundred
operating units have been installed in the field and major
corporations have started development projects.

In order to experimentally assess the potential problems
and opportunity for I.C. engine driven heat pumps, a heating
and cooling system for a single family residence was designed,
built and tested around the Florian Bauer GWW 35 natural gas
driven heat pump package manufactured in West Germany. This
heat pump package has evolved over the past four years to a
point where many of the packaging, noise, vibration and
accessory problems have been resolved. Purchasing this package
allowed this project to focus on the system concept rather
than its peripherial problems. The objective was to
‘experimentally identify the noise, vibration, reliability and
maintenance problems of the I.C. engine gas heat pump concept
and to quantify the field efficiency of this particular system.
This will allow a more accurate assessment of the potential

of the I.C. engine heat pump than has been previously possible.




Fundamental Thermodynamics

The heat pump is a device which operates in a thermo-
dynamic cycle and requires energy input to pump heat from a
low temperature reservoir (heat source) to a high tempera-
ture reservoir (heat sink). As a heating system, the heat
pump extracts heat from the surroundings (such as outdoor air
or ground water) and delivers it, along with the heat
equivalent of the energy input, to a conditioned space. By
extracting heat from the surroundings, the heat pump makes
more energy available for heating than is required for input.
This gives the heat pump its dramatic advantage over conventional,
direct heating systems. As a cooling system, the heat pump re-
moves heat from a conditioned space and rejects it, with the heat
equivalent of the energy input, to the surroundings.

The first law efficiency of a thermodynamic system
is defined as the ratio of energy sought to energy that costs.
For heat pumps, this ratio is expressed as the coefficient of
performance. The energy sought is either the heating effect
or the cooling effect, and the energy that costs is the energy
input. The coefficient of performance based on work energy

input is given the notation




COPW, while COPH is used to denote the performance based
on heat energy input. Subscripts H and C are used to indi-
cate whether the energy sought is heating or cooling.

When energy is supplied to the heat pump in the form
of heat, the result is a heat-driven heat pump. An energy
flow diagram for ;he heat-driven heat pump is presented in
Figure 1. As a result of heat input QS’ at tempersture Tg,
a quantity of heat Qc is removed from a reservoir at tam-
perature TC, and a quantity of heat QH is rejected to a
reservoir at temperature TH' From a simple energy balance

on the system:

and the coefficients of performance for heating and cooling

are:
QY
COPH, = Qg = m (2)
Qc Qe

COPHC=Q-S-=Q?_-QE= l-COPH.H

The maximum performance theoretically possible
would'be_that achieved by a reversible heat-driven heat
pump. From the second law of thermodynamics, the Clausius

inequality requires that:
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Figure 1. Energy Flow Diagram of a

Heat-Driven Heat Pump



where the equality holds for reversible processes.

for the reversible heat-
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A system utilizing a Carnot cycle heat engine to

drive a Carnot cycle he
heat-driven heat pump.
The heat engine operate
produce shaft work WS'

engine:

at pump would represent a reversible
Such a system is shown in Figure 2.
s between temperatures Tg and TC to

From an energy balance on the heat
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Figure 2. Energy Flow Diagram of an

Ideal Heat Engine-Driven Heat Pump




WS = QS = QC' (7)

and the engine efficiency is:

Wg _Qg-Qc’
S S

Since all processes of the Carnot cycle heat engine are
reversible, equation (3) yields:

Qs Q'

2= (9)

Ts Tc
Equation (8) then simplifies to:

"Carnot = L ~ Tg (10)

The heat pump receives work input, WS, from the heat en-
gine to remove heat, QC’ from the reservoir at TC and
reject heat, QH' to the reservoir at TH. From an energy

balance on the heat pump:
Wg + Qp = Qy (11

and the coefficients of performance are:

"o -q. (12)
S H™ *C
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Since the Carnot cycle heat pump can be represented thermo-
dynamically as a Camot. cycle heat engine operating in

reverse, and all ﬁrocesses of the Carnot cycle heat engine
are reversible, all processes of the Carnot cycle heat pump

must also be reversible. Then equation (3) yields:

Q Q
R s
H C
and equations (12) simplify to:
(COPW,,) S (14)
H’Carnot 1- TC7TH

(COPWC)Carnot = T- TC7TH

= 1"(CDPWH)Cr:u:not

The products of equations (10) and (14) yield the coef-
ficients of performance for the combined system (i.e.,

the ideal heat engine-driven heat pump):

(COPH (COPW.

H)Carnot (15)

H)Ideal = (“>Carnot

(1 - TC/TS)
T- TC7TH
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(COPH (CoPw

C)Ideal = (")Carnot C)Carnot

()2 To/s)
=\ AT, )" 1 - (COPHY) 14ea1

which are the same results obtained in equations (6).

Using typical temperatures for natural gas space heating/
cooling, the ideal efficiencies for gas heat pumps may be
calculated and compared with the ideal efficiencies of one
for furnances and boilers. For heating, typical values of
TC’ TS, and TH are 20°F, 1000°F, and 140°F resulting in a
COPH, of 3.7. For typical space cooling valuesof 50°F, 1000°F,
and 120°F for T., Tg, and Ty
demonstrates the potential of the concept.

respectively, COPH. is 5.4. This

In practice, the Carnot cycle heat engine and Carnot
cycle heat pump cannot be achieved because they require
that all processes be reversible. Actual processes involve
irreversibilities, such as frictional losses and heat trans-
fer through finite temperature differences. An actual cycle
can, at best, only approach the Carnot cycle efficiency or
performance for a given application.

For heat pumps, the Carnot cycle performance is best
approached by the actual vapor-compression cycle, which is
shown schematically and on a temperature-entropy (T-S)

diagram in Figure 3.
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For the vapor-compression cycle heat pump, work is
input to the compressor at a rate WS, heat is removed from
a low temperature reservoir by the evaporator coil at a
rate QEvap' and heat is rejected to a high temperature
reservoir from the condenser at a rate QCond' The heating
and cooling coefficients of performance are then:

Q
Cond
COPWH = —-W'S—— (16)

COPW,, = 8’3‘%&2
The natural gas-fired IC engine provides one means
for approaching the efficiency of the Carnot cycle heat
engine. In an IC engine, the working fluid operates on
an open cycle. Fuel is mixed with air, and the resulting
gas mixture is ignited in one of the combustion chambers
of a spark ignition engine. The product gas (or exhaust
gas) is then released from the chamber and rejected to
the surroundings. In the combustion process, the chemical"
energy of the fuel is converted to thermal energy. Some

of the thermal energy is then converted to mechanical
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energy (shaft work) through the use of reciprocating pis-
tons. The thermal energy that is not converted to shaft
work is the engine rejected heat. A fraction of the
engine rejected heat is. dissipated through the engine
block, while the remainder is carried away by the ex-
haust gas.

For the IC engine, the energy rate sought is the
shaft work rate T:JS, and the eneigy rate that costs is the gas
input rate éGas' The gas input rate is a product of the
heating value of the fuel and the rate of fuel consump-
tion. The heating value (frequently termed "energy of
combustion' or "heat of reaction') is a measure of heat
transfer from a constant volume chambef during combustion
at constant temperature. The first law efficiency of
the IC engine is then:

—ES—- 17

n = =
Eng
QGas

It follows that the engine rejected heat rate is:

= (1- (18)

QEng nEng)QGas

When the IC engine is utilized strictly for per-
forming work, the engine rejected heat is not useful and
is commonly released to the surroundings. On the other

hand, when the IC engine is used to drive a heat pump
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for which heating is the energy sought, the engine re-
jected heat is useful if it can be recovered. Thereforé,
a major advantage of the IC engine-driven heat pump is
its potential for utiliéing heat that is normally wasted.
An actual heat-driven Heat pump results from the

use of a natural gas-fired IC engine to drive the com-
pressor of a vapor-compression cycle heat pump. If a
fraction, ¢, of the engine rejected heat is recovered
through some type of heat exchange process, then an
additional rate of heat, QRec’ is available for space

heating. TFrom equation (18):

Q = ¢ = g(1- (19)

Rec Eng nEng)QGas

Then for the actual heat-driven heat pump, the coeffi-
cients of performance obtained from equations (16), (17),

and (19) are:

- ?Cond + ?Rec

COPH : o Eng COPWy + (1 - ng ) (20)
Gas Gas
COPH. = COPW. = Yvap
C T]Eng C -

QGas
These are the coefficientsof performance referred to

throughout the remainder of this text.
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Using off-the-shelf advanced technology, reasonable

hardware values for an I.C. engine heat pump is:

nEng = 0.25
£ = 0.8
CCPWH = 4
CQPWC = 4

This shows the present available component hardware potential

is 1.6 for COPHy and 1.0 for COPH,. A diagram of the

I.C. engine heat pump concept using this available component

technology is shown in Figure 4.
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Figure 4. I.C. Engine Heat Pump Concept
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SECTION II
I. C. ENGINE HEAT PUMP SYSTEM DESIGN

Description of Experimental System

The experimental system consists of a Florian Bauer
GWW 35 natural gas driven heat pump package with an accessory
exhaust gas/water heat exchanger for recovery of engine re-
jected heat, an integrated air/water heat exchanger with a
central air handling system, and instrumentation.

The Florian Bauer GWW 35 heat pump package utilizes a
1600 cc four cylinder spark ignition engine built by the
Ford Motor Company of Europe to drive a vapor compression
cycle heat pump. This package, manufactured and marketed
in West Germany, was designed to provide hot water for space
heating via a radiator system, as is common practice in Europe.
The manufacturer's specifications for this heat pump package
appear in Table 1. It was also designed to use underground
water rather than outdoor air as the external heat source/sink.

This water source type system 1is not the development goal
for gas heat pumps due to the limited applications having
underground water available along with a water disposal sink
(injection or stream). However, the prime subcomponent under
question in I. C. engine heat pumps is the engine/compressor.
This system allows testing of this major subcomponent without

the added development effort to design and construct the out-
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Table 1. Florian Bauer GWW 35 Heat Pump Specifications

Maximum Heating Output
@ 1800 rpm:

Fuel Consumption Rate:
COPHH at Maximum Output:

Required Water Flowrate

@ 50°F Water Temperature:

Weight:
Length:
Width:

Height:

129,700 Btu/hr
84.9 £t3/hr
1.49

15.4 gallons per minute
1,430 1b.
53 inches
34 inches

52 inches
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door coil, refrigeration reversing valve, and defrost controls.
It was fel: these outdoor air coil problems should be decoupled
from the engine/compressor testing and focused on after Fhe
engine/compressor was proven quiet and reliable with satis-
factory maintenance.

This water-to-water heat pump was integrated with an air
duct system for producing heated and cooled air for space
heating and cooling. A water-to-water heat pump has both an
advantage and disadvantagerwith respect to an air-to-air
system. In heating, the well water evaporator is advantageous
over an outside air evaporator but the hot water producing
condenser will be at a disadvantage compared to an air con-
denser placed directly in the air handler. In the cooling
mode, the well water cooled condenser will be advantageous
over an outside air condenser, but the chilled water evaporator
will be at a disadvantage compared to an air evaporator placed
directly in the air handler. In short, a water-to-water system
has the advantage of a well water 'outside'" coil but the
disadvantage of having two inside heat exchangers in series,
i.e. refrigerate-to-water and water-to-air rather than a
single refrigerate-to-air.

An air-water heat exchanger and central air handling
system was integrated with the Florian Bauer heat pump to
provide heated and cooled air for space conditioning. Heat
is exchanged between a circulating water loop and house air

in an air handler with an ARKLA 5-ton vertical chill water
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coil, model number 60-136. The coil has a UA value of
approximately 4500 Btu/hr-°F. 1Indoor air is circulated
through the coil by a blower in the air handler with 1/2 hp at
flow rated at 2000 cfm. Hot or cold water is circulated
through the coil at a rated 10 gpm by one of two March Model
830, 1/5 HP pumps. An underground well behind the residence
supplies water at approximately 60°F year-round as the external
heat source/sink for this system. The well water is pumped
at a rated 6 gpm through one of the heat pump heat exchanger
coils by a self-priming Teel 1-1/2 inch, 1/2 HP pump.

The well was drilled with a small protable drilling rig
to a total depth of twenty-nine feet. A well screen and two
inch PVC césing were inserted and cemented in place. A series
of pumping tests were conducted concluding that the well could
supply ground water at a rate approximating ten gallons per
minute for a sustained period of time. After the water has been
utilized as a heat sink/source, it is disposed of in Burnt
Creek, which flows behind the residence. This plan of
disposal has been approved by the Georgia Department of
Natural Resources. An alternate plan of disposal that
implemented a recharge well was discarded due to the conveni-
ence the creek offered and its close proximity to the install-
ation.

The Florian Bauer GWW 35 heat pump package was designed
to provide heat recovery from the engine jacket and the

exhaust manifold. As an accessory to this package, an external




21

exhaust gas/water heat exchanger is utilized to recover
additional engine exhaust rejected heat.

The experimental system was designed to provide space
heating and cooling and domestic hot water. In winter, the
system can provide space heating ('"Mode 1') or it can heat
water for domestic use (''Mode 2'"). 1In the summer, the
experimental system can provide simultaneous space cooling
and domestic water heating ('"Mode 3") or it can provide only
space cooling when the domestic hot water storage tank is
fully heated ('"Mode 4").

A configuration of the experimental system is shown in
Figure 5. The system employs seven manually operated valves,
two automatic valves, two circulation pumps, and a well pump.
The manual valves are opened or closed only when it is desired
to change between the winter and summer modes. Essentially,
the manual valves perform the same function as a heat pump
refrigerant reversing valve. The automatic valves and pumps
are thermostatically controlled in order to change operating
modes in a given season of the year (i.e., between Modes 1
and 2, or between Modes 3 and 4). Table 2 provides a summary
of valve positions and pump operation for each of the four

modes of operationm.

System Control

The system is controlled in an on/off ménner. The four
modes (2 winter and 2 summer) were chosen by'a Smart-Stat

solid state house thermostat and the domestic hot water
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Table 2. Experimental System Valve Positions

and Pump Operation

Winter (Space Heating)
Mode 1

Valve A-1 in position
Valve A-2 OPEN

l'all

MANUAL VALVES

Pump 2-1 ON Valve M-1 OPEN
Pump P-2 OFF Valve M-2 CLOSED
Well Pump ON Valve M-3 CLOSED
Valve M-4 OPEN
Valve M-5 OPEN
Mode 2 Valve M-6 CLOSED
Valve M-7 CLOSED
Valve A-1 in position ''b"
Valve A-2 OPEN
Pump P-1 ON
Pump P-2 OFF
Well Pump ON
Summer (Space Cooling)
Mode 3
Valve A-1 in position "b" MANUAL VALVES

Valve A-2 CLOSED
Pump P-1 ON

Pump P-2 ON
Well Pump OFF

Mode 4

Valve A-1 in position
Valve A-2 OPEN

Pump P-1 OFF

Pump P-2 ON

Well Pump ON

a

Valve
Valve
Valve
Valve
Valve
Valve
Valve

M-
M-

1
2

CLOSED
OPEN
OPEN
CLOSED
CLOSED
OPEN
OPEN
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thermostat. The winter space temperature control points are
69°F—on/72°F-off, with summer conditions set at 77°F-on/
74°F-off. The thermostat time clock provided winter set

back to 55°F from 11:00 PM to about 6:00 AM. The actual
morning reset time was determined by the Smart-Stat's optimal
warmup strategy which reset the thermostat as necessary to
reach 72°F by 6:30 AM. The domestic hot water temperature
setting varied but was typically 110°F-on/130°F-off.

The thermostats provided 24 volt control signals to a
group of relays which controlled the circulating pumps, air
handler fan, and engine/heat pump. Also, 3 two position
(winter/summer) toggle switches were incorporated with the
relays to choose the space heating modes vs the space cooling
modes.

The priority of the two possible modes in each season
was set as follows:

(1) Winter: Space heating was taken as priority over
domestic water heating (DWH). TIf the heat pump
was_in the DWH mode when space heating
was called for, the relays would immediately
switch the system to the space heating mode.

(2) Summer: Two modes were possible, i.e., space
cooling with simultaneous DWH, and space cooling
with rejected heat to the outside. DWH without
simultaneous space cooling was not possible.

When spacé cooling was called for, the system
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simultaneously heated water if the tank temperature
was below 130°F. 1If the tank was above 1300F,
the system would reject its heat outside. The
domestic hot water thermostat would bring on DWH
when the tank dropped below 110°F. 1In this case,
it would always simultaneously cool the house
regardless of the room thermostat condition.
The summer condition of providing space cooling when
DWH was required regardless of the space temperature did
not overcool the house except during some cool summer mornings
when 4 showers would be taken during a 30 minute period. This
however, provided stored cooling so that thermostat demand
for space cooling was delayed until later in the day.
The relay controls are shown in Figure 6. This is
the detailed relay circuit controlling the circulating pumps,
air handler, and engine/heat pump. The engine/heat pump was
activated by closure of CR-1, 2, or 3. At this point, starting
of the engine/heat pump was carried out by separate controls
in the engine/heat pump package. The starter engaged for a
period of 5 seconds and the compressor bypass solenoid valve
(to prevent starting against a compressor load) was opened for
a period of 10 seconds. If the engine failed to sense oil
pressure within 10 seconds, the engine/heat pump shut down on
default requiring a manual reset to reinitiate the starting
cycle. These engine/heat pump starting controls were provided

as part of the package by Florian Bauer.
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SECTION III

INSTRUMENTATION

Long Term Monitoring

The monitoring of the heat pump over long time periods
required an accumulating instrumentation system to accumulate
1) gas usage, 2) heat output, 3) cooling output, and 4) run
hours.

The natural gas input was measured by installing a meter
on the gas line leading to the engine. This meter is of the
same type used by a gas utility company to measure domestic
consumption for billing purposes. An hour meter was installed
on the heat pump to measure the cumulative run time. The
accumulated gas consumption could then be read from the meter
and the average rate of gas consumption could be calculated

by dividing the net gas consumption by the measured run time.
Energy supplied by the hot and chilled water loops were
measured through the use of a pair of RHO-SIGMA model RS-805

Btu meters employing a flowmeter and a pair of temperature
sensors placed in the supply and return of the respective
hot and chilled water circuits. The Btu meters display the
cumulative number of gallons of water that have flowed and
the cumulative number of Btu's of heat transferred in the

heated and chilled water circuits. The heating and cooling rates
can be calculated by dividing the net number of Btu's of heat

transferred by the run time.
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The BTU meter thermisters have manufacturer's stated
precision of + 0.4°F with a nonlinearity which '"does not
have a measurable affect on the Btu-meter." The signals
from the thermisters enter the hS~805 two bridge resistors
which are matched to an accuracy of + 0.04%.

The arithmetic circuitry directly measures the temperature
difference between the two sensors rather than the absolute
temperature of the sensors. This minimizes signal processing
which can introduce error. The temperature difference is
converted to ardigital signal through use of a digitally
generated voltage staircase specifically shaped to eliminate
the remaining non-linear influences of the thermisters. The
255 steps in the staircase determine the 1°F resolution of
the temperature differential measurement. One step is
generated for each 1°F.

The flow meters are Kent model number C-700-FE (plastic)
on the cold water circuit producing 4 pulses per gallons,
and a RS-807B (brass) on the hot water circuit producing 200
" pulses per gallon. The maximum stated error of the flow meters
above 0.5 gpm is + 1%. The pulses from the flowmeters trigger
the voltagebstaircase which in turn triggers an oscillator in
phase with the staircase. A positive temperature differential
opens a gate which feeds the oscillator pulses into a counter.
The number of pulses sent to the counter is directly proportional

to Btus. When the counter accumulates the equivalent of 1,000
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Btus, it increments a 6-digit counter and resets the circuitry.
The overall stated accuracy for the Btu meters with a 10°F

water AT, which was typical, is + 5%.

Computer Data Acquisition

In order to obtain more detailed data on the heat pump
system's performance, a data acquisition system was designed.
and implemented to allow measurement of 12 temperatures, 2 -
water flow rates,'hatural gas flow rate, and all energy flow
rates with a time resolution of 1 minute. The data system
used an Apple II microcomputer with an ISAAC A/D interface
made by Cyborg Corp.

Twelve thermocouple millivolt outputs were conditioned
by 12 Analog Devices 252A amplifiers with internal reference.
These 0 to 5 volt signals were feed into the ISAAC where they
were digitized on a 0 to 4096 count scale and read by the
computer on command. The location of the 12 thermocouples are
shown in Figure 5.

Two counter channels in the ISAAC accumulate 0 to 5
volt pulses from the same two Kent water flow meters used by
the Rho Sigma Btu meters previously described. These hot and
cold loop water meters produce 200 pulses per gallon and 4
pulses per gallon, respectfully. A third counter channel
accumulates pulses from a DARCOM encoder fitted to the 1/4 cubic
foot per resolution dial of the gas meter. This magnetic
activated pulser produced five 0 to 5 volt pulses per revo-
lution and was input to the ISAAC. These three counter channels

were read each minute by the computer, which automatically
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zeroed the counters, giving flow rate per minute.

Additionally, two binafy input ISAAC channels read the
on/off status of control relays which determined when the
system was on and which of the four operating modes the
system was in.

The 12 bit digital thermocouple readings and 16 bit
flow rate readings were read by the computer each minute
after startup. The ISAAC's internal'calender/clock supplied
the day of week, date, hour, minute and second for these
readings. A complete system calibration was carried out on
the thermocouple channels by placing all thermocouples,
along with a mercury thermometer certified to a T 0.,1°C
accuracy, in an ice bath, 50°C bath, and boiling water bath.
A second order calibration curve was derived for each thermo-
couple channel to convert the counts to degrees C.

A basic language program was written for the Apple II
which upon heat pump startup would log the time and date,
and read all data channels each minute. The energy flows

were calculated as follows:

. . 3
Qeas = Vaae (1028 Btu/ft?)

Qeond (me)Cond(T4 - T3)

QEvap (me)Evap(Tl - Ty)
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The total rate of engine rejected heat that is recovered

was determined by:
- Tg) + (me)

Wee = ®C5)¢cond Ty Cond (T - T,)

Engine Jacket Exhaust Heat
+Exhaust Mahifold Exhanger

Minute by minute COP's were calculated by the program with:

COPHC N QEvap/QGas

COPHH - (QCond + QRec)/QGas

A complete schematic of the data acquisition system is

shown in Figure 7. All data was converted to engineering units.
This temperature and flow rate data, with calculated

energy flow rates and efficiencies, were then printed on the

screen, paper printer, or floppy disk as appropriate. An

accumulating subroutine was used to yield accumulative run

times, energy flows and efficiencies in longer term tests.
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SECTION IV

EXPERIMENTAL PERFORMANCE

Introduction

The Florian Bauer heat pump package was received
from West Germany in December 1980. It was integrated into
a residential heating/cooling system during early 1981
and since June 1981, has provided the space heating/
cooling for the residence.

The residence is a 3200 square foot three story brick
structure with 507 of the southeastern wall glass. This
tlazing has a ten foot overhang for summer shading. The
structure was built in 1965. A 200,000 Btu/hr furnace was
installed in 1976, with a five ton electric air conditioner
installed in 1965 providing space cooling. Hot water was
supplied by a 40 gallon gas water heater installed in 1976.
The house thermal "'UA" value ié about 680 Btu/hr—oF.

Analysis of data from 1978 to 1980 showed that natural
gas consumption for space heating averaged 1000 therms
annually with the furnace operating about 500 hours per year.
An hour meter was installed on the electric air conditioner
from 1979 to 1980 showing an average of 525 hours per
year with 4200 kwhr electrical consumption annually.

Seasonal data was accumulated by the Btu and gas meters
during the summer of 1981 and winter of 1981-82. 1In early
1982 the computer data acquisition system was installed

allowing more accurate data acquisition with one minute
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time resolution. During the summer of 1982, the Btu meters
were checked against the computer data acquisition system.
Both steady state and transient data was then taken determining

detailed performance data.

Seasonal Performance

The system became operational on June 13, 1981. The
Btu meters became fully operational July 24, 1981 and the
system closely monitored as it provided space cooling until
October 13, 1981 when the heat pump cooling run time was
547 hrs. On almost a daily basis, the gas meter, hot and
chilled water Btu meters, and heat pump hour meter were read
and recorded. An abreviated tabulation of this data is
shown in Table 3. The engine speed was fixed at 1200 rpm.

In January 1982, new thermisters were installed on both
Btu meters. This was done since questions has arisen
regarding the Btu meter accuracy. There was a slight ( 5%)
reduction in the hot water Btu output after the new calibrated
thermisters were installed. At the end of February 1983,
a fan and inside circulating pump delay was added which
left them on for 6 minutes after the engine turned off. This
"spindown" recovered additional heat from the engine. The
system ran in the space heating mode until 5/24/82 when it

was switched to cooling. On 10/18/82, it was agained switched
to heating.

All readings have been plotted vs run hours and a least
squares straight line fitted to each season's segment. The
results agree with merely taking the seasonal incremental
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TABLE 3
Long Term Performance Raw Data
Date EEE vGas QHeat QEvaE
(Ers) (100 ft3) (1000 Btus) (1000 Btus)
7/27/81 401 2,317 18,441 13,143
9/10/81 534 2,403 20.434 18,130
10/13/81 547 2,411 32,192 18,710
10/13/81 =  cecccce-a- Switched to Heatinge----------
10/13/81 547 2,411 32,192 18,710
12/08/81 682 2,505 44,877 22,801
01/02/82 827 2,600 59,014 27,720
01/30/82 1,048 2,747 81,361 34,903
01/30/82 --c-ce---- Mew Thermisters Installed-------
02/28/82 1,188 2,836 93,721 39,524
02/28/82 ecccaa-- Added A/H Fan and Pump lelay----
03/31/82 1,288 2,897 102,600 42,792
05/0282 1,306 2,909 104,180 43,364
05/29/82 1,339 2,929 107,274 44,388
05/29/82 ec-ce---- Switched to Cooling-=------cc----
05/29/82 1,339 2,929 107,274 44,388
06/26/82 1,413 2,978 114,826 47,016
07/31/82 1,539 3,063 128,302 52,419
08/18/82 1,631 3,124 137,975 55,569
09/09/82 1,731 3,178 146,981 59,164
10/18/82 cecee--- Switched to Heating------cecce---
10/18/82 1,731 3,206 151,926 Broken

04/19/83 2,402 3,646 218,705 = -e----
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accumulative numbers and dividing by the incremental seasonal

run time. Doing this, the following results.

Season Run QGas QHeat COPHH QEvgp COPHC
(BErs) (Btu/hr) (Btu/hr) (Btu/hr)

Summer 81* 146 66,000 94,000 38,100 0.58

Winter 81-2 792 67,100 94,800 1.41 32,400

Summer 82 415 68,500 107,600 39,500 0.58

Winter 82-3 648 69,700 103,100 1.48

*Partial Summer starting 7/24/81. Full summer hours = 547.

These results are summarized graphically on the heat
pump system schematic in Figure 8 for heating and Figure 9
for cooling. In these figures, the values for the two
heating seasons are averaged and the two cooling seasons
were averaged to get overall heating and cooling performance.

They represent Seasonal Performance Factor values.
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FIGURE 8: SEASONAL SYSTEM HEATING PERFORMANCE
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FIGURE 9: SEASONAL SYSTEM COOLING PERFORMANCE
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Engine/Compressor Performance

Data was taken from the experimental heat pump system

for the purpose of determining engine/compressor performance
(gas input rate, condenser and evaporator heat rates, and

the heat recovery rate) as functions of the condenser

and evaporator refrigerant temperatures. With the engine
speed held constant, the gas input rate and condenser and
evaporator heat rates are uniquely determined by the two
refrigerant temperatures. The heat recovery rate is
additionally dependent upon the water temperature and flow
rate at the inlet to the exhaust heat exchanger, which
;ary from one operating mode to another.

Four operating conditions, each specified by a
condenser refrigerant temperature and an evaporator
refrigerant temperature, were used to obtain the experi-
mental data. The operating conditions, listed in Table 4,
were chosen near lower and upper temperature extremes
in order to obtain a good representation over the range of
experimental operating conditions., In order to achieve
steady-state for each of the specified operating conditions,
three different operating modes were required as indicated
in Table 4.

| The water temperature at the inlet to the exhaust
heat exchanger (and, therefore, the heat recovery rate)
varies with the operating mode. During normal heating
operation, this temperature would be constant, yielding
a constant exhaust temperature of approximately 130°F

at the heat exchanger outlet. Therefore, the measured

heat recovery rate was corrected by calculating the change
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in exhaust heat recovery due to fixing the final exhaust
temperature at 130°F.

A total of forty tests (ten for each of the four
operating conditions) were conducted at a constant enginé
speed of 1200 rpm. After establishing steady-state (as
determined by continuous monitoring of water temperatures
in the condenser and evaporator loops), the gas input rate,
condenser and evaporator heat rates, and heat recovery
rate were computed for one-minute tests and logged by the
APPLE/ISAAC instrumentation system. For each set of
operating conditions, the data was averaged over ten tests,
and the results are given in Table 5. Included are the
mean values and estimated true population standard deviations
for the measured gas input rate, the measured condenser
and evaporator heat rates, the measured heat recovery rate,
and the corrected heat recovery rate.

The data presented in Table 5 provides an indication
of the dependence of engine/compressor performance and the
heat recovery rate on the condenser and evaporator refrigerant
temperatures. For a change in one of the refrigerant
temperatures with the other held constant, a change 1is
estimated for the gas input rate, condenser and evaporator
heat rates, and the heat recovery rate. The question was
raised as to whether these changes are actual, or due to
random error in the experimental data. A statistical
analysis was performed to determine confidence intervals

for changes in the data (dependent variables) resulting
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from changes in the refrigerant temperatures (independent

varigbles).

(n+m)(no%+mo§)
P mm(n+m-2)

Confidence Interval = Kz - X+t

where il and X, are the averaged dependent variables

involved in the change of one of the independent variables,
oy and 0, are the estimated true population standard
deviations for the dependent variables, and n and m are the
numbers of dependent variable data points. The variable

tP is tabulated6 as a function of the degrees of freedom
(n+m-2) and the confidence coefficient. TFor this data, the
degrees of freedom are 18, and for a confidence of 907%,

tP = 1.734; 95%, tP = 2.101; and 99%, tP = 2.878. Con-
fidence intervals for the changes in data resulting from

the increase in condenser refrigerant temperature are

listed in Table 6. The negative signs on some of the interval
bounds indicate that those rates décreased when the condenser
temperature was increased., Confidence intervals for the
changes in data resulting from the increase in evaporator
refrigerant temperature are given in Table 7.

A good degree of confidence is indicated when the
intervals are small relative to the magnitudes of their
bounds., A review of Tables 5 and 6 indicates a good
‘degree of confidence in the change in condenser and
evaporator heat rates for a change in either of the

refrigerant temperatures. This implies that the rate changes
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are more likely due to changes in operating conditions than
random error in the data. On the other hand, little
confidence can be placed in the change in heat recovery
rate accompanying changes in either of the refrigerant
temperatures. For instance, it is not known with a 99%
certainty whether the heat recovery rate increases or
decreases when the condenser temperature is increased.

A multiple variable, linear regression analysis
program, available through an APPLE computer software
package, was used to determine a linear relationship between
the heat pump performance and the condenser and evaporator

refrigerant temperatures. Data from all forty tests was

used for the analysis. The results are included in Table 8
along with statistical analysis of the curve fits. These results
are useful in design optimization of I. C. Engine heat pumps.

System Steady State Performance

Data was obtained using the computer data acquisition
system from startup to establishment of steady state
conditions for both the heating and cooling modes. Steady
state was established in 20 to 30 minutes in the cooling
mode and 30 to 40 minutes in the heating mode. The
warmup period was longer for the heating cycle due to the
higher equilibrium temperatures in the hot water loop (about
140°F vs 70°F). The speed was held constant at 1200 rpm.

Table 9 shows the steady state values for the
temperatures, energy flow rates, and COPH's. The temperature
#'s are labeled on the system schematic in Figure 5. 1In
the heating mode, 57% of the heat was produced by the

condenser, 417 from the engine cooling jacket and integral
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exhaust manifold/HX, and 2% from the external exhaust heat
exchanger. The .evaporator and condenser temperatures

were about 31°F and 132°F respectively. Only 1 1/2%

of the gas input plus evaporator input energy is unaccounted
for. The only significant loss would be in the exhaust gases
which are at 117°F. The accuracy of this "lost™ heat

number is very low due to accumulative errors of the

numbers totaled to derive it.

In the cooling mode, 59% of the rejected heat comes
from the condenser, 39% from the engine cooling jacket and
gxhaust manifold, with 2% coming from the external exhaust
heat exchanger. The evaporator and condenser temperatures
were approximately 33°F and 88°F respectively. Only
3% of the total gas and evaporator energy input is
unaccounted for. Again, the accuracy of this number is low,
but with a 75°F final exhausf temperature and insulated
heat pump package, the unmeasured energy flow should be
small.

The larger fraction of heat coming. from the condenser
in the cooling mode is due to the lower condenser tempera-
ture and pressure giving a higher refrigerant mass flow

and a lower engine loading.
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Table 4. Steady-State Operating Conditions
Operating Operating
Condition TEvap(OF) TCond(°F) Mode

1 27.5 86.9 3*
3 14.0 5.0 1
4 39.2 95.0 3*

*Mode 3 was modified by opening valve M-5 and placing
valve A-1 in position

n_n

a .




Table 5.

Averaged Experimental Data

o ° x Btu,| & Btu,| ® Btu Btu orr Btu
ggsgigigg Evap( B Teona P QGas(Tﬁt) QCond(Tﬁr—) QEvap(Tﬁ7) 6Rec(Tﬁ7) Rec Chr)
o) | 0B | 10BEY) | 0B | (o BEY)

Vhr YR “Lhar T Y hre
1 27.5 86.9 76950 67384 49804 55374 - 49813
(0] (18711 [957] [3041] [3041]
2 27.5 145.4 84645 49639 29781 47261 47261
(1539] [863] (363) [1127] [1127)
3 14.0 95.0 70178 43492 32438 51791 47176
(1231) [2424] [425%) (3396] [3396]
4 39.2 95.0 79412 82614 61362 57706 51968
(1231]) [1821] {1520] [1488]) [1488]
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Table 6. Confidence Intervals for Increase

in Condenser Temperature

Confidence Coefficient

907, 957, 997,
AEGaS(Bt“) [6805;8585] [6617:8773] [6219:9171]
Ity (Bt“) 18936;-16554 -19188.-16302 19722:-15768
cond [_ » © ] [ y ] [_ s < ]
8Qpyap (P [-20615; -19431) [-20740; 19306 [-21005; -19041]
0000 ) [-4426;-677] [-4823;-2811 [-5663;559]
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Table 7. Confidence Intervals for Increase

~in Evaporator Temperature

Confidence Coefficient

90% 95% 997

80, (B [8228;10740) [8015;10453] [7564;10904]
Gas * hr ’ ' U

Mona (o) [37370;40874] [36999;41245] [36213;42031]
0¥y ap (R [28010;29838] [27816;30032] (27406 ;30442]
A0 ac (i) [2649;6935] [2195;7389] [1235;8349]
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Table 8. Results of Multiple Variable,

Linear Regression Analysis

Qo B = 372.9

Coefficient of
Coefficient of

Standard Error

1T

Evap

*
+ 159.80TCond + 50838

Determination (RZ) = .89434

Multiple Correlation = .94570

of Estimate (%%?) = 1801.6

Btu, _
Qona(he? = 1993

Coefficient of

5T

" "Evap

*
- 298.68TCond + 50292

Determination (Rz) = ,98577

Coefficient of Multiple Correlation = .99286

Standard Error

of Estimate (%ﬁ?) = 1918.3

Btu, _
Cpyap G2 = 1145

Coefficient of
Zoefficient of

Standard Error

8T

"TTEwvap

- 351.09T

*
Cond + 49420

Determination (RZ) = .99377

Multiple Correlation = .99688

of Estimate (%%?) = 1064.6

Opec (o) = 189.5

2T

Evap 46.400TCOn

*
4 + 48827

Coefficient of Determination (Rz) = ,39396

Coefficient of Multiple Correlation = .62766

Standard Error of Estimate (%%?) = 2558.6

*T and T

Evap Cond

in °F

48
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TABLE 9
Steady State Performance
Temperatures (°F) Heating Mode Cooling Mode
T, - Evaporator water inlet 57.5 52,2
T, - Evaporator water outlet 43.3 42.3
T¢ - External exhaust HX water inlet 113.2 60.7
Ty - Condenser water inlet 113.7 61.2
T, - Engine water inlet 129.4 77.6
T; - Engine water outlet 140.7 88.3
Tg - Exhaust gas outlet 117.8 74,7
T9 - A/H air inlet 70.9 77.5
Energy Flows (Btu/hr)
Gas consumption 68,700 67,700
Engine & exhaust manifold recovery 40,100 40,600
External exhaust HX recovery 1,800 1,900
Condensor heating 55,700 62,300
Total heating 97,600 104,800
Evaporator Cooling 30,400 40,700
COPH's
Heating 1.42

Cooling 0.60
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Variable Speed Performance

The heat pump engine speed was controlled by an electroaic
governor. . The speed could be infinitely varied from 1200 rpm
to 1600 rpm. The three stage room thermostat was set up
with the capability to change engine speed from 1200 rpm to
1600 rpm in two 200 rpm steps. However, the heat pumps output
at the 1200 rpm setting closely matched the peak heat/cooling
demand at the extreme 100°F and 10°F temperatures experienced,
and the variable speed controls were therefore never implimented.

For future design information, the effect of speed on the
heat pump's heating performance was determined by running
steady state tests from 1200 rpm to 1600 rpm. Figure 10 shows
the gas consumption rate, condenserheat rate and engine re-
covery heat rate as the speed varies from 1200 rpm to 1600 rpm.
All parameters are nondimensionalized by their respective
values at 1200 rpm.

The gas rate is seen to many linearly with speed indicating
a near constant torque compressor load. The condenser heating
rate increases only slightly, by about 10% while the engine
heat recovery increases by about 33%. The condenser tempera-
ture increased by about 20°F to 152°F while the evaporator
temperature decreased only slightly by about 2°F. This higher
compressor decharge pressure causes the compressor to decrease
its volumetric efficiency due to the clearance volume effect.

The condenser temperature is changes faster than the:




Energy Rate/Energy Rate at 1200 rpm

COPH/COPH at 1200 rpm
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Figure 10. Heat Pump Energy Rates vs. Speed
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evaporator because the return water temperature from the air
handler was driven up as a higher heat rate was put through
the air-water coil. The well water temperature supplying .
the evaporator is of course constant with varying speed.
These speed effects would not be as large with an air-to-air
system without the additional water heat exchange process.

Figure 11 shows the resulting COPH for the varying
speed. The efficiency is seen to decrease by about 15%, while
the total heating rate increases by just over 20%, for a 25%
speed increase. Again; it should be noted that the water-to-
water heat pump will show larger efficiency penalties

with increasing speed than an air-to-air system.

Cycling Effects

The effect of on/off cycling of the heat pump in its
performance was studied in two ways. First, run-by-run
data was accumulated by the computer data acquisition system.
It printed out the average energy flow rates and COP's for
each on-cycle, along with that cycle's on-time and prior
off-time. Statistical analysis was carried out on this data
to determine the correlation of the average cycle performance
as a function of the cycle's on-time and the prior off-time.
No significant dependence of any of the variables were
found on these cycle times.

Due to this unexpected result, a cycling test was run

which was patterned after U.S. Department of Energy's test
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procedure for measuring electric air conditioner and electric
heat pump cycling effects published January 1, 1982, Chapter
2, Title 10, Subpart B, Appendix M. 1In this test a 30 minute
run is made to establish steady state conditions followed by
a 30 minutes period during which the steady state performance
is measured. During the next 30 minutes period, the heat
pump is off 24 minutes and then turned on for 6 minutes. This
24 minutes off, 6 minutes on cycle is repeated twice more with
the last 6 minute cycle being used to measure the performance
during cycling relative to the initial steady state values.

A DOE cycling degredation coefficient, CD’ is

defined as:

oL, SOy Qe
p~ 1- “co—z_Pss 1 - Q‘LSS

where ( )Cyc indicates the values for the last 6 minute on
cycle and ( )SS is the 30 minute steady state measured values.
In this tests the CD repeatedly came out negative, indicating
an improvement in efficiency during cycling.

This unusual result is shown to be due to the "spin down"
cycle which extracts the engine/condenser heat for 6 minutes
following an on-cycle. This reduces the hot water temper-
ature from about 140°F to less than 110°F. Since the
condenser is in the same hot water loop with the engine and
exhaust, this significantly reduces the average condenser

temperature during cycling compared with steady state, while

still extracting all the engine heat. Accessory energy is
also increased.
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This cycling effect may not be the same with an air-to-
air system since the I. C. engine heat pump condenser tempera-
ture would not be tied to the engine temperature. However, .
since approximately half of the total heat comes from the
engine, cycling effects of an I. C. engine heat pump would be
expected to be substantially less than an electric heat pump,

particularly if a spin down cycle is used.

Reliability and Maintenance

One of the goals for the I.C. engine heat pump 1is to
have a maintenance interval greater than once annually,
This goal was exceeded by this experimental system in
that no scheduled or unscheduled maintenance was carried
out during the over 2400 running hours, except for the
installation of an oil sealing gasket on a cover plate
on the side of the engine. No oil changes, spark plug
replacement, timing adjustment, or any other maintenance
has been required or done. Spark plug gap is still
under 0.040 inch due to special tip materials.

0il analysis has been carried out showing at
the 1750 hour point, the oil was still completely
serviceable., The analysis at 1750 hours is shown in
Table 10. The 15 quart capacity is continually
recirculated.

Reliability has been 100% except for several
occasions, increasing in frequency, when the engine
failed to start during the. first 5 second fixed starting

period. It occurs generally after the heat pump has not
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TABLE 10: O0il Analysis
Ap Spectra/Metrics, Inc.
E e man 35 Executive Park Drive, N.E.
ANALYSIS Atianta, Georgia 30329
- C“ REPORT (404} 321-7908
FORD MODEL: 2270 FLEET/UNIT #: 1 NATURAL GAS
WEAS METL S ADD-TivES CONTAMINANTS
SAMPLE S| SR Jcopegs! mon | Lean | T oo Mgiom | MoLy | soroN |sopiumfl WATER | SL | DIEL | FUEL Il visc | Ten
DATA .
S5O | AINGE | seeon ‘V‘ A;EE:E- sensnss f oo f| movsne | er | doocar. | doocin: .331;“ snerze | Snbaon SAE Jaiain
. AEAGING.
: 10-2-82 |4.6 5.1 22 72 6.2 |9.2 13 805 2 7 13 18 || ~-.05|NEG| b 0 J31
t 14026 L N N N N N N _|N N
214058 ENGINE WEAR RATES AND CONTAJINANT LEVELS SATISFACTORY OIL STILL
51;17:0 SERVICEAELE. RESAMPLE NEXT SERVICE INTERVAL TO MONITOR AND
21750 ESTAELISH WEAR TREND., (NO PREVIOUS RECORD WITH THIS UNIT I.D.
1ange1 750 PLEASE PROVIDZ LAST LAE NUMBER.) <ANALYST RT
ID: Normal, Abnormal, Severe. “ 4+ means greater than, “ — " means less than.
LAST QVERHAUL:

DR, SAM. V. SHELTON SYSTEM CAPACITY: 15 QTS.

SCHOOL OF MECHANICAL ENG. OIL MAKE & TYPE: ?

CEORGIA TECE HISTORY & REMARKS:

ATLANTA, GA 30332

DiesGasNa' 7¢

SHEATL

A MEMBER OF THE SPECTROMETRIC OIL ANALYSIS LABORATORY ASSOCIATION

1
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run for a long period of time. After five seconds, the
starter is deactivated and if oil pressure is not

sensed 10 seconds after starter initiation, the controls
shut the unit down on default. In most every case, a
manual reset to allow a second try was successful, A
third and four try was required in isolated instances,
This could be overcome by controls to automatically

reinitiate the start cycle.

Noise Levels

Sound levels of the unit have been measured using a
an A weighting scale. Inside the furance room
the levels were as follows for individual components

running and with the total system running,.

Background - 57dBA
Air Handler only - 61 dBA
Water Pump Only - 57 dBA
Heat Pump Only - 62 dBA
Total System - 63 dBA

Sound levels were also measured outside at a 6
foot distance from the exhaust outlet. The outlet is
8 inches above a concrete slab and 6 inches from a 8
foot high concrete block wall, The sound level at a

distance 6 feet from this wall is 60 dBA.
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Electrical Accessary Power

The electrical accessories with this gas heat pump are:
1) 1/2 hp A/H fan drive; 2) two 1/5 hp closed loop water
circulating pump drives (only one is on in any mode); 3)
1/2 hp well water pump drive, and 4) lead acid battery charger.

The battery charger draws about 10 watts and is not significant.

The kilowatt draw of the other accessories are:

Fan - - 0.73 kw
Well Pump - - 0.61
Circulating Pump (1) - 0.24
Total - 1.58 kw

The 1.6 kw power is drawn during the heat pump operating
hours. 1In addition, for 6 minutes after the heat pump is
shut down, the fan and one circulating pump operates, drawing
a total of 1.0 kw.

A separate kilowatt hour meter accumulated the electrical
consumption of these accessories. Theaverage kwhr consumption
was 1.91 kwhr per hour of heat pump running time. This
compares with the gas consumption of 0.67 therms per hour.

At a 3.5 ratio for electrical energy cost to gas energy cost
(6.5 ¢/kwhr and 55 ¢/therm), the electrical accessories energy

cost is 25% of the total heat pump system operating cost.

Performance Improvements

Changes for improved efficiency performance would
be to retrofit the heat pump with a smaller displacement

engine. The present Ford 2274E 1600 cc engine 1is
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operating at 25% of its rated full load. Figure 12

is a plot of engine efficiency wvs. % load with engine

speed as a parameter. From this figure it can be seen that
at 25% loading and 1200 rpm, the engine's thermal efficiency
is about 16%. If this engine were replaced by a

Ford 2271E 1100 cc engine, the loading would increase to

approximately 36%. From Figure 12, this increased load

at 1200 rpm would result in a thermal efficiency of about
19%. This change alone would yield a 25% improvement in

cooling COP and a about a 107 improvement in heating COP.
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Figure 12: Engine Efficiency vs Load

1200 r.p.m.

% Lead
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SECTION V
ATR-TO-AIR I.C. ENGINE HEAT PUMP ANALYSIS

Introduction

While the water-to-water heat pump tested gave
information on the critical engine/compressor subcomponent
regarding the physical characteristics, maintenance,
noise, and reliability of I.C. engine heat pumps, the
efficiency informétion is not directly applicable to
air-to-air heat pumps. However, the expefimental data
taken on just the engine/compressor yielding energy rates
and efficiencies for varying condenser and evaporator
pressures, makes it possible to accurately calculate the
performance of the same engine/compressor operating with a
given size of air condenser and evaporator coils.

The proposad system model diagram is given in Figure 13,
Indoor and outdoor air are used as the heat source/sink for the
vapor-compression cycle heat pump. Heat is removed from
the source and rejected to the sink via two refrigerant-air
heat ekchanger coils, These coils are fixed in position,
but the reversing valve makes possible a change in the
direction of refrigerant flow to and from the compressor.
The direction of refrigerant flow defines which coil is
the condenser and which is the evaporator, and thereby
defines the direction of heat flow,

Water is used as a transfer medium to remove combustion
waste heat from the natural gas-fired IC engine. Heat

removed from the engine block and exhaust gas is rejected
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to the heat sink via one of two water-air heat exchanger
coils. A reversing valve is used to circulate water from
the engine to the indoor coil (for simultaneous engine cooling
and space heating) or to the outdoor coil (for engine cooling
during space cooling).

An analytical model is used to optimize the air
coils for the engine/compressor tested, The engine/compressor
rerformance and heat recovery data are taken as input from
the experimental déta shown in Section IV, The operating
performance for space heating and cooling is determined as
a function of the refrigerant-air coil air flow rates and
heat exchanger UA's (overall heat transfer coefficient
times total wall surface area) for a range of outdoor
air temperatures, The annual gas consumption required for

space heating and cooling is then calculated for
fixed residential thermal characteristics (UA - 680 Btu/hr—oF)
and weather data using the "bin'" method of analysis.

From this data, the indoor vs outdoor refrigerant coil UA is
optimized. The annual performance for varying total indoor
plus outdoor coil UA is then calculated so that the perfor-
mance of this engine/compressor subcomponent operating in an
air-to-air system may be determined for a given total air

coil size and cost.
" Analysis
The fundamental equations resulting from energy

balances on the air flowing through the condenser and

evaporator coils are:

ond = (me)Cond(To = T9)cond
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(T

QEvap - (mcp)Evap i~ T )Evap

where the Cp's have been assumed constant and the temperature
subscripts, i and o, refer to the air inlet and outlet

of the coils. Another set of fundamental equations is
obtained from counter-flow heat exchanger analysis,

These are:

. T - T,
= - o i
QCond [UA(LMTD)]Cond UA TCond_Tl
1 ' Cond
0T =T
Cond o
: [UA (LMTD) UA Ti_T
Q = [UVA(LMTD)] =
Evap Evap EvaD
T TEvap Evap

where IMTD is the logarithmic mean temperature difference
between the refrigerant and the air.

The heating and cooling requirements of the residential
structure define the house load, from which the annual gas
consumption can be determined. When the outdoor air temp-
erature (or ambient air temperature) is below the desired

indoor air temperature, the required heating rate is:

A = (M poyse(Ty - Tamb)Heating

heat losses. Similarly, when the ambient air temperature
is above the desired indoor air temperature, the required

cooling rate is:
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Qer, = UM youse Tamp - Ti)Cooling

These equations assume that the house model UA is independent
of the ambient air temperature. In a study by the National
Bureau of Standards, the historical energy consumption
for heating and cooling was correlated with weather data
and good agreement was obtained using a constant house
model UA. The bin method is used to estimate the annual
heating and cooling loads from the last two equations.

The above equations represent the analytical heat
pump model. Together, they comprise nine equations with

unknowns. The unknowns are TCond’ TEVaP’ TOCond’ '

; . . ~Annual
QCond’ QEvap’ QRec’ Qeas: and RGas :

variables are input parameters. These include the house

O H
Evap
The remaining

model UA and the condenser and evaporator coil inlet
air temperatures, air flow rates, and UA's. For heating,

T is the desired indoor air temperature and T, is

Lcond 1Evap
the outdoor air temperature. For cooling, the coils are
reversed so that Ti is the outdoor air temperature
Cond

and T, is the desired indoor air temperature.

Evap
In matrix form, these equations are easily solved (for
a given set of input conditions) by Gauss elimination. If
these calculations are performed at the median outdoor
air temperature of each bin, the results can be used to
determine the total annual gas consumption for heating and
cooling of the residential structure.
A computer program was set up on an APPLE II1 computer

to run through all of these calculations.
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Input Parameter Considerations

The desired indoor air temperatures are chosen to
be 68°F for heating, and 76°F for cooling., These are
normal conditions for residential and small commercial
establishments. The house model UA is taken from a heating
and cooling load study on the Atlanta residence accommodating
the experimental heat pump system, In that study, the
UA was estimated ét-680 Btu/hr-°F for both heating and
cooling. The analytical heat pump design is optimized
for this house load. The results are applicable to varying
house loads if all system components are scaled proportionally.

In cooling, approximately 75% of the heat removed
from the indoor air was assumed to be in the form of
sensible heat. The remaining 257% was assumed to be latent
heat due to dehumidification. To account for this
dehumidification, the specific heat of the air flowing
through the evaporator in the cooling mode is increased
by a factor of 33% (25%/75%).

The indoor air flow rate is taken to be constant at
2500 cfm. This is necessary to ensure a high enough con-
denser air outlet temperature (105—115°F) in the heating
mode to prevent draft chill, and a low enough evaporator
air outlet temperature (50-55°F) in the cooling mode for
sufficient dehumidification. The outdoor air flow rate is

varied proportionally with the outdoor coil UA, such that
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the ratio of coil UA to volumetric flow rate for the outdoor

Btu/hr-°F
cim

coil is fixed at a typical value of 2.(C
Three locations, Atlanta, Chicago, and Orlando, are

chosen as having representative average, cold, and warm

climates. The weather data (hours per year at each temperature

bin) for these cities is found in U.S. Air Force Manual 88-29. 1In

climates much colder than Chicago's, the heat pump may become

less cost effective than direct heating systems because

of the lower outdoor air (source) temperatures. In climates

much warmer than Orlando's, the natural gas heat pump

begins to lose its advantage over the electric heat pump

because of the reduced heating hours,

Performance Optimization

The optimum heat pump performance for each city is
determined by varying the ratio of indoor coil UA to out-
door coil UA. The optimum UA ratio, for a fixed total coil
UA (indoor coil UA plus outdoor coil UA), or a fixed total
coil cost, is defined as that yielding the lowest annual
gas consumption. The annual gas consumption is caluclated
for total coil UA's of 2500, 5000, 10000, and 15000 Btu/hr-°F
at various UA ratios., The results of these calculations
are graphed in Figures 14-16.

A curve is drawn through the optimum performance points
in each of the graphs, and it is expected that the optimum
performance for other values of total coil UA lies along
these curves., The shape of these optimum performance
curves is explained by considering that the total annual

gas consumption is the sum of the annual gas consumption
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for both heating and cooling. The optimum UA ratio for
heating decreases with increasing total coil UA, while that
for cooling increases with increasing total coil UA. The
degree of interaction between the two separate performance
curves is dependent upon the heating and cooling load
requirements. Listed in Table 11 are the heating and cooling
load for each city, along with the optimum heating, cooling,
and overall UA ratios. In Chicago, where the heating load
requirement is predominant, the optimum overall performance
is essentially determined by the optimum heating performance.
On the other hand, in Orlando, where the cooling load
requirement is on the same order as the heating load
requirement, the optimum overall performance is essentially
determined by the optimum cooling performance (more gas is
required per Btu of cooling than per Btu of heating).

The heat pump design for optimum performance can be
determined from Figures 14-16 for any total coil UA. For
a total coil UA of 10000 Btu/hr-OF, the optimum UA ratio
is found to be 0.6 for Atlanta, Chicago, and Orlando.
Then for optimum performance, the heat pump design would
include an indoor coil with a UA of 3750 Btu/hr-°F and
an outdoor coil with a UA of 6250 Btu/hr-°F. The heating
and cooling COP's and rates at optimum performance for this
design are plotted in Figure 17 as functions of the outdoor
air temperature. Since the optimum UA ratio for a total
coil UA of 10000 Btu/hr-°F was found to be the same for

Atlanta, Chicago, and Orlando, the curves in Figure 17
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Table 11: Optimum Coil UA Ratios

City
' . Indoor Coil UA
1 - Annual Heating Load Optimum UA Ratio ( ; )
Requirement (Btu) Total Coil UA ' Outdoor Coil UA
2 - Annual Cooling Load (Btu/hr-°F) Heating Cooling Overall
Requirement (Btu)
Atlanta
1 - 59,866,860 5,000 0.65 0.60 0.65
2 - 8,255,880 10,000 0.60 0.60 0.60
15,000 0.55 0.60 0.55
Chicago
1 - 122,283,380 5,000 0.65 ‘ 0.55 0.65
2 - 3,957,600 10,000 0.60 0.60 0.60
15,000 0.55 0.60 0.55
Orlando
1- 20,342,880 5,000 0.70 0.60 0.60
2 - 13,623,460 10,000 0.60 0.60 0.60
15,000 0.60 0.60 0.60

€L
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Table 12: Annual Heating and Cooling COP's
at Optimum Performance

Citv Total Ceil UA (Btu/hr-°F) COPH COPH
Atlanta

5000 1.28 0.56

12000 1.45 0.73

15000 1.52 0.80
Chicago

5000 1.19 0.56

10000 1.33 0.73

15000 1.39 0.80
Orlando

5000 1.35 0.56

10000 1.53 0.73

15000 1.61 0.80
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apply to all three cities. The annual heating and cooling
COP's at optimum performance are presented in Table 12,

The annual gas consumption at optimum performance
(from Figures 14-16) is given in Figure 18 as a function
of total coil UA. This figure provides an indication of the
savings in annual gas consumption that would be gained
through the use of coils with a higher total UA. As one
might expect, the annual gas savings diminishes with in-

creasing increments of total coil UA.

Conclusions

This air-to-air I.C. engine heat pump analysis using
actual engine/compressor data, shows that the indoor
coil UA should be about 0.6 of the outdoor coil UA and that
for a total UA above 10000 Btu/hr-°F, gas savings diminish
rapidly. The heat pump size and coil UA should be proportional
to the house thermal load, so that for a house half the size of
that used, (UA = 680 Btu/hr-oF), the total air coil UA should be
scaled down to one-half as well as all other components.

The resulting heating and cooling COP's for this
particular package with a typical total inside plus outside

coil UA of 10000 Btu/hr-°F, would then be;

COPH COPC
Atlanta 1.45 0.73
Chicago 1.33 0.73

Orlando 1,53 0.73
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Since the engine used to obtain data for this analysis
was only 25% loaded, a more closely matched engine/compressor,

(smaller engine), would improve these air-to-air heat puﬁp

COP's.




81

information also was obtained. The next potential problem
areas which need study are long term engine durability,
manufacturing and installation costs, air-to-air system
performance, and defrost control.

The automotive derivative natural gas industrial engine
tested has shown this class of engine has merit. Continued
study of available engines is needed to determine their
suitability regarding size, cost, and long term life. Many
are available.

Specifically, engine tests need to be started on engines
that are found to be suitably sized and available for this
application. After making necessary modifications for
gasification, such as cam shaft and compression ratio changes,
two or three engines of each type should be run continuously
at constant speed and two or three should be run on a thirty
minute start/stop basis. Long term engine life information
can then be gained within about two years.

Simultaneously, an air-to-air heat pump with a matched
engine/compressor should be field tested studying efficiencies

and optimizing defrost strategy.
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To experimentally assess the technical
performance of a natural gas I.C. engine heat
pump using commercially available technology.

Space heating and cooling constitutes the

major use of natural gas in the U.S.

Increasing the efficiency of this process

would, therefore, provide a dramatic impact

on the industry. The I.C. engine heat pump

is one gas heat pump technology which uses
existing component technology; it therefore
offers the possibility of early development of
a commercially viable gas heat pump. 1In order
to assess the development barriers, this project
carried out field tests on an I.C. engine heat
pump providing heating and cooling to a residence
over two heating and two cooling seasons
performance of the system.

Experimental data from a gas I.C. engine
water-to-water heat pump showed steady state
and seasonal heating coefficients of
performance (COP) of 1.4 to 1.5 with cooling
COP's 0.5 to 0.6 These efficiencies were in
spite of the low 16% efficiency of the 1600 cc
four cylinder industrial engine which was due
to being loaded only to about 25% of full load.

Using experimental engine/compressor data in
conjunction with an air-to-air heat pump system
configuration model, seasonal heating COP's of
1.33, 1.45 and 1.53 were predicted for Chicago,
Atlanta and Orlando respectively. Cooling COP's

~were 0.73 in all three cities. Higher engine

loading would improve all COP's.

No maintenance was required for the 2400 hours
of operation during two heating and two cooling
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seasons. O0il analysis showed the oil was fully
servicable. The only reliability problems
encountered were a few failures to start during
a fixed five second starter engagement period.
Noise in the equipment room was 63 dB with 61 dB
measured outside next to the exhaust outlet.

The project has shown that automotive derivative
gas industrial engines operating at low speed
have the necessary efficiency, noise, maintenance,
and short term reliability to serve as the prime
mover for an I.C. engine heat pump. It is
recommended that available small I.C. engines
suitable for I.C. engine heat pumps be surveyed
and that selected models be tested for long life
characteristics. Also, it is recommended that an
air-to-air system be field tested to verify
performance and to study outside coil defrost
control strategies.

A West German manufactured water-to-water packaged
gas heat pump was installed in an Atlanta residence
and supplied all space heating and cooling over two
heating and two cooling seasons. Well water was

used as a heat sink and source and was disposed
afterward into a creek. An inside water circulating
loop carried either hot or chilled water produced by
the heat pump through a water coil in the air handler.
The hot water loop passed through the condenser,
exhaust gas heat exhanger, and engine cooling jacket.
The system was fully instrumented for both long term
and transient data acquisition. Total accumulated
heating and cooling energies were measured along with
accumulated gas flow over entire seasons to calculate
seasonal performance factors (seasonal COP's). Steady
state and transient performance was measured by a
microcomputer data acquisition system with a one
minute time resolution. Performance of the engine/
compressor subcomponent was also measured as a
function of condenser and evaporator temperature.

A model was developed to use this engine/compressor
data in conjunction with air condenser and evaporator
coils. Optimization of the indoor vs. outdoor coil
size was established. Also, performance with varying
combined total air coil sizes was calculated for

- Chicago, Atlanta, and Orlando.

GRI plans to initiate another program on internal
combustion engine driven heat pumps with appropriate
manufacturers. The intent is to develop a heat pump
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that will have a low unit cost and near term market
entry. During the first half of 1983, discussions
have taken place between GRI and candidate engine
manufacturers to determine their interest in teaming
with a qualified space conditioning manufacturer to
develop a gas engine heat pump. Proposals are being
evaluated, and a program will be initiated by the
end of 1983.
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SECTION I

INTRODUCTION

Background

Thermal environmental control presently accounts for
the greatest percentage of total energy use in the residen-
tial and commercial sectors of the U.S. 1In 1977, the energy
required for the heating and cooling of residential and
commercial establishments alone represented 217 of the U.S.
total energy consumption and two-thirds of the U.S. total
natural gas consumption. Increasing the efficiency for space
heating and cooling would therefore amount to a significant
reduction in the nation's total energy use. From the second
law of thermodynamics, the maximum efficiency possible for space
heating and cooling is that obtained by the ideal (reversible)
heat-driven heat pump, an efficiency over 3 times that of ideal
natural gas furnaces and boilers. In practice, this ideal
efficiency can be approached but never attained.

One of the more promising practical natural gas heat pump
systems that has emerged in recent years is the natural gas,
internal combustion (IC) engine-driven heat pump. This system
offers an attractive efficiency (performance) for space heating,
as compared with other heating system such as the gas furnace,
electric heat pump, and electric resistance heating. At the»

same time, it is capable of a space cooling performance




comparable to that of the electric heat pump (i.e., elec-
tric air conditioner).

In the U.S., I.C. engines serving as stationary prime
movers were displaced in the 1930's and 1940's by electric
drives accompanying the rural electrification program.
Therefore, small [less than 2000 cc] I.C. engine technology
in this country has moved toward high speed, short term, high
specific power output to serve automobile, portable drive,
and emergency drive applications. Therefore, in this country,
small I.C. engines are not viewed as being applicable to
stationary, high running hours service.

In Europe, however, the use of small I.C. engines in
stationary applications is still considered viable and a
small market has been maintained. These are low speed,
lightly (50%) loaded engines which are designed specifically
for the stationary application, or are automobile engines
modified for that service.

For this reason, when energy prices escalated in the mid-
70's, Europe started looking seriously at the I.C. engine
heat pump as a viable energy conservation concept. |

In September 1978, a conference on '"Drive for Heat
Pumps' was held at the University of Essen, West Germany
at which the investigation of electric motors vs. combustion
motors for heat pumps was the primary topic. The forward of

the conference proceedings states: 'This issue of Drives for




Heat Pumps, as well as the conference in Essen, show that
either means of drive has its justification and that there

is ample room for both of them on the market.' Eleven of

the 17 papers presented were on I.C. engine drives for heat
pumps. One paper was a survey of 14 I.C. engine heat pump
systems installed and operating. Since then, several hundred
operating units have been installed in the field and major
corporations have started development projects.

In order to assess experimentally the potential problems
and opportunities for I.C. engine driven heat pumps, a heating
and cooling system for a single family residence was designed,
built, and tested around the Florian Bauer GWW 35 natural gas
driven heat pump package manufactured in West Germany. This
heat pump package has evolved over the past four years so
that many of the packaging, noise, vibration, and accessory
problemé have now been resolved. Purchasing this package
allowed this project to focus on the system concept rather
than its peripheral problems. The objective was to identify
experimentally the noise, vibration, reliability, and
maintenance problems of the I.C. engine gas heat pump concept
and to quantify the field efficiency of this particular system.
The project results will allow a more accurate assessment of
the potential of the I.C. engine heat pump than has been

previously possible.




Fundamental Thermodynamics

The heat pump is a device which operates in a thermo-
dynamic cycle and requires energy input to pump heat from a
low temperature reservoir (heat source) to a high tempera-
ture reservoir (heat sink). As a heating system, the heat
pump extracts heat from the surroundings (such as outdoor air
or ground water) and delivers it, along with the heat
equivalent of the energy input, to a conditioned space. By
extracting heat from the surroundings, the heat pump makes
more energy available for heating than is required for input.
This gives the heat pump its dramatic advantage over conventional,
direct heating systems. As a cooling system, the heat pump
removes heat from a conditioned space and rejects its, with
the heat equivalent of the energy input, to the surroundings.

The first law efficiency of a thermodynamic system is
defined as the ratio of energy sought to energy that costs.
For heat pumps, this ratio is expressed as the coefficient
of performance. The energy sought is either the heating
effect or the cooling effect, and the energy that costs is
the energy input. The coefficient of performance based on
work energy input is given the notation COPW, while COPH 1is
used to denote the performance based on heat energy input.
Subscripts H and C are used to indicate whether the energy

sought is heating or cooling.




When energy is supplied to the heat pump in the form of
heat, the result is a heat-driven heat pump. An energy flow
diagram for the heat-driven heat pump is presented in Figure
1. As a result of heat input QS’ at temperature TS‘ a
quantity of heat QC is removed from a reservoir at tempera-
ture TC, and a quantity of heat QH is rejected to a
reservoir at temperature T,,. From a simple energy balance

H
on this system:

QS = QH - QC (l)

and the coefficients of performance for heating and cooling

are:

COPH,, = W_ %
Ho Qg 4-Q 2
Q
Qe C _ 4.

The maximum performance theoretically possible
would be that achieved by a reversible heat-driven heat
pump. From the second law of thermodynamics, the Clausius

inequality requires that:
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Figure 1. Energy Flow Diagram of a

Heat-Driven Heat Pump
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§ R <0 (3)

where the equality holds for reversible processes. Then

for the reversible heat-driven heat pump:

Qs 8Q;  8Qy

5Q
$8Q - =4 €. =0 (%)
T TS TC TH
or
Og . Q _ Qq
.t T, T T, (3)
S C H

Combining equations (2) and (5), and simplifying, yields:

(1 - To/Tg )
(COPHY) 1oy, = I-T /Ty (6)
T 1-T./T ‘
_ C C’'™S
(COPHC)rev. - (TE)(I"TC7TH)

1 - (COPHH)

rev,

A system utilizing a Carnot cycle heat engine to
drive a Carnot cycle heat pump would represent a reversible
heat-driven heat pump. Such a system is shown in Figure 2.
The heat engine operates between temperatures TS and TC to

produce shaft work Wg. From an energy balance on the heat

engine:




Ts Ty
Carnot Cycle WS Carnot Cycle
Heat Engine > Heat Pump

v Q¢ AQc

Te

Figure 2. Energy Flow Diagram of an

Ideal Heat Engine~-Driven Heat Pump




WS = QS - QC' (7)
and the engine efficiency is:

Ws _Q5-Q¢ (8
Qg Qs

n—'——

Since all processes of the Carnot cycle heat engine are

reversible, equation (3) yields:

T, - T, 9

Equation (8) then simplifies to:

mHI &
(9]

\s
"Carnot ~ T ~ (10
The heat pump receives work input, WS, from the heat en-
gine to remove heat, QC' from the reservoir at TC and

reject heat, QH’ to the reservoir at TH' From an energy

balance on the heat pump:
Wg + Qc = Qq (11)

and the coefficients of performance are:

R (12)
s -

B

COPW,, =
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COPW. = k. %
C Wy Qy-Q

(@

Since the'Carnot cycle heat pump can be represented thermo-
dynamically as a Carmot cycle heat engine operating in

reverse, and all ﬁrocesses of the Carnot cycle heat engine
are reversible, all processes of the Carnot cycle heat pump

must also be reversible. Then equation (3) yields:

Q Q
- @
H C
and equations (12) simplify to:
(COPW,.) = (14)
H’Carnot I"TC7TH

TC/TH
(COPWC)Carnot = I-TC7TH

i

1_(COP"‘TH)Carnot

The products of equations (10) and (1l4) yield the coef-
ficients of performance for the combined system (i.e.,

the ideal heat engine-driven heat pump):

(cop (15)

(COPHH)Ideal = (n)Carnot Wﬁ)Carnot

1- TC7TH
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(COPH (COPW

C)Ideal - (n)Carnot C)Carnot

() (=)
S\t \T-T T/ T 1 - (COPHR) 14041

which are the same results obtained in equations (6).

Using typical temperatures for natural gas space heating/
cooling, the ideal efficiencies for gas heat pumps may be
calculated and compared with the ideal efficiencies of one
for furnaces and boilers. For heating, typical values of
g7 and TH are ZOOF, IOOOOF, and 140°F resulting in a
COPHH of 3.7. For typical space cooling values of 50°F, 1000°F,

TC’ T

and 120°F for TC’ TS’ and TH respectively, COPH. is 5.4. This

C
demonstrates the potential of the concept.

In practice, the Carnot cycle heat engine and Carnot
cycle heat pump cannot be achieved because they require
that all processes be reversible. Actual processes involve
irreversibilities, such as frictional losses and heat trans-
fer through finite temperature differences. An actual cycle
can, at best, only approach the Carnot cycle efficiency or
performance for a given application.

For heat pumps, the Carnot cycle performance is best
approached by the actual vapor-compression cycle, which is

shown schematically and on a temperature-entropy (T-S)

diagram in Figure 3.
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Figure 3. Schematic and T-S Diagram

of Actual Vapor-Compression Cycle
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For the vapor-compression cycle heat pump, work is
input to the compressor at a rate WS, heat is removed from
a low temperature reservoir by the evaporator coil at a
rate QEvap’ and heat is rejected to a high temperature

reservoir from the condenser at a rate QCond’ The heating

and cooling coefficients of performance are then:

%ond
COPW,; = —E’Wg’-‘— (16)
COPW, = Yevap
Wg

The natural gas-fired IC engine provides one means
for approaching the efficiency of the Carnot cycle heat
engine. In an IC engine, the working fluid operates on
an open cycle. Fuel is mixed with air, and the resulting
gas mixture is ignited in one of the combustion chambers
of a spark ignition engine. The product gas (or exhaust
gas) is then released from the chamber and rejected to
the surroundingé. In the combustion process, the chemical
energy of the fuel is converted to thermal energy. Some

of the thermal energy is then converted to mechanical
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energy (shaft work) through the use of reciprocating pistons.
The thermal energy that is not converted to shaft work is the
engine rejected heat, a fraction of which is dissipated through
the engine block. The remainder is carried away by the exhaust
gas.

For the I.C. engine, the energy rate sought is the shaft
work rate WS’ and the energy rate that costs is the gas input
rate QGas' The gas input rate is a product of the heating value
of the fuel and the rate of fuel consumption. The heating
value (Frequently termed "energy of combustion' or "heat of
reaction'"') is a measure of heat transfer from a constant volume
chamber during combustion at constant temperature. The first
law efficiency of the I.C. engine is then:

s (17)

n = <
Eng
QGas

It follows that the engine rejected heat rate is:

Qppg = (L - nEng)QGas (18)
When the I.C. engine is utilized strictly for per-

forming work, the engine rejected heat is not useful and

is commonly released to the surroundings. On the other

hand, when the I.C. engine is used to drive a heat pump
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for which heating is the energy sought, the engine rejected
heat is useful if it can be recovered. Therefore, a major
advantage of the I.C. engine-driven heat pump is its potential
for utilizing heat that is normally wasted.

The work of an actual heat-driven heat pump results from
the use of a natural gas-fired I.C. engine to drive the com-
pressor of a vapor-compression cycle heat pump. If a
fraction, e, of the engine rejected heat is recovered through

some type of heat exchange process, then an additional rate of

heat, éRec’ is available for space heating. From equation
(18):
QRec - EQEng = e(l - nEng)QGas (19)
Then for the actual heat-driven heat pump, the coefficients of
performance obtained from equations (16), (17), and (19) are:
QCOnd QRec
COPH, = ; + ; = ngng COPWy + e(l - nEng) (20)
Gas Gas
QEva
COPH COPW, = =Y2P

C -~ MEng C =
QGas

These are the coefficients of performance referred to throughout

the remainder of this text.




Using off-the-shelf advanced technology, reasonable

hardware values for an I1.C. engine heat pump are:

These values show that the present available component hardware

potential is 1.6 for COPH

”Eng = 0.25
£ = 0.8
COPWH = 4
COPWC = 4.

H

and 1.0 for COPH

C .
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A diagram of the

I.C. engine heat pump concept using this available component

technology is shown in Figure 4.
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SECTION II

I. C. ENGINE HEAT PUMP SYSTEM DESIGN

Description of Experimental System

The experimental system consists of a Florian Bauer
GWW 35 natural gas driven heat pump package with an accessory
exhaust gas/water heat exchanger for recovery of engine re-
jected heat, an integrated air/water heat exchanger with a
central air handling system, and instrumentation.

The Florian Bauer GWW 35 heat pump package utilizes a
1600 cc four cylinder spark ignition engine built by the
Ford Motor Company of Europe to drive a vapor compression
cycle heat pump. This package, manufactured and marketed
in West Germany, was designed to provide hot water for space
heating via a radiator system, as is common practice in Europe.
The manufacturer's specifications for this heat pump package
appear in Table 1. It was also designed to use underground
water rather than outdoor air as the external heat source/sink.

This water source system is not the development goal for
gas heat pumps, because applications using underground water
along with a water disposal sink (injection or stream) are
limited. However, the prime subcomponent under question in
I.C. engine heat pumps is the engine/compressor. This system
allows testing of this major subcomponent without the added

development effort to design and construct the outdoor coil,
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-Table 1. Florian Bauer GWW 35 Heat Pump Specifications

Maximum Heating Output
@ 1800 rpm:

Fuel Consumption Rate:
COPHH at Maximum Output:

Required Water Flowrate

@ 50°F Water Temperature:

Weight:
Length:
Width:

Héight:

129,700 Btu/hr

 84.9 ft/hr

1.49

15.4 gallons per minute
1,430 1b.
53 inches
34 inches

52 inches
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refrigeration reversing valve, and defrost controls. It was
believed that these outdoor air coil problems should be
decoupled from the engine/compressor testing and focused

on after the engine/compressor was proven quiet and reliable
with satisfactory maintenance.

This water-to-water heat pump was integrated with an air
duct system for producing heated and cooled air for space
conditioning. A water-to-water heat pump has both an
advantage and disadvantage with respect to an air-to-air
system. In heating, the well water evaporator is advantageous
over an outside air evaporator, but the hot water producing
condenser will be at a disadvantage compared to an air con-
denser placed directly in the air handler. In the cooling
mode, the well water cooled condenser will be advantageous
over an outside air condenser, but the chilled water evaporator
will be at a disadvantage compared to an air evaporator placed
directly in the air handler. 1In short, a water-to-water system
has the advantage of a well water "outside' coil but the
disadvantage of having two inside heat exchangers in series,
i.e. refrigerate-to-water and water-to-air rather than a
‘'single refrigerate-to-air.

An air-water heat exchanger and central air handling
system was integrated with the Florian Bauer heat pump to
provide heated and cooled air for space conditioning. Heat
is exchanged between a circulating water loop and house air

in an air handler with an ARKLA 5-ton vertical chill water
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coil, model number 60-136. The coil has a UA value of
approximately 4500 Btu/hr-°F. 1Indoor air is circulated
through the coil by a blower in the air handler with 1/2 hp at
a flow rated at 2000 cfm. Hot or cold water is circulated
tHrough the coil at a rated 10 gpm by one of two March Model
830, 1/5 HP pumps. An underground well behind the residence
supplies water at approximately 60°F year-round as the external
heat source/sink for this system. The well water is pumped
at a rated 6 gpm through one of the heat pump heat exchanger
coils by a self-priming Teel 1-1/2 inch, 1/2 HP pump.

The well was drilled with a small portable drilling rig
to a total depth of twenty-nine feet. A well screen and two-
inch PVC casing were inserted and cemented in place. A series
of pumping tests were conducted, demonstrating that the well
could supply ground water at a rate approximating ten gallons
per minute for a sustained period of time. After the water has
been utilized as a heat sink/source, it is disposed of in Burnt
Creek, which flows behind the residence. This plan of disposal
has been approved by the Georgia Department of Natural Resources.
An alternate plan of disposal that implemented a recharge well
was discarded due to the convenience the creek offered and to
its close proximity to the installation.

The Florian Bauer GWW 35 heat pump package was designed
to provide heat recovery from the engine jacket and the

exhaust manifold. As an accessory to this package, an external
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exhaust gas/water heat exchanger is utilized to recover
additional engine exhaust rejected heat.

The experimental system was designed to provide space
heating and cooling and domestic hot water. In winter, the
system can provide space heating (''Mode 1'") or it can heat
water for domestic use (""Mode 2'). 1In the summer, the
experimental system can provide simultaneous space cooling
and domestic water heating ('"Mode 3") or it can provide only
space cooling when the domestic hot water storage tank is
fully heated (''Mode 4").

A configuration of the experimental system is shown in
Figure 5. The system employs seven manually operated valves,
two automatic valves, two circulation pumps, and a well pump.
The manual valves are opened or closed only when it is desired
to change between the winter and summer modes. Essentially,
the manual valves perform the same function as a heat pump
refrigerant reversing valve. The automatic valves and pumps
are thermostatically controlled in order to change operating
modes in a given season of the year (i.e., between Modes 1
and 2, or between Modes 3 and 4). Table 2 provides a summary
of valve positions and pump operation for each of the four

modes of operation.

System Control

The system is controlled in an on/off manner. The four
modes (2 winter and 2 summer) were chosen by a Smart-Stat

solid state house thermostat and the domestic hot water
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Table 2. Experimental System Valve Positions

and Pump Operation

’

Winter (Space Heating)
Mode 1

Valve A-1 in position
Valve A-2 OPEN

1t n

a

MANUAL VALVES

Pump P-1 ON Valve M-1 OPEN
Pump P-2 OFF Valve M-2 CLOSED
Well Pump ON Valve M-3 CLOSED
Valve M-4 OPEN
Valve M-5 OPEN
Mode 2 Valve M-6 CLOSED
Valve M-7 CLOSED
Valve A-1 in position "b"
Valve A-2 OPEN
Pump P-1 ON
Pump P-2 OFF
Well Pump ON
Summer (Space Cooling)
Mode 3
Valve A-1 in position "b" MANUAL VALVES
Valve A-2 CLOSED
Pump P-1 ON Valve M-1 CLOSED
Pump P-2 ON Valve M-2 OPEN
Well Pump OFF Valve M-3 OPEN
Valve M-4 CLOSED
Valve M-5 CLOSED
Mode 4 Valve M-6 OPEN
‘ Valve M-7 OPEN
Valve A-1 in position "a"

Valve A-2 OPEN
Pump P-1 OFF
Pump P-2 ON
Well Pump ON
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thermostat. The winter space temperature control points are
69OF—on/720F—off, with summer conditions set at 77°F-on/
749F-off. The thermostat time clock provided winter set

back to 55°F from 11:00 PM to about 6:00 AM. The actual
morning reset time was determined by the Smart-Stat's optimal
warmup strategy which reset the thermostat as necessary to
reach 72°F by 6:30 AM. The domestic hot water temperature
setting varied but was typically 110°-0n/130°F-off.

The thermostats provided 24 volt control signals to a
group of relays which controlled the circulating pumps, air
handler fan, and engine/heat pump. Also, 3 two position
(winter/summer) toggle switches were incorporated with the
relays to choose the space heating modes vs. the space cooling
modes.

The priority of the two possible modes in each season
was set as follows:

(1) Winter: Space heating was taken as priority over

domestic water heating (DWH). If the heat pump

was in the DWH mode when space heating was called
for, the relays would immediately switch the system
to the space heating mode.

(2) Summer: Two modes were possible: space cooling
with simultaneous DWH, and space cooling with
rejected heat to the outside. DWH without
simultaneous space cooling was not possible.

When space cooling was called for, the system
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simultaneously heated water if the tank temperature
was below 130°F. If the tank was above lBOOF, the
system would reject its heat outside. The domestic
hot water thermostat would bring on DWH when the
tank dropped below 110°F. 1In this case, it would
always simultaneously cool the house regardless of
the room thermostat condition.

Providing space cooling in the summer when DWH was required,
regardless of the space temperature, did not overcool the house
except during some cool summer mornings when 4 showers would be
taken during a 30 minute period. This condition however, pro-
vided stored cooling so that thermostat demand for space cooling
was delayed until later in the day.

The relay controls are shown in Figure 6. This is the
detailed relay circuit controlling the circulating pumps, air
handler, and engine/heat pump. The engine/heat pump was
activated by closure of CR-1, 2, or 3. At this point, starting
of the engine/heat pump was carried out by separate controls
in the engine/heat pump package. The starter was engaged for
a period of 5 seconds, and the compressor bypass solenoid valve
(to prevent starting against a compressor load) was opened for
a period of 10 seconds. If the engine failed to sense oil
pressure within 10 seconds, the engine/heat pump shut down on
default, requiring a manual reset to reinitiate the starting
cycle. These engine/heat pump starting controls were provided

as part of the package by Florian Bauer.
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Contacts
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Figure 6: Heat Pump System Controls
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SECTION TIII

INSTRUMENTATION

Long Term Monitoring

The monitoring of the heat pump over long time periods
required an accumulating instrumentation system to accumulate
1) gas usage, 2) heat output, 3) cooling output, and 4) run
hours.

The natural gas input was measured by installing a meter
on the gas line leading to the engine. This meter is of the
same type used by a gas utility company to measure domestic
consumption for billing purposes. An hour meter was installed
on the heat pump to measure the cumulative run time. The
accumulated gas consumption could then be read from the meter
and the average rate of gas consumption could be calculated
by dividing the net gas consumption by the measured run time.

Energy supplied by the hot and chilled water loops was
measured through the use of a pair of RHO-SIGMA model RS-805
Btu meters; they employ a flowmeter and a palr of temperature
sensors placed in the supply and return of the respective hot
and chilled water circuits. The Btu meters display the
cumulative number of gallons of water that have flowed and
the cumulative number of Btu's of heat transferred in the
heated and chilled water circuits. The heating and cooling
rates can be calculated by dividing the net number of Btu's

of heat transferred by the run time.




28

The BTU meter thermisters have a manufacturer's stated
precision of + 0.4°F with a nonlinearity which "does not
have a measurable effect on the Btu-meter.'" The signals
from the thermisters enter the RS-805 two bridge resistors
which are matched to an accuracy of + 0.04%.

The arithmetic circuitry directly measures the temperature
difference between the two sensors rather than the absolute
temperature of the sensors. 'This direct measurement minimizes
signal processing which can introduce error. The temperature
difference is converted to a digital signal through use of a
digitally generated voltage staircase specifically shaped to
eliminate the remaining non-linear influences of the thermisters.
The 255 steps in the staircase determine the 19F resolution of
the temperature differential measurement. One step is
generated for each 1°F.

The flow meters are a Kent model number C-700-FE (plastic)
on the cold water circuit producing 4 pulses per gallons, and
a R5-807B (brass) on the hot water circuit producing 200 pulses
per gallon. The maximum stated error of the flow meters above
0.5 gpm is + 1%. The pulses from the flowmeters trigger the
voltage stailrcase which in turn triggers an oscillator in
phase with the staircase. A positive temperature differential
opens a gate which feeds the oscillator pulses into a counter.
The number of pulses sent to the counter is directly proportional

to Btus. When the counter accumulates the equivalent of 1,000
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Btus, it increments a 6-digit counter and resets the circuitry.
. o
The overall stated accuracy for the Btu meters with a 10°F

water AT, which was typical, is + 5%.

Computer Data Acquisition

In order to obtain more detailed data on the heat pump
system's performance, a data acquisition system was designed
and implemented to allow measurement of 12 temperatures, 2
water flow rates, natural gas flow rate, and all energy flow
rates with a time resolution of 1 minute. The data system
used an Apple II microcomputer with an ISAAC A/D interface
made by Cyborg Corp.

Twelve thermocouple millivolt outputs were conditioned
by 12 Analog Devices 252A amplifiers with internal reference.
These 0 to 5 volt signals were fed into the ISAAC where they
were digitized on a 0 to 4096 count scale and read by the
computer on command. The location of: the 12 thermocouples is
shown in Figure 5.

Two counter channels in the ISAAC accumulate 0 to 5 volt
pulses from the same two Kent water flow meters used by the
Rho Sigma Btu meters previously described. These hot and cold
loop water meters produce 200 pulses per gallon and 4 pulses
per gallon, respectively. A third counter channel accumulates
pulses from a DARCOM encoder fitted to the 1/4 cubic foot per
resolution dial of the gas meter. This magnetic activated

pulser produced five 0 to 5 volt pulses per revolution and
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was input to the ISAAC. These three counter channels were
read each minute by the computer, which automatically zeroed
the counters, giving flow rate per minute.

Additionally, two binary input ISAAC channels read the
on/off status of control relays which determined when the
system was on and which of the four operating modes the
system was in.

The 12 bit digital thermocouple readings and 16 bit
flow rate readings were read by the computer each minute
after startup. The ISAAC's internal calender/clock supplied
the day of week, date, hour, minute, and second for these
readings. A complete system calibration was carried out on
the thermocouple channels by placing all thermocouples, along
with a mercury thermometer certified to a + 0.1% accuracy, in
a 50°C ice bath and boiling water bath. A second order cali-
bration curve was derived for each thermocouple channel to
convert the counts to degrees C.

A basic language program was written for the Apple II
which, upon heat pump startup, would log the time and date
and read all data channels each minute. The energy flows

were calculated as follows:

. _ . 3
Quas = Vgas (1028 Btu/ft”)

Q = (n
Cond (me)Cond(T4 - Ty

Il

QEvap A (me)Evap(Tl - Ty
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The total rate of engine rejected heat recovered was deter-

mined by:
QRec = (mCP)Cond(T4 - TS) + (mcp)Cond (T6 - T3)
Engine Jacket Exhaust Heat
+Exhaust Manifold Exchanger

Minute by minute COP's were calculated by the program with:

COPHC - QEvap/QGas

COPHH - (QCond + QRec)/QGas

A complete schematic of the data acquisition system is shown
in Figure 7. All data was converted to engineering units.
This temperature and flow rate data, with calculated
energy flow rates and efficiencies, was then printed on the
screen, paper printer, or floppy disk, as appropriate. An
accumulating subroutine was used to yield accumulative run

times, energy flow, and efficiencies in longer term tests.




INSTRUMENTATION SCHEMATIC

[

5 3 "

5 ': N T 3 S E

s8] 811518 o 2| g g |2

Sl1al2l=1Zt8|28 0o ol 81 & im

Higlelale o 2 slAal o & 15

1) ké — o i Hg gl-h Ly .
(4] Q = o= 'ﬂa - o - |
518 318l xlsd ég ~ = | B = 8 |8
2|8 3 8 = 2 o g 'g 31 8| v 8 |2
HEEEEEE :

. . — =~ | & L=~ [}]

FIEIdIElslplElE|S|E]2]2 T g2
Alald|8|R|8 82|23 |E]4 81818 2 |& (&
1 |.I 1 1 [] ] 1 1 ) ) 1 ] ) 1 ] 1 1]
Sl N M) g o wn]l W] i~ o )l o] — ™ ] Ny -] N M
2l 22 \Lf“vf"\LHn a2l SN2 [_L_'\L[_L_Uq_ﬁu CRAENAS \eram,ij v
Signal Conditioning § A/D Converters Pulse Accumulation Binary Inputs

Multiplexer -

Cyborg Issac

Apple Computer

Color Video Display
(Graphics)

rA%

Memory /Processor
Calendar/Clock
Keyboard
1. Twelve Temperatures
2. Gas Rate § Accumulative Use
3. Heating Rate § Accumulative Output
4. Cooling Rate § Accumulative Output
5. One Minute Average COP's
6. Daily Average COP's
7. Date § Time
MX-80 53"" Floppy
Epson Printer Disk Storage
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SECTION IV

EXPERIMENTAL PERFORMANCE

Introduction

The Florian Bauer heat pump package was received from
West Germany in December 1980. It was integrated into a
residential heating/cooling system during early 1981, and
since June 1981, has provided the space heating/cooling for
the residence.

The residence is a 3200 square foot three story brick
structure with glass composing 50% of the southeastern wall.
This glazing has a ten foot overhang for summer shading. The
structure was built in 1965. A five ton electric air conditioner
was installed in 1965, with a 200,000 Btu/hr furnace installed
in 1976. Hot water was supplied by a 40 gallon gas water
heater installed in 1976. The house thermal "UA" value is
about 680 Btu/hr-oF.

Analysis of data from 1978 to 1980 showed that natural
gas consumption for space heating averaged 1000 therms
annually with the furnace operating about 500 hours per year.
An hour meter was installed on the electric air conditioner
from 1979 to 1980 showing an average of 525 hours per year
with 4200 kwhr electrical consumption annually.

Seasonal data was accumulated by the Btu and gas meters

during the summer of 1981 and winter of 1981-82. 1In early
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1982 the computer data acquisition system was installed,
allowing more accurate data acquisition with one minute time
resolution. During the summer of 1982, the Btu meters were
checked against the computer data acquisition system. Both
steady state and transient data were then taken to determine

performance in detail.

Seasonal Performance

The system became operational on June 13, 1981 and the
Btu meters became fully operational July 24, 1981. The system
was closely monitored as it provided space cooling until
October 13, 1981 when the heat pump cooling run time was
547 hrs. On almost a daily basis, the gas meter, hot and
chilled water Btu meters, and heat pump hour meter were read
and recorded. An abbreviated tabulation of this data is
shown in Table 3. The engine speed was fixed at 1200 rpm.

In January 1982, new thermisters were installed on both
Btu meters, since questions had arisen regarding the Btu meter
accuracy. There was a slight (5%) reduction in the hot water
Btu output after the new calibrated thermisters were installed.
At the end of February 1982, a time delay relay was added to
keep the air handler fan and air coil water circulating pump
on for 6 minutes after the engine turned off. This "spindown"
recovered additional heat from the engine. The system ran in
the space heating mode until May 24, 1982, when it was then
switched to cooling. On October 18, 1982, it was again

switched to heating.
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TABLE 3

Long Term Performance Raw Data

Date EEE vGas QHeat QEvaE
(Brs) (100 ft3d) (1000 Btus) (1000 Brus)
7/27/81 401 2,317 18,441 13,143
9/10/81 534 2,403 20.434 18,130
10/13/81 547 2,411 32,192 18,710
10/13/81 =  cccc-ce--o Switched to Heating----------
10/13/81 547 2,411 32,192 18,710
12,708/81 682 2,505 44 877 22,801
01/02/82 827 2,600 59,014 27,720
01/30/82 1,048 2,747 81,361 34,903
01/30/82 ----c---- NMew Thermisters Installed-------
02/28/82 1,188 2,836 93,721 39,524
02/28/82 e-cc---- Added A/H Fan and Pump lelay----
03/31/82 1,288 2,897 102,600 42,792
05/0282 1,306 2,909 104,180 43,364
05/29/82 1,339 2,929 107,274 44,388
05/29/82 -------- Switched to Cooling----==-=-vc---
05/29/82 1,339 2,929 107,274 44,388
06/26/82 1,413 2,978 114,826 47,016
07/31/82 1,539 3,063 128,302 52,419
08/18/82 1,631 3,124 137,975 55,569
09/09/82 1,731 3,178 146,981 59,164
10/18/82 ccceea-- Switched to Heating-------------
10/18/82 1,731 3,206 151,926 Broken

04/19/83 2,402 3,646 218,705 = ------
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All readings have been plotted against run hours and a
least squares straight line was fitted to each season's segment.
The results agree with merely taking the seasonal incremental
accumulative numbers and dividing by the incremental seasonal

run time. The following resulted:

Season EEE QGaS QHeat COPHH QEvap COPHC
(Hrs) (Btu/hr) (Btu/hr) (Btu/hr)

Summer 81% 146 66,000 94,000 38,100 0.58

Winter 81-2 792 67,100 94,800 1.41 32,400

Summer 82 415 68,500 107,600 39,500 0.58

Winter 82-3 648 69,700 103,100 1.48

*Partial Summer starting 7/24/81. Full summer hours - 547,

These results are summarized graphically on the heat pump
system schematic in Figure 8 for heating and Figure 9 for cooling.
In these figures, the values for the two heating seasons are
averaged and the two cooling seasons were averaged to get
overall heating and cooling performance. They represent Seasonalk

Performance Factor values.
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FIGURE 8: SEASONAL SYSTEM HEATING PERFORMANCE
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FICURE 9: SEASONAL SYSTEM COOLING PERFORMANCE
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Engine/Compressor Performance

Data was taken from the experimental heat pump system
for the purpose of determining engine/compressor performance
(gas input rate, condenser and evaporator heat rates, and
the heat recovery rate) as functions of the condenser and
evaporator refrigerant temperatures. With the engine speed
held constant, the gas input rate and condenser and evaporator
heat rates are uniquely determined by the two refrigerant
temperatures. The heat recovery rate is additionally depend-
ent upon the variable water temperature and flow rate at the
inlet to the exhaust heat exchanger.

Four operating conditions, each specified by a condenser
refrigerant temperature and an evaporator refrigerant tempera-
ture, were used to obtain the experimental data. The operating
conditions, listed in Table 4, were chosen near lower and upper
temperature extremes in order to obtain a good representation
over the range of experimental operating conditions. In order
to achieve steady-state for each of the specified operating
conditions, three different operating modes were required as
indicated in Table 4.

The water temperature at the inlet to the exhaust heat
exchanger (and, therefore, the heat recovery rate) varies with
the operating mode. During normal heating operation, this
temperature would be constant, yielding a constant exhaust

temperature of approximately 130°F at the heat exchanger outlet.
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Therefore, the measured heat recovery rate was corrected by
calculating the change in exhaust heat recovery due to fixing
the final exhaust temperature at 130°F.

A total of forty tests (ten for each of the four
operating conditions) were conducted at a constant engine
speed of 1200 rpm. After establishing steady-state (as
determined by continuous monitoring of water temperatures
in the condenser and evaporator loops), the gas input rate,
condenser and evaporator heat rates, and heat recovery rate
were computed for one-minute tests and logged by the APPLE/
ISAAC instrumentation system. For each set of operating
conditions, the data was averaged over ten tests, and the
results are given in Table 5. Included are the mean values
and estimated true population standard deviations for the
measured gas input rate, the measured condenser and evaporator
heat rates, the measured heat recovery rate, and the corrected
heat recovery rate.

The data presented in Table 5 provides an indication of
the dependence of engine/compressor performance and the heat
recovery rate on the condenser and evaporator refrigerant
temperatures. For a change in one of the refrigerant
temperatures with the other held constant, a change is estimated
for the gas input rate, condenser and evaporator heat rates, and
the heat recovery rate. The question was raised as to whether
these changes are actual, or due to random error in the experi-

mental data. A statistical analysis was performed to determine
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confidence intervals for changes in the data (dependent
variables) resulting from changes in the refrigerant

temperatures (independent variables).

- - (n+m)(nc%+mo%)
Confidence Interval = X, - X, + tp Am(aTm=2)

where Xy and gz are the averaged dependent variables involved
in the change of one of the independent variables, 9y and 9,
are the estimated true population standard deviations for the
dependent variables, and n and m are the numbers of
dependent variable data points. The variable tp is tabulated6
as a function of the degrees of freedom (n+m-2) and the
confidence coefficient. For this data, the degrees of freedom
are 18, and for a confidence of 90%, tp = 1.734; 95%, tp = 2.101;
and 99%, tp = 2.878. Confidence intervals for the changes in
data, resulting from the increase in condenser refrigerant
temperature are listed in Table 6. The negative signs on some
of the interval bounds indicate that those rates decreased when
the condenser temperature was increased. Confidence intervals
for the changes in data resulting from the increase in evaporator
refrigerant temperature are given in Table 7.

A good degree of confidence is indicated when the intervals
are small relative to the magnitudes of their bounds. A review
of Table 5 and 6 indicates a good degree of confidence in the

change in condenser and evaporator heat rates for a change in




42

either of the refrigerant temperatures. This implies that the
rate changes are more likely due to changes in operating
conditions than to random error in the data. On the other

hand, little confidence can be placed in the change in heat
recovery rate accompanying changes in either of the refrigerant
temperatures. For instance, it is not known with a 997 certainty
whether the heat recovery rate increases or decreases when the
condenser temperature is increased.

A multiple variable, linear regression analysis program,
available through an APPLE computer software package, was used
to determine a linear relationship between the heat pump per-
formance and the condenser and evaporator refrigerant tempera-
tures. Data from all forty tests was used for the analysis.
The results are included in Table 8 along with statistical
analysis of the curve fits. These results are useful in design

optimization of I.C. engine heat pumps.

System Steady State Performance

The computer data acquisition system supplied data from
startup to establishment of steady state conditions for both
the heating and cooling modes. Steady state was established
in 20 to 30 minutes in the cooling mode and 30 to 40 minutes
in the heating mode. The warmup period was longer for the
heating cycle dﬁe to the higher equilibrium temperature in the
hot water loop (about 140°F vs. 70°F). The speed was held

constant at 1200 rpm.
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Table 9 shows the steady state values for the temperatures,
energy flow rates, and COPH's. The temperature numbers are
labeled on the system schematic in Figure 5. 1In the heating
mode, 57% of the heat was produced by the condenser, 417% from
the engine cooling jacket and integral exhaust manifold/HX,
and 2% from the external exhaust heat exchanger. The evaporator
and condenser temperatures were about 31°F and 132°F, respectively.
Only 1 1/2% of the gas input plus evaporator input energy is
unaccounted for. The only significant loss would be in the
exhaust gases which are at 117°F. The accuracy of this '"'lost' -
heat number is very low due to accumulative errors of the
numbers totaled to derive it.

In the cooling mode, 597% of the rejected heat comes from
the condenser, 397 from the engine cooling jacket and exhaust
manifold, with 2% coming from the external exhaust heat exchanger.
The evaporator and condenser temperatures were approximately
33°F and 88°F, respectively. Only 3% of the total gas and
evaporator energy input is unaccounted for. Again, the accuracy
of this number is low, but with a 75°F final exhaust temperature
and insulated heat pump package, the unmeasured energy flow
should be small.

The larger fraction of heat coming from the condenser in
the cooling mode is due to the lower condenser temperature
and pressure, yielding both a higher refrigerant mass flow

and a lower engine loading.
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Table 4. Steady-State Operating Conditions
Operating Operating
Condition TEvap(oF) TCond(oF) Mode

) 275 145.4 4
3 14.0 95.0 1
4 39.2 95.0 3

*Mode 3 was modified by opening valve M-5 and placing

valve A-1 in position '"a".

L ] |




Table 5. Averaged Experimental Data

° x Btu,| & Btu,| x Btu Btu, | ACorr ,Btu

gpegéiltt:%ng Evap( P TCond(oF) QGas(F) QCond(’Iﬁ”) QEvap AR, GRec(TTr_) Rec Chr '
ondition t Btu Btu Btu Btu Btu

IO(TET)] [U(Tﬁr)] lo(Tﬁ;. lo(Tﬁr [U(TET))

27.5 86.9 76950 67384 49804 55374 49813
[0} (1871} (9571 (3041} (30411
27.5 145. 4 84645 49639 29781 47261 47261
[1539] [863) [363] [1127] [1127]
14.0 95.0 70178 43492 32438 51791 47176
[1231] [2424]) [425] [3396] [3396]
39.2 95.0 79412 82614 61362 57706 51968
(1231} [1821] [1520] [1488) [1488)

i



Table 6. Confidence Intervals for Increase

in Condenser Temperature

Confidence Coefficient

907 959, 997
6Gas(3t“) [6805;8585] [6617;8773] [6219;9171]
Mg ) [-18936;-16554] [-19188;-16302] [-19722;-15768]
Angap(Btu) [-20615;-19431) [-20740;-19306] [-21005;-19041)
AERec(%%E) [-4426;-677] [-4823;-281] [-5663;559]

9%




Table 7. Confidence Intervals for Increase

in Evaporator Temperature

Confidence Coefficient

90% 95% 997
2, (Btyy [8228;10740) [8015;10453] [7564;10904]
Gas * hr ’ ; LU
T ) [37370;40874] [36999;41245] [36213;42031]
88y ap (h) [28010; 29838 [27816;30032) (27406 ;30442
20 o (F2) [2649;6935] 12195;7389] [1235;8349]

LY




Table 8. Results of Multiple Variable,

Linear Regression Analysis

Btu *
ans(T;—) 372.91Tg,,, + 159.80T 4 + 50838
Coefficient of Determination (RZ) = .89434

Coefficient of Multiple Correlation = .94570

Standard Error of Estimate (Btu) = 1801.6

Btu - - +
QCOnd(1T‘) = 1553.5'rEvap 298.68T, 4 + 50292
Coefficient of Determination (Rz) = ,98577

Coefficient of Multiple Correlation = .99286

Standard Error of Estimate (Btu) = 1918.3

Btu _ - %
QEvap(TT—) = 1145.8TEvap 351.09TCond + 49420
Coefficient of Determination (Rz) = .99377

coefficient of Multiple Correlation = .99688

Standard Error of Estimate (Btu) = 1064.6

Btuy _ *
-Rec(hr) 189.52'I'Evap - 46.400TCond + 48827
Coefficient of Determination (Rz) = .39396

Coefficient of Multiple Correlation = .62766

Standard Error of Estimate (Btu) = 2558.6

*TEvap and TCond in °F
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Temperatures (°F)

TABLE 9

Steady State Performance

Heating Mode

49

Cooling Mode

T10

Evaporator water inlet
Evaporator water outlet
External exhaust HX water inlet
Condenser water inlet
Engine water inlet
Engine water outlet
Exhaust gas outlet
A/H air inlet

- A/H air outlet

Energy Flows (Btu/hr)

Gas consumption

Engine & exhaust manifold recovery

External exhaust HX recovery

Condensor heating

Total heating

Evaporator Cooling

COPH's

Heating

Cooling

57.
43,
113,
113.
129.
140.
117.
70,
108.

w

O O 00 N B~y N W

68,700
40,100
1,800
55,700
97,600
30, 400

1.42

[N

52.
42,
60.
61.
77.
88.
74,
77.
59.

O U1 N W Oy N W

67,700
40,600
1,900
62,300
104,800
40,700

0.60
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because the return water temperature from the air handler
was driven up as a higher rate was put through the air-water
coil. The well water temperature supplying the evaporator is
of course constant with varying speed. These speed effects
would not be as large with an air-to-air system without the
additional water heat exchange process.

Figure 11 shows the resulting COPH for the varying speed.
The efficiency is seen to decrease by about 15%, while the
total heating rate increases by just over 20%, for a 25%
speed increase. Again, it should be noted that the water-to-
water heat pump will show larger efficiency penalties with

increasing speed than does an air-to-air system.

Cycling Effects

The effect of on/off cycling of the heat pump in its
performance was studied two ways. First, run-by-run data
was accumulated by the computer data acquisition system.
It printed out the average energy flow rates and COP's for
each on-cycle, along with that cycle's on-time and prior
off-time. Statistical analysis was carried out on this
data to determine the correlation of the average cycle
performance as a function of the cycle's on-time and the
prior off-time. No significant dependence of any of the
variables was found on these cycle times.

Due to this unexpected result, a cycling test was run

which was patterned after the U.S. Department of Energy's test
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procedure for measuring electric air conditioner and electric
heat pump cycling effects, published January 1, 1982, (Chapter
2, Title 10, Subpart B, Appendix M). 1In this test a 30 minute
run is made to establish steady-state conditions, followed by
a 30 minute period during which the steady-state performance
is measured. During the next 30 minute period, the heat pump
is off 24 minutes and then turned on for 6 minutes. This 24
minutes off, 6 minutes on cycle is repeated twice with the
last 6 minute cycle being used to measure the performance
during cycling relative to the initial steady-state values.

A DOE cycling degradation coefficient, C is defined as:

D’
610) 2
Coo = 1 - =57 —- 1 - SEXE
D COPgq Qs

where ( )Cyc indicates the values for the last 6 minute on
cycle and ( )ss is the 30 minute steady-state measured values.
In these tests the CD repeatedly came out negative, indicating
and improvement in efficiency during cycling.

This unusual result is shown to be due to the "'spin down"
cycle which extracts the engine/condenser heat for 6 minutes
following an on-cycle. This spin down reduces the hot water
temperature from about 140°F to less than 110°F. Since the
condenser is in the same hot water loop with the engine and
exhaust, this sigﬁificantly reduces the average condenser
temperature during cycling compared with steady-state, while
still extracting all the engine heat. Accessory energy is

also increased.
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This cycling effect may not be the same with an air-to-
air system, since the I.C. engine heat pump condenser tempera-
ture would not be tied to the engine temperature. However,
since approximately half of the total heat comes from the
engine, cycling effects of an I.C. engine heat pump would be
expected to be substantially less than an electric heat pump,

particularly if a spin down cycle is used.

Reliability and Maintenance

One of the goals for the I.C. engine heat pump is to have
a maintenance interval greater than once annually. This goal
was exceeded by this experimental system in that no scheduled
or unscheduled maintenance was carried out during the over 200
running hours, except for the installation of an o0il sealing
gasket on a cover plate on the side of the engine. No oil
changes, spark plug replacement, timing adjustment, or any
other maintenance has been required or performed. Spark
plug gap is still under 0.040 inch due to special tip materials.

0il analysis has been carried out, showing at the 1750
hour point, that the o0il was still completely serviceable.

The analysis at 1750 hours is shown in Table 10. The 15 quart
capacity is continually recirculated.

Reliability has been nearly 100%, except for several
increasingly frequent occasions when the engine failed to
start during the first 5 second fixed starting period. This
failure occurs generally after the heat pump has not run for

a long period of time. After five seconds, the starter is
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deactivated; if oil pressure is not sensed 10 seconds after
starter initiation, the controls shut the unit down on
default. In almost every start failure, a manual reset

to allow a second try was successful. A third and four try
was required in isolated instances. This problem could be
overcome by using controls to reinitiate the start cycle

automatically.

Noise Levels

Sound levels of the unit have been measured using a
an A weighting scale. Inside the furnace room the levels
were as follows for individual components running and with

the total system running:

Background - 57 dBA
Air Handler Only - 61 dBA
Water Pump Only - 57 dBA
Heat Pump Only - 62 dBA
Total System - 63 dBA

Sound levels were also measured outside at a 6 foot
distance from the exhaust outlet. The outlet is 8 inches
above a concrete slab and 6 inches from a 8 foot high
concrete block wall. The second level at a distance 6 feet

from this wall is 60 dBA.
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Electrical Accessory Power

The electrical accessories with this gas heat pump are
1) a 1/2 hp A/H fan drive; 2) two 1/5 hp closed loop water
circulating pump drives (only one is on in any mole); 3) a
1/2 hp well water pump drive, and 4) a lead acid battery
charger. The battery charger draws about 10 watts and is
not significant. The kilowatt draw of the other accessories

are:

Fan - 0.73 kw

Well Pump - 0.61
Circulating Pump (1) - 0.24
Total - 1.58 kw

The 1.6 kw power is drawn during the heat pump operating
hours. 1In addition, for 6 minutes after the heat pump is
shut down, the fan and one circulating pump operate, drawing
a total of 1.0 kw.

A separate kilowatt hour meter accumulated the electrical
consumption of these accessories. The average kwhr consumption
was 1.91 kwhr per hour of heat pump running time. This average
compares with the gas consumption of 0.67 therms per hour. At
a 3.5 ratio for electrical energy cost to gas energy cost (6.5
¢/kwhr and 55 ¢/therm), the electrical accessories energy cost

is 25% of the total heat pump system operating cost.
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Performance Improvements

Changes for improved efficiency performance would be to
retrdfit the heat pump with a smaller displacement engine. The
present Ford 227E 1600 cc engine is operating at 25% of its
rated full load. Figure 12 is a plof of engine efficiency
vs. % load with engine speed as a parameter. From this figure
it can be seen that at 25% loading and 1200 rpm, the engine's
thermal efficiency is about 16%. If this engine were replaced
by a Ford 2271E 1100 cc engine, the loading would increase to
approximately 367%. From Figure 12, this increased load at
1200 rpm would result in a thermal efficiency of about 197%.
This change alone would yield a 25% improvement in cooling COP

and about a 10% improvement in heating COP.
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SECTION V
AIR-TO-AIR I.C. ENGINE HEAT PUMP ANALYSIS

Introduction

The water-to-water heat pump tested gave information on
the critical engine/compressor subcomponent in terms of the
physical characteristics, maintenance, noise, and reliability
of I.C. engine heat pumps. However, the efficiency information
is not directly applicable to air-to-air heat pumps. Even so,
the experimental data taken on just the engine/compressor
yielding energy rates and efficiencies for varying condenser
and evaporator pressures makes it possible to calculate
accurately the performance of the same engine/compressor
operating with a given size of air condenser and evaporator
coils.

The proposed system model diagram is given in Figure 13.
Indoor and outdoor air are used as the heat source/sink for
the vapor-compression cycle heat pump. Heat is removed from
the source and rejected to the sink via two refrigerant-air
heat exchanger coils. These coils are fixed in position, but
the reversing valve makes possible a change in the direction
of refrigerant flow to and from the compressor. The direction
of refrigerant flow defines which coil is the condenser and
which is the evaporator, and thereby defines the direction of

heat flow.
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Water is used as a transger medium to remove combustion
waste heat from the natural gas-fired I.C. engine. Heat
removed from the engine block and exhaust gas is rejected
to the heat sink via one of two water-air heat exchanger
coils. A reversing valve is used to circulate water from
the engine to the indoor coil (for simultaneous engine cooling
and space heating) or to the outdoor coil (for engine cooling
during space cooling).

An analytical model optimizes the air coils for the
engine/compressor tested. The engine/compressor performance
and heat recovery data are taken as input from the experimental
data shown in Section IV. The operating performance for space
heating and cooling is determined as a function of the
refrigerant-air coil air flow rates and heat exchanger UA's
(overall heat transfer coefficient times total wall surface
area) for a range of outdoor air temperatures. The annual gas
consumption required for space heating and cooling is then
calculated for fixed residential thermal characteristics
(UA - 680 Btu/hr-°F) and weather data using the "bin" method
of analysis. From this data, the indoor vs. outdoor
refrigerant coil UA is optimized. The annual performance for
varying total indoor plus outdoor coil UA is then calculated
so that the perfbrmance of this engine/compressor subcomponent,
operating in an air-to-air system, may be determined for a

given total air coil size and cost.
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Analysis

Energy balances on the air flowing through the condenser

and evaporator coils produce these fundamental equations:

Qond = (mcp)Cond(To - Ti) cond

({ncp> (T

QEvap Evap i To)Evap

where the Cp's have been assumed constant and the temperature
subscripts, i and o, refer to the air inlet and outlet of
the coils. Another set of fundamental equations is obtained

from counter-flow heat exchanger analysis:

QCond N [UA(LMTD)]Cond = Ua

= e
i
L

[UA(LMTD)]Evap UA

QEvap . =T

gn_l;_T@_aR Evap

o “Evap

+3

where LMTD 1is the logarithmic mean temperature difference
between the refrigerant and the air.

The heatingiand cooling requirements of the residential
structure define the house load, from which the annual gas
consumption can be determined. When the outdoor air temp-
erature (or ambient air temperature) is below the desired

indoor air temperature, the required heating rate is:
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Qr, = (W gouse(Ty - Tamb)Heating

Similarly, when the ambient air temperature is above the
desired indoor air temperature, the required cooling rate
is:

(T T.)

Qe = (U8) amb - Ti

House Cooling

These equations assume that the house model UA is independent
of the ambient air temperature. 1In a study by the National
Bureau of Standards, the historical energy consumption for
heating and cooling was correlated with weather data, and
good agreement was obtained using a constant house model UA.
The bin method is used to estimate the annual heating and
cooling loads from the last two equations.

The above equations represent the analytical heat pump
model. Together, they comprise nine equations with unknowns.

T T

The unknowns are Tcond, TEvap; Ocond’ OEvap' QCond’ QEvap’

. . e i
QRec' QGas' The remaining variables are input
parameters. These include the house model UA and the condenser
and evaporator coil inlet air temperatures, air flow rates,
and UA's. For heating, T. is the desired indoor air

Llcond

temperature and Ti is the outdoor air temperature. For
Evap

cooling, the coils are reversed so that Ti is the outdoor
Cond

air temperature and T, is the desired indoor air temperature.
Evap

In matrix form, these equations are easily solved (for a given
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set of input conditions) by Gauss elimination; If these
calculations are performed at the median outdoor air
temperature of each bin, the results can be used to deter-
mine the total annual gas consumption for heating and
cooling of the residential structure.

A computer program was set up on an APPLE II computer

to run through all of these calculations.

Input Parameter Considerations

The desired indoor air temperatures are chosen to be
68°F for heating, and 76°F for cooling, normal conditions
for residential and small commercial establishments. The
house model UA is taken from a heating and cooling load
study on the Atlanta residence accommodating the experimental
heat pump system. In that study, the UA was estimated at
680 Btu/hr-°F for both heating and cooling. The analytical
heat pump design is optimized for this house load. The
results are applicable to varying house loads if all system
components are scaled proportionally.

In cooling, approximately 757 of the heat removed from
the indoor air was assumed to be in the form of sensible
heat. The remaining 257 was assumed to be latent heat due
to dehumidification. To account for this dehumidification,
the specific heat of the air flowing through the evaporator

in the cooling mode is increased by a factor of 33% (25%/75%).
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The indoor air flow rate is taken to be constant at
2500 cfm. This constant is necessary to ensuré a high enough
condenser air outlet temperature (lOS-llSOF) in the heating
mode to prevent draft chill, and a low enough evaporator air
outlet temperature (SO—SSOF) in the cooling mode for sufficient
dehumidification. The outdoor air flow rate is varied pro-
portionally with the outdoor coil UA, such that the ratio of
coil UA to volumetric flow rate for the outdoor coil is fixed

Btu/hr-°F
ctm '

coil is fixed at a typical value of 2.0
Three locations, Atlanta, Chicago, and Orlando, are
chosen as having representative average, cold, and warm
climates. The weather data (hours per year at each temper-
ature bin) for these cities is found in U.S. Air Force
Manual 88-29. In climates much colder than Chicago's, the
heat pump may become less cost effective than direct heating
systems because of the lower outdoor air (source) temperatures.
In climates much warmer than Orlando's, the natural gas heat

pump begins to lose its advantage over the electric heat pump

because of the reduced heating hours.

Performance Optimization

The optimum heat pump performance for each city is
determined by vafying the ratio of indoor coil UA to outdoor
coil UA. The optimum UA ratio, for a fixed total coil UA

(indoor coil UA plus outdoor coil UA), or a fixed total coil
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cost, is defined as that yielding the lowest annual gas
consumption. The annual gas consumption is calculated for
total coil UA's of 2500, 5000, 10000, and 15000 Btu/hr-°F
at various UA ratios. The results of these calculations
are graphed in Figures 14-16.

A curve is drawn through the optimum performance points
in each of the graphs, and it is expected that the optimum
performance for other values of total coil UA lies along
these curves. The shape of these optimum performance curves
is explained by considering that the total annual gas con-
sumption is the sum of the annual gas consumption for both
heating and cooling. The optimum UA ratio for heating
decreases with increasing total coil UA, while that for
cooling increases with increasing total coil UA. The degree
of interaction between the two separate performance curves
is dependent upon the heating and cooling load requirements.
Listed in Table 11 are the heating and cooling loads for each
city, along with the optimum heating, cooling, and overall UA
ratios. In Chicago, where the heating load requirement is
predominant, the optimum overall performance is essentially
determined by the optimum heating performance. On the other
hand, in Orlando, where the cooling load requirement is pre-
dominant, the optimum overall performance is essentially
determined by the optimum cooling performance (more gas is

required per Btu of cooling than per Btu of heating).
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Table 11: Optimum Coil UA Ratios

City
. . . Indoor Coil UA
1 - Annual Heating Load Optimum UA Ratio ( . )
Requirement (Btu) Total Coil UA ' Outdoor Coil UA
2 - Annual Cooling Load (Btu/hr-°F) Heating Cooling Overall
Requirement (Btu)
Atlanta
1 - 59,866,860 5,000 0.65 0.60 0.65
2 - 8,255, 880 10,000 0.60 0.60 0.60
15,000 0.55 0.60 0.55
Chicago
1 - 122,283,380 5,000 0.65 0.55 0.65
2 - 3,957,600 10,000 0.60 0.60 0.60
15,000 0.55 0.60 0.55
Orlando
1 - 20,342,880 5,000 0.70 0.60 0.60
2 - 13,623,460 10,000 0.60 0.60 0.60
15,000 0.60 0.60 0.60

€L



Table 12:

at Optimum Performance

Annual Heating and Cooling COP's

74

City Total Coil UA (Btu/hr-°F) COPH COPH
Atlanta
5000 1.28 0.56
12000 1.45 0.73
15000 1.52 0.80
Chicago
5000 1.19 0.56
10000 1.33 0.73
15000 1.39 0.80
Orlando
5000 1.35 0.56
10000 1.53 0.73
15000 1.61 0.80
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The heat pump design for optimum performénce can be
determined from Figures 14-16 for any totcal coil UA. For
a total coil UA of 10000 Btu/hr-°F, the optimum UA ratio
is found to be 0.6 for Atlanta, Chicago, and Orlando. Then
for optimum performancé, the heat pump design would include
an indoor coil with a UA of 3750 Btu/hr-°F and an outdoor
coil with a UA of 6250 Btu/hr-°F. The heating and cooling
COP's and rates at optimum performance for this design are
plotted in Figure 17 as functions of the outdoor air tempera-
ture. Since the optimum UA ratio for a total coil UA of
10000 Btu/hr-°F was found to be the same for Atlanta, Chicago,
and Orlando, the curves in Figure 17 apply to all three cities.
The annual heating and cooling COP's at optimum performance
are presented in Table 12.

The annual gas consumption at optimum performance (from
Figures 14-16) is given in Figure 18 as a function of total
coil UA. This figure provides an indication of the savings
in annual gas consumption that would be gained through the
use of coils with a higher total UA. As one might expect,
annual gas savings diminish with increasing increments of

total coil UA.

Conclusions

This air-to-air I.C. engine heat pump analysis, using
actual engine/compressor data, shows that the indoor coil

UA should be about 0.6 of the outdoor coil UA and that for
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a total UA above 10000 Btu/hr-°F, gas savings diminish rapidly.
The heat pump size and coil UA shoﬁld be proportional to the
house thermal load, so that for a house half the size of that
used, (UA - 680 Btu/hr-°F), the total air coil UA should be
scaled down to one-half as should all other components.

The resulting heating and cooling COP's for this
particular package with a typical total inside plus outside

coil UA of 10000 Btu/hr-°F would then be:

COPH COPC
Atlanta 1.45 0.73
Chicago 1.33 0.73
Orlando 1.53 0.73

Since the engine used to obtain data for this analysis was
only 25% loaded, a more closely matched engine/compressor
(smaller engine) would improve these air-to-air heat pump

COP's.
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SECTION VI

CONCLUSIONS AND RECOMMENDATIONS

Introduction

The field testing and analysis of a natural gas I.C.
engine heat pump has provided important information regarding
the state of technology, potential performance, problem areas,
and optimization of I.C. engine heat pumps. The most important
of these conclusions is that several formerly perceived problem
areas have been shown to be either non-existent or unimportant.
Other conclusions are related to the performance of the tested
unit, including seasonal performance, steady state performance,
cycling effects, and speed variation effects. Design criteria
for air-to-air I.C. engine heat pumps have also been developed.
These specific conclusions and recommendations for further

development of this concept are as follows.

Experimental Performance

The I.C. engine heat pump, with its Ford of Europe
1600 cc natural gas industrial engine, operated as a water-
to-water heat pump to provide all space conditioning for an
Atlanta residence over two heating and two cooling seasons.
Measurement of its performance provided the following data.
Speed was constant at 1200 rpm. The measured average winter
seasonal energy rates were 68,400 Bﬁu/hr for the gas use rate
and 99,000 Btu/hr for the total heating rate, yielding a 1.47

seasonal heating COP. During the 561 hours of monitored
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summer cooling operation, the gas use rate was 67,300 Btu/hr
with a cooling rate of 38,800 Btu/hr for a seasonal cooling
COP of 0.57. The electrical accessory power for the water
circulating pumps and air handler fan was 1.91 kw.

Monitored steady state performance at 1200 rpm showed a
heating COP of 1.42 with a cooling COP of 0.60. Cycling
effects during heating were shown to have a positive effect
on heating efficiency because (1) a six minute spin down
cycle was used after engine shut down and (2) the water-
cooled condenser was in the same water loop with the engine
jacket and exhaust heat exchanger. Cycling then led to a
lower average condenser temperature and pressure while
still recovering the engine heat through spin down.

The engine was found to be oversized for the compressor,
resulting in only a 257 loading of the engine and a low engine
efficiency of about 16¢. Variable engine speed tests from
1200 rpm to 1600 rpm showed a heating output increase of 20%
with a drop in heating COP of 11%. The sensitivity of the
heating efficiency to speed for this condenser-to-water-to-air
system is expected to be greater than a direct condenser-to-
air system.

The performance of the engine/compressor itself was
measured for varying evaporator and condenser temperatures.
These tests showed that for a 1°F increase in condenser

temperature, gas consumption increased 0.217%, condenser
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output decreased 0.49%, recovered engine/exhaﬁst heat
remained about constant, and the evaporator cooling rate
decreased 0.81% with a 0.70% decrease in heating COP and
0.92% decrease in cooling COP. For a 1°F increase in
evaporator temperature, the gas consumption increased 0.48%,
condenser output increased 2.56%, engine/exhaust heat
recovery increased 0.39%, and the evaporator cooling rate
increased 2.6% with the heating COP increasing 1.1% and

the cooling COP increasing 2.1%.

Maintenance, Reliability and Noise

A major conclusion of this study concerns maintenance,
reliability, and noise. During the 2400 operating hours
over a 20 month period, no maintenance was performed. O0il
analyses have been carried out and found to be completely
within serviceable specifications. The specially tipped
spark plugs have been checked and found to be within reason-
able gap tolerance at 0.042 inch. Reliability has been
100% except for starting failures. Failure to start within
the fixed five second starter engagement period would usually
occur after a long period of not running. Manually resetting
the controls was, the only action required to resume normal
operation.

Noise levels in the equipment room were 63 dB with a

60 dB measured six feet from the outside exhaust.
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In summary, the generally perceived problems of
reliability, maintenance, and noise produced by and I.C.
engine operating in the home have been shown not to be

significant problems.

Analytical Air-to-Air Performance

A model was developed for calculating the performance
of the same gas heat pump engine/compressor, but with air
evaporator and air condenser coils in place of the water
coils. Actual experimental data from the engine/compressor
was used in the model. This data was then coupled with
weather data in Chicago, Orlando, and Atlanta to yield
annual performance efficiencies. The relative sizes of the
indoor versus outdoor coils were optimized and performance
was calculated for varying total coil size. For a fixed
total investment in air coils, it was found that the indoor
coil size should be about 607 of the outdoor coil size. Also,
increasing the combined coil UA up to about 10,000 Btu/hr-oF
was found to be beneficial. Beyond this value minimal gas was
conserved. For size scaling, this would mean a ratio of
combined heat pump air coil UA per house UA of about 153,
assuming the engine/compressor size was also scaled. This
figure is not out of line with coil sizes used in present day
electric heat pumps. At this value the seasonal heating COP's
were 1.33, 1.45, and 1.53 for Chicago, Atlanta, and Orlando,
respectively. All three cities showed a 0.73 seasonal cooling

COP.
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Recommendations

The water-to-water I1.C. engine heat pump tested has
shown reasonable efficiency and excellent short term (one
to two years) maintenance and reliability. Advanced
information also was obtained. The next potential problem
areas for study should include long term engine durability,
manufacturing and installation costs, air-to-air system
performance, and defrost control.

The automotive derivative natural gas industrial engine
tested has shown that this class of engine has merit. Continued
study of the many available engines is needed to determine their
suitability in terms of size, cost, and longevity.

Specifically, engines that are found to be suitably sized
and available for this test application should undergo
necessary modifications for gasification, such as cam shaft
and compression ratio changes. Then two or three engines of
each type should be run continuously at constant speed, and
two or three should be run on a thirty minute start/stop
basis. Long term engine life information can then be gained
within about two years.

Simultaneously, an air-to-air heat pump with a matched
engine/compressor should be field tested to study efficiencies

and to optimize defrost strategy.
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